
STEAM TURBINE 
THEORY AND PRACTICE 




105,000 kW Steam Turbo-alternator 

1,500 r.p.EO., Econonucal Load 84,000 kW. Steam Pressure 600 lb. per sq. in, gauge. Steam Temoerature 850® F. 
Vacuum 29*1 in. Hg. at the economical load. Constructed by t^e Metropolitan-Vickers Slectri*cal Co., Ltd. 

Frmitisp leca 

(T. 5200 ) 





I fi5 r .^r jj I M j }■* t 




STEAM TURBINE 
EHEORY AND PRACTICE 


A TEXTBOOK 

FOR ENGINEERING STUDENTS 


BY 

WILLIAM J. KEARTON, D.Eng. 

Member of I he ImtitiUion of Mtchannal Engifieen^ 

Mtmber oj I he Institution of Naval Architecti> 

llamson Pioftssor of Mechanual Engmeering 
Vmversitv of LiVirpoot 


W12I1 305 ILLUSTRATIONS 
30 WORKED EXAMPLES 
AND 133 EXAMPLES 
WITH ANSWERS 


SIXTH EDITION 



LONDON 

SIR ISAAC PITMAN & SONS, LTD. 



JP'irst 1022 

Seco^id, editio^t 1927 
'Third edition 1931 
T‘o%tvth edition 1944 
JPifth edition 194S 
Sixth edition 1951 


ISAAC PIXMAN & SONS, L'ri:». 

I’lTMAN HOUSE, PA^RKER STREET, KINGSWA.V, LONDON, W .C'..-2 
THE PITMAN PRESS, BATH 

PITMAN HOUSE, LITTLE COLLINS STREET, MELBOURNE 
27 BECKETTS BUILDINGS, PRESIDENT STREET, JOHANNKSBI TKt. 
ASSOCIATED COMPANIES 

PIXMAN PtJBLISHlINO CORPORAXION 

2 WEST 45TH STREET, NEW VORK 

SIR ISAAC PIXMAN <Sc SONS (CANAOA), Xtd. 
(incorporating the commercial text book COMPANV) 
PITMAN house, 381—383 CHURCH STREET, TORONTO 


MADE It^ GREAT BRITAIN AX THE PITMAN 1*RKSS, 

E-i-(X-saoo) 


BATH 



PREFACE TO THE SIXTH EDITION 

Minor corrections and changes have been made in the text, and the 
final chapter on Governors and Governor Gears has been enlai^ed 
by the addition of some notes on fluid pressure governors. 

W.J K. 

Liverpool 

1950 


PREFACE TO THE FIRST EDITION 

It is hardly necessary to lay stress upon the very important position 
of the steam turbine as a prime mover to-day. Its high commercial 
efficiency, its great reliability, and the ease with which it can be 
designed for large powers are advantages that have placed it in a 
unique position Admitting these to be the facts, there is still 
no excuse for another book on the subject were it not the case 
that many of the works that have appeared in the past few years 
have been over-developed along certain lines, and few have been 
generally useful to the engineermg student. This book is written 
for the student, and it should prove useful to engineers and draughts¬ 
men who are anxious to obtain a wider knowledge of the theory 
of the subject. 

A feature of the book is the number of examples fully worked 
out and also the examples set at the end of the chapters dealing 
with the theory of steam turbines. Answers to these are provided 
at the end of the book. The examples are somewhat graded and 
it is hoped that the keen student will find these a means of testing 
his progress and mcreasing his confidence 

The various symbols used have been standardized and tabulated 
at the outset 

Free use has been made of the calculus, as most engineering 
students nowadays have a working knowledge of the subject 
sufficiently extensive to enable them to mtegrate the simpler 
functions and solve the differential equations commonly met with. 
Many points may seem to have been laboured. The justification 
for this is that such points are rarely understood or are insufficiently 
appreciated. 

Much confusion exists in students’ minds regarding the various 
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terms which are used to classify the diEerent types of turbines. 
It is hoped that the descriptions and diagrams of Chapter I will 
do much to remove this confusion. The section of the work dealing 
with the properties of steam and with the entropy and Mollicr 
diagrams is next introduced. In spite of the many ingenious 
steam diagrams which are devised from time to time, the one and 
only diagram, at least for impulse turbine calculations, is that of 
Dr. Mollier, in which total energy is plotted against entropy. This 
has been used extensively to illustrate the subject. The elusive 
subject of reheat factor or “ coefficient de r6cuperation ” is 
explained at some length in Chapter IV. 

The flow of steam through nozzles is dealt with in the usual 
manner, i.e. expansion is assumed to take place in thermal 
equilibrium. It is felt that for the student who is approaching 
the subject for the first time this is the simpler and easier methocl. 
In view of the theoretical importance of supersaturation, however, 
sufficient space has been devoted to it to explain the anomaly 
of excessive mass flow and also the supercooling effect. 

The flow of of steam through blades is treated along familiar lines, 
and in order to enhance the practical value of this section, a numbei 
of examples are worked out illustrating the usual methods of design 
employed in drawing offices. 

The fundamental principles underlying the design of rotors are 
embodied in Chapters IX and X, dealing respectively with the 
strength and critical speed of rotors. Here one pays a tribute to the 
exceptionally valuable pioneer work of Dr. de Laval, who introduced 
the wheel of constant strength and the flexible shaft. 

For permission to publish the equations relating to the strength 
of hyperbolic discs, and also an account of nozzle experiments, 
the author is indebted to Professor A. Stodola. Practical exanqfles 
relating to the design of discs and rotor shafts are worked out fully 
and should prove useful to the student and draughtsman. 

In Chapter XI a few fundamental theorems relating to the deter 
mination of the principal dimensions of steam turbines are given, 
while the remainder of the book is devoted to illustrated descrip¬ 
tions of turbines and associated plant by the leading turbinci 
builders. 

In view of the importance of reduction gearing in marine work, 
attention is directed to Chapter XVII, in which the fundamental 
principles of involute gearing are set out. Every attempt has 
been made to bring the book up to date and a few of the recent 
developments are dealt with very briefly in the concluding chapter. 

With respect to the preparation of the latter half of the book, 
the author wishes to acknowledge the cordial help he has received 
from the following firms, who have kindly supplied information 
and, in some cases, blocks—^The British Ljungstrdm Marine 
Turbine Co., Ltd., London; the British Thomson-Houston Co., Ltd., 
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Rugby; John Brown & Co , Ltd., Clydebank ; Brown, Boveri &Co., 
London; the Brush Electrical Engineering Co., Ltd., Loughborough; 
the De Laval Steam Turbine Co., London (Aktiebolaget de Lavals 
Angturbin) ; Fraser & Chalmers Engineering Works, Erith ; the 
Metropohtan-Vickers Electrical Co., Ltd, Manchester; C. A. 
Parsons & Co , Ltd , Newcastle-on-Tyne ; Svenska Turbinfabnks 
Aktiebolaget Ljungstrdm, Fmspong, Sweden. 

The author is also indebted to the editor of Engineenng for 
permission to publish a brief description of the Larderello Natural 
Steam Plant and also a description of the 15,000 kW turbo-generator 
constructed by Messrs. C A Parsons & Co for the Lots Road 
Power Station, London; to Messrs. T Stevens and H. M. Hobart, 
the authors, and Sir Isaac Pitman & Sons, Ltd , the publishers 
of Steam Turbine Engineering, for permission to use certain 
illustrations relating to the vertical Curtis turbine and the Rateau 
heat accumulator ; and to the Controller of H M. Stationery Office 
for permission to publish a drawing of the Brown-Curtis patented 
Diaphragm 

In conclusion, in spite of the large amount of arithmetical work 
entailed in working tlie examples, it is confidently hoped that errors 
will be “ few and far between The author will be glad, however, 
to receive intimations of such errors and any helpful suggestions 
that may come along. 

W. J. KEARTON 

Liverpool 
August, 1922 
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THE MEANING OF SYMBOLS USED 
THROUGHOUT THE WORK 


The number of symbols required is such that it has been necessary 
m some cases to employ the same symbol to represent different 
quantities As this only occurs in quite different branches of the 
subject, no confusion should anse 

English Letters 

\ — cross-sectional area of nozzle, etc 

\ - mouth or outlet area of noz/le 

\f -- throat area of nozzle 

\ h p ■= adiabatic horse-power of a turbine stage, based on the total 
internal steam flow and the stage adiabatic heat drop 
B ~ axial length of journal bearing 
h = constant in Callendai 's equation of state 

b = axial width of turbine blade 

speciflc heat of waiei 

' specific heat of superheated steam at constant piessure 
mean specific heat of supeiheatcd steam at constant pressuie 
1) mean diameter of turbine blade ring, valve, etc 

\i internal energy (and Young's modulus of elasticity) 

lil, - internal energy of steam 

internal energy of watci 
f — eccentricity of journal bearing 

/ — stress 

Jh -- bending stress at root of blade 

/c ” centrifugal stress in blade (generally at root section) 

fr = radial stress in disc 

Jt - tangential stiess in disc 

jij, hoop St less in a thin ring 

H - heat of generation of steam (and heat supplied) 

energy available clue to adiabatic expansion, i e the adiabatic 
heat drop 

H, = cumulative heat drop 

Hj ' internal work done per lb ol steam 

-- coupling work done per lb of steam passing through the turbine 
M p.(i horse-power loss due to disc fnotion 
H p horse-power loss clue to blade windage 

horse-power loss due to wheel friction 
h sensible heat 

heat drop in nozzles 
hii * heat drop in blades 
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xviii MEANING OF SYMBOLS 


I = enthalpy 

1,0 = enthalpy of water 

Is — enthalpy of steam in any condition 

1^., Jy, etc. = second moments of area about a.Kcs XX, W, etc. 

J == Joule’s mechanical equivalent of heat 

K = load on turbine in kW (also the Parsons Mumber for a turbine) 

A = ratio of relative velocity at outlet to x*elative vehunty at inlet, in 

impulse turbine blades 
L = latent heat of vaporization 

L = circumferential length of eflectivc bearing arc in journal hcMring 
I = radial height of blades 

I = lift of throttle valve 

in = index of v in for expansion with friction 

w = ratio of blade or nozzle height to mean dianu‘t(u* of turbine 

N = revolutions per minute 

Nc = critical speed in revolutions per minute 

n = index of v in generally for adiabatic and frictiunless expansion 

P = absolute pressure, lb. per square foot 

P = load on journal bearing per unit width 

p = absolute pressure, lb. per square inch 

p = intensity of pressure in journal bearing 

= absolute pressure of saturated steam 
pgs = absolute pressure of supersaturated steam 
p^^ = steam pressure before stop valve 

pgy = steam pressure before governor valve 

pQ = steam pressure in first-stage nozzle box 
p^ = exhaust steam pressure 
p^ == mean circumferential pitch of blades 
R = degree of reaction 

R = radius of journal bearing 

R ~ gas constant 

R^ =: universal gas constant 

R ~ reheat factor 

Rn = reheat factor for n stages 

Roo = reheat factor for an infinite number of stagers 

R. h.p. = rim horse-power, or the power developed by .stiiain on the 

blades at the rim of the wheel 
r == critical pressure ratio in nozzle flow 

r = radial clearance in journal bearing 

S degree of supersaturation 

S. h.p. = shaft horse-power of a stage, i.c. the power transmitted by the 

wheel to the turbine spindle* 

T = absolute temperature 

t == temperature in degrees Fahrenheit 

as: relative velocity of steam at inlet to blades 
Ug = relative velocity of steam at outlet from blades 

u s= mean peripheral velocity of blades 
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V 

V,„» 

wm 

Vw 

w 

W 

\V 

Z!J 

7fj, 

X 

V 

Z 


a 

h 

Ih 

y 

A 

AH 


?/r 

Vi 

Vr 

Vn 

Vv 

Vb 

fh 

Vi 

Vff 

A 

A 


= velocity 
= velocity of whirl 
= velocity of whirl of dry steam 
= velocity of whirl of moisture particles 
= specific volume of steam, cubic feet per lb. 

=: specific volume of water, cubic feet per lb 
= steam consumption of tuibme, lb per hour 
= work done 

= work done m opposing friction 

= steam flow through nozzles, etc , m pounds per second 
— total internal steam flow through turbine 
= steam flow through nozzles 
r= steam flow through diaphragm gland 
= dryness traction of steam 

= radial displacement of turbine wheel at any radius r 
•= coefficient of viscosity of lubricating oil 


Greek Letters 

= nozzle or jet angle 
== blade inlet angle 
= blade outlet angle 

absolute direction of steam leaving blades 
= maximum static deflection of turbine spindle, inches 
= adiabatic heat drop in a stage 
= eccentricity ratio of journal bearing == 

= thermal efficiency ol cycle 

=s thermal efficiency of turbine based on shaft work 


=5 efficiency ratio 



rr= nozzle efficiency 
« nozzle velocity coefficient 
efficiency of blades 
gross stage efficiency 
stage efficiency 
internal efficiency of tuibine 
generator (alternator) efficiency 

-« circumferential length of nozzle arc, or in other cases, the fraction 
of the circumference covered by active nozzles 
5 W 5 percentage leaving loss, i.e the ratio of the residual velocity loss to 
the adiabatic heat drop 
« coefficient of friction m journal beanng 
SS5 coefficient of viscosity of steam 

number of rows of moving blades m velocity-compounded turbine 
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MEANING OF SYMBOLS 


p ~ ratio of blade velocity to steam velocity 

pg " density of saturated steam 

p^g — density of supersaturated steam 

O' = Poisson’s ratio 

^ = "carry-over” coefficient 

(j> == " attitude ” of journal bearing 

^ = entropy 

<j>^ ~ change of entropy during evaporation 

<j>s " entropy of steam in any condition 
(j>yj == entropy of water 



CHAPTER I 

INTRODUCTION 

I. The steam turbine, in a crude form, is said to have been used 
many centuries ago, but its development as a really practical form 
of prime mover has only taken place during the last sixty years 
To-day it stands as the most important prime mover in existence 
It offers many advantages. 

From a thermod 3 mamic point of view the steam turbine occupies 
a favourable position, as it can translate into mechanical work a 
relatively large fraction of the heat energy rendered available by 
the expansion of the steam in the turbine Its thermal economy is 
also fairly good, especially in turbines of large output and operating 
at fairlv high pressures 

From the mechanical point of view, the turbine is ideal, because 
the propelling force is applied directly to the rotating element of 
the machine and has not, as in the reciprocating engine, to be 
transmitted through a system of connecting links which are neces¬ 
sary to transform efficiently a reciprocating motion mto a rotary 
motion Hence, since the steam turbine possesses for its moving 
parts rotating elements only, if the workmanship is good and the 
machine is correctly designed, it ought to be free from out-of- 
balance forces In practice, a rotor weighing 20 tons or more and 
rotating at 1,500 revolutions per minute may be so well balanced 
that the motion, except for sound, is ]ust perceptible The signifi¬ 
cance of this statement may be appreciated when it is realized that 
if the same turbine rotor were out of balance to the extent of one 
pound at a radius of 4 ft., or in other words if the centre of gravity 
of the rotor were displaced only one-thousandth part of an inch 
from the axis of rotation, then the periodic force tending to produce 
vibration would be 3,0701b. weight or T36 tons. When one con¬ 
siders that it is practically impossible to balance any reciprocating 
engine, the superior merits of the steam turbine in this respect are 
immediately apparent. 

The impulses applied by the steam to the blades of a turbme come 
with such regularity and constancy that if the load applied to the 
machine is maintained constant, and therefore if the steam flow 
through the turbine is maintained at a steady value, the torque 
applied at the turbine coupling due to such impulses will be quite 
uniform. Therefore, if the turbine be employed to drive a machine 
which offers over a given period of time a sensibly constant resisting 
torque, the speed of the turbine and the driven machine will be 
very uniform 

Certain driven machines such as electric generators, centrifugal 

1 
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pumps, centrifugal gas compressors, etc., when operating under 
steady conditions as regards output, offer a fairly constant resistance. 
Such machines are also essentially high-speed machines. Conse¬ 
quently the steam turbine is, from every point of view, eminently 
suitable as a prime mover for driving such machines. 

The uniform turning moment and consequent uniform speed are 
also very desirable qualities for a prime mover required to drive 
certain textile machines. 

A feature of considerable practical value is the entire alxsence of 
internal lubrication in steam turbines (txxceiHing one or two small 
turbines). Two important advantages follow from this. In the 
first place, the exhaust steam is not contaminated witli oil vapour 
and the condensed steam may be fed direct iixto the boilers witliout 
passing through filters. Furthermore, in certain indu.stri:d turbiiuf 
plants where the whole or part of the turbine steam is ust;d for somt^ 
heating process, such steam is clean and may, in many cases, be 
used for direct heating. In the second place, there is a considcrabb; 
saving in lubricating oil. 

As the only parts of the turbine which require hd>ricatioir are the 
bearings supporting the rotor spindle, the governor shaft Ix-arings 
and one or two gear wheels, and as there are no sliding parts, the 
amount of wear is negligible. The I'.'’''’"!?'''.!.t oil is circulated around 
the system, is cooled and filtered, and so may be tised for long 
periods without replacement. Thus the cost of lubricating oil is 
negligible when compared with that for a steam engine of ecpial pow('r. 

The extensive use of electricity in the j^rcsent age has brought 
into existence many large electricity generating stations. ICconomir 
considerations call for individual :r~nc"r.t;"'r units of very largi' 
output. Similarly, the propulsion vi-- i- of large tonnage and 
at high speeds has called for machinery of such a power as would b^^ 
quite beyond the possibilities of the reciprocating engine, steam or 
Diesel. These demands have been mc-i wiib comparative ease by 
the steam turbine. The steam turbines of the ill-fated Ixittlo crui.ser 
Hood, built in 1917, developed abotit 150,000 s.h.p. on 4 .shafts 
and sent her 42,000 tons through the water ;it 31 knots. To-day, 
there are in central power stations ttxrbincs dewloping more than 
100,000 kW, or nearly the total power of a inodtTU IjattUiship, on a 
single line of shaft. 

2 . Principle of Action of Steam Turbine. In tlu* n'c'iprocufing 
steam engine, the pressure energy of the steam is utilizcil to ovta- 
come external resistances, and the d 3 mamic action of the steam is 
negligibly small. Steam engines may be operated by using the full 
pressure without any expansion or drop of pressure in the cylinder. 
Such engines are said to work non-expansively. The steam turbine 
proper could not be operated in such a'manner. The machine in 
which the pressure of steam is used for forcing round a rotating 
plate or similar device is a rotary engine and not a turbine. 
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This type of turbine is termed a “simple” impulse turbine 
because the expansion of the steam takes place in one set of nozzles 
only. Generally the nozzle has a form similar to that shown in 
the sketch, Fig. 2, i.e. having a rounded entrance leading into a 



Fig. 1. —Diagrammatic ArrangemcMit of SiinpU; 

Impulse Turbine 

constriction, termed the “throat,” and a diverging outlet or mouth. 
The pressure of the steam falls from that in the steam chest to that 
existing in the condenser (or atmosphere, if the turbine is non¬ 
condensing), while the steam flows through the nozzle. Hence the 
pressure in the wheel chamber is practically equal to condenser 
pressure. 

There is thus a relatively great ratio of expansion of the steam 
in the nozzles with the result that the steam issues from the nozzle 



Fig. 1. —Diagrammatic Arrangement of Simple 
Impulse Turbine 


constriction, termed the throat," and a diverging outlet or mouth. 
The pressure of the steam falls from that in the steam chest to that 
existing in the condenser (or atmosphere, if the turbine is non¬ 
condensing), while the steam flows through the nozzle. Hence the 
pressure in the wheel chamber is practically equal to condenser 
pressure. 

There is thus a relatively great ratio of expansion of the steam 
in the nozzles with the result that the steam issues from the nozzle 
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outlet with a very high velocity, e.g. about 3,500 ft. per second 
As will be shown later, the velocity of the blades for good economy 
should be about one-half of the steam velocity, i e. about 1,700 ft 
per second. In practice, the maximum blade velocity reached in 
this type of turbine is about 1,400 ft per second, or about 950 miles 
per hour For economic reasons—since this type of turbine is only 
employed for relatively small powers—^the rotor diameter is kept 



fairly small, and in consequence the rotational speed is high, 
reaching 30,000 r.p.m. in some of the smaller machines. Few driven 
machines require such a high speed, and it is usually necessary to 
reduce the speed by gearing. 

It will be seen that the velocity of the steam leavmg the moving 
blades is a large proportion of the maximum absolute velocity of 
the steam when leaving the nozzle. The exit velocity mvolves a 
loss of energy which is commonly termed the “carry-over loss 
or “leaving loss." A small final velocity is necessary in order that 
the steam may escape from the turbine into the condenser A 
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moderate outlet velocity would involve only a small loss, since the 
actual energy loss varies as the square of the leaving velocity. But 
where a relatively large leaving velocity is inevitable, the corre¬ 
sponding leaving loss may reach a large value. In actual de Laval 
turbines, the "leaving velocity” may amount to about 33 ptu- cent 
of the nozzle outlet velocity. Hence the "leaving lo.ss” may reach 
about ( 0 - 33 )® or 11 per cent of the initial kinetic energy of the steam. 

The characteristics of the simple impulse turbine are, theixiforc, 
a single expanding nozzle, or set of such nozzles, with the high- 
pressure steam confined to the steam chest and a ca.sing subjected 
internally to the lower pressure only; high steam and blade veloci¬ 
ties, with consequent high speeds of rotation; aiul, lastly, a high 
carry-over loss. The principal example of the tyjx' is the well-known 
de Laval turbine. 

4 . They Pressure-compounded Impulse Turbine. It is ob\'ions that 
by arranging the expansion of the steam in a number of steps, we 
could arrange a number of simple impulse machines in sc'ries on the 
same shaft, allowing the exhaust .steam from one turbine to ent('r 
the nozzles of the succeeding turbine. Each of the simple impulse 
machines would then be termed a “stage” of the turbiix(‘, each 
stage comprising its set of nozzles and blades. 

This is equivalent to splitting up the whole pre.ssnre drop into 
a series of smaller pressure drops; hence the term "pre.ssun*- 
compounded.” 

The nozzles are usually fitted into partitions, termi'd "dia- 
->hnrcr=.” which separate one wheel chamber from the next. 'I'lic* 
wheels are mounted individually on the shaft or spindle, and txirry 
the blades on their periphery. Expansion of the steam tak('s plact^ 
wholly in the nozzles, the space between any two diiq>hragms being 
filled with steam at constant pressure. The prc.ssurcs on (uther 
side of any diaphragm are therefore different, the greatest diffenuKH! 
of pressure occurring in the first few stages. Hence, stc'am will 
tend to leak through the space between the bore of the diaphragm 
and the surface of the shaft or wheel hubs. Special devices are 
fitted to minimize these leakages, and are dcscributl in lalt'r 
chapters. 

The pressure-compounding causes a .smaller transfonmition of 
heat energy into kinetic energy to take place in each .stage than in 
the simple impulse turbine. Hence the steam velocities are much 
lower, with the result that blade velocities and the rotational spotnl 
may be lowered. It is fairly clear that given a constant quantity of 
available energy per pound of steam, the speeds may be reduced 
at will simply by incro.T=n:r the number of stages, but for very low 
speeds the number <n -lagcs may become excessive. 

Although the leaving velocity may bear the same ratio to the 
steam velocity at the nozzle outlet as it does in the simple impulse 
turbine, yet the kinetic energy per stage is now only a fraction of 
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the total available energy. Consequently, the leaving loss in the 
pressure-compounded turbine is also only a fraction of that associated 
with the simple impulse turbine and is usually only about 1 or 2 
per cent of the total available energy. 

This type of turbine was developed by the late Professor A 
Rateau, of Paris, on the one hand, and by Dr. Zoelly, of Zurich, 
on the other. 

5 . Simple Velocity-compounded Impulse Turbine. This type is 
shown diagrammatically in Fig 3. It comprises a nozzle or set of 
nozzles and a wheel fitted with two or more rows of moving blades 
The example shown in Fig 3 has three rings of moving blades on 
the rotor and such a wheel is referred to as a “three-row wheel “ 
There are also a number of guide blades, suitably arranged between 
the moving blades and set in the reverse manner. With a three- 
row wheel there are two rows of guide blades placed between the 
first and second and second and third rows of moving blades, 
respectively. These fixed guide blades need not necessarily extend 
around the full circumference of the casing It is only necessary 
to arrange them roughly in front of the nozzle or nozzles but cover¬ 
ing a somewhat larger arc of circumference than the nozzles 
themselves. 

Steam entering the nozzle expands from the initial pressure down 
to the exhaust pressure Thus, m general, the steam velocity is 
\'cry high, as in the simple impulse turbine The provision of two 
or more rows of moving blades, however, enables the blade velocity 
to be made appreciably less than would be necessary for the turbine 
having a single row of blades, it being assumed that the efficiency 
IS the maximum in both cases. On passing through the first row of 
moving blades, the steam gives up only a part of its kinetic energy 
and issues from this row of blades with a fairly high velocity It 
then enters the first of the two rows of guide blades and is re¬ 
directed by them into the second row of moving blades. There is 
a slight drop in velocity in the fixed guide blades due to friction 
In passing through the second row of moving blades the steam 
suffers a change of momentum and gives up another portion of its 
kinetic energy to the rotor. It is re-directed in the second row of 
guide blades, does work on the third row of moving blades, and finally 
leaves the wheel in a more or less axial direction with a certain 
residual velocity. This velocity is comparatively small, and hence 
the leaving loss is small, being about 2 per cent of the initial 
available energy of the steam. 

For a fairly large pressure drop, say from 200 lb per square inch 
absolute to 21 b. per square inch absolute, the steam velocity is 
theoretically about 4,000 ft. per second. It will be shown later that 
with the ordinary nozzle arrangements used in practice, the most 
efficient speed of the blades for this type of turbine is about 0-15 
of the steam speed. Thus, in this case, the blade speed would be 
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about 600 ft. per second, which is still fairly high. Generally 
speaking, owing to its low efficiency, this type of turbine having 
three rows of moving blades is used largely for small turbines 
driving auxiliary machinery. The two-row wheel is appreciably 
more efficient than the three-row wheel and, as will be shown later, 
is often incorporated in turbines of other types with advantage. 



f 1 f 

Fig. 3. —Diagrammatic Arrangement of Velocity- 
compounded Impulse Turbine 

The turbine which has just been described and that to be described 
in the next paragraph were invented by the American cnginc(!r, 
Mr. C. G. Curtis. * 

6 . Pressure-velocity-compounded Turbine. As has already been 
mentioned, the two-row wheel is more efficient than the three-row 
wheel. But for best economy it may be shown that the blade speed 
would have to be about 0-23 of the steam speed, or about 920 ft. 
per second. The construction of the wheel required to carry two 
rows of blades at this velocity would present some difficulty but is 
more or ]e=;? pc==ib]c. depending on the length of the blades. But an 
obvious wiiv ro V'-d'icc- the blade velocity woxild be to split up the 














INTRODUCTION 


9 


available energy by having two or more simple velocity-compounded 
turbmes in senes on the same shaft The total pressure drop is 
then effected in as many steps as there are wheels on the shaft, 
and hence the turbine is pressure-compounded as well as velocity- 
compounded. As in other types of impulse turbines, the steam is 



expanded wholly in the nozzles, and the wheels rotate in steam at 
constant pressure. Thus ample clearances are permissible in the 
radial direction, while the clearances in an axial direction should, 
from the point of view of efficiency, be kept as small as possible. 

The middle portion of Fig. 4 is intended to show roughly how this 
and other types of impulse turbine may be controlled so as to give 
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the best efficiency under varying loads. It is well known that for 
high efficiency the difference between the initial pressure after the 
governor valve and the condenser pressure should be as great as 
possible. If governing is effected by throttling the steam, then at 
light loads the .efficiency will be considerably reduced. In the dia¬ 
gram, Fig. 4, two sets of nozzles are shown, one set having 2 nozzles 
and the other 4 nozzles. Thus there are 6 nozzles in all, and for the 
sake of illustration we shall assume that the total power of the 
turbine is 60 h.p. Moreover, in order to simplify the explanation, 
let it be assumed that the steam delivered by each nozzle under the 
full pressure drop is sufficient to develop 10 h.p. Actually this 
assumption is not justified. 

Then at fuU load, all 6 nozzles will be delivering steam at full 
pressure and the turbine will operate at maximum efficiency. 
Similarly, at 20 h.p. only 2 nozzles will be open, and at 40 h.p. 
only the set of 4 nozzles will be delivering steam, in both cases at 
the full pressure. Now suppose the horse-power required is only 
30. The valve controlling the supply of steam to the group of 4 
nozzles would have to be open, but there would have to be a certain 
amount of throttling of the steam, since at full pre.ssure only 3 
nozzles are required. Yet the efficiency will be higher than if tlu^ 
whole of the nozzles were in one group and the steam supply to 
that group were controlled by a single throttle valve. At 10 h.p., 
only the valve controlling the set of 2 nozzles would be open and 
there would be a certain amount of throttling. 

The pressure-velocity-compounded turbine is comparatively 
simple in construction and is much more compact than the multi¬ 
stage pressure-compounded impulse turbine. Unfortunately, its 
efficiency is not so high. At one time it was widely used in power 
stations, but is now an obsolete type. 

7 . Pure Reaction Turbine. This t 3 ^e, which is illustrated dia- 
grammatically in Fig. 5, comprises two or more radial tribes rotating 
on and communicating with another pipe or trunnion througli 
which steam is supplied to nozzles which are screwed into the ends 
of the radial pipes, and arranged with their axes in the tangential 
direction. 

Steam expands in the nozzles and issues with a certain velocity 
which is represented by the vector AB. If CD repressents the peri¬ 
pheral velocity of the nozzle, then ED will represent the velocity 
of the steam relative to a fixed point at a given instant. Due to 
the change of velocity which occurs, there is a tlirust or reaction 
on the rotating tube and tangential to it. This reaction constitutes 
the driving force, hence the name. 

The pure reaction turbine is not a practical type, although efforts 
to develop it were made by the late Sir Charles A. Parsons. 

8 . Axial-ffow Impiffse-reaction Turbine. In this type of turbine 
we have a joint application of the impulse and reaction principles 
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of operation. There arc a number of rows of moving blades attached 
to the rotor and an equal number of rows of fixed blades attached 
to the casing The fixed blades correspond to the nozzles mentioned 
in connection with the impulse turbmes. Steam is admitted for the 
whole circumference, and thus there is what is termed "all-round 
or complete admission." In passing through the first row of fixed 
blades, the steam undergoes a small drop in pressure and its velocity 
is somewhat increased. It then enters the first row of movmg blades 
and, ]ust as in the impulse turbine, it suffers a change in direction 



Velocity Diagram. 
Fig. 5 


and, therefore, of momentum. This gives rise to an impulse on. 
the blades. During its passage through the movmg blades, how¬ 
ever, the steam undergoes a further small drop in pressure and, m 
consequence, there is a certain increase in steam velocity produced 
in the moving blade which gives rise to a reaction in the direction 
opposite to that of the added velocity Thus the gross propelling 
force is the vector sum of the impulse and the reaction. This type 
of turbine is commonly termed a "reaction" turbine, although 
the term is not exact. It may here be reiterated that in the 
pure impulse turbine no expansion of the steam takes place in the 
moving blades. 

The diagram given in Fig 6 shows roughly how the blade heights 
increase as the specific volume of the steam increases with reduction 
in pressure, also how the pressure falls gradually as the steam passes 
through the groups of blades. It will be observed from the diagram 
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and also from the forrioinf? remarks that there is a pressure drop 
across each row of blades, tixed and moving. This is of considerable 
practical importance, especially at the high-pressure end of the 
turbine where the pressure drops are greatest, because this difference 
of pressure tends to force some steam through the clearance space-s 



♦ —f 

Fig. 6. —^Diagrammatic Arrangement of Axial-ilow Impulse- 
reaction or "Reaction** Turbine 

between the moving blades and the casing and between the fixed 
blades and the rotor. Tire available energy possc.s.scd by this leaking 
steam is thus partly lost. 

The steam velocities in this type of turbine arc comparatively 
moderate, the maximum being, according to theory, about equal 
to the blade velocity. In practice, the steam velocity is commonly 
arranged to be greater than the blade velocity in order to reduce 
somewhat the total number of blade rows. The leaving loss for this 
type of turbine is nornoally about the same as for the multi-stage 
impulse turbine having single-row wheels. This type of turbine 
has been and continues to be very successful in practice. Its prac¬ 
tical development was due to the genius and engineering skill of 
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the late Sir Charles A Parsons The turbine bears the name of its 
illustrious inventor 

9 . The Radial-how Double-motion Reaction Turbine. The tur¬ 
bines described hitherto, with the exception of the pure reaction 
turbine, have been of the axial flow type, i.e. the general direction 




Fig 7 —Diagrammatic Arrangement of Double-motion Radial- 
flow Reaction Turbine (Lj angstrom type) 

Note —In each ring of blades the blades extend round the complete circumference 


of steam flow has been roughly parallel to the turbine axis. It is, 
however, possible to arrange the groups of blades in concentric 
rings and attached to the sides of separate discs. If one set of blades 
IS stationary, then we have a single-motion radial-flow turbine 
The Steam may be arranged to flow from the centre outward or 
from the outside towards the centre. Assuming that such a turbine 
operates as an impulse-reaction (reaction) turbine, then the most 

2 —(T saoo) 
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economical steam velocity from the blades in any stage is approxi¬ 
mately equal to the peripheral velocity of the blades in that stage, 
and usually a fairly large number of stages is required. 

Suppose now that the disc to wliicli ilie fixed rings of blades are 
attached is arranged to rotate in the opposite direction to the 
moving blades, then the action will be generally the same as 
before except that the effective blade speed is doubled. Hence the 
steam velocity may be doubled and the turbine may, for a given 
size, be made more efficient. The practical construction of such a tur¬ 
bine presents many difficulties and is dealt with in a later chapter. 

The diagram. Fig. 7, will serve to explain the main feature.s of 
this type of turbine. Discs A and B are attached to the shafts (' 
and D respectively, and these rotate in opposite directions. When 
this type of turbine is employed for driving electric generators, each 
of the shafts C and D drives a sepiarate alternator at the same spet'd, 
the alternators running in parallel. E is the steam chest and F is 
the exhaust casing, from which the bearings G are suitably sup¬ 
ported. Steam enters the steam chest E through two pipes leading 
from the side of the exhaust casing. The steam passes through a 
number of holes in the hollow shaft, as shown, and thus enters the 
centre space of the turbine. There is an impulse-reaction effect in 
every ring of blades except the first one, in which there is a reaction 
effect only. Special means are adopted to prevent leakage of the 
steam from the chest E. These means comprise an elaborate shaft 
packing at H to prevent leakage of steam to the atmosphere, and 
also concentric rings of labyrinth packing at J to prevent leakage 
from the steam chest into the exhaust space. 

The practical representative of this type is the Ljungstrdm 
turbine. 

10 . Combination Turbines. Any multi-stage turbine may be a 
combination of two or more of the types described above. Such a 
turbine is commonly referred to as a ''combination" machine. 
Certain advantages which accrue to the use of two different types of 
turbine in the same machine will be dealt with in later sections of 
the book. 

The most common combinations are— 

(а) Velocity-compounded impulse wheel (or wheels) followed by 
several single-row impulse wheels. This is a combination of the 
Curtis and Rateau types. 

(б) Velocity-compounded impulse wheel (or wheels) followed by 
several stages of impulse-reaction blading (Curtis-Parsons type). 

(c) One or more single-row impulse stages followed by several 
stages of impulse-reaction blading (Rateau-Parsons type). 



CHAPTER II 

PROPERTIES OF STEAM 

II. Introduction. For a study of the steam turbine from the 
thermodynamic point of view it is necessary to understand the 
various thermal properties of steam and water and also to have 
access to the values of those properties. Both liquid water and the 
dry and saturated vapour are complex substances, and their thermal 
properties are not related in any simple way. They can only be 
determined by experiment Much painstaking experiment and 
research by investigators m many countries has been done m the 
past and the results of this work are usually embodied in carefully 
laid-out tables, known as Steam Tables. 

Several such tables have been published from time to time In 
many cases, the data given for high pressures have been obtamed 
by a fairly extensive extrapolation of existing experimental data 
at normal steam pressures In consequence, the tables differed from 
one another at the high-pressure end of the scale, and in making 
reports of tests it became necessary to specify the tables which had 
been used in making the calculations Many of the tables were not 
thermod 5 mamically consistent, a calculation made by usmg the 
tables m one way would not agree with another calculation having 
the same end in view, but utihzmg the tables in a different way 
The late Professor Callendar was the first to introduce a thermo- 
d 5 mamically consistent table of properties, based on his own 
experimental work 

In recent years, investigators working in Great Britain, the United 
States, Germany and Czechoslovakia have met at three International 
Steam Table Conferences for the purpose of extending international 
agreement on the properties of steam. Three such conferences have 
already been held; in London, 1929, in Berlin, 1930, and in Washing¬ 
ton, 1935 New International Steam Tables (1)* were recently 
published 

The following steam tables have been published in recent years— 

1. The Mollier Steam Tables and Diagrams (Extended to the Cntical Pres¬ 
sure) By Dr. Richard Mollier English Edition by Dr. H. Moss (1927) 
Published by Sir Isaac Pitman & Sons, Ltd. The two Molher Diagrams 
rrc. •p-ibh-'^od -"paratoly in envelope. 

2 I I ...it'. Steam Tables (In Centigrade or Fahrenheit Units). 

By the late H. L. Callendar, F R S., revised by his son, Mr G S 
Callendar. Third Edition published 1934 by Edward Arnold & Co. 

Unless otherwise stated, the problems set in the various parts of this book 
and involving the use of steam tables, wJl be solved by using these 
tables. A Fourtli Edition of these tables has been published (May, 
1939). 

* For literature and other references see the end of the chapter 

15 
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3. ThB Revised Callcndar Steam Tables (1931), cnlculutocl by Dr. II Moss 
from the new data and formulae of the late Professor t'alltmdar. Pub¬ 
lished by Edward Arnold & Co. 

A new edition of this has also been published (May, 1939) under the titU* 
The 1939 Callendar Steam Tables. 

12 . Unit of Heat. In the centigrade sj'stcin, the lliormal unit 
is the calorie. If the pound is talcen as the unit of mass, then the 
heat unit is the pound caloric; if the gramme is the unit <jf m;uss, 
then the corresponding heat unit is the gramme calorie, and so 
forth. 

The calorie is then defined as the heat required to raise unit 
mass of pure water from a temperature t° C. to {i -f- t-'- 

There are three such units, viz.— 

(1) The 15 ° C. grm. calorie {t = 15 ° C.). This is eciual to 4T84 

X 10’ ergs. [1 erg = 1 dyne cm.] 

( 2 ) The 20“ C. grm. calorie [t = 20“ C.). This c<iuals 4-180 

X 10’ ergs. 

(3) The mean calorie, whicli is the ,] „th part of the heat recinireci 

to raise the temperature of 1 grm. of water from 0 “ C. 

to 100° C. According to Barnes ( 2 ), this is equal to 4-184 

X 10’ ergs. Thus the mean calorie is cqtial to the 15“ C. 

calorie. 

Corresponding to the mean caloric, there is the mean British 
Thermal Unit, which is the y-Juth part of the heat required to raise 
the temperature of 1 lb. of water from 32“ F. to 212 “ h'. This unit 
will be used throughout the book, except where otherwise stiitetl. 

The International Steam Tables Conference has recently formu¬ 
lated a heat unit to be termed the international steam tables calorie 
(written I.T.Cal.) and defined as the -jf-,*,-oth part of the inti-rnational 
kilowatt-hour. One international electrical watt --- 1-0003 absolute 
watts. Then one mean B.Th.U. == 251-9961.T.Cals., and one I.T.Cal. 
per gramme = 1-8 B.Th.U. per lb. 

13 . Unit of Work. This is the foot-pov.nd and is the work done 
in raising a mass of 1 lb. through a vertical di'.tanc-e of 1 ft. at sea- 
level in London. The acceleration of gravity, g, is there 32-19 ft. iht 
see. per sec. 

14 . Heat and Work. Heat may be partially converted into work 
and work into heat. In each case there is no lc)S.s of energy in tlie 
transformation and the rate of exchange of heat and work is .such 
that 

W = JH 

where W = work done in ft.-lb. 

H = heat utilized or heat generated, in B.Th.U. 

J = Joule's equivalent == 777-8, 

Note. In the recently published steam tables the value of J is 
given as 778-3, 
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15 . Relationship between Temperature and Vapour Pressure. 
Consider a vessel, Fig. 8 , partially filled with pure water and con¬ 
nected to a U-tube or a suitable pressure gauge, depending on the 
pressure to be measured. Assume that all gases are completely 




Fig. 8.—Diagram illustrating the Relationship between Temperature 
and Vapour Pressure 


extracted from the space above the water. Then this space will 
be filled with water vapour which exerts a certain absolute pressure. 
It is found that this pressure depends on the temperature. For 
instance, assume first that the temperature is 32° F. and that the 
water is in the liquid state. Then it would be found that the 
pressure of the vapour would be 0-0886 lb. per sq. in. abs. 

As the temperature is gradually raised, more and more of the 
water will be evaporated and the pressure exerted by the water 
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vapour will gradually increase. Thus at 212° F. and at sca-lcvel, 
the liquid in the manometer tube would stand at the same level in 
both limbs and the steam pressure would be 14-69 lb. per sq. in. abs. 
At 401° F., the vapour pressure would be found to be 2501b. per 



0 100 ZOO 300 400 500 600 700 800 


Temperature - Degrees F 

Fig. 9.—^Vapour Pressure of Water 

sq. in. abs., the pressure indicated by a Bourdon f?auw beini^ 
■250-14-7, or 235-3 lb. per sq. in. 

_ The relationship between temperature and vapour pressure con¬ 
tinues up to a temperature known as the critical tamperoMire, which 
is defined in the following manner. At all temperatures above the 
critical, it .is impossible to liquefy water vappur by pressure, no 
matter how great the pressure employed. Tlie critical temperature 
of water is 374-1° C. or 705-4° F. As the temperature ajjproachcs 
the critical, the.vapour pressure also approaches a definite pressure 
known as the critical pressure. This may be defined as the vapour 
pressure of pure water at a temperature under but infinitely close 
to the critical temperature. The critical pressure of steam is about 
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3,210 lb. per sq in. abs. Fig. 9 shows the vanation of vapour pressure 
up to the critical point. 

16 . Sensible Heat of Water. This is defined as the amount of 
heat required to raise the temperature of imit mass of water to 
any given value. The liquid heat at the freezmg point, 0° C. or 
32° F , is normally taken as the arbitrary zero Then the sensible 
heat at t° F. is the quantity of heat which must be added to unit 
mass of water to raise the temperature from 32° F. to t° F. 

The specific heat of water differs little from unity at low pres¬ 
sures, and for approximate calculations the sensible heat 

7i = i-32BTh.U. per lb. 

For higher pressures, the increase in with mcreasmg tempera¬ 
ture must be taken into account For a small increase in tempera¬ 
ture dt, the additional heat supplied is 

dh = C«, dt 

and for any range ti to 

hz — hi = . dt 

Similarly, for any temperature t° F , the sensible heat 



Dieterici (3) gives as a function of t as follows— 

= 1-00076 - 0-00009855^ -h 0-00000064^2 . ( 1 ) 

for temperatures between 95° F. and 572° F. 

Callendar (4) gives 

C„ = 0-98415 -f -f 0-00002889^ ■+ 0 000000278^2 . (2) 

t -j- 4 

for temperatures between 32° F. and 392° F. Experimental values 
of Cjo are shown in Fig. 10. 

Actually, the heat which must be supplied to raise the tempera¬ 
ture of unit mass of water varies, to a slight extent, according to 
the conditions under which the heat is supphed This will be 
considered more fully in Art. 22. 

17 . Latent Heat. When, for example in a boiler, the temperature 
of the water has been raised to the saturation point corresponding 
to the pressure, the further addition of heat at constant pressure 
generates steam at constant temperature The heat added during 
this process is termed latent heat because it is absorbed by the 
water without any change of tetnperature and so becomes "latent.” 
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More specifically, the latent heat of vaporization L is defined as 
the heat required to convert 1 lb. of water at the saturation tempera¬ 
ture into 1 lb. of dry and saturated steam. 

The latent heat diminishes as the saturation temperature is raised. 



as is shown by Fig. ll. The results arrived at by various investiga¬ 
tors are seen to be in good agreement. At low pressures, the latent 
heat is given approximately by the simple linear relation— 

L== 1,100-0•63^ . 


( 3 ) 




Latent Heat - BTh U per Lb 
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Up to a pressure of 100 lb. per sq. m. abs. the maximum deviation 
from the values given in the International Tables is under ± 0-5 
per cent; at 250 lb. per sq in abs , the error reaches 2 7 per cent. 

During the evaporation of water, the heat supplied is expended 
in two ways— 

(1) In overcoming the external resistance to change of volume. 



Assume that Fig 12 («) represents a cylmder fitted with a tight 
but frictionless piston, having an area of 1 sq ft. The space 
underneath the piston is filled with 1 lb of water at the saturation 
temperature corresponding to the steam pressure P lb per sq ft 
Then the length of the cylinder occupied by the water will be 
ft When the water is heated and steam is bemg generated, the 
piston will rise; when the water has been entirely converted into 
dry and saturated steam, the volume occupied will be v^, The 
external work done is clearly 

P(s:;s — v^) ft -lb. per lb 
j(v,-vJB.Th.U. perlb. 


or 


(4) 
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( 2 ) In overcoming the internal molecular resistance to change of 
state from saturated water to dry and saturato<l steam. 

This is the change of intenral energy E during ovai>uration, ;uid 
equals Ej — E„. Since, by the First Law of 'riiermodynamios, 


or 


Heat supplied = (Gain of internal on<Tgy) 

-1- (External work <loiu') 

L = (E.,—E„,) 1-^(j's - 
E, - E„ = L - ^(v»-- w,„) B.Th.U. per lb. 



(S) 


Example 1 . Consider the generation of steam at 25011). per 
sq. in. abs. {v^ = 1-852; = 0-019; L = 830-7). 

Eg - E„ = 830-7 - ■=^^-|^(l-852 - ■ 0-019) 

= 830-7—84-9 
= 745-8 B.Th.U. per lb. 

This shows that the bulk of the heat supplied is utilized in 
changing the internal energy of the .substance. 

i 8 . Heat of Generation H. The heat required to generate unit 
mass of steam from unit mass of water at 32® F. may be termed 
the heat of generation. It is frequently called the. total heat of the 
steam, but as this term is aomciiines (crfoneously) used for another 
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quantity which differs slightly in amount from the heat of genera¬ 
tion, confusion is apt to arise. 

H = Sensible heat -t- Latent heat 

= h + l. 

19. Dryness Fraction. Steam which is taken from the steam 
drum of a boiler normally contams a small amount of water m the 
form of mmute suspended drops. Then again, during the expan¬ 
sion of steam in the nozzles or blades of the turbme a certain 
amount of condensation takes place. This condensation is not due 
to the cooling of the steam by the metal parts (smce under a steady 
load these are at a sensibly uniform temperature) but, as will be 
shown later, is a natural result of the expansion. The steam con¬ 
denses partially and a fine mist is formed. Such steam is said to 
be wet, and the mixture of dry steam and water is often referred 
to as “stuff” The dryness fraction x of the steam is defined as 
the ratio— 

^ _ Weight of dry steam 

^ ~ Weight of stuff 

The wetness fraction 1 — ai is, similarly, the ratio of the weight of 
moisture to the total weight of steam and moisture. 

The sensible heat of water is clearly independent of x The heat 
required for the partial evaporation of 1 lb of water is x times 
that required for the complete evaporation, 1 e. xL. 

.■. Heat of generation =h xL 

Initial volume of 1 lb of water = 

Final volume of 1 lb of stuff = xv^ -f- (1 — x)Vy, 

.". Change of volume = x{v^ — 

.'. External work done during the partial evaporation 

Pvk/ 

Ej—E^ = a;L—wj 

= «:{l- 0 } • • (5«) 

20 . Superheated Steam. Imagine again a cyhnder. Fig. 13, 
having a cross-sectional area of 1 sq ft and containing a tight yet 
frictionless piston sustaining a constant load of P lb. weight and 
hence subjecting the water or steam to a pressure P lb. per sq. ft 
The external pressure on top of the piston is assumed to be zero, 
so that the pressure P is absolute. 

Consider case ( 6 ) where the steam is just dry and saturated. If 
a certain amount of heat equal to (1 — »)L be abstracted from the 



24 


STEAM TURBINE THEORY AND /'A*.ir77f7; 

steam while P is kept constant, some of the steam will e.omU'iise 
and the volume will diminish (Fig. 13 (e)). If lu'at bo agjiin added, 
the suspended moisture will bo cvaporate<l at constant ti'inperature, 
and once again the cylinder will contain 1 lb. of dry and sattirated 
steam. If still more heat bo added and the pressure be kepi constant, 
the temperature of the steam will rise abox’o the saturation t(mi])era- 
ture and the volume of the steam will increase to a value jd,. Such 
steam is said to be “superheated.” If the now .supc'rbeated steam 
be gradually cooled, its temperature will fall steadily until the 
saturation temperature is again reached, wlu'u furth(*r cooling will 
cause condensation at constant tcmi)c’raluri>. 

In practice, steam is superheated by hejiting it in a tubular 
superheater while the steam is actually (lowing through tlu' tubes 



m (b) (C) <d) 

Fig. 13 


and is not in close contact with the water in the boiler. In this 
case, the steam undergoes a slight pres.sure drop duti to pipe friction, 
and the heating does not therefore take place at exactly (“onstant 
pressure. But in many cases it is sufficiently awnirati* to a.ssumci 
that the steam is superheated at constant pressure. 

The heat required to raise the temperature', of 1 11). of supi'r- 
heated steam by a small amount dt degrees when the* sti'am is 
maintained at constant pressure is 

an = Cj,. 6t 

Cj, being the instantaneous value of the specific heat of superheated 
steam at constant pressure for the given temperature and pressure. 

The early, measurements of for steam at atmospheric pressure 
were made by Regnault (5) in 1862 ; he found that C, was approxi¬ 
mately equal to 0-48. It was many years after (1906) before the 
results of experimerit= r.t p-cs^nres different from atmospheric 
were published by Kn.fbl.-.uc'.. :.nd Jakob (6). Since then many 
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other researches have been, carried out. It is beyond the scope of 
this book to do other than refer to the variation of Cj, with pres¬ 
sure and temperature Recent measurements made at Munich by 
Knoblauch and Koch (7) are shown in Fig 14 These values are 
for pressures ranging from 30 to 120 atmospheres (450 to 1,800 lb 
per Sq in abs ) It will be observed that the value of Cj, is very 
high at the saturation point and falls rapidly as the temperature 
is increased Similar curves based on differences between the 
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Temperature 

Fio 14 —Specific Heat of Supei-heated Steam 
{Knohlancfi and Koch) 

values of the enthalpy of superheated steam published in Callen- 
dar’s Revised (1931) Steam Tables are shown in Fig. 15 These 
values are appreciably lower than the values published by 
Knoblauch and Koch, and other authorities, but as the enthalpy 
values for dry and saturated steam published by Callendar are 
somewhat higher than those published by other workers, the agree¬ 
ment between the values of the enthalpy of superheated steam at 
the higher pressures is relatively good. 

As Cj, is variable, the total amount of heat required to superheat 
steam from the saturation temperature t^at. to some temperature 
tg equals 

Cj, 8t 

and is represented by the area ABCD, Fig 14 




Values of Gp 
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The mean specific heat for the range, of temperature /j,,,. to 4 is 
accordingly the heat supplied divided by the temperature rise, i.o.— 


C 


inn 


2: 


c„ . dt 


sat. 


4-— 4u/. 



Temperature-Degrees F. 

Fig. 15.— Specific Heat of Superheated Steam 

(Callendar, 1931 ) 


Values of calculated from Callendar’s Tables are given in 
Fig. 16. 

The external work done during superheating at constant pressure 
P lb. per sq. ft. is 

V,) B.TI 1 .U. per lb. 



Values of Cpm 
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Therefore, the change of internal energy during superheating 

p 



Superheat -DegreesF 

Fig 16 —Mean Specific Heat of Superheated Steam 

21 . The Enthalpy Function. The enthalpy of a substance is defined 
as the sum of the internal energy and the work done in forcing 
unit mass of the substance into an enclosure at the constant pressure 
under which the substance exists. 

Thus, suppose the .specific volume of steam in any given condi¬ 
tion is Vj and the pressure P. Then the enthalpy I per umt mass is 

I = E + ^ . . . . (6) 

As will be seen later, this is a most important quantity in steam 
turbine theory. The name given to this function by MoUier is 
" total heat,” and the use of this somewhat unfortunate term has 
become so general in engineering work that it is doubtful whether 
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any other term will ever be universally adopted. The term is apt 
to be confused with Regnault’s term for the "total heat" of genera¬ 
tion, and whilst the numerical difference between the two cinai’.f ita'- 
is small at moderate pressures, there is a rather iiuix'ruint iii.'.tiue- 
tion between them. The term "holotherm" has also been sug¬ 
gested for this fimction. The term "enthalpy,” which was used 
in the first edition of this book, has been tiscd in the recently pub¬ 
lished International Steam Tables (1). Callendar, in his work, used 



the term "total heat,” and represents this by the symbol H for 
steam and h for water. 

22 . The Enthalpy of Water. For the purpose of tabulating values 
of the enthalpy of water or steam, the enthalpy of water at 32° F. 
is taken as the arbitrary zero. 


Let Vo = volume per lb. of water at 0° C. or 32° F. (v„ = 0-01602 
cub. ft.). 

= volume per lb. of water at any pressure P lb per 
sq. ft. abs. 


Then 


1(0 — + - 


P.v,. 


At the freezing point 


(7) 


I = E 4- — 

io + j- 

and since is arbitrarily taken to be zero, the internal energy is 
negative and numerically equal to 
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Since = 144 X 0-0886, =—0-00026 B.Th U per lb. Actually, 

the internal energy of -water at 82° F is, of course, a large positive 
quantity, the apparently negative value follo-ws from the employ¬ 
ment of an arbitrary zero for 

Further reference -will now be made to the sensible heat of water 



Vo!um& _ Cu.Ft per lb 

Fig 18 —Specific Volume of Water 


Consider the heating of unit mass of water from 32° F to any tem¬ 
perature ix F , for which the vapour pressure is Pj. This heating 
may be carried out in a number of ways; only two methods will 
be considered. 

(1) Tlie water is first compressed (as in a feed pump) adiabatically 
from P(, to P] and is then heated at constant pressure from to 
fc (Figs. 17 and 18). 

In any change of state, rfH = -|--—. 

15494 
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Also, since I = E + ^ 


dl = da + 


V . iP 


(«) 


From A to B, dH = 0, and dV is positive. 


/. Ib-Ia = j(Pi-Po) 

assuming that the specific volume of the water rt'inains constant 
during the pressure rise. 

Then Ib = Ia +j(Pi-P«) 

From B to C, since dT — 0, iH = dl. Therefore the heat supplied 
is Iq — Ij,, and since no heat is supplied between A and 1-i, the 
whole of the sensible heat h supplied along the path ABC is 

^ABo “ (^0 

This type of heating process is the one normally used in ]>ractice. 
The pressure of the feed water is raised by the boiler feed pump 
to the boiler pressure Pi. The water is then forced into the boiler 
(or economizer, etc.) and heat is supplied to raise the temperature 
to the saturation point. It should be noted that the heat supplied 
is less than the difference between the enthalpy vahies given in 
steam tables by the amount 


j"(Px- Po) 

For any exhaust pressure Pg the values of Pa and the corrcs]>nnding 
specific volume may be substituted for P^ and resjiecliN’ely. 

(2) The water is kept in the saturated conditioir during the heating 
process. In other words, the pressure applied to the water at any 
instant is just equal to the vapour pressure corri-sjionding to the 
water temperature. The path of the condition pomi i.s ilu-r. along 
the saturated liquid line ADC. This would be a difficult process to 
carry out. 

Since for any small change of state 

da = di- 


^ADO 


^ABO ^ADO 



1 r’’‘ 

Ia)- j 

.iP-^«(Pi-p,) 


Then 
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i.e. the difference between the sensible heat along the path ABC 
and that along the path ADC is represented by the horizontally 
hatched area ABCDA. Values of I,, — and given 

in the following table. 


pih 
per 
sq in 

lo- Ia 

(Ia = 0) 



1 

-7 \ V dF 

^^ADO 

^ABC ““ ^ADO 

14 7 

180 0 

0-0434 

179 9566 

0 0446 

179 9554 

0 0012 

200 

355 5 

0 594 

354 906 

0 654 

354 846 

0 060 

400 

424 6 

M8S 

423 412 

1 357 

423 243 

0 169 

600 

472 5 

1 782 

470 718 

2 096 

470 404 

0 314 

800 

511 0 

2 376 

508 624 

2 862 

508 138 

0*486 

1,000 

544 1 

2 97 

541 13 

3 66 

540 44 

0 69 

1,500 

614 4 

4 35 

610 05 

5 68 

608 72 

1 33 

2,000 

676 4 

5 94 

670 46 

8 12 

668 28 

2 18 

2,500 

739 0 

7 43 

731 57 

10 71 

728 29 

3 28 

3,000 

816 2 

8 9 

807 3 

13 6 

802 6 

4 7 

3,200 

862 3 

9 5 

852 8 

14 9 

847 4 

5-4 


23 , The Enthalpy of Steam. If the steam is dry and saturated 
(specific volume wj then the enthalpy (see eq 6 ) 



It has already been shown in Art. 17 that 
E, = E^ + L- ^ ^ 


Is = (Em, + L) + 

= Ijo L 


J 

P V 

J 




Consider the enthalpy function 


I = E + 


Pv 


Then 


£I_^ P _£ ^ 
dv~ dv J' dv 


That is, for a small change of state 

1 , 


dl=^dE-\- j(Pi» + v.dP) 


( 9 ) 


and when P is constant 


dl — dE -J . dv 


• (10) 
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But the heat supplied during a small change of state is 

dH = 

Therefore, when P is constant 

dl = 

and the gain of enthalpy is equal to the heat supi)lieti. It follows, 
without further proof, that for wet steani 

Is==I«; + -'«I. (y<«) 

Similarly, if ^vpcrhoat'r.g takes place at constant prc'ssure the 
enthalpy of tb' ^-.-.pe; .i.-.it-.l steam is 

1,1 = I„, + L + . ■ .(11) 

Thus, the enthalpy of steam in any condition is e(iual to that of 
water together with the heat supplied to convert 1 II). of saturated 
water into steam with the given condition. 

24 . Specific Volume of Steam. If steam were a perfect gas, then 
the specific volume under all conditions of ]>ressure aiul tempera¬ 
ture, would be given by the well-known characteristic eciuation 

RT 

- p- 

it being assumed that the steam is dry, i.e. either dry and .saturated 
or superheated. The value of the "constant” R is given by the 
relation 

P ^ J • Ru 

m 

where R„ is the universal gas constant (1-985 heat units per degre-e) 
and m is the molecular weight of steam (18). I lence R for steam i.s 
85-76 when T is expressed in degrees F. absolute. 

The values of a quantity Ri which i.s 


have been calculated from Callendar’s 1931 'I'ablos for a few sti'am 
pressures and are shown in Fig. 19. This diagram shows clearly 
that steam behaves nearly as a perfect gas at low pre.ssures, a fact 
which is borne out by the relative constancy of the specific heat 
at low pressures. But the curves also show clearly to what a remark¬ 
able extent the properties of steam deviate frorii those of a perfect 
gas, especially at and near the saturation point. It is apparent 
from Fig. 19 that the specific volume v, is always less than the 
' RT 

quantity and by an amount which increases as P is increased, 
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but which, at any given pressure, diminishes as T is increased. 
Therefore, the "equation of state" connecting P, Vg and T is likely 
to be of the form 

where /(P, T) represents some function of P and T Several such 
equations have been proposed from time to time As far back as 
1867, Zeuner proposed the equation 

P . V, = 50-93T— 192-5 -^P 



Temperature — 


Fig 19 —^Values of -^jr-for Dry Steam 


where P is the pressure in kg per sq m 

T is the temperature in degrees C. abs. 
Vg IS the volume in cub m. per kg 

In British units (f.p. ° F.) this becomes 


92 8T 939 
■ P -y/pi • 


• ( 12 ) 


This equation gives results which agree fairly well with modern 
data at moderate pressures. It is extremely simple, but its ve^ 
simplicity involves the use of an R value which i? 8 per cent in 
excess of the theoretical value. 
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Professor Callendar (8) proposed the formula 

RX 

Vg. — “p-c + 6 . . . . (13) 

in which, with w* in cub. ft. per lb., P in lb. per scj. ft., and T in 
degrees F. absolute, 6 is the volume of 1 lb. of water at 0" th, i.e. 
h = 0-01602 cub. ft. The term c was called by (’allendar thcj “co¬ 
aggregation volume” and represents the reduction in volume due 
to molecular association. The value of c i.s given as 

c = 0-4213f --i-V* . . . (14) 


I- ()-()1602 


TT 85-76T 871-6 

Hence w* =-^p-0-42131 -y" ) -j-<H)1602 • (15) 

The specific volume of dry steam (superheated or supersaturated) 
is also given by the expression 

V, = 1-2464 -p 0-0123 

P 

where Ig is the enthalpy of the dry steam, values being taken from 
the 1921 or 1930 Steam Tables or Diagrams. 

Many years later. Professor Callendar carried out re.searches 
(9, 10, 11) on steam at pressures up to 4,0001b. per srp in. and at 
temperatures up to 950° F. He found that by slightly modifying 
the original equations they could be made to give the properties 
of steam for the full range of pressure. 

The new form of the Callendar equation, used in the 1931 Callen¬ 
dar Steam Tables and the 1934 Abridged (kdlcndar Steam Tables, is 

85-76T c , , 

- -p 1 ^ 

where c has the value given in (14) above. 


Z = 4-0115 . ^ and b 


0-00280 


Using values of Ig from the 1931 and 1934 Tablc.s or from diagrams 
based thereon— 

Wg = 1-2464 — 0-00212 

P 

In 1925, the late Dr. Mollier published his o.xtendod steam tjibles 
in which the equation of state is given as 

^ 85-84T 227-3 _ ^72 x lO®/ p y 

' P / T / t’Y* VlOO/ 

Vioo; \T66l 

where T is in degrees F. absolute, and P is in lb. per sq. ft. 
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In most cases in practice, the specific volume will be found by 
direct reference to steam tables, or by interpolation from steam 
table data. In some cases, the required volumes may be read off 
the enthalpy-entropy diagram. But there are occasions when it 
is necessary to calculate Vg with some precision; the foregoing 
equations are then useful 
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EXAMPLES II 

Note, In these and all other examples in this book, except where otheiwise 
stated— 

(1) Pressures are in lb. per sq, in absolute. 

(2) Specific volumes are in cub ft per lb. 

(3) Data are taken from the 1934 edition of the Abridged Callendar Steam 
Tables, 

1. Calculate the sensible heat of water at 400® F — 

(a) assuming the specific heat of water to be unity, 
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(b) assuming the value of C«, given by Diotcrici’s formula 

C«, = 1’00076- 0-00009855f + 0-00000fl64f“ 

(c) assuming the value of C„ given by Callcndar’s formula 

n*Qn7o 

C„ = 0-98415 + + 0-00002889f + 0-000000278/“ 

1 + 4 

2. Water is heated from 32° F. (ii„ ~ 0-016) to 327-9" h'. (/> 100, 

= 0-0177) at the constant nrp«<!vrp of 100 lb. per sq. in. 

If the heat supplied c'v.n -.j: the process is 298-500 B.Th.U. per lb., calculate 
the change of internal energy. 

3. Steam is generated at 100 lb. per sq. in. (/,«{, -- 327-9" b'.) from water 
at 327-9" F. The specific volume of water at this temperature is 0-()177. 

Calculate the following— 

(a) the external work done; 

[b] the change of internal energy. 

4. 20 lb. of wet steam at p — 250 occupy 32 cub. ft. If tlie specific 
volume of water at 401° r. and 2501b. per sq. in. is 0-0187, what is the 
dryness fraction of the steam? {v, - 1-852.) 

5. The enthalpy of 1 lb. of dry and saturated sti-am at 500 Jb. per 
sq. in. is 1213-2 B.Th.U. per lb. Wliat is the internal energy per lb. of 
steam and also per lb. of water? The specific volume of saturated water 
at ^ = 500 is 0-0199. 

6. The exhaust steam .from a turbine enters a surface condenser with a 

dryness fraction of 86 per cent. The absolute pre‘!«i’.’-(‘ i". ^lle coiuU'iiser is 
1 lb. per sq. in. If the final to'^nemtve of i' e ■ o ivie is 90" b'., how 
much heat is rejected per lb. c! '-.icr? If the inlet temperature of tlie 
circulating water is 45" F. and the outlet t—is 75" F., how many 
lb. of circulating water must pc ■ K*. -- n condensed ? A.ssum’e 

that the specific heat of the ■. • • vater is unity. 

7. Steam is condensed in a tank containing 300 lb. of water initially at 
45" F. The increase in the weight of water in a certain time is 10-8 lb. and 
the final temperature of the water is 80" F. Calculate the dryiu'ss fraction 
of the entering steam if its pressure is 200 lb. per sq. in. and if the heat loss 
from the tank during the period of condensation amounts to 540 H.Th.U. 
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ENTROPY DIAGRAMS 

25 . The Entropy Function. Suppose that a small quantity of heat 
dU is added to unit mass of a substance durmg a small change of 
state Suppose, moreover, that the said change of state is internally 
thermodynamically reversible The absolute temperature T may 
remain constant, as, for example, during the evaporation of water 
at constant pressure, or the addition of the heat 5 H to the sub¬ 
stance might produce a small increase in temperature (5T, as, for 
example, during the heating of 
water below the saturation tern- T 
perature In the latter case, 
let <5H be so small that 5T is 
negligibly small compared with 
T. Then we may assume that 
T is sensibly constant The 
function entropy is then defined 
by saying that the increase of 
entropy d<f> is equal to 



If IS positive, 1 e if heat is 0 
added, then the entropy in¬ 
creases , if heat is abstracted then Fig 20 

(5H and d<f> are both negative. 

The above expression shows that entropy, absolute temperature, 
and heat added are related in a very simple manner. Consider a 
diagram. Fig. 20, in which values of entropy are plotted horizontally 
and of the absolute temperature are plotted vertically Let A and 
B be points representing two states of a substance and let the tem¬ 
perature difference between A and B be small, so that T is sensibly 
constant. Then since 



dR = T.d<l> 

and the area of the diagram which is cross-hatched therefore repre¬ 
sents the heat supplied between the points A and B. It should be 
noted that the area under the curve AB must extend right down to 
the absolute zero of temperature. 

Such a diagram is termed a temperature-entropy diagram, or 
T-^ chart. The T- 9 J chart for steam is a most useful instrument 
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for the study of problems associated with the generation and 
expansion of steam and will now be discussed. 

26 . The Temperature-entropy Diagram for Steam. Consider first 
the changes of entropy which take place during the heating of 
water. For a small rise in temperature di or <5T, the heat supplied 
to the water is . dT, where C„ is the value of the siiocific heat 
of water at the existing temperature T. 

Therefore, since S<f> = ^ 


5^10 - C,( 


T 


and the total change of entropy in heating water from to 'Ij 
would be 



C,,. dT 
T 


( 18 ) 


It will be readily understood that the change of entropy calcu¬ 
lated in this manner will be somewhat approximate, dopc'iuling on 
the temperature increment dT which is chosen in making the calcula¬ 
tion. The smaller the increments dT, the more accurate the result 
would be. 

If the specific heat of water be assumed to be unity, as it may be 
for low pressures without inciirring any appreciable error, thc‘n the 
change of entropy of water may be calculated as follows 


\ 1 ^?T = log ,,;2 . . (19) 

For the purpose of tabulating values of the entropy of water 
and steam in steam tables, it is customary to assume that the 
entropy of saturated water is zero at 32° F., i.e. wheir T-- 
492° F. abs. Accordingly, at T° F. abs.— 

T 

4>W = log* (approx.) . . . ( 20 ) 

If it is assumed that the specific heat of water may be represented 
by an equation of the form 

C((, = u "t" 6 T -|- c . 1 ^ 

where a, b, and c are constants, then 
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and 


T 

^«. = J (^■~ + 'b + cTyi: 


= « log. 4 I 2 + - 492“*) 

Dietenci’s equation (1), Art 16, is of this form. As already stated, 
it would ^ve results which are reasonably correct up to 572° F. 
At still higher temperatures, the specific heat of water increases 
still further so that the slope of the liquid line on the T-^ diagram. 


i.e. 


dT 

d<f> 


JL 

C,„ 


becomes smaller and smaller as the critical point is approached. 

The variations of entropy during the heating of water from 32° F 
to the critical point (705° F.) are shown by the curve ABC, Fig, 21. 

T 

The deviation from the curve = log^ ^ (based on the assump¬ 
tion of unit specific heat) at the higher temperatures should be 
noted by the student. 

At any absolute temperature T, the area under the curve AB 
represents, to some scale, the amount of sensible heat supplied to 
raise the water from 491-6 degrees absolute to T degrees Thus, if 
1 in. = i;6 units of entropy and 1 in = T units of temperature, 
then 1 sq in. = T x ^ B.Th U per lb 

The entropy change during evaporation at constant pressure is 
easily calculated because the temperature T is then constant. If 
the evaporation is complete, the change of entropy 


^ 


( 21 ) 


Thus, from Callendar’s Tables, at 300 lb. per sq. in., t = 417-4° F. 
or 877-0 degrees absolute, and L = 815-2. 


= 


815-2 

877-0 


= 0-9296 


If at any temperature T the entropy change BD durmg evapora¬ 
tion at T be added to the entropy of saturated water, then a point 
D is obtained which represents dry and saturated steam at tem¬ 
perature T. As the temperature is increased L diminishes and there¬ 
fore diminishes, until at the critical pomt where L = 0, also 
becomes zero. The area MBDN under the line BD is clearly 

Tx<^. = Tx^ = L 
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and is therefore the heat supplied during evaporation. The locus 
of such points as D is termed the "saturation curve" or "dry 
steam line.” 

If the evaporation is partial and x is the dryness fraction, then 
the increase of entropy is 


xT 

T 


= x.<f>^ 


Thus the point E represents the state of steam at T and having a 

BE 

dryness fraction of 0’7, the point E dividing BD such that 


= 0-7. The locus of points such as E is a curve passing through 
the critical point C and representing a constant dryness fraction of 
70 per cent. 

The changes of entropy during superheating at constant pressure 
may be calculated in the following manner. Suppose that unit 
mass of steam is heated from temperature T to T - 1 - '5T, and let 
Cj, be the specific heat for the given pre.ssurc P and fo,r the mean 
temperature T + ^(3T. Then the heat supplied is C,,. (5T and the 
small increase in entropy 


d<f> = 


c,. 


^T 

T 


The total change of entropy from the saturation temperature 
Tjat, degrees absolute to any superheat temperature T, could be 
found by the arithmetical integration , 


4>s — 



( 22 ) 


By plotting the total entropy of superheated steam against the 
superheat temperature, the constant-pressure line DF is obtained. 
The vertical height from D to F is clearly the degree of superlieat 
at F, and the shaded area NDFR represents tlie heat supplied 
during superheating. 

The entropy of superheated steam should always be obtained from 
reliable steam tables or steam diagrams. The change of entropy 
during superheating may be calculated approximately by assuming 
a mean specific heat for the given range of temperature. Then 
the change of entropy is 


4>s — i>sat. = 





1 


J rn 

— r 

— 

• log* 


dT 




. ( 23 ) 
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It IS assumed here that the entropy-mean spec%fic heat is equal to 
the tempeyciiure-mean specific heat, which is not quite correct The 
error made in such an approximation will be greater at higher 
pressures than at lower pressures, because of the greater variation 
in the speafic heat at higher pressures The error involved is not 
so serious as might at first be thought, as the following data show. 


Steam at a Pressure of 1,000 lb per sq in 


Degree of superheat (° F ) . 

40 

100 

200 

400 

Temp-mean specific heat, (Fig 

16) 

0 96 

0 867 

0 773 

0 678 

logsf^ 

0 0375 

0 0823 

0 1404 

0 2273 

Entropy change dciivcd Irom Callcn- 
dar*s Abridged (1934) Steain Tables 

0 0376 

0 0825 

0 1415 

0 2311 

Error 

0 0001 

0 0002 

0 0011 

0 0038 

Percentage error 

0 27 

0 24 

0 78 

1 64 


If m Fig 21 the lines GH and JK are lines of constant pressure 
for pressures lower than that represented by DF, and if the points 
F, H, and K all represent a constant degree of superheat, e g 
150° F., then the curve FHK is known as a constant superheat line 
Curves of constant volume may be drawn on the T-<f> diagram 
in the following way Suppose, for example, it is desired to draw 
a constant-volume line to represent 2 cub ft per lb A reference 
to the Callendar Tables shows that for dry and saturated steam 

Vs = 2-006 when p — 230 and T = 853-3 
Vs = 1-965 when p = 235 and T = 855-2 

A simple linear interpolation gives 

v, = 2-00 when p = 230-73 and T = 853-58 

Then the point S on the saturation curve at T — 853-58 represents 
the condition of steam having a specific volume of 2 00 cub ft. 
Consider a lower pressure, eg p = Since the specific volume 
of dry and saturated steam is 4-429 cub ft. per lb , it is clear that 
the steam must be wet to have a volume of only 2 cub. ft 

Then x .v, (1 — x)Vy, = 2-00 

and since v^ = 0-0177 

4-429* -f- 0-0177 - 0-0177* = 2-00 
from which * == 0-45. This condition is represented by the state 
point T (p = 100, T == 787-5). Other points may be obtained in 
the same manner and a curve ST drawn. 
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If a pressure somewhat higher than 230'73 be considered, then, 
since the specific volume of dry and saturated steam is less than 
2 cub. ft., it is clear that the steam must be more or less highly 
superheated. The precise temperature for any pressure may be 



found by using the Callendar equation of state (15), or by inter¬ 
polation from the Revised Callondar Tables. Thus, at the pressure 
of 300, the temperature corresponding to the volmne of 2*00 cub. ft. 
per lb. is 592-2° F. or 1051-8° abs. This state is represented by the 
point U and the complete "constant-volume" curve for v ■- 2-00 
is the discontinuous curve TSU. 

27 . The Enthalpy-entropy Diagram. In this diagram, proposed 
by the late Dr. Richard Mollier, of Dresden, and usually known as 
the Mollier diagram, the co-ordinates are entropy ^ and enthalpy 1. 
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A skeleton diagram for steam is shown m Fig. 22. The origin A 
represents zero entropy and zero enthalpy. cn’~c57.-r.d-’-:f to the 
state of water at 32° F. and under a pressure of O-' 'SSd r>. per sq in. 
abs. Point B represents saturated water at 100 lb per sq. in. abs. 
(^Mi = 0-4749, = 298-5). The locus of points such as B plotted 

up to the critical pomt C is the water Ime ABC Point D represents 
dry and saturated steam at 1001b. per sq. in (0,= 1-6079, 

= 1190-7), and the locus of points such as D is the saturation line 
CDGJ Since the value of Ij at the critical point is appreciably 
less than that at lower pressures (I^ is a maximum at about 
5201b per sq. in, according to Callendar’s Tables), the critical 
point is well removed from the peak of the curve, as is evident from 
Fig. 22. 

Consider now the movement of the state point during evaporation 
at a pressure of 100 lb per sq. in. abs. The initial state point is B. 
For any dryness fraction x, the increase in I is 

la l^a — xlt 
xL 

and the increase of entropy - 7 ^. 


Therefore, since T is constant the increase in enthalpy is pro¬ 
portional to the increase in entropy, 1 e the evaporation line BD 
is straight Moreover, the slope of the line is 


Ig 1«) 

4>s— 


T 


This relationship between the slope of the constant-pressure 
lines and temperature may be shown more generally. In Art 23 
it IS shown that when P is constant 


{dl)^ = dH = T .d<j> 



. (24) 


Thus all constant-pressure hnes are straight in the wet region (P 
and T constant) and the slope of a high-pressure hne is greater than 
that of a low-pressure hne. 

If lines such as BD are divided in the ratio of, say, 7 to 10, then 
a curve through the dividing points becomes a curve of constant 
dryness or quality. All such curves run to the critical point. 

The constant-pressure lines may be produced into the superheat 


field. Since ^ = T, 


and T is increasing, the constant-pressure 


lines are now curved. If points F, H, and K be taken on different 
constant-pressure lines for the same degree of superheat (400° F.), 
then the curve drawn through such pomts is a curve of constant 
superheat. 



Constant \Superheat Line 



Fig. 22.—^Jollier Diafirram for Steam 
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Isothermals may be drawn m the foUowmg manner. Suppose, 
for example, it is desired to draw an isothermal for 500° F. The 
vapour pressure at 500° F is 680 lb per sq. in. abs Therefore all 
points on the line LM (680 lb per sq. in ) in the wet steam region 
are on the required isothermal. Consider now the pressures 100 and 
10 lb per sq. in 


Steam 

Pressure 

100 

10 


Saturation 

Temperature 


327 9° F 
193 2^ F 


S’mcr'^-'Cot when 
^ ^ 5uu F 
172 1° F 
306 8° F 


Then if points N and P be taken on the lines for = 100 and 
^==10 respectively, to represent superheats of 172*1° F. and 
306 8 ° F. respectively, the curve MNP will be part of the required 
isothermal. The discontinuous line LMNP represents the complete 
isothermal. 

Constant-volume lines, such as TSU (drawn for 2 0 cub ft per 
lb ), may be set out in the manner described in Art 26 for the 
constant-volume lines on the T-^ chart 

The <f>-l diagram is, without a doubt, the most useful chart ever 
devised for the solution of problems connected with the theory and 
the design of steam turbines For practical purposes, it is usual 
to use the upper part of the diagram only 

28 . T-(^ and <j 6 -I Diagrams for Compressed Water, In steam power 
plants using high-pressure steam the feed water is compressed by 
the boiler feed-pump to a high pressure This compression modifies, 
to a slight extent, the thermod 5 mamic properties of the water It 
has been already shown in Art 22 that the compression of the feed 
water to a high pressure modifies the amount of heat which must be 
supplied 

It is beyond the scope of this book to explain how the changes in 
entropy and enthalpy during isothermal compression may be 
calculated, but the nature of the changes may be followed from 
Figs 23 and 24, based on an article ( 1 ) by the author Fig. 23 
shows the T-^i diagram The dotted line represents the boundary 
curve ABCDJ of Fig 21 It should be noted that the curve ABC 
of Fig 21 represents the relationship between the absolute tempera¬ 
ture and the entropy of saturated water, 1 e. water at the saturation 
temperature corresponding to the existing pressure In Fig 23, the 
line AB represents water at a pressure of 1 ,000 lb per sq in abs 
The point B coincides with the saturation line at an absolute tem¬ 
perature of 1004*3 degrees and again near the freezing point The 
deviation from the saturation Ime is very small and has been 
purposely exaggerated in the figure. 

Suppose now that water enters a feed pump at a temperature 
of 100° F. and at the corresponding pressure p — 0*95 Its condi¬ 
tion is represented by the point K. The adiabatic compression of 
the water to p = 1,000 would be represented by the vertical line 

3—(T 5300) 
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KL, and during the subsequent heating to 544-7" F., the eoiulition 
point would move along the curve LB. 'I'he ligure given in tlu- last 
column of the table in Art. 22 is represented by the small area 
between KLB and the curve KB. In Fig. 23, the full line AJ£F 
represents water and steam at the critical prt^ssure, and Atlll water 
and steam at 4,0001b. per sq. in. abs. The parts (d the c.urves 



lying below the critical temperature represent watc-r in tlus liquid 
state, those parts above represent steam. 

The ^-I diagram for compressed water is shown in Fig. 24. 'I'he 
dotted line OBE shows the relationship between 1 and ^ for saturatt-d 
water. Curve AB shows the same relationship for water at a i)re.ssiire 
of 1,000, and it coincides with the saturated water line at the i)oint 
<f> — 0-7455 and I = 544-1, but at no other point. Curve ABCD 
shows the complete constant-pressure line for p = 1,000. Similarly, 
AjEF represents water and steam at the critical pressure, and 
AgGH water and steam at ;^ = 4,000. ■ 

Consider again the adiabatic compression of feed water from the 
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temperature of 100° F. to a pressure of 1,0001b. per sq m. The 
initial condition is represented by the pomt K on the satura t ion 
line, the compression by the adiabatic line KL, and the subsequent 
heating to the saturation point B by the curve LB 

It has been shown in Art 22 that the increase in enthalpy 




= + 


v.dP 

■ J 



In the adiabatic compression KL, Fig. 24, dH = 0, and therefore 

and Ignoring the extremely small change of volume during com¬ 
pression 

Il-Ik = ^(P.-Pk) . • . (25) 

This simple relation would enable the change of enthalpy to be 
calculated for any increase of pressure at constant entropy. 
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Consider now the generation of steam at, say, l,(K)t) lb. per scj. in. 
from water at 100° F. and at its corresponding ])ressiire t<j super¬ 
heated steam at temperature During the adiabatic compression 
of the water to the pressure at which steam generation takt's place 
there is, of course, no heat supplied or rejected. Since the pressure 
during the subsequent heating along the curve LBCD is constant, 
the heat supplied is exactly equal to the increase of enthalpy, i.e. 
to Ij) Ij_. 

Heat supplied = Id — It 

= (Id-Ik)-- • • • (26) 

This has already been shown in Art. 22, but is rcpeiited here so as 
to make the matter clear with respect to the Mollier diagram. 
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EXAMPLEvS m 

1. Show that if the specific heat of a substance be cxpre.s.sed by tlie relation 
C = a + ZiT 4- where a, h, and c are constant.s and 'L' is the absolute 
temperature, the change of entropy due to the heating of the sub.stanee from 
Ti to Tg is 

^ - ,^1 = a . log. ^ -I- fc(Ts - Ti) + -|.(T/ - l\a) 

2. Sixty units of heat are added to unit mass of a sub.stanee while its tem¬ 
perature is increasing from 400 to 490 degrees ab.solute. If the .specific heal 
remains constant during the addition of heat, what is the change of entropy? 

3. Assuming that the specific heat of water is unity and that the latent heat 

L = 1,100 — 0-63^, calculate for 1 lb. of steam at ^ 100 {t 827-9‘'’ F.) the 

following quantities— 

(a) Change of entropy during the heating of w^ater from 32‘’ b\ to 327-9'' l'\ 

(b) Change of entropy during c- 

(c) Approximate change of i •* ■ ' superheating, if the degree <jf 

superheat is 200° F. = 0-vS63.) 

4. Calculate the change of entropy of 1 lb. of water during the heating 
from 32° F. to 544*7° F, {p 1,000), using as a basis the following modification 
of Dieterici's equation for the specific heat of water— 

C«, M8124- 0-00068683T + 0-00000064T“ 

T being the absolute temperature on the l^'ah^enheit scale. Compare this 
value with that based on the assumption of unit S]Decific heat. 
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0 A boiler ell mil has a total capacity of 1,000 cub ft It contains a certain 
amount of water and of dry and saturated steam, and the whole may be 
assumed to be at one temperature 

When the pressure is 200, the boiler is exactly half-full of water Heat is 
and the pressure is raised to 400 No steam is allowed to escape 
following— 

(a) The weight of water evaporated 
{b) The total amount of heat supplied 

The total change of entropy of the whole mass of water and steam 
Given the following information— 

Specific volume of saturated water v/hen p = 200, -= 0 0184 
- - = 400! - 0 0194 



CHAPTEK IV 

THEORETICAL STEAM TURHINK CYCLIi: 

29 . Definition of Cycle. The object of all heat engines is to convert 
heat into mechanical work. In all such engines we nse some sub¬ 
stance, termed the “working substance” or “working Iluid,” to 
which we supply heat, so causing the working substance to expand, 
and in overcoming some external resistance to perform a certain 
amount of mechanical work. After the expansion proce.ss, we have 
some cold “body” or receiver of heat to which tlie working sub¬ 
stance rejects heat before taking in a new supply of heat from the 
hot body or source of heat. 

The working substance is said to have undergone a cycle of 
changes of state when, after starting from some definite initial 
condition, receiving a supply of heat, expanding and performing 
mechanical work, and finally rejecting that quantity of lieai w;;icli 
cannot be converted into work, it is brought back to its initial 
state or condition. 

The cycle thus defined is a dosed cycle when it is completed 
within the power plant itself, as, for example, in the ca.se of a con¬ 
densing steam turbine. Wlien the cycle is virtually completed 
outside the power plant, as, for example, with an engine or turbine 
exhausting to atmosphere, the cycle is said to be an open one. 

30 . Actual Steam Turbine Cycle. Fig. 25 shows in diagram¬ 
matic form the essential parts of a steam turbine power plant. It 
comprises three fundamental elements — 

(1) The boiler plant, in which the working substance, water, 
receives heat liberated by the combustion of the fuel. 

( 2 ) Tlie steam turbine, in which the working substance undergoes 
changes in pressure, temperature, and heat content, thus performing 
mechanical work on the shaft. 

(3) Tlie condenser, in which the working fluid gives up to the 
cooling water that quantity of heat which, in virtue of the Sec^ond 
Law of Thermodynamics, cannot be converted into work and 
must be rejected in order to restore the working fluid to its initial 
condition. 

The diagram shows in outline a Babcock (k. Wilcox boiler *with 
a traveUing-grate mechanical stoker. After leaving the boiler 
proper, the products of combustion flow over the tubes of an 
"economizer” or feed-water preheater, and then through the air 
preheater. The combustion air is supplied to the top of the air 
preheater by the forced-draught fan, and the hot air which leaves 
the heater then goes direct to the internal air compartments of the 
mechanical stoker. 
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The steam is normally superheated to a relatively high tempera¬ 
ture, and the superheater tubes must be located in the path of the 
products m such a way that the temperature of the products is 
high enough to give the required steam temperature without an 
excessive amount of superheater surface. In this respect. Fig 25 
is very diagrammatic 

The steam generated by the boiler is led to a vessel termed a 
receiver into which other boilers may deliver steam Steam pipes 
connect the receiver to the individual turbmes and sometimes 
cross-connect the receiver to another receiver With large turbine 
units it is customary to employ a single receiver per turbine The 
steam pipes leading from the receiver to the turbine are equipped 



Coupling 


Boiler Feed Pump—!' Condensaie Extraction FUmp- 
Fig 25 —Diagrammatic Arrangement of Steam Power Plant 


with suitable valves, drain valves and means for peimittmg expan¬ 
sion There are always at least two valves, or sets of valves One, 
the stop valve, is used for starting and stopping the turbine, the 
other, the governor valve, is automatically controlled by the speed 
governor and maintains the speed of rotation at a sensibly constant 
value in spite of variations of load 

After doing work in the turbine, the steam is condensed. In the 
normal surface condenser, the steam is condensed on the outer 
surface of a very large number of metal tubes through which the 
cooling or "circulating” water flows The condensed steam or 
"condensate” showers down over the tubes and is extracted from 
the bottom of the condenser by a pump, known as the condensate 
extraction pump. This pump delivers the condensate to the suc¬ 
tion side of the boiler feed-pump and the latter returns the feed 
water to the boiler, via the economizer In order to allow for the 
varying quantity of water in the boiler at different rates of steaming, 
it IS nece.ssary to provide some form of storage for the condensate 
between the condensate extraction pump and the boiler feed-pump. 
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This may take the form of an open “hot-well/’ a .sealctl “surge 
tank/' as shown in Fig. 25, or other fonn.s. 

Owing to small leakages through joints and glands which arc 
subjected to internal pressures lower than atmospheric pressure, a 
certain amount of air leaks into the turbine and condenser. Unless 
this air is continually extracted it accumulates in the condenser 
and raises the exhaust pressure, with adverse effects on the turbine 
performance. Air pumps, usually of the steam ejector type, are 
provided in all cases; but their effect on the thermal (piantities 
involved is so small as to be negligible. 

31 . Rankine Cycle for Steam Initially Saturated. In order to 
compare the performance of actxial engines and turbines, c<'rtaiii 



theoretical or ideal cycles have been formulated. When the thermal 
properties of the working substance arc sufficiently tletermiiu'd, it 
is possible by a study of these theoretical cycles to calculatt*. the 
amount of heat which must be supplied to the working substance 
during one cycle, the amount of mechanical work ]ierfonned by 
the substance under certain specified conditions, and the amount 
of heat which must be abstracted from the working substance in 
the condenser. We can thus calculate the theoretical thermal 
efficiency, which is the ratio of the theoretical work done to the heat 
supplied. 

Consider, for example, a steam plant in which the steam is sujiplied 
to the turbine in the dry and saturated state. Tlie phmt is sV.own 
diagrammatically in Fig. 26, while the T-^ and ^-1 diagi.ims for 
the cycle are shown in Figs. 27 and 28 respectively. 

A convenient starting point in the cycle is A, at the extraction 
pump suction. Here we have unit mass of water iii the saturated 
condition, at pressure temperature Tg. This water is next 

raised in pressure by the combined effects of the extraction pump 
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and boiler feed-pump to the higher limit of pressure p-^, its condition 
being represented by the pomt B in Figs 26, 27, and 28, which are 
lettered to correspond The compression AB is adiabatic. 

The water now enters the economizer and/or boiler and is first 
raised to the evaporation temperature Tj. During this process the 
state point moves along the curve BC. Moreover, as already ex¬ 
plained (Arts 22 and 28), the heat supphed during the process is 
equal to Iq —• Ij,, and is represented in Fig 27 by the area LBCM 
to some scale 

The water is now completely evaporated at pressure and tem¬ 
perature Ti. The heat supphed is and equals In Fig 27 

this is represented by the area of the rectangle MCDN. 

The steam is now assumed to enter the turbine, where it undergoes 
a drop in pressure from j&i to p^, usually in several stages In the 
first place, the steam is assumed to pass through the turbme without 
any heat flowmg into or out of the turbine cylinder Furthermore, 
the expansion of the steam in the nozzles is assumed to take place 
without any surface friction losses and without the production of 
eddies, and the passage of steam through the rotor blades is like¬ 
wise supposed to take place without faction or the dissipation of 
energy due to impact or eddies. If all these conditions could be 
satisfied then the steam would undergo the process of expansion 
without receivmg heat in any way,, either from external bodies or 
internally by the reception of dissipated mechanical energy m the 
form of heat. Such an expansion is said to be adtabatic and fric¬ 
tionless Because the substance neither gains nor loses heat during 
such an expansion, the expansion takes place at constant entropy, 
i.e. it is %sentrop%c. 

An adiabatic or isentropic expansion of the swiftly movmg steam 
in a steam turbine is utterly impossible in practice The flow in a 
nozzle of good design must be attended by friction losses because 
of the molecular structure of, and molecular movements within, 
the flowmg steam Similarly, even though the rotor blades are so 
proportioned as to ehminate all shocks and eddies, there still remains 
the inevitable surface friction loss In practice, therefore, the steam 
is continually receivmg mternally the heat equivalent of the 
mechanical losses incidental to the flow 

The adiabatic expansion of the steam is represented in Figs. 27 
and 28 by the isentropic line DE. As soon as expansion begins, 
the steam (theoretically) commences to condense and at the turbine 
outlet has a dr 3 mess fraction % 

The steam is now condensed at p^ and Tg, the workmg substance 
thus returning to its initial condition at A The heat rejected during 
condensation 

= flfji. Lg = Iji I,^ 

■ Now since aU heat losses have been precluded, the work done 




Fio. 28.— <f>~l JDiagram for the Kankine Cycle 
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IS equal to the difference between the heat supplied and that 
rejected 

Heat supplied = (Iq — Ib) + (!» — Ic) 

= Id - Ib 

By eq. (26), Art. 28 

Ib-Ia = ^(Pi-P2) 

Heat supplied 

= (Id - Ia) - ^(Pi - P 2 ) B.Th U per lb. (27) 

and heat rejected = 

Work done 

= (Id - Ib) - y (Pi - P 2 ) B Th U per lb. . . (28) 

Therefore the theoretical thermal efficiency, or cycle efficiency is 
^o = {(Td-Ib)-^^(Pi-P2)) 


^ (Io-Ia) 


y(Pl-P2) . 


. (29) 


In the expression for the work done, the term y(Pi — Pg) 

represents the work done by the feed-pump Consequently, the 
gross work done by the turbine is given by Ij, — Unless the pres¬ 
sure Pi is relatively high the feed-pump work is small and may be 
neglected The cycle efficiency is then equal to 


. 30) 


If the steam has an initial diyness fraction %, then the adiabatic 
expansion is represented by the isentropic and the expressions 
for the work done, heat supplied, etc , are as above with and 
substituted for D and E respectively An explanation of the 
methods of derivmg the work done and the cycle efficiency will be 
given in the next article 

32 . Rankine Cycle for Steam Initially Superheated. This is the 
cycle most frequently used in practice. The plant is shown 
schematically in Fig. 29 and differs from that dealt with in the 
previous article only m that a superheater is included 

It is unnecessary to discuss this cycle in detail and we shall pro¬ 
ceed with an explanation of methods of deriving the values of the 
heat supplied, the work done, and the thermal efficiency Three 
methods will lie given 
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Example 2. Steam is supplied to a turbine at a pressure of 
500 lb. per sq. in. and a temperature of 800° F. It is expanded 
adiabatically and without friction to a pressure of 0-5 lb. per sq. in. 
Calculate or derive the following— 

[а) External heat supplied per lb. of steam. 

(б) Work done by turbine per lb. of steam. 

(c) Net work done. 

(if) Theoroliral thermal efficiency. 


E 



Method 1. From first princifiles, and assuming mean values Jar 
the specific heats of water and superheated steam. 

From Steam Tables— 

Enthalpy of water 

p = 500(i! = 467-1“ F.) 450-1 

p = 0-5(^ = 79-5° F.) 47-4 

i.e. lo - (Fig. 30) = 402-7. 

By Art. 22, heat supplied to the saturato<l water (i)ath AC) 



= 402-7 - 1-7 = 401-0 B.TIlU. per lb. 

Note that is the specific volume of saturated water and its varia¬ 
tion with temperature has been taken into account. 

Since the temperature rise is 387-6° F., the mean specific heat of 
the water is 1-035. 

The initial superheat is 800-467-1, or 332-9" F., and the mean 
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specific heat of superheated steam at 500 lb per sq an , according 
to Fig 16, is 0-606 

Hence the total change of entropy LR, Fig 30, is— 

C„. log,£^ + ^ + C^„.log,^» 

_ 1 n<« 926 7 , 763-1 , ^ , _ 1259 6 

1 035 lOt,,, ggg J 4* 0-606 lOg^ 

=- 0-5603 -}- 0-8235 -1 0-1862 = 1-5700 



If it IS assumed that the water is first compressed to 500 lb per 
sq in at the tempcratuie of 79-5° F'. {Vy^ = 0 01607), the sensible 
heat supiilicd 




r- 402-7 


0-01607 X 144 X 499-5 
777-8 


402-7 - 1-5 - 401-2 B.Th U per lb 
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Total heat supplied externally 

= 401-2 + 763-1 + (0-606 x 332-9) 

= 1366-1 B.Th.U. per lb . 

Heat rejected = Tg X LR 

= 539-1 X 1-57 
= 846-5 B.Th.U. per lb. 

Net work done in the power plant per lb. of steam passing 
through the turbine, i.e. the work done by the turbine lc.s.s the work 
done in forcing the feed water into the boiler, 

= 1366-1 - 846-5 
= 519-6 B.Th.U. 

Net thermal efficiency of cycle 

_ 

1366-1 

= 38-05 per cent. 

Work done by turbine only 

= 519-6 + (Feed pump work) 

= 519-6 4- 1-5 
= 521-1 B.Th.U. per lb. 

.'. Gross cycle efficiency 

_ 521-1 
1366-1 

= 38-15 per cent. 

Method 2. By the use of Steam Tables, but xiihihont the use of the 
Mollier diagram. 

Heat supplied in cycle 
= Ih Ib 

== (1415-1 — 47-4) - 1-5 1366-2 B.'Hi.U. per lb. 

= = 1-6619 

= 1-6619 - 0-0920 r-. 1-5699 

.'. Heat rejected = TMjf— 

= 539-1 X 1-5699 
= 846-5 B.Th.U. per lb. 

.-. Net work done per lb. of steam 

== 1366-2 - 846-5 = 519-7 B.Th.U. 
which is practically identical with the result obtained by the ])revious 
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method. The othci results may be worked out by the methods 
given above. 

Method 3. By the use of the Mollier chart 

For this purpose the large Callendar diagram was used. This is 
shown in skeleton form in Fig. 31, which is lettered to correspond 
to Fig. 30. 

In using the chart, the point is first obtained from the given 
initial pressure and temperature. This immediately gives the value 



Enthalpy - BThU per lb. 


I-'IG .31 


of the entiopy, viz. T6619, and of the enthalpy, viz 1415T B Th U 
per lb The adiabatic and fnctionless expansion is represented by 
the constant entropy line EF, which may be drawn on a sheet of 
tracing paper placed over the chart. Alternatively, the point F 
may be simply read oft the chart for the pressure of 0-5 lb per 
sq. in. and the entropy 1-6619, without drawmg any line at all 
The enthalpy at F is 894-0 and the dryness fraction of the steam 
is 0-811. 

The author recommends writmg down the various quantities, 
given and derived, in the following tabular form— 

p Condition <f> I 

500 !f.= 800“F. 1-6619 1415 1 


1-6619 
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A simple subtraction then gives Ij, — Ip, which is the work done 
in the turbine. This result agrees with those obtained by the two 
previous methods. 

Of the three methods given above, the third is the most con¬ 
venient. For accurate work, however, the second method is to be 
preferred. 

The quantity Ijj — Ip, which is the gross amoiml of work done 



in the turbine during the adiabatic and frictionlo.s.s expansion of 
the steam, is often referred to as the “adiabatic heat dro]^” or the 
“ Rankine heat drop.” 

33 . Superheated Steam Cycle with Superheated Exhaust. When 
the initial superheat is moderately high and when, jus in a back¬ 
pressure turbine, the exhaust pressure is relatively high, the steam 
may be superheated at the end of the expansion in the turbine. 

The temperature-entropy diagram for these conditions is slujwn 
in Fig. 32. The heat 'iippiii.<; per lb. of .substance in the 
econcmizer, boiler, and superheater is equal to 
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The steam, on adiabatic expansion, only becomes dry and 
saturated at the pressure corresponding to the temperature Tj, 
which IS found by the intersection of the adiabatic and isentropic 
expansion line EFH yvnth the steam saturation line If Tg is lower 
than Tg, the saturation temperature corresponding to the actual 
exhaust pressure, then the state point at the termination of the 
actual expansion will be F, the point of intersection of the isen¬ 
tropic EFH with the constant-pressure line GF At the end of the 
adiabatic expansion the steam is superheated by the amount 
Tj, — Tq In order to restore the steam to its initial condition as 
saturated water at A, it is first necessary to de-superheat it, by 
cooling at constant pressure p» to the temperature T, and then to 
condense it. 

The final steam temperature Tp may be calculated as follows. 
The total change of entropy LS may be found either by Method 1 
of the last article, oi from steam tables 

Then RS = C„,„ log,. ^ (approx ) 

^ o 

= LS - LR 


Heat rejected -= Cp,„(Tp— T^) -|- Lg 

Since the heat rejection takes place at constant pressure through¬ 
out, the heat rejected also equals Ip — I^. Therefore the net work 
done, 1 e. 

Tuibinc Moik — fccd-jiump work 
- (Ik - Ia) - y®(Pi - Pa) - ih - h) 

= (Ib - Ik) - y (Pi - Pa) B Th U per lb 

The work done by the turbine only is I^ — Ip. The treatment of 
this case by the Mollier diagram will now be illustrated briefly by 
an example 

Example 3. A turbine is supplied with steam at 5001b per 
sq. in. and 800° F The steam is expanded adiabatically to a 
pressure of 100 lb per sq in. 

Derive the following— - 

(а) External heat supplied per lb. of steam. 

(б) Condition of the steam at the end of the expansion. 

(c) Work done by the turbine 

(d) Gross theoretical thermal efficiency. 

(«) Net theoretical thermal efficiency. 
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(a) Heat supplied in cycle 


= (PiK.32) 


(1415-1 -298-5) — ^^’" 
= 1116-6- 1-3 


0177 X 144 X 400\ 
777-8 ) 


= 1115-3 B.Th.U. per lb. 



IS J-4- 1-5 7-6 1-7 7-8 


Entropy 

Fig. 33 .—^-1 Diagram Illustrating ICxainple 3 


(6) For the expansion, the following table may b(^ drawn up with 
reference to the Mollicr diagram, Fig. 33. 

p Condition 6 I 

500 ^-BOO^F. 1-6619 1415-1 

100 ^ = 411®F. 1-6619 1235-7 

179-4 

At F the steam has a temperature of 411® F. and a superheat 
= 411-0-327-9 ^ 83-1® F. 

(c) Work done in turbine per lb. of steam = 179-4 B.Th.U. 
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179.4 

(a!) Gross thermal efficiency = 

= 16 1 per cent 

ifi) Net work done = 179'4 —13= 178-1. 

178*1 

Net thermal efficiency = - -- 

1115*0 

= 16-0 per cent. 


34 . Thermal Efficiency Ratio. In the foregoing articles we have 
shown how to calculate the theoretical thermal efficiency of a steam 
turbine power plant This may be conveniently referred to as the 
" cycle efficiency ” 


Then 




-T 


H 


(31) 


where Ho = energy available due to adiabatic and frictionless 
expansion, i e the adiabatic heat drop 

and H = heat supplied in the cycle 

Owing to the various losses in the turbine, such as friction losses 
m the nozzles and blading, shock losses, eddy losses, disc friction 
and bearing friction losses, the actual work done B.Th U per 
lb of steam, at the turbine coupling, is less than Hq 

Let = thermal efficiency of the turbine 

= (actual coupling work per lb of steam) — (heat 
supplied in cycle per lb of steam). 

Then • ■ (32) 

A measure of the excellence, or otherwise, of the performance 
of an actual steam turbine may be obtained by companng its 
thermal efficiency with that of an ideal engme operating on the 
Rankine cycle between the same limits of pressure and temperature 
as the actual machine. The ratio of the actual to the theoretical 
thermal efficiency is termed the thermal efficiency ratio, or simply, 
the efficiency ratio (rj^.) 

Then ^ X 

^/c 

= ■ ■ • • ( 33 ) 

i.e the efficiency ratio is equal to the ratio of the actual couphng 
work in B Th.U. per lb of steam to the adiabatic heat drop. 
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may be calculated from test data in the following manner. 

Let W = steam consumption of turbine, lb. per hour, 
h.p. = horse-power developed. 
kW = power developed, kilowatts. 

Now 1 h.p. = 33,000 ft.-lb. per minute. 

— 42-43 B.Th.U. per minute. 

= 2,546 B.Th.U. per hour. 


But 1 h.p. = 746 watts. 

.•. 1 kilowatt = 1-341 h.p. 

= 56-89 B.Th.U. per minute 
= 3,413 B.Th.U. per hdur. 

.’. Work done per lb. of steam 




2546 X h.p. 
W 

3413 X kW 
W 


B.Th.U. 

B.Th.U. 


Efficiency ratio 


2546 X h.p. 

” W . 

. (34«) 

3413 X kW 
” W . H„ 

. (346) 

The absolute thermal efficiency 


2546 X h.p. 

~ W . H 

. (35«) 

3413 X kW 

or rjt ^ _ jj • • 

. (356) 


The steam consumption expressed in lb. of steam per unit power 


IS 


or 


W 

h.p. 

W 

kW 


2546 _ 2546 
3413 


H.. 


3413 

Vr • 


2546 „ . . 

lb. per li,p, hour 
. H 

--lb. per kW hour 


A more detailed study of losses and of efficiencies will be given 
in Chapters IX and X. 


EXAMPLES IV 

L Dry and saturated steam p ^ 150 and - “ 358-4'^ F. is supplied to 
a turbine and expanded adiabatically to p — 1-0 (L 101*7" F.). Calculate 
the following— 

[a) Heat supplied. 

(b) Total change of entropy. 
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(c) Heat rejected 

(d) Theoretical thermal etficiency. 

Assume that the specific heat of watei is unity and that the latent heats 
of vaporization ^ 150 and = 1 0 are 867 9 and 1032 9 B Th U per lb 
respectively 

2 Steam is supplied to a turbine at /? = 150 = 358*4° F ) and with a 

dryness fraction of 80 per cent The steam is expanded adiabaticallv to 
/)=: 10 (4 = 1017°F) Calculate the following— 

(а) Heat supplied 

( б ) Total change of entropy. 

\c) Heat rejected. 

(d) Theoretical theimal efficiency 

Assume that the specific heat of water is unity and that L for ^ = 150 is 
867 9BThU per lb 

3 A steam turbine receives steam at = 250 and superheated 200° F. 
The exhaust pressure is 10, and the expansion of the steam takes place 
adiabatically and without friction 

Using steam tables only, calculate the following— 

(а) Heat supplied, assuming that the feed-pump supplies water to the 
boiler at 250 lb per sq in 

( б ) Heat rejected 
(c) Net work done 

\d) Work done by the turbine 
\e) Thermal efficiency. 

(_/) Theoretical steam consumption 

If the actual steam consumption is 11 2 lb per kWh, what is the efficiency 
ratio of the turbine ? Tiie specific volume of saturated water at ^ 1 0 is 

0 01614 

4 A steam turbine plant is supplied with steam at ^ ~ 250, and super¬ 
heated 180° F The exhaust pressure is 0 85 The temperature of the con¬ 
densate in the hot-well is actually 90° F — 0 0161) If the measured steam 
consumption is 10*9 lb per kWh and if the boiler efficiency is 82 per cent, 
what is the absolute thermal efficiency of the boiler and turbine plant ^ 

5 Two steam turbines A and B operate with the same initial pressure, 
namely p = 200, and the same initial superheat of 160° F In turbine A 
the exhaust pressure is 1 5 {v^ = 0 01618), wdiereas in turbine B the exhaust 
pressure is 0 5 (v^ ~ 0*01607) Calculate the following— 

(а) Theoretical steam consumption of turbines A and B, m lb per 
kWh. 

(б) Percentage reduction in steam consumption due to the lower exhaust 
pressure in turbine B 

{c) Theoretical thermal efficiency of turbines A and B 
\d) Percentage increase in thermal efficiency due to the lower exhaust 
pressure m tuzbme B 

6 , Steam expands adiabatically from an initial pressure (saturation 
temperature = Ti abs.) and superheated to a temperature T 3 abs , to a final 
pressure p^ (saturation temperature = T^ abs ) Show that if the final pressure 
IS lowered by an amount dp, the additional work done in the cycle per lb 
of steam is approximately 

^ ^ dj&BThU. 

T 2 dp 

where is the dryness fraction at Tg Assume that the water is maintained 
m the saturated condition during heating 
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Hence calculate the increase in work done when the llnal pressuni is changed 
from 0-7 to 0*6 lb. per sq. in. abs., during the adiabatic (expansion of steam 
from p = 250 and an initial superheat of 200" V. 


7. The following are the means of the observations made during a test on 
a steam turbine— 


Duration of test 

Power developed (turbine coupling) 
Total weight of steam condensed 
Steam pressure at stop valve 
CL -I-.-— r-rtvre at stop valve 

^ : I . 

Vacuum .... 


2 hr. 
4*500 kW 
108,000 lb. 

200 

000 " y. 

30-20 in. Hg, 
28-57 in. Hg. 


Calculate the thermal efficiency of the turbine and also its elliciency ratio. 
Assume that the condensate is returned to the boiler plant at the <*xhau.st 
saturation temperature. 


8. Two steam turbines operate between the same teinperatun' limits, viz 
800® F. and 79-5® F. In turbine A the initial pressure is 2t)0, wlu-ri-.is in turbine 
B the initial pressure is 1,000. Using either the Revised Callendar Steam 'rabU^s 
or the </>’•! Diagram, calculate the theoretical thermal efficiencies of turbines 
A and B and the values of the dryness fraction after adiabatic expansion. 


9. Calculate the fuel cost per unit (kWh) generated in a steam power 
plant under the following conditions- - 


Steam pressure at turbine 
Initial superheat 
Exhaust pressure . 
Turbine efficiency ratio . 
Boiler efficiency 
Alternator efficiency 
Calorific value of coal 
Cost of coal , 


300 

320" h\ 

0-75 

0-78 

0*82 

0-9(> 

12,vS00 H.Th.U.p(‘r lb. 
16s. per ton 


The following assumptions may be made- - 

(a) That the feed temperature to the boiler is equal to the saturation 
temperature at 0-75 lb. per sq. in. abs. 

(b) That 6 per cent of the steam generated is used to cover losses, and 
auxiliary power. 


10. Two steam turbines A and operate under the following conditions: 
initial pressure, 250 ; exhaust pro^^'inre. 0-7. Tn turbine A, the st<‘ain is initially 
dry and saturated, whereas m turbine B it is initially supei'heatecl by 200" F. 
Using steam tables, calcxxlate— 

(а) Theoretical steam consumption, lb. per kWh. 

(б) Theoretical thermal efficiency of the two turbines, 

(^;) Percentage reduction in steam con^'iimplion due to siipedu‘^^ting. 

{d) Percentage increase in thermal efikic'iicy due to superheating. 


11. To what temperature must steam at 500 lb. per sep in, abs, be initially 
superheated so that, after adiabatic expansion to any given exhaust pressure, 
it may .have the same condition (i.e. supcTheat or dryness fraction) as steam 
at 200 lb. per sq, in. abs. which has been initially .-luperheated to a tc‘mpcrn- 
ture of 520® F. and exn'^^'ded r'^iabatically to the same exhaust pre.ssure ? 

Assume that the . -.■'c . c - ■. of «uperhented .steam at constant pressure 
is constant and ha?- -1 ( w,':. .. 0-5S ;!i rl n-62 at p 200 and p - 500 
respectively. 
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z-AAo per sq m abs and superheated to a temperature of 

600 h expands adiabatically to 1 lb per sq m abs Using a Mollier diagram 
find the pressure at which the steam is just dry and saturated, the finai 
dryness fraction, and the adiabatic heat drop. 

13 Assuming steam initially at a pressure of 200 and a 
600° F , and al-o a barometric height of 30 in Hg , obtain 
diagram tlie adiabatic heat drops for the following vacua and state the per¬ 
centage gam by increasing the vacuum above 25 in 25 (h) 26 (c) 27 

{(f) 28, and (c) 29 in \ \ 



CHAPTKR V 


THE FLOW OF STEAM THROlUiH NOZZLltS 

35 . Introduction. The object of the pre.sent cliapter i.s to study the 
flow of steam as an elastic fluid flowing through passag(!s of varying 
cross-sectional area. To the turbine engiucer it is of the utmost 
importance to know what velocity will be acquired utrder any given 
conditions of expansion, and conversely what expansion conditions, 
such as pressure drop, must be provided in order that the steam 
will reach a certain velocity under any given conditions. In addition 
it is equally important to predict the msiss flow of steam through 
a nozzle or similar channel of given shape under gi\'en conditions 
of pressure and temperature, and conversely to work out the propor¬ 
tions of a nozzle or blade channel to accommodate a certain rate 
of mass flow. 

Not only is it necessary to understand the factors gox'erning the 
flow under ideal conditions when the expansion is adiabatic and 
frictionless; it is equally important to be able to allow, at least 
approximately, for the effects of friction and other losses on the 
velocity acquired and the area required under any given conditions. 

The theory is based on certain fundamental eejuations which will 
now be considered. 

36 . Equation of Continuity. Consider the flow of steam through 
a nozzle and let w be the rate of steady How in pounds of steam per 
second. Consider a certain section of the nozzle where the cross- 
sectional area normal to the direction of steam How is A sep ft., and 
at which the volume per lb. of steam is v c\ib. ft. Then if the 
velocity across the section is uniform and ccpuil to V ft. per sec., 
the volume of steam passing the given scc'tion is 

AV cub. ft. per .sec. 

But the volume of steam flowing past the given section is also 

wv cub. ft. per sec. 

Hence wv = AV .... (36) 

This simple equation is known as the "equation of continuity” 
and, provided the steam fills the nozzle at every .section, it must be 
satisfied at all points in the steam path. 

37 . Steady Flow Equation for Turbine, Nozzle, Blades, etc. Con¬ 
sider the steady flow of 1 lb. of steam through a turbine, nozzle, 
or a system of blades. Assume that the conditions at inlet and outlet 
are as represented in Fig. 34 by the suffixes 1 and 2 respectively. 
The turbine, nozzle, or apparatus in qiicstion is represented 
diagrammatically by a rectangle. 

68 
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Let the steam flow towards the apparatus through a pipe of 
area sq. ft., and leave it through a pipe of area Ag and 
are the velocities of flow through the inlet and outlet pipes 
respectively. 

Let W = mechanical work (if any) done by the apparatus, in 
B Th U per lb of steam, e.g the internal work in 
a steam turbine or engine The mechanical work does 
not include the gain of kinetic energy m a nozzle 
H = heat supplied (if any) to the apparatus, in B.Th.U per 
lb of steam. In the case of a heat loss, H is negative. 

W/ == work done in opposing the forces of friction within the 
apparatus 

Imagine two pistons, one in the inlet pipe and the other in the 
outlet pipe. If, further, we suppose that these can move without 



Fig 34 


friction, then they will do so with velocities equal to those of the 
steam m the pipes The distance moved forward by the piston in 
the inlet pipe during the flow of 1 lb, of steam through the apparatus 

is clearly s, = ^ The force on the piston is PiA,, and therefore 

the work done by the steam in foremg into the apparatus the steam 
which lies directly in front of it is equal to 

X s, = B Th U per lb. 

J J 


Similarly, the work done by the steam which is leaving the 
apparatus in forcing out the .steam which is moving immediately in 
front of it is 


B.Th.U. per lb 



PjWg) represents the net work done in 
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introducing the steam into the system and expelling it from the 
system, and represents a supply of energy. and lia rcpro.sent the 
initial and final values of the internal energy respectively. 

Then, by the Principle of the Conservation of Energy, we may 
write— 


(Work done by steam on inlet side of apparatus in forcing 1 Ib. 
of steam into the apparatiis) -j- (Initial internal energy) 1- 
(Initial kinetic energy) (Heat supplied) 

= (Work done by steam in expelling 1 lb. of steam from the 
apparatus) + (Final internal energy) 1- (Final kinetic tuiergy) 
4 - (External mechanical work performed). 


Pw 

and since I = -y -j- 

== ■'2 + iijj -I- 


-I- W 


. (37) 


This is the " steady flow equation ” and is (piite general and 
rigorously exact. It may be applied in many ways. Reverting tor 
the moment to the ideal cycle con.sidcrcd in the pr(‘vious chapter, 
if the initial and final kinetic energies of the steam are s<’) small as 
to be negligible, and if the expansion is tuliathcrmal (II 0), then 
the work done 

W = Xi-l2 


this being the case whether the expansion is strictly adiabatic 
or not. 

In the special case of a nozzle, the mechanical work W is ob\’iously 
zero, and the general equation for a nozzle is therefore 

V..® 


If the flow through the nozzle is adiathermal, then H • ■■■ 0, and the 
equation becomes 

V,® V«“ 


Then 


Yl 

2d 


=-{h-h) + 


V,® 

2d 


or V2 = V^Ii-l2 )+X® . . . (39) 

The gain in kinetic energy between any two sections of a nozzle is 
equal to the loss of enthalpy. 
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If the steam expands from a state of rest (Vi == 0) then the velocity 
Va reached m the expansion is 

Va == . V(Ii- la) . . (40) 

Substituting g = 32-19 ft per sec.®, and J = 777 8, 

Va = 223-8\/(Ii-Ia) . . (40«) 

If the heat drop is expressed in C.H U's per lb of steam, then 
J = 1,400 and 

Vg = 300 2V(Ii — la) . (406) 

In each case, V 2 is in ft. per sec 


These expressions are quite general for adiathermal flow whether 
the flow is accompanied by friction losses or not It will be observed 
that the term Wy does not enter into the energy equation at 
all, although the existence of friction naturally affects the final 
condition of the steam at exit from the apparatus 

In the special case of frictionless flow, the expansion is adiabatic 
and takes place at constant entropy Hence the heat drop I^ — I^ 
is the adiabatic heat drop and may be readily obtained from a 
Molher diagram, or by calculation 

38. Calculation of Nozzle Area in General Case of Adiabatic and 
Frictionless Flow. Assume, for example, that steam initially dry 
and saturated at pressure expands to a pressure p^ It is required 
to calculate the area required for sections of the nozzle at which 
the steam pressure has certain values between p^ and p^, and when 
the nozzle is required to discharge a quantity w lb. per sec Let p 
be any intermediate pressure The isentropic expansion line ab, 
Fig 35, IS drawn on the Molher diagram, intersecting the p line 
in c, and so giving the adiabatic heat drop Ii — I between p^ and p 
Let the steam have an initial velocity Then by eq (39) the 
velocity 


'2gJ(I,- I) + Vi 


If Vs IS the volume per lb of dry and saturated steam at p, and 
X IS the dryness fraction as given by the chart, Fig 35, then the 
actual volume per lb of steam is very nearly equal to x. Vg, and 
by the equation of continuity (36) 


. w X Vg 

A = —y—-^sq ft. 


It should be noted that while the expression enables us to calcu¬ 
late the area of the cross-section corresponding to any value of 
the steam pressure, it does not tell us anything about the shape of 
the nozzle. The latter depends on the rate of pressure drop along 
the axis of the nozzle, and conversely, if the shape is chosen then 
the rate of pressure drop will be governed by the shape. A valuable 
insight into the process of steam flow through a nozzle may be 
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obtained by assuming that the rate of pressure fall along the axis 
of the nozzle is uniform. This will be done in tlic following example. 

Example 4. To determine the longitudinal section of a round 
nozzle to discharge 1 lb. of steam per sec. The initial pressure 
is 2001b. per sq. in. abs., the steam is initially dry and saturated, 



of nozzle is constant. 

The calculation is shown in Table I. Column 2 gives the adia¬ 
batic heat drop, while 3 gives the theoretical steam velocity. In 
columns 4, 5, and 6 are given, respectively, the specific volume of 
dry and saturated steam, the dryness fraction, and the actual specific 
volume of the wet steam. Column 7 gives the required area of the 
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TABLK I 

Caiclila'iion OF Cross-sfciional Areas ok Nozzle to Pass 1 lb of 
Steam Pi*.R Si^c , assumincs 1"ric noNLLsb Adiabatic Flow Steam 

iNl'IIALLY 1)RV AND SMURVTED A J^RESSURE OF 200 LB PER SQ IN 

Absolute 


{\oic \ allies based on Callendar’s Steam Tables and Diagram ) 


1 

2 

3 

1 4 

5 

6 

7 

8 

9 

10 

Pres¬ 

sure 

P 

b - I 

u, 

P<*i 

sec. 

I's 

tu It 
per lb. 

V 

Dry¬ 

ness 

I* ruc¬ 
tion 

Actual 
Sp Vol 

A 

XVs 

- V 
sq It 

Diam 
of 
Sec¬ 
tion m 
it 

Didm 
of 
Sec¬ 
tion in 
in 

Mass 
Flow in 
lb per 
sq ft 
per sec 

180 

8 9 

668 

2*536 

0 992 

2 52 

0 00377 

0 0693 

0 832 

266 

160 

18 7 

968 

2 836 

0 983 

2 78 

0 00288 

0 0605 

0 726 

348 

140 

29 8 

1,220 

3 221 

0 973 

3 13 

0 00257 

0 0572 

0 686 

389 

120 

42 1 

1,451 

3 727 

0*963 

3 59 

0 00247 

0 0561 

0 673 

405 

100 

56 4 

1,680 

4 429 

0 951 

4 21 

0*00251 

0 0565 

0 679 

399 

80 

73 6 

1,920 

5 466 

0 938 

5 13| 

0 00267 

0 0584 

0 700 

375 

60 

94 9 

2,180 

7 162 

0 922 

6 60 

0 00303 

0 0621 

0 745 

331 

40 

124*2 

2,496 

10 49 

0 901 

9 45 

0 00379 

0 0695 

0 834 

264 

20 

170 8 

2 922 

20 08 

0 871 

17 48 

0 00599 

0 0873 

1 048 

167 

15 

189 1 

3 ', 080 

26 27 

0 859 

22 56 

0 00733 

0 0966 

1 159 

137 

10 

213 9 

3,278 

38 39 

0 844 

32 4 

0 00988 

0 112 

1 344 

101 

5 

253 9 

v3,562 

73 44 

0 820 

60 1 

0 0169 

0 147 

1 76 

59 2 

2 

302 8 

3,898 

173 5 

0 792 

137 2 

0 0353 

0 212 

2 54 

28 4 

1 

336 8 

4,106 

333 1 

0 772 

257 1 

0 0626 

0 282 

3 38 

16 0 


nozzle, while 8 and 9 give the corresponding diameters of the circu¬ 
lar sections. Since the nozzle is designed for a mass flow of 1 lb 
per sec , the inverse of the area given in column 7 will give the rate 
of mass flow in lb per sq ft of nozzle area per sec at any given 
pressure This is given in column 10 

The calculated results are plotted on a base of back pressure 
(uniform scale) m Fig. 36 A longitudinal section of the nozzle is 
also shown 

Writing V = X . Vg, then since w = 1, A = Differentiating 
with respect to p, we have 

V!* ^ = v. — -v — 
dp dp dp 

From the initial pressure down to a pressure of about 1201b. 
per sq. in , the second term in the above expression is numerically 
greater than the first, and the area A diminishes as the pressure 
falls. At pressures below about 1201b per sq. m the first term 
is numerically greater than the second, and the area of the nozzle 
increases as the pressure is diminished. At a certain pressure, the 
required cross-sectional area is a minimum, thus giving the nozzle 
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a “throat.” This is also brought out by tho dischargu chrve. Sup¬ 
pose, for example, that the back prcssiu'c wsus 180. Tlieu the nozzle, 
if correctly designed for the given conditions, should tc'rniinate at 
the section A-A and, if the area of this minimum .section wcr(' 
1 sq. ft., the mass of steam discharged per sec. would be 266 lb. 
Now suppose the back pressure is reduced to 160 lb. per sq. in. and 
that the nozzle be made to end at section B-B. Then, if the mini¬ 
mum area of this nozzle be also 1 sq. ft., the mass flow per second 
would be increased from 266 to 3481b. Inspection of column 10, 
Table I, and of the discharge curve. Fig. 36, shows that by reducing 
the back pressure the mass flow per unit outlet area may be in¬ 
creased up to a certain limit. The limit is obviously that coi-respond- 
ing to the minimum area of the nozzle and occurs when the back 
pressure is reduced to about 1161b. per sq. in. abs., i.e. about 
0'58 of the initial pressure. 

The pressure at which the area is a minimum and the discharge 
per unit area a maximum is termed the "critical pressure.” The 
common use of this term is rather unfortunate, but it is not likely 
that it would ever be confused with the true critical pressure of a 
substance. The critical pressure in nozzle flow will be considered 
more fully in later paragraphs. 

39 - Adiabatic Equation for Steam. It may be readily .shown that 
when a perfect gas expands adiabatically the pressure p and the 
volume V are related by the simple expression pv^' = C, where C 
is a constant and y is the ratio of the specific heat at constant 
pressure to that at constant volume. It should bo emphasized that 
this relation applies strictly to an ideal gas obeying the laws of 
Boyle and Charles and having constant specific heats. Steam, even 
when superheated to an appreciable extent, deviates considerably 
from the laws of perfect gases, and there are no real grounds for 
expecting that, during an adiabatic expansion of .steam, the p~v 
relationship should be of the form 

pv”’ = constant . . . • (41) 

where « is a constant. The -test is, however, easily made. Corre¬ 
sponding values of p and v may be obtained from a Mollier diagram 
and the logs, of their values plotted. Then if 

pv^ = C 

log. p -h n log. V — log. C 

and we have a straight-line relation.ship. Wlien the steam is 
assumed to be initially dry and saturated, then plots made for 
different initial pressures deviate very little from straight lines. 
Mean values of n, where 

n = log- 3»i-log- P 2 
log. l»2 — log. 
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calculated for various ratios oify and based on Callendar’s Enlarged 

P-x 

MoUier Diagram, first increase very slightly as ^ is diminished and 


then diminish shghtly as is further reduced. The mean value 

Px 

of n for the ratio ^ is shown in Fig. 37. 

Pi 


Actual Volume of Steam Cu Ft/Lb. 
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Rankine (1) states that for adiabatic expansion "it lias been 
deduced by trial that for such pressures as usually occur in the 
working of steam engines, — constant." Zcnnor (2) gives the 
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Initial Steam Pressure-ib.persq.in.abs 
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Fig. 37.— Nozzle Characteristics for Adiabatic Flow with Steam 
Initially Dry and Saturated 


well-known equation n = 1-035 -f- 0-1%, where is the initial 
dryness fraction of the steam. This makes n — 1-135 for steam 
initially dry and saturated. Callendar found experimentally that 
when steam expands in the superheated condition, the relationship 
between p and v is given by the expression 

p{v ~ = constant 


- (42) 
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where & is — 0*0028 cub. ft per lb according to the Revised Cal- 
lendar Tables (1931) Normally, h is so small compared with v 
that the expression may be written 

pv^ ® = constant . . (42a) 



Fig. 38 


40 * Alternative Method of Calculating Velocity of Expanding 
Steam- Consider the flow of steam through the nozzle shown in 
Fig. 38, and let the surfaces of constant pressure be plane surfaces 
transverse to the axis of the nozzle. Consider a small mass of 
steam enclosed between two transverse sections of the nozzle dx 
apart. Let the pressure on the upstream side be P and that on the 
downstream side P + dP, dP being negative. Moreover, let it be 
assumed that the steam velocity across each section is uniform. 


4— (T 5200) 
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In actual fact, this is not true; the steanr \'elocity near the walls 
of the nozzle varies across a relatively thin layer of Jliiicl (the 
boundary layer) from zero at the surface of the wall to a \'alue 
which is somewhat less than the velocity at th<‘ centn' of tlu' nozzU'. 

Let V = steam velocity at given section, ft. per .sec. 

V = specific volume of steam, cub. ft. ])er lb. 

The mass of steam enclosed between the two transverse, sections 
is being urged forward by the resultant a.xial force due to steam 
pressure. This resultant force is utilized to acccflei'alt' tlu' muss of 
steam enclosed between the two sections considerc-d. 'I'he mass 

enclosed is lb. 

V 

The forces on the enclosed mass are the. following— 

(1) The force on the upstream side “ P . A. 

(2) The force on the downstreaur side 

= (P + ^P)(A + (5A) = P . A + P . r5A 1 A . riP 

the product 5P . (5A being neglected. 

(3) The resultant of the force exerted by the boundary walls of 
the nozzle. The steam exerts a pressure on the nozzle Wall, and 
equally the nozzle wall exert.s a ].)re.ssure on the steam. If the .sec¬ 
tion of the nozzle considered lies in the diverging ])art of the nozzle, 
as shown in Fig. 38, then the force exerted by the nozzle wall on 
the steam is an accelerating force. 

Consider the small element of area 

= r . dO . dx . sec (f> 

The normal force on the surface is P . /'. <i0 . Av . se<’ f/>, and the 
axial component of this force is 

T .r . dO . dx . sec ^ . sin 
= T .r . dO . dx . tan cj) 

Then the total axud force exerted by the nozzh* wall on the 
steam is 

277. P. r . (5^ . tan ^ 

= 277 . P . z . tir 
= P. <5A 

Therefore the resultant accelerating force 

= P . A - P . A - P , (5A - A . -h P . (iiA 
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Since mass-acceleration = accelerating force 

dF 


A. dx (Fx . 

X g . A 


or 


V dt^ 

dx d^x 
6t di^ 


(3P 
^ Tt 


Integrating, we have 


But 


= • 

^ = V 
dt 

V2 _ r 

2g J" 


dT + constant 


dP + constant 


(43) 


It must be remembered that this equation is true only for friction¬ 
less flow In deriving the expression we have not taken account 
of the retarding effect of friction 

The foregoing result may also be obtained as follows— 

Since I = E -t- ^ 

dl = dK + (See Art. 22) 


dl 


For anadiabatic and frictionless flow, dJi 
V dP 


0, and therefore 


But it has already been shown (Art 37) that 


2g] 


= I1-I2 
= { dl 

“jI 


dP 


The value of the mtegral may be easily calculated if we assume 
that P . is constant during the adiabatic expansion The value 
is represented by the cross-hatched area in Fig. 39. 
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1 



Fig. 39 


Assuming expansion from rest (Vj = 0) 



41. Proof of the Existence of a Critical Pressure in Nozzle Flow. 
Consider the expansion of steam from an initial condition Pj, Vp 
and from a state of rest. Assume further that the expansion is 



THE FLOW OF STEAM THROUGH NOZZLES 


81 


adiathermal and fnctionless, and that the relationship between 
pressure and volume may be represented by the expression Po" 
= C, where C is a constant 

Then at any pressure P, the velocity V acquired by the steam is 

V- 

Let the mass rate of flow be ze^ lb. per sec and let the area be A 
at the section where the pressure is P Then, by the equation of 
continuity 

w _V 

A ^ V 


and since 




g, n, P^, and are constants Hence the rate of flow per unit area 

p 

is a function of the ratio of P to Pj Write r for ^ 
w 

Then is a maximum when 
A 

2 n + l 

y ^ is a maximum 


i e. when 



n+l 

n 


) 


= 0 


or when 



• , (46) 


This is known as the critical pressure ratio and depends on the 
value of n. 

42 . Physical Explanation of Criticsil Pressure. The imphcations 
of the existence of a critical pressure m nozzle flow may be expressed 
in another way. Suppose we have two vessels A and B, A contammg 
steam at a steady pressure Pj Suppose that the pressure in B 
may be varied at will. A and B are separated by a diaphragm 
containing a convergent nozzle, as shown in Fig 40 (a). 
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Assume at first that P is equal to ; then there is no flow of 
steam through the nozzle. Now let P be gradually reduced. The 
discharge w through the nozzle will increa-se as shown by the curve, 
Fig. 40 (&), this curve being the left-hand branch of the discharge 
curve of Fig. 36. As the pressure P approaches the critical, the 
discharge rate gradually approaches its maximum value, and when 
P is reduced below the critical value, the discharge rate does not 
increase but remains at the same value as that at the critical pres¬ 
sure. The extraordinary result that P can be reduced well below the 



Fio. 40 


critical pressure without influencing the mass flow was first discovered 
by R. D. Napier (3). 

Again assuming flow from rest, the velocity reached at any 
pressure P is 



If, now, we make the ratio 

P ■/ 2 
Pi = [n+y 

which makes P the critical pressure, then 



or Y = Vg .n.P .V .(47) 
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Since n is the adiabatic index, eq. (47) represents the velocity of 
sound in steam at pressure P and density p = 1/w It appears, 
therefore, that the velocity of steam m adiabatic and frictionless 
flow reaches a critical value, i e at the nozzle throat, equal to the 
velocity of sound in steam at that point. In other words the criti¬ 
cal velocity IS equal to the local acoustic velocity In fact, if the 
curves of steam velocity and acoustic velocity be drawn for a 
convergent-divergent nozzle. Fig 41, it will be found that the 
curves intersect at the critical pressure 

The explanation of this, first expounded by Professor Osborne 
Reynolds (4), is as follows Consider steam flowing through a tube 


or nozzle with a velocity V, and 
let S be the sonic velocity in steam 
at the given point, S being a func¬ 
tion of the pressure and density 
of the steam Then the velocity 
with which a disturbance such as, 
for example, a sudden change of 
pressure, will be transmitted back 
through the flowing steam will be 
S —V Referring to Fig 41, let 
the final pressure P at the outlet 
of a converging nozzle be, say, 
0-8 of Pi Here S — V is clearly 
positive and any change in the 
pressure P would produce a change 
m the rate of flow When the 
pressure has been reduced to the 
critical value, S — V becomes zero 



Fig 41 


and any further reduction of 

pressure m the space surrounding the nozzle outlet has no effect on 
the pressure P at the outlet section or on the rate of flow 

43 . Maximum Discharge of Saturated Steam. The value of the 
critical pressure ratio given by eq. (46) has been calculated for steam 
initially dry and saturated from the values of n given m Fig 37 
and plotted in the same figure It will be observed that the varia¬ 
tion in the value of r is quite small If the value of r be substituted 


in the equation 



together with the appropriate value of n, the flow rate 


w lb 


per sec. = C . Aj 



(48) 
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where C is a factor 

At = throat area of nozzle, sq. in. 
py = initial pressure, lb. per sq. in. abs. 

Vy = initial specific volume, cub. ft. per lb. 

Values of C are plotted in Fig. 37 as a function of the pre.ssure. 
The maximum variation over the range from 2 to 1,000 lb. pressure 
is only about 1 per cent. A mean value of 0-3 may be taken, so 
that 

.... (49) 


An approximate relationship between py and Vy for dry and 
saturated steam is 

10 

PyVy^^^ = 490 . . . . (50) 

Substituting for Vy in eq. (49), we have 

•il 

ze; = 0-0164 . A< . . . (51) 

This expression shows that w is nearly proportional to py. The 
expression for w may be written 


w = 


~f{px) 


(52) 


where/(^i) is a quantity which is a function of py. Values of f[p-^ 
have been calculated and are plotted in Fig. 37. Equation (52) 
is another form of the so-called Napier’s equation, for which f{py) 
is normally taken as a constant and given the value 70, which 
corresponds to the theoretical value for p — 1 00 . 

Equations (49), (51), and (52) give the maximum theoretical 
discharge with adiabatic and frictionless flow of steam which is 
initially dry and saturated and when the pressure in the space 
surrounding the nozzle outlet (provided the nozzle is of the con¬ 
vergent type) is equal to or less than the critical pre.ssure. If the 
pressure to which the steam expands is greater than the critical, 
then the nozzle area or mass flow must be found by the method 
described in Art. 38. 

44 . Mouth Area of Convergent-divergent Nozzles, tl^onsider the 
flow of steam through a convergent-divergent nozzle. In the 
following expressions, let 

Suffix 1 refer to inlet conditions 
„ t refer to throat conditions 
„ m refer to mouth conditions 

and let all pressures P be in lb. per sq. ft., volumes v in cub. ft. per 
lb., and areas in sq. ft. 
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If there is steady flow, w is the same for all sections of the nozzle 
at any time. 



Substituting 32-2 for g and 1-135 for n 



Values of the ratio have been calculated for values oi^—; the 
A* 

results are shown graphically in Fig 42 

45 . Ma'irimiitn Discharge of Steam Initially Superheated. Pro¬ 
vided that steam is supplied with an initial superheat of not less 
£han 72” F. it will remain superheated until the throat pressure is 
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reached. In this case n = 1’3 and the corresponding value of y is 
0-5457. Substituting these values in the expression 



where w, Aj, and have the same meanings as in Art. 43. 



Fig. 42 
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46 . Effect of Friction in Nozzle Flow. In the foregoing sections 
of this chapter we have considered the flow of steam through nozzles 
when the flow takes place without friction. The analysis is simplified 
by the assumption of fnctionless flow and leads to important con¬ 
clusions regarding flow phenomena. In nature, however, the flow 
IS never frictionless and adiabatic, and we must know how to take 
friction into account 

It is hardly necessary to state at the outset that with a given 
nozzle operating with steam expanding between given limits of 
pressure and temperature, the effects of friction are to reduce 
the efflux velocity and also the mass flow below the adiabatic 
values 

Let Ii = initial enthalpy at pressure 

Vi = initial velocity of steam 

I 2 . Vg be the enthalpy, dryness fraction, and velocity, 
respectively, at pressure after adiabatic and 
fnctionless expansion 

I 2 '. Va' be the values after expansion to with friction 

Then, assuming adiathermal flow (H = 0) and applying the steady 
flow eq (38), the adiabatic heat drop is 

The change of enthalpy during the actual flow is 

If we define the ratio of the actual gain in kinetic energy to the 
theoretical gain in kinetic energy as the nozzle efficiency ?/„, then 
it follows that 

Vn = (55) 

12 

In Fig 43, AB represents the adiabatic and fnctionless expansion 
from px to p^ and AC the fnctionally resisted flow. The path AC 
of the state pomt depends on the nature of the losses in the nozzle. 
With a well-shaped inlet and the losses occurring chiefly near the 
outlet, the path would be represented by a curve such as ADC 
If the losses occurred mainly near the inlet, then the locus would 
be a curve such as AEC. Faction causes internal heating of the 
steam with a consequent increase of entropy 

It will be seen that the final dryness fraction is increased by 
friction from a value to some value x^. If z>j 2 is the specific volume 
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of steam at pressure p.^, and Ag, Ag' are the outlet areas for the 
adiabatic and actual flows respectively, then 


A 


(56) 


A,' 


W . . Vg 


. (56a) 


Since V^' < Vg and > x^, > Ag, but chiefly on account of 

the reduction in velocity. 

When steam expands wholly in the superheated state, friction 



increases the temperature of the steam at the nozzle outlet and hence 
increases the specific volume. 

Friction alters slightly the value of the index n in the expression 
Pt;« = constant, but the effect on the critical pressure ratio is very 
slight and may be neglected. 

In an expansion from rest, the nozzle efficiency 

(VaO® 

rin = -y-r 


Writing = velocity coefficient for nozzle (not a true efficiency) 



Vn — 


then 
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Example 5. Dry and saturated steam enters a nozzle at a pres¬ 
sure ^ = 110 and expands from rest to the critical pressure p = 63-5 
Using the Mollier diagram, obtain the following— 

{a) Outlet velocity. 

( 6 ) Final dryness fraction. 

(c) Nozzle outlet area for a mass flow of 0-05 lb per sec 

[d) Nozzle diameter for a round nozzle 

Assume in Case I that the flow is fnctionless, and m Case II that 
the nozzle efficiency is 0-9 

Case I. Frictionless Expansion The following data are obtained 
from the Mollier diagram— 

P X <!, I 

no 1 0000 1 6004 1192 6 

63 5 0 9643 1 6004 1148 8 

_ 

Then, since Vi = 0, Vg = 223 8 V43^ = 1,481 ft /sec By 
interpolation from steam tables, Wga = 6 791 

Hence Aj = (0 05 x 0-9643 x 6-791) — 1,481 

= 0 0002212 sq ft 

from which the diameter required is 0 2014 in 

Case II. Flow with Friction. Since the nozzle efficiency is 0 9, 
the actual heat drop is 0-9 x 43-8 = 39-42 Hence 1^' — 1192 6 
— 39 42= 1153-18. Thus the conditions at the nozzle outlet 
(point C, Fig 43) are as follows— 

p X i 1 

63 5 0-9694 1 6062 1153 18 

Then V^' = 223-8-v/39^ = 1,405 ft per sec 

Hence A^' = (0-05 x 0-9694 x 6-791) — 1,405 

= 0-0002344 sq ft. 

from which the diameter required is 0-2073 m. The increase in 
nozzle area is 6-0 per cent; m other words, the discharge would, 
theoretically, be about 6-0 per cent less than with affiabatic and 
fnctionless expansion 

The effect of inlet velocity is not so great as it might seem on first 
considerations. This will be made clear by the foUowmg example 

Example 6. Using' the data given in Example 5, but assummg 
an mlet velocity of 400 ft. per sec , calculate the final velocities and 
nozzle diameters for both fnctionless and fnctionally resisted 
expansions. 
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Case I. Adiabatic Expansion. Since the adiabatic heat drop is 
43-8 B.Th.U. per lb. 

Va®— V,“ 

^ ^ = 43-8 

2^J 

= 47-0 


from which Vg = 1,534. That is, an increase of 400 ft. i^cr sec. in 
the initial velocity causes an increase of only 53 ft. per sec. in the 
outlet velocity. The quality of the steam, and hence the specific 
volume, are unaffected by the initial velocity. Therefore, the nozzle 
area is 0‘0002135 sq. ft. and the diameter 0T978 in. 


Case II. 
Here 


Frictionally Resisted Flow. 

2^J “ “ 

= 39-42 

2gJ 


' = 39-42 

( 400 )--^ 

-f- 


= 42-62 


from which V^'= 1,461. With the definition of nozzle efficiency 
given in eq. (55), the condition of the steam and, therefore, its 
specific volume are the same as in the previous example. Sub¬ 
stituting the appropriate values in eq. (56«), we have the nozzle 
area equals 0-0002254 sq. ft. and the outlet diameter 0-2032 in. 

47 . Experimental Measurements of Steam Discharge through 
Nozzles. Experiments on this subject date from about 1870 and 
the majority have been made on nozzles of simple form, e.g. con¬ 
verging nozzles with rectilinear, axes and outlet sections perpendicu¬ 
lar to those axes. In most cases the mass flow has been measured 
directly by condensing the steam discharged by the nozzle and 
weighing the condensate, but in some cases indirect methods of 
measurement have been employed. 

Experiments with Initially Dry and Saturated Steam. R. D. 
Napier, in a number of letters to The Engineer (3), discusses the sub¬ 
ject at considerable length and gives a number of experimental 
results from which the following figures have been taken. These 
refer to tests in which the final pressure was lower than the critical. 
The figures given in the second column of the table on p. 91 have been 
calculated by the author using eq. (52) and values of /(^i) taken 
from Fig. 37. It will be observed that the measured discharge is 
greater than the calculated discharge in every case, notwithstanding 
the fact that the experimental flow would be accompanied by losses. 
In some experiments made by H. Parenty ( 6 ) on the flow of initially 
dry and saturated steam through orifices it was also observed that 



THE FLOW OF STEAM THROUGH NOZZLES 


91 


Pi 

lb per sq in 

Discharge of Steam per sq in of 
Nozzle Outlet Area per sec 

Ratio 

Experimental 

Calculated j 

1 

Experimental 

Calculated 

30 

0 445 

0 451 

1 013 

40 

0 587 

0 610 

1 039 

45 

0 659 

0 682 

1 035 

50 

0 729 

0 753 

1 033 


the discharge was either practically equal to, or slightly greater 
than, the theoretical discharge 

Probably the most careful and searching experiments on the 
subject were made by Professor Rateau (7) in the year 1895 The 
nozzles used are shown in Fig 44 A and C were convergent nozzles 
with a curved profile, while B was a conical convergent nozzle 
The experimental results are also shown in Fig. 44, the quantity 

*iJD 

T—being plotted against px plotted to a log scale The theoreti- 

Px 

cal curve for saturated steam is based on eq (52) and the values of 
/(^i) plotted in Fig 37. Here again it is clear that, with few excep¬ 
tions, the experimental discharge is in excess of the theoretical 
These results will be further discussed in Art 49 

Exper%ments with Superheated Steam Particulars of the mass 
flow with superheated steam are given in a paper by Professors 
Mellanby and Kerr (8) The flow through several different types of 
nozzles was investigated by means of a search tube and the mass 
flow observed by condensing the steam and weighing the con¬ 
densate We shall refer only to the results of experiments made on 
a simple convergent nozzle having a diameter of 0 2507 in and an 
axial length of 0-25 in Two series of tests were made on this nozzle, 
one series with a relatively high superheat and the other with 
a superheat which, though relatively low, is sufficiently high 
to maintain the steam in the superheated condition down to 
the critical pressure The .results are given in the table on p 93 
The coefficients and are, respectively, the theoretical and 
experimental values of the coefficient C m the expression 



Hence the ratio of Cg to may be described as the coefficient^ of 
discharge. It will be seen that this is always lower than unity, i e 
the observed flow is always less than that calculated theoretically 
In the case of the other nozzles tested, the measured flow was still 
lower than the theoretical flow 
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. Initial Pressure - lb. per sq. in. abs. 

Fig. 44.—Bateau’s Experiments on the Flow of Steam through Nozzles 
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Pi 


Initial 

Superheat 

op 

I^atio 

Pi 

C. 

C. 

Ratio 

c. 

c, 

76 0 

559 

250 6 

0 580 

0 315 

0 306 

0 971 

76 0 

565 

256 6 

0 574 

0 315 

0 306 

0 971 

76 0 

568 

259 6 

0-593 

0 314 

0 304 

0 969 

76*0 

569 

260 6 

0 710 

0 294 

0 285 

0 970 

76-0 

567 

258-6 

0 843 

0 239 

0 230 

0 962 

75-7 

385 

76 6 

0 574 

0 315 

0 309 

! 0 980 

75 6 

395 

86 6 

0 570 

0 315 

0 308 

0 976 

75*7 

402 

93 6 

0 589 

0 314 

0 307 

0 979 

75 7 

388 

79 6 

0 692 

0 300 

0 290 

0 967 

75 7 

399 

90 6 

0 837 

0 245 

0 230 

0 942 


48 . Supersaturation in Steam Turbine Nozzles. Attention has 
been drawn in the preceding article to the astonishing fact that when 
steam, initially dry and saturated, is caused to expand in a nozzle 
the actual measured steam flow in lb. per sec is in excess of 
that given by a theoretical analysis and expressed by eqs ( 49 ), 
(51), or (52) In view of the friction losses which occur in nozzles, 
it would be expected that the actual discharge would be less than 
the theoretical value, the ratio being approximately equal to the 
velocity coefficient Thus we would expect the actual mass flow 
to be about 3 to 5 per cent less than the theoretical, whereas experi¬ 
ments have shown it to be from 1 to 3 per cent greater On the 
other hand, the actual discharge of superheated steam is in good 
agreement with the theoretical value when allowance is made for 
friction losses. This remarkable difference between the behaviour 
of dry and saturated steam and that of superheated steam is due 
to the fact that, during the rapid expansion of initially dry and 
saturated steam in a nozzle, the state or condition of the steam is 
not that visualized in the simple theory based on adiathermal 
expansion m thermal equilibrium. This theory presupposes that 
at every point in the expansion, condensation proceeds at the cor¬ 
rect rate and that the heat given up by the steam due to this 
condensation has all been liberated By condensation we do not 
mean condensation which might take place on the walls of nozzles 
or blades, but true condensation within the flowing steam itself, 
i e. the sudden coalescence of steam molecules to form minute 
droplets of water. 

Consider the vapour pressure in the neighbourhood of such a 
minute water droplet. The vapour pressure of water at any given 
temperature is that corresponding to a flat water surface The 
attractive force exerted by a liquid molecule on the surrounding 
molecules is only effective over a very small distance, say a. Fig. 45. 
Hence a molecule A in the surface of the water is held by the 
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attraction of the molecules lying within a hemisphere of radius a. 
Consider now a molecule B lying in the surface of a droplet of radius r. 
It will be clear that this molecule is held by a smaller force since it 
loses the attractive forces of the molecules lying within the sphere 
of action and between the outer surface of the droplet and the 
tangent plane at B, i.e. in the space indicated by the cross-hatching. 
In consequence, at any given temperature, the forces which tend to 
maintain a molecule within a liquid droplet arc reduced as the 
droplet radius r is made smaller. This means that a greater number 
of molecules will escape into the space surroimding the droplet 
than would be the case with a flat liquid surface. Now the vapour 
pressure, being proportional to the number of vapour molecules 
per unit volume at the given temperature, must be greater in the 
space surrounding the droplet wheii there is equilibrium than it 
would be at a flat liquid surface. In consequence, the molecules of 

a very small water drop- 
P let will go on evaporating 

—^^ space that is satur- 
ated, and the space will 
/ \ therefore become super- 

4--j- saturated with water 

\ Vi } vapour. This condition 

is commonly described 

j_^ by saying that the steam 

Fig. 45 is supersaturated. 

It follows from the 
foregoing statements that during rapid expansion pure steam will 
not condense of itself, for if a very minute droplet were accidentally 
formed it would immediately evaporate. Consequently, it is quite 
feasible to expect that when pure steam, initially dry and satur¬ 
ated, is expanded rapidly it will remain dry. Under these conditions 
the steam expands more or less like a perfect gas and the [rictionless 
adiabatic expansion causes its temperature to fall well below the 
saturation temperature corrc.'sponding to the pressure. Hence such 
steam is sometimes dc>crLlocd as being undercooled. 

Where there is a large number of dust particles in the flowing 
steam these may act as nuclei on which the steam could conden.se. In 
turbine practice there is little doubt that the steam does contain such 
nuclei, but, to'judge from the numerous experiments made with ordin¬ 
ary boiler steam, the number is much too small to effect condensation 
and the steam appears to behave as though it wore dust-free. 

There is, however, a limit to the expansion as a supersaturated 
vapour.' Mr. C. T. R. Wilson (9) made experiments on the sudden 
expansion of air and water vapour and found that when dust-free 
air saturated with water vapour was rapidly expanded, no con- 

densation took place until a certain ratio of expansion —* c= T25 
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had been reached, when a rain-hke condensation occurred. When 
the ratio of expansion had been further increased to 1-375 a very 
dense cloud of mist particles was formed. 

Professor Stodola (10) made some mteresting experiments in 
which steam was allowed to flow through a glass nozzle illuminated 
by an arc lamp The nozzle was of the convergent-divergent type 
and it was found that a mist was first formed at a pomt ]ust beyond 
the throat. With an mitial pressure = 71, the pressure at the 
point of condensation was about 38-5 ic about 0-542 times the 
initial pressure. 

49 . Equations for Supersaturated Steam. Undercooled steam 
behaves like superheated steam and the equation for the adiabatic 
expansion of supersaturated vapour is 


n- J 



where and are the initial and final pressures, and and Tj 
are the initial and final absolute temperatures respectively Smce 
« = T3 


3 



In Stodola’s experiment quoted above, = 71, = 763-4° F abs , 

and p 2 — 38-5. Hence T 2 = 663 3, or 4 = 203 7° F The satura¬ 
tion temperature corresponding to ^ = 38 5 is 264-9° F Thus the 
steam at the pomt of condensation m the nozzle was undercooled 
by 61-2° F 

The saturation pressure p^, corrr.=prrc’ r.:: to the temperature 
203-7° F , is 12 4, whereas the actual prcssaie pg^ of the super¬ 
saturated steam was observed to be 38 5 

Let pg = density of saturated vapour 

pg, == density ol supersaturated vapour 

Then the degree of supersaturation S is defined as the ratio 


S 



Since, at the same temperature, — = it follows that 

Ps i>s 

C _ 

p. 


(58) 


(59) 


In Stodola’s experiment the degree of supersaturation reached was 
therefore 3-1. 
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More recently, Mr. J. I. Yellott, junr. (11), has carried out experi¬ 
ments on the flow of steam through a glass-sided nozzle. The 
observed degree of supersaturation varied from 3-05 to 5-64, accord¬ 
ing to the initial steam pressure. Mr. A. M. Binnio and Dr. M. W. 
Woods (12), experimenting with a brass nozzle, found that the 
limiting degree of supersaturation varied from 4-1 to 5-0. 

Callendar’s adiabatic equation for dry steam, which applies to 
supersaturated steam as well as to superheated steam, is 

P(u — 6)^ * = Constant 

As pointed out in Art. 39, b is normally so small compared with v 
that it may be neglected. Hence = constant. Then the 

critical pressure with adiabatic expansion of supersaturated steam is 
0-5457 times the initial pressure, and the maximum discharge of 
steam is given by eq. (54), i.e. 

0-3155 A, 

If the steam is initially dry and saturated, we can substitute for 
Wi from the equation 

16 

PxV-i^^ — 490 

from which 

31 

w = 0-01730 . A< . . . (60) 

It will be seen that the discharge given by this formula is about 
5 per cent greater than that given by eq. (51); and if 3 or 4 per cent 
be deducted to allow for the effect of friction, the actual discharge 
will still be 1 or 2 per cent in excess of that based on adiabatic 
expansion in the saturated condition, which result agrees with 
those of the experimenters already mentioned. 

Returning for a moment to Rateau’s experiments described in 
Art. 47, the theoretical curve for supersaturated steam, based on 
eq. (60), has been drawn in Fig. 44, together with curves for varying 
coefficients of discharge. It will be seen that Rateau's experimental 
results are in agreement with the assumption of supersaturated 
flow and the reasonable value of varying from about 0-96 to 
0-97. 

Consider now the adiabatic heat drop with supersaturated flow 
from an initial pressure Pj to a final pressure Pj. Since by eq. (8) 


dl = -h 


dP 


“■■j 


and 


m = 0 . dl 
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Work done per second 

= J^(2p cosa-p^) 

Total adiabatic heat drop per second 
= w{h^ + h^) 


g‘] Vn 


{1 — (f){l + — 2p . cos a)} 


Since the leakage loss is practically the only loss affecting the 
efficiency of a reaction turbine stage --apart from blade friction and 
shock losses which have already been considered and whose effects 
are included in the above expressions—^we may write— 

Stage efficiency 



rj^{2p cosa- p^) 

1 — (^(1 -f — 2p cos oc) 


( 100 ) 


If ordinary unshrouded blades are used then, since 


__ 3c 

w ” 




Vni^P COS 0^ ~ P^) 

I j 1 — ^(1 -j-p^ ~ 2p cos a) 


( 101 ) 


EXAMPLES VIII 

I The following particulars refer to a stage of a Parsons steam turbine 
comprising one ring of fixed blades and one ring of moving blades— 


Mean diameter of blade ring 
R p m 

Steam velocity at exit from blades 
Blade outlet angle 
Steam flow through blades 


26 in 
3,000 

525 ft per sec 
20 ° 

15 5 lb per sec 


Draw the velocity diagram and derive the following— 

(a) Blade inlet angle 

(b) Tangential force on ring of moving blades 

(c) Horse-power developed m stage. 


2 In a stage of an impulse-reaction turbine operating with half-degree 
reaction, the fixed and moving blades are of identical section and the outlet 
angle is 18° The absolute velocity of discharge from the moving blades is 
130 ft per sec. in a direction 110° to the direction of motion of the blades, 
and the change of velocity produced by the moving blades is parallel to that 
direction. 

Draw the velocity diagram and derive— 

(a) Mean velocity of the blades. 

{b) Ratio of blade velocity to the velocity of efiiux from the fixed blades, 
(c) Work done per lb. of steam 
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£ 

I,-I, = 0-8024A»,{l 

= 0-8024 X 20 X 20-08(1 - 0-8521) 
= 47-66 B.Th.U. per lb. 


50 . The Wilson Line. Constant-pressure lines for .supersaturated 
steam on the chart are continuations of the superheat lines, as 



shown by the dotted line in Fig. 46. The expansions worked out in 
the pre-vious example are shown, AE rc]>resen 1 ing the saturated 
expansion and AB the supersaturated expansion. In a series of 
articles (13) on this subject, the late Mr. II. M. Martin suggested 
that the locus of the points on the Mollier diagram reprosenling the 
limit of supersaturated flow should be termed the Wilson line (after 
C. T. R. Wilson). 

It may be shown that if steam is flowing through a convergent- 
divergent nozzle suited for the terminal pressures'then there mu.st 
be a rise in pressure when condensation takes place. This rise in 
pressure was clearly observed by Binnie and Woods, and is shown in 
Fig. 46 by the sloping line' BC. The subsequent adiabatic expansion 
of the steam (now saturated) is .shown by the iscntropic CD. 
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The expansion of steam in a turbine takes place with such rapidity 
that it IS doubtful whether, after condensation has actually occurred, 
it goes on at such a rate as to maintain thermal equihbnum at every 
point in the expansion 

51 . Jet Deflection in Turbine Nozzles. In the preceding articles 
of this chapter it has been shown that there exists a certain critical 
pressure m nozzle flow. With steam mitially dry and saturated 
this pressure is about 0 58 of the mitial pressure, whereas with super¬ 
heated steam it is about 0-55 of the initial pressure The practical 
significance of the critical pressure lies in the fact that if expansion 
takes place in a nozzle to a pressure which is equal to or greater 
than the corresponding critical pressure, then the nozzle must be 
convergent, the mass flow being controlled by the outlet area On 



the other hand, if the expansion is to extend to a pressure lower 
than the critical pressure, then the nozzle must be of the convergent- 
divergent type and, provided the pressure on the outlet side is not 
too high, the mass flow will be controlled by the throat area. 

In view of the fact that the nozzle must be inclined to the plane 
of the wheel, the turbine nozzle must be provided with an obhque 
outlet. Fig 47 shows diagrammatically such a nozzle of the con¬ 
vergent type Provided the steam pressure on the outlet side 
of the nozzle is not less than the critical pressure, then the steam jet 
will issue at an angle equal to the vane angle a In practice it is 
found that with thick guide vanes the jct angle may be less than 
the vane angle If, however, the pressure p^ is much lower than 
the critical pressure, then there will be an expansion in the wedge- 
shaped space ABC and the jet will issue at an angle a' greater 
than a 

Consider now a convergent-divergent nozzle designed for an 
initial pressure p^ and an outlet pressure p^ If the cross-sectional 
area at the section AB, Fig 48 (a), is made equal to the calculated 
outlet area Ag, and if the wall BC is made parallel to the nozzle 
axis, then, provided the actual pressure p^' on the outlet side is 
equal to p^, the steam will flow through the wedge-shaped portion 
ABC at sensibly constant pressure and parallel to the nozzle axis 
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If, however, p^' is lower than p^ there will be expansion in the 
wedge ABC and the jet will undergo a certain deflection a' — a. 

When the nozzle is made divergent for the full length, as shown 
in Fig. 48 {b), then if the section at AB is made equal to the required 



outlet area Ag the remaining part BC is too cli\'i‘rgeiit, whereas if 
the “section" at CD is made equal to Ag, part of the expansion will 
be completed in the wedge ABC. In either case a certain amount 
of jet deflection seems inevitable. This type of nozzle is not suitable 
for large ratios of expansion. 
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EXAMPLES V 

1 The heat available during the adiabatic expansion of 6 lb of steam is 
240 B Th U Calculate the final velocity of the steam if it was initially at rest 

2 If the efficiency of the nozzle in Question 1 is 90 per cent, calculate the 
exit velocity. 

3 Dry and saturated steam enters a nozzle at a pressure ^ == 150 and with 
an initial velocity of 300 ft per second The outlet pressure is 90 lb per sq in 
abs and the outlet velocity 1,450 ft per sec If the heat loss from the 
nozzle amounts to 2 B Th U per lb of steam flowing through the nozzle, 
what must be the dryness fraction of the steam as it leaves the nozzle ^ 

4 Steam expands adiabatically from an initial pressure of 200 lb per 
sq in abs to a pressure of 120, the relationship between pressure and volume 
during expansion being 

p V = constant 

If the initial specific volume of the steam is 2 29 cu ft per lb and the 
initial velocity is 170 ft per sec , calculate— 

{a) Velocity at ^ = 120 

[h) Area required at ^ = 120 if the weight of steam discharged per sec 

is 1 4 lb 

5 Steam at a pressure of 1,0001b per sq in abs and a temperature of 
1,000° F (I = 1505’6 B Th U per lb) expands adiabatically to a pressure 
of 600 Assuming that the relationship between p and T is 

p = constant X T 

calculate the degree of superheat of the steam at ^ = 600, and obtain the 
enthalpy value by interpolation from the steam tables. Hence find the 
adiabatic heat drop and the velocity from rest 

6 Assuimng that the ratio of the thioat pressure to the initial pressure 
with adiabatic expansion from a state of rest is 


w 



where n is the exponent of v m the expression pv^ = constant, prove that the 

throat velocity for steam initially dry and saturated is 1,280 p^ , where 
p^ is the initial pressure in lb per sq in abs Assume = 1 135 and 

if 

p V = 490 for dry and saturated steam 

7 Calculate the throat area of a nozzle to pass 4,200 lb. per hour, assuming 
that the final pressure is lower than the critical, that the steam is super¬ 
heated during the whole of the expansion, and that expansion takes place 
without losses Given that— 

Initial pressure p^ = 250 
,, superheat = 250° F 

,, specific volume = 2 56 

8. Steam expands in a nozzle under the following conditions— 

Initial pressure = 240 

,, temperature = 500° F 

Final pressure p^^ = 60 

Mass flow = 1 2 lb. per sec 

Calculate the required throat and outlet areas, using the Molher diagram— 
{a) When the expansion is frictionless. 

(t) When the friction loss at any pressure amounts to 10 per cent of the 
total heat drop down to that pressure. 
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9. The effective heat drop in a nozzle is iM) B.Th.lh per lb. of steam and 
the final pressure is 20. What is the gain of entropy during an adiathermal 
expansion if the nozzle efficiency is 85 per cent and the linal condition of the 
steam is wet ? 

10. Steam which is initially dry and .saturated expands in a nozzle from 
p “*200 to p 2 , ™ ^0- T-'he expansion is friclionless thnmgliont. During tin* 
expanl^ion from 200 to 1001b. per .s^p in., the steam remains in the dry stale. 
What is the maximum degree of supersaturation and of undercooling ? 

If the steam were to revert instantaneously to the* sa.inrat(‘d state at 
constant enthalpy and if the further expa,nsif)n takes ]dac(' in thermal (‘(iiii- 
librium, calculate the change of entropy, the loss du<‘ to uiKh'rcooling, and the 
percentage loss. 



CHAPTER VI 


STEAM NOZZLE RESEARCH 

52 . Introduction. The objects of steam nozzle research may be 
enumerated briefly as follows— 

{a) To measure the mass flow under certain conditions of pressure 
and temperature and to compare it with values calculated from 
theory. This part of steam nozzle research has been briefly dealt 
with m the preceding chapter 

(&) To measure the velocity acqmred by the steam under given 
conditions and compare it with the theoretical velocity. 

(c) To determine the direction of the issuing steam jet. This has 
an important beanng on the design of the blades. 

id) To study special problems such as the distribution of pres¬ 
sure, eflect of roughness, effect of nozzle angle, effect of entrance 
conditions, and so forth 

53 . Reaction Method of Measuring Velocity. When a jet of fluid 
issues from a nozzle at a certain velocity it exerts a backward 
reaction on the nozzle The simultaneous measurement of the steam 
flow in lb. per sec and the force of reaction enables the velocity 
of efflux to be deduced 

One arrangement of apparatus is shown diagrammatically in Fig 
49 High-pressure steam passing along the pipe A enters the 
inside of the trunnion B and passes down the pipe C into the steam 
chest D to which the nozzle E is attached The pendulum pipe C 
is free to swing in bearings attached to the casing F The latter 
surrounds the pendulum pipe and leads to a surface condenser 
The trunnion B is supported on ball bearings and packed by 
labynnth packing so that there is very little friction m the appara¬ 
tus By using suitably designed packing and a suitable arrangement 
of leak-off connections, the errors due to steam leakage may be kept 
within very small limits An arm G is attached to the trunnion 
so that the turning moment on the latter may be measured, e.g 
by a small weighing machine. The pressure of the steam m the 
supply pipe may be read off the gauge H^, while the superheat or 
dryness may be obtamed by a thermometer or themiocouple, or by 
a calorimeter, respectively A small-bore pipe K is coupled to the 
steam chest and led through the trunnion (not shown in diagram) 
to a gauge Hg, which wiU, therefore, give the steam pressure at the 
nozzle inlet. H 3 (mercury column) gives the back pressure. Suit¬ 
able balance weights are added to the swinging parts so as to put 
them in neutral equilibrium. 

A measurement of the turning moment on the trunmon enables 

103 
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the reaction R to be calculated. A simultaneous reading of the 
mass flow w lb. per sec. must be obtained. 


Then, since 


R = 


w . V 
g 


lb. weight 


V 


w 


ft. per sec. 


With reference to the testing of convergent nozzles, it may be shown 
that the velocity given by the above formula is strictly only the 



Fig. 49. — Reaction. Method of Measuring Steam Velocity 


velocity of efflux from the nozzle when the pressure at the nozzle 
outlet is equal to the pressure in the exhaust space. When steam is 
expanded through a convergent nozzle, the velocity of efflux in¬ 
creases as the external pressure is reduced until the critical pressure 
is reached. When the critical velocity is reached, the velocity of 
efflux cannot increase further, but it is found that the reaction 
still continues to increase owing to the fact that the steam continues 
to expand outside the nozzle. 

54 - topulse Method of Measuring Velocity. In this method the 
steam jet, on emerging from the nozzle, is allowed to impinge on 
a fiat plate as shown in Fig. 50. The jet spreads radially in all 
directions from the surface of the plate and its initial momentum is 
destroyed. 
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Then 


P = force on plate, lb weight 
■w = steam flow, lb. per sec. 

V = ]et velocity, ft per sec. 


Actually the velocity is not umform throughout the jet, it is 
almost uniform over a large central area, but diminishes rapidly 

near the nozzle walls If V __ 

be the velocity of a small ^ v 

element of steam mass 8m, ^ $ 

then the total momentum s 

of the steam is SV 8m \ \ 

Hence ^ ' 

SV.(5w = P g (62) ^ 

If we divide the total mo- 
mentum by the mass flow 
per second, we have ^ 

TN.8m I p 

which is a quantity having ; ^ 

the dimensions of a velocity / ; 

and is m fact the mass-mean : ; 

velocity of efflux. iTl K 

V, "iTii, 

The ratio (where is ''IaI'i 

the theoretical velocity of ^ ^ 

efflux based on the adiabatic ' ' ll ' 

heat drop) is the velocity n n 

coefficient for the nozzle l ; : / 

The simple apparatus 5 5 

shown in Fig 50 is not satis- i 5 

factory m use owmg to the q E 

circulation currents which 
are set up under the plate A 

by frictional entrainment TD 

augment — Impulse Method of Measuring 

the thrust, resulting m ap- Velocity 

parent jet velocities higher 

than the true velocity In the apparatus used by the Institution 
of Mechanical Engineers Steam Nozzles Research Committee and 
described m Art. 59, these objections were satisfactorily overcome 
55- Search-tube Method of Determining Pressure Distribution in 
a Nozzle. A small-bore tube A, Fig. 51, closed at the exhaust end 
and communicating with a pressure gauge B at the other end, passes 


-Impulse Method of Measuring 
Steam Velocity 






106 STEAM TURBINE THEORY AND PRACTICE 


along the axis of the nozzle. Small holes arc drilled in the 1 ube in 
a transverse plane for the purpose of determining the pressure at 
the core of the stream at the particular section where the searching 
holes happen to be. The axial position of the .sc-arcliing holes can 
be varied by means of the micrometer wheel C. Professor Stodola (1) 
made some experiments in which he measured the pressures at the 
rim of the stream simultaneously with those at the core. He found 



Detail of Search, Tube. 


Fig. 51.—Diagrammatic Arrangement ol Search-tube Apparatus 

that the pressure at the axis of the stream was shghtly higher than 
that at the rim, but the difference was very small. 

Besides giving information regarding any po.ssible disturbances 
in the nozzle, the results of search-tube experiments, combined with 
simultaneous mass-flow measurements, may be* utilized for investi¬ 
gating the distribution of loss inside a nozzle, provided the following 
assumptions are made— 

(fl) That there is no heat loss by conduction through the nozzle. 

(b) That the steam completely fills the nozzle at all sections and 
that the velocities of all steam particles across any section are 
identical. 

Let Ij = enthalpy of steam at the beginning of the expansion. 
w = mass flow, lb. per sec. 

VjL == initial velocity of steam, which may be calculated from 
w and the initial condition of the steam. 
p 2 — observed pressure at any section. 

Aa = nozzle area at any section, sq. ft. 

= enthalpy at 
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Then by assumption (a) 

^ + 1 - S’ 4. T 

If the steam is superheated at and the specific volume is 
then by assumption ( 6 ) 

V 

" 5 A 


Then 


1 V^ + I =^ 4-1 


. (64) 


The condition of the steam at p 2 to satisfy this equation may easily 
be found by trial and error. This enables the locus of the state point 
to be drawn on the Mollier chart and the loss down to any pressure 
to be easily determined 

If the steam is wet at ^tnd X 2 is the drjmess fraction, then very 
nearly 


and since 


•l'a2 

V , . I a.v,l, v.« 


This equation is a quadratic in Vj, all other terms being known 
from the observed pressure and mass flow When Vg is known we 
can obtain the dr 3 mess fraction from the equation of continuity 
By means of the Mollier chart the drjmess fraction Xa, after adia¬ 
batic expansion, may be found The energy loss in the nozzle down 
to the pressure will then be 

{x^ — Xa)L^ B Th U. per lb 

56 . Stodola’s Search-tube Experiments. Stodola {loc cti, pp. 
95 and 106) made many illuminating experiments with the aid of 
search tubes. Fig. 52 shows a convergent-divergent nozzle with 
normal inlet and outlet sections. The initial steam conditions were 
practically constant throughout the experiments, but the back 
pressure was grr.dur. 11 ” increased by the closure of a valve placed 
between the nozzle outlet and the condenser. Curve 1 shows the 
distribution of pressure in the nozzle when the outlet pressure was 
that for which the nozzle was designed. The other curves ( 2 , 3, 4, 
etc.) show the pressure distribution as the back pressure was 
gradually increased 

It will be noticed that in such cases the pressure follows the 
correct expansion line dovm to a pressure which is weU below the 
final value and then rises in'sudden leaps It appears that the 
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steam fills the nozzle for a certain distance and expands at a rate 
which is controlled entirely by the area of the nozzle. Then, at a 
certain point, these conditions break down; the rapidly flowing 



steam enters a region where the steam velocity is lower, with the 
result that there is an impact and a sudden rise of pressure. By 
taking two points A and B at the intersection of a line of constant 
pressure AB with any one of the curves, and comparing the kinetic 
energy of the steam at B with that at A, it is pos.siblc to estimate 
the loss of energy due to shock. Stodola points out that, except 
for small pressure drops, the loss of energy is great in all cases. 

In some experiments with a divergent nozzle the outlet pressure 
was varied and the pressure before and after the nozzle outlet 
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section was measured by means of a search tube. Some of the 
curves are shown in Fig. 53. When the pressure in the outlet space 
was lower than that corresponding to the design of the nozzle the 



pressure first dropped suddenly and then continued to oscillate, as 
shown by curve A With a pressure higher than the correct back 
pressure, there was considerable impact followed by pressure 
oscillations. 

Generally, the conclusions to be drawn from Stodola's experi¬ 
ments are that in a convergent-divergent nozzle in which the 
throat and mouth areas are correctly proportioned for the conditions 

5—(T 5200 ) 
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of working and which has a good form, the losses due to shock will 
be a minimum, but that if the outlet pressure is cither higher or 
lower than that for which the nozzle is designed, considerable shock 
losses will occur. 

57 . Experimental Results obtained with Reaction Apparatus. In 
the year 1900 Mr. W. Rosenhain (2) published the I'csults of some 
experiments made on simple forms of nozzles, including the con¬ 
vergent-divergent type. The velocity of efflux was determined by 
the reaction method. 

Dr. P. Christlein (3) made experiments with apparatus similar 
to that shown in Fig. 49. One set of experiments was made on a 
single convergent-divergent turbine nozzle having a throat of 
circular cross-section changing to a rectangular outlet section 
oblique to the nozzle axis. The velocity coefficient reached its maxi¬ 
mum value under the conditions of steam pressure and tempera¬ 
ture, etc., for which the divergent part of the nozzle was designed, 
the value of rj„ then being 0-946. When the conditions were allowed 
to deviate from the design conditions, the velocity coefficient and 
hence the nozzle efficiency fell away rapidly. Christlein also experi¬ 
mented with a group of three convergent turbine nozzles of the 
type in which the guide vanes are cast-in. He found that 7 ]^ iir- 
creased with increasing velocity up to a theoretical steam velocity 
of about 1,800 ft. per sec., rj^ then attaining a maximum value of 
about 0-93. 

More recently, Messrs. Warren and Keenan (4) carried out experi¬ 
ments with an improved reaction apparatus. In tests on a simple 
convergent nozzle with a parallel outlet part the value of was 
0-99. In further tests on a group of four turbine nozzles having 
machined guide vanes the value of was practically constant over 
a wide range of velocities and equal to 0-982. Great care was taken 
in these experiments to avoid errors duo to circulation currents in 
the apparatus, but the values of the velocity coefficient appear to 
be rather high. 

58 . Institution of Mechanical Engineers Steam Nozzles Research. 
In the year 1914 a Committee of the Institution of Mechanical 
Engineers was formed in order to report upon a possible progrommo 
of research work relating to the flow of steam through nozzles. A 
large amount of preliminary work was undertaken, but was mucli 
interfered with by the war, and actxial experimenting was iiut 
begun until September, 1921. From that time until 1930 a very 
considerable amount of work was done, the results being embodied 
in six reports (5), to which the reader is referred for fuller informa¬ 
tion. The aim of the Committee was to determine the velocity 
coefficient for practical forms of impulse turbine nozzles, for 
reaction turljine blades, and also for so-called "elementary” nozzles, 
i.e. nozzles of simple form having the outlet plane perpendicular 
to the nozzle axis. Subsidiary experiments were also made to 




Fig 54 

Cross-sectional View of Impulse-type Nozzle Tester used by the Institution 
of Mechanical Engineers Steam Nozzles Research Committee 
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determine the effects of surface roughness in straight convergent- 
parallel nozzles and of curvature in impulse turbine nozzles. The 
impulse method (jet momentum) was adopted for measuring the 
jet velocities and much effort was initially expended in order 



Fig* 55 

Arrangement of Apparatus for Testing Impulse Cage 


to eliminate the anomalies associated with the method of 
measurement. 

59- Apparatus. The apparatus used is shown in Fig. 54. The 
impulse plate is replaced by a cage 3, built up of thin strips of 
aluminium sep^ated by thin washers, and carried on the plate 
proper, which is faced by layers of wire mesh and a layer of fine 
gauze. The object of such a design is to cause the steam to leave 
the cage at a low velocity and in directions entirely at right angles 
to the plate. The impulse is transmitted to a weighing lever 4, by 
means of a spindle 5,' which slides in a frictionless (rotating) guide. 
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The nozzles to be tested axe bolted to the steam chest 2. The steam 
exhausted from the tester is condensed in a small surface condenser 
and weighed. 

In the preliminary experiments, the cage was tested by the 
rnethod illustrated in Fig. 55. The nozzle and cage were attached 
rigidly together and carried by a pipe, hinged at A, supplying air 
under pressure. A steel "wire connected the impulse plate to a 
sensitive spring balance. It will readily be seen that the force due 
to impulse opposes that due to reaction, and any difference between 
the two would affect the reading of the spring balance. In the 
early tests there was some difference between the impulse and reac¬ 
tion due to eddies, but when the plate was covered with felt and 
wire nettmg, the difference disappeared. For steam experiments, 
the felt was replaced by wire gauze. 

6 o. Results of Tests. Angle of Efflux In order that the nozzle 
might be set correctly in the tester, i e so that the ]et would impmge 
normally on the plate, it was necessary to observe the exact angle 
of efflux of the jet. This was done by means of a balanced light 
metal vane placed in the steam ]et Some of the results are shown 
in Fig. 56. In all these cases and in all other nozzles tested, with 
the exception of the built-up impulse nozzle, the angle of efflux is 
less than the nominal angle of the nozzle. This appears to be due 
to the effect of the flat surface of the vane outlet edge in causmg a 
suction on that part of the jet which is inclmed to it at an acute 
angle. As the steam velocity is gradually increased it seems as 
though the greater momentum of the steam is more and more able 
to overcome this effect, and the jet efflux angle approaches nearer 
to the geometrical angle. In Parsons blades, where the back and 
front surfaces are curved and gradually approach each other at the 
outlet edge, the deviations of the jet from the geometrical angle are 
not so great 

Tests on Impulse Nozzles. Numerous tests were made on impulse 
turbine nozzles m which the gmde vanes are cast m position. The 
geometrical angles of the nozzles were chosen as 12° and 20°. Some 
of the nozzles had thin vanes, only 0-04 in. thick, while others had 
vanes in. thick A section through the latter is shown in Fig. 57. 
In aU cases the perpendicular distance between the nozzle plates 
was i in The length of the parallel throat was originally f- in. in 
all cases, givmg a so-called throat ratio of 3/1. In subsequent tests, 
the face of the whole nozzle block was machmed so as to give suc¬ 
cessive throat ratios of 2/1, 1/1, and 0/1. In the last case it will be 
clear that the nozzle passage was entirely convergent without any 
parallel portion at all. 

Some of the test results for the 20° nozzles are shown in Fig. 58. 
It will be observed that a large ratio of throat length to width is 
somewhat detrimental owing, probably, to the increased surface 
friction. 



114 STEAM TURBINE THEORY AND PRACTICE 


Effect of Chamfering Nozzle Plate. One important conclusion of 
this research work is that nozzles having thin vanes are more 
ef&cient than those having thick vanes. This is shown, for instance, 
by the curves in Fig. 58. The reason is probably due to the effects, 

Impulse Nozzle. Impulse Nozzle. Reaction Nozzle. 

^1 Throat ^ Throat Parsons 480 B. 

Vanes 0'04"thick. Vanes ^s thick. 




Fig. 57 


already mentioned above, of the flat surface of the outlet edge of 
the vane, in producing deviation and instability of the jet. This 
flat surface may be entirely eliminated by chamfering the exit edge 
of the vane as shown in Fig. 59. 

As thicker vanes give greater strength and rigidity to impulse 
turbine diaphragms, and also a greater margin of material in the 
event of corrosion or erosion, tests were made to determine whether 
the efficiency of thick-plate nozzles would be affected by chamfering 
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the nozzle plates in such a way as to reduce the thickness of the 
outlet edge to a very small dimension. Some of the results of these 
tests are given in the table on the next page and show that the 



Theoretical Velocity of Steam, Ft /sec. 


Fig 58 —Velocity Coefficients for 20“ Turbine Nozzles 
Cuive (0) relates to impulse nozzle with vanes 0 04 in thick, 0/1 throat 



\c-~-p -^ 

(g-) Flat Chamfer {h") Curved Chamfer 


Fig 59 —Chamfering of Outlet Edges of Nozzle Plates 

chamfered nozzle plate gives results practically as good as those 
obtained with the thin plate, irrespective of the angle of the nozzle. 

As might be expected, the chamfering exerts quite an appreciable 
influence on the angle of efflux of the jet. The effect is to reduce 
the angle, and ob ervations showed that the actual angle of efflux 
for pressure drops less than the cntical was more nearly equal to 
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Average Velocity Coefficients for Impulse Nozzles for the • 
Velocity Range 1,000 to 1,700 ft. per Second 



20® Angle. 

12® Angle. 


3/1 Throat. 

0/1 Throat. 

3/1 Throat. 

0/1 Throat. 

Thin plate 

Thick plate 

Thick plate, radius chamfer 
Thick plate, flat chamfer 

0*932 

0*913 

0*941 

0*946 

0-915 

0-936 

0-945 

0*905 

0*894 

0*928 

0*944 

0*933 

0*941 


the angle whose sine is ojf. Fig. 59, than the geometrical nozzle 
angle whose sine is ojq. With a geometrical nozzle angle of 19° 10', 
the observed efflux angle of the chamfered nozzle with a throat ratio 
of 0/1 was about 10° 40' at low velocities and about 12° at the 
critical velocity. Similarly, for a nozzle having a geometrical angle 
of 11° 32', the observed angles of efflux at low velocities were 
about 5° 45' for a 0/1 throat ratio and about 5° for a 3/1 throat 
ratio, whilst at about the critical velocity the observed angles were 
about 8° 20', and 7° 30' for the 0/1 and 3/1 throats respectively. 
These deviations from the nominal angle are of some importance in 
turbine theory and design because, as will be readily appreciated, 
the smaller angles lead to a greater theoretical or "diagram" 
efficiency and also affect the blade heights necessary to prevent the 
steam from blowing across the top of the blades.* 

Tests of Built-^p Impulse Nozzles. Some tests were made on a 
set of three built-up nozzles similar to those frequently used in the 
high-pressure stages of modern impulse turbines. A section through 
the test nozzle is shown in Fig. 60. The nozzle components are 
machined all over, so that it is possible to obtain a better surface 
finish than is generally obtainable with the usual "cast-in " construc¬ 
tion, in which two of the four metal surfaces bounding the jet are 
rough castings. The length of parallel throat is extremely small, 
being only making tests with this type of nozzle, the 

apparatus was modified so as to give the steam admission to the 
nozzle with less sudden changes in direction. The mean velocity 
coefficient for this nozzle was about 95 per cent. 

Effects of Roughness. The roughness of the surface in the various 
nozzles tested by the Committee varied to some extent from that 
of weU-fin^hed machined steel, through that of drawn brass to that 
of a cast-iron surface. Tests undertaken to determine the effect of 
roughness on the velocity coefficient at various steam velocities were 


* See Art. 139. 





Fig 60 —Built-up Nozzle 
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Fig 61 —Tests on Artificially Roughened Nozzles 
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made on straight “elementary” nozzles with a rounded inlet, the 
roughness being produced by means of standard Whitworth threads 
of 24 and 8 to the inch respectively. In one case the entry was 
left smooth (see Fig. 61), and in the other a number of concentric 
grooves corresponding to the thread in the parallel part of the nozzle 
were turned on the rounded inlet. The mean results are shown in 
Fig. 61, from which it will be seen that roughness has quite an 
important influence on nozzle efficiency, especially when it occurs 



Nozz/e Angle 

Fig. 62. —Influence of Nozzle Angle on Velocity Coefficient 


at the curved inlet. It is possible that the roughness which might 
develop on the working surfaces of actual steam turbine nozzles, due 
to corrosion, etc., might be so serious as to be simulated by serrations 
of a Whitworth thread 24 to the inch, but it is hardly likely. 

Further, the roughnesses met in practical nozzles are distributed 
in a much more irregular fashion than those artificially produced in 
the experiments. Certainly the 8 threads per inch would represent 
a very bad case. 

Effect of Nozzle Angle. The function of a turbine nozzle is not 
only to convert available heat energy into energy of motion, but 
also to direct the jet formed in a particular direction. In the 
actual nozzle both these operations are carried out simultaneously. 
It might weU be imagined that the greater the angle through which 
the steam turns during its passage through the nozzle, the greater 
the inequalities in the flow and the greater the losses. In the course 
of its work, the committee made a number of tests on straight 
circular convergent nozzles with a rounded inlet and an almost 
parallel throat. The mean velocity coefficient for this type was 
about 98 per cent. In other tests with short rectangular convergent 
nozzles having well-rounded inlets, the mean velocity coefficient is 
99 per cent. The relationship between the geometrical or nominal 
angle of the nozzle and the mean velocit}' coefficient is shown in 
Fig. 62, from which it will be seen that the outlet angle exerts quite 
an appreciable influence on nozzle efficiency. Some additional data 
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obtained at the works of Messrs. Metropolitan-Vickers Electrical Co., 
Ltd., have been used in deriving Fig. 62. 

Tests to Determine the Effect of Entrance Conditions. In the final 
report of the Committee, an account is given of interesting tests on 
nozzles having various shapes of inlet. In the first place, straight 
nozzles of 1 m. square section and rectangular section (2 in. x | in.) 
were tested with sharp entrances, then with two edges rounded and 
lastly with four edges rounded. As might be expected, the sharp 
edges were detrimental to efficiency. Over the range of velocity 
from 400 to 1,200 ft. per sec, the velocity coefficient had a mean 
value of 0*86 to 0*87 with the sharp edges, whereas with two and 
four edges rounded the coefficient had mean values of about 0'96 
and 0’97 respectively. With higher velocities the coefficient for the 
sharp-edged inlet increased steadily, and at 2,000 ft. per second it 
was almost as high as that for rounded inlet edges. 

Other tests on impulse turbine nozzles, with cast-in plateshaving 
a radius of curvature of If in. as compared with | in. and 1 in. in 
the earlier types, were also made and showed improvements varying 
from 0-2 to 1*4 per cent m favour of the larger radius of curvature. 
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CHAPTER VII 


THE FLOW OF STEAM THROUGH IMPULSE 
TURBINE BLADES 

6 i. Velocity Diagrams for Impulse Turbines. It has already been 
pointed out in Chapter I that the essential parts of an impulse 
steam turbine are the nozzles and blades. In the former, the expan¬ 
sive property of the steam is utilized to produce a jet of steam 
moving with a comparatively high velocity. The function or pur¬ 
pose of the blades is to change the direction, and hence the momen¬ 
tum, of the jet or jets of steam and so produce a force which propels 
the blades. It is a matter of prime importance that wc should be 
able to estimate the propelhng force that would be applied to a 
turbine rotor under any given set of conditions, for by this means 
we can calculate the work done and hence the power. Since the 
force is due to a change of momentum caused mainly by a change 
in the direction of flow, it becomes essential to draw diagrams 
showing how the velocity of the steam varies during its passage 
through the blades. 

It will be realized that velocity is a vector quantity; i.c. it has 

(1) magnitude, (2) direction, and (3) sense in that direction. Thus 
we can represent a velocity by a straight line, and indicate (1) its 
magnitude by the length of that straight line to a suitable scale; 

(2) its direction by the direction of the said straight line with 
reference to some fixed direction; and (3) its sense by an arrow 
placed on the straight line. Moreover, we can add and subtract 
velocities graphically. In explaining the velocity diagram the author 
will adopt the notation proposed by Professor R. H. Smith (1) for 
the study of mechanisms. 

Fig. 63 shows the nozzles and blades either of a 
impulse turbine or of one stage of a multi-stage turbine, bteam 
enters the nozzles at pressure and issues at pressure Pi. Due to 
the fall of pressure in the nozzles the steam issues with a velocity 
which we shall suppose is uniform and equal to Vj. Moreover, we 
shall assume that the many steam filaments which flow from the 
nozzle issue at a uniform angle a. Then wc represent this velocity 
by the vector V^, Fig. 63, and, using Smith's notation, by the 
letters c-s<—^i.e. the velocity of the steam relative to the casing^ 
inlet. This would be drawn to a convenient scale and the arrow 
shows the actual direction in which the steam is moving. By 
Smith’s notation, however, this is sufficiently indicated by the 
letters c-Sj. Now draw c-h to represent the velocity of the blades 
relative to the casing. Let this be u ft. per sec. Join b-Si. Then, 
according to the notation used, b-Si is the velocity of the steam 

120 
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relative to the blades at inlet. Thus, although the steam is actually 
moving towards the blade along the Ime c-s„ owing to the fact 
that the blade itself is moving with the velocity c—b, the steam 
appears to enter the blade with the direction b-s^ and with the 
relative velocity at inlet of Uj ft per sec 

In a pure impulse turbme the steam pressure Pg in the space 
immediately adjacent to the blades on their outlet sides is equal 
to the pressure m the clearance space between the nozzles and 
blades The steam will flow out of the blades with a certain relative 
velocity which we shall assume to be uniform and equal to Ug 



If there is no friction loss in the blade channels then Ug will be equal 
to Ui, if there is friction, Ug wiU be less than Ui We shall assume 
that the steam filaments flowing from the blades issue at a certain 
angle which is uniform and equal to jSg, which we shall term the 
blade outlet angle Now draw 6-s<, to represent the velocity of 
the steam relative to the blade at outlet. By joimng c and s^ we obtain 
the vector c-s^, which represents the velocity of the steam relative 
to the casing at outlet. This is represented by the symbol Vg 

The velocities Vj and Vg, bemg relative to the fixed casmg of the 
turbine, wall be referred to as absolute velocities; the velocities Ui 
and Ug, being relative to the moving blades, waU be referred to as 
relative velocities. 

The velocity diagram may be explained by the followang alterna¬ 
tive method. Considering Fig. 64, suppose a steam particle occupies 
a position A in the nozzle a very short interval of time dt before it 
actually enters the blade at B. The distance AB equals . bt 
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At the same instant the blade must be at C, where the peripheral 
distance CB is equal to u . 8 t. Then, to an imaginary observer on 
the blade the steam must appear to be rrr?rr-r"7hi''.T the blade in 
the direction AC at the angle /Si to the wheel plane. Moreover, the 
distance AC must equal Ui. dt. Completing the parallelogram, it 
is obvious that AD = BC, DB = AC, and that the triangle ADB 
is similar to cb$i of Fig. 63. Considering the velocities at outlet, a 
steam particle entering the blade at B follows an absolute path 
BE, and leaving the blade at E will move a distance EF = Ua , dt, 
due to its relative velocity Ug, and a distance EG ~ u . dt, due to 



the peripheral velocity u. Combining these displacements, the 
resulting displacement is EH and this must equal Vg . dt where, 
as before, Vg is the absolute velocity of the steam at outlet from the 
blade-. Again it is apparent that the triangle EGH is similar to the 
triangle of Fig. 63. 

62 . Forces on Blades. Having explained the diagram of relative 
velocities by means of Smith's notation, we shall have no further 
use for this notation. In subsequent work we shall use the velocity 
diagram shown in Fig. 65, together with the following standard 
notation— 

Vi = steam velocity at outlet from nozzles. 

Ui = steam velocity relative to blades at inlet. 

Ug = steam velocity relative to blades at outlet. 

Vg = absolute velocity of steam at outlet from blades. 
u = peripheral velocity of blades (unless otherwise stated, this 
is the mean value). 
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a = ]et angle. 

/Si = inlet angle of blades as given by diagram 
/Sg = outlet angle of blades 
y = absolute direction of steam leaving blades. 

Smce Vi IS the imtial absolute velocity and Vg is the final absolute 
velocity of the steam, the change of velocity •which the steam 
undergoes in passing through the blades is represented by the 
vector BD. 

Let w — steam flow through blades, lb. per sec 



Fig 65 


Then the resultant force necessary to produce the change of 
velocity BD is 

w 

~ X BD lb weight 

This IS inclined at the angle y) to the plane in which the wheel rotates 
In accordance with Newton's Third Law, the force exerted by the 
steam on the blades is equal and opposite to that exerted by the 


Thrust ^ 
Tangential Force 

Idle Component'' 

TTin -‘Rnrr'os on Tmnnlsft "RlaHt 



blades on the steam This is shown in Fig. 66. The resultant force 
may be resolved into two components, viz.— 

(1) A useful thrust or tangential force parallel to the wheel plane 
*w *w 

and equal to — . BG = — V„, where is the tangential component 
of the change of velocity and is usually termed the velocity of whirl. 
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(2) An idle thrust, perpendicular to the wheel plane, i.c. parallel 

W 

to the turbine axis. This is equal to ~ . DG. 

We can now calculate the power developed and the blade effici¬ 
ency. Since the blades are moving with a mean velocity n ft. per 
sec.— 

Work done per sec. 

^ w.u.V^ ft.-lb.(G6a) 

g 

Vy BTh.U. . . . {66b) 


Horse-power developed 

_ w . u . 
556r~ 


(67) 


This will be termed the “rim horse-power” (r.li.p.) to distinguish it 
from the actual power transmitted to the shaft. 

Since the energy of the steam entering the blades is 

* IK 

v, ft.-lb. per sec. 

2g 


the efi&ciency of the blades alone is 


i.e. 


Vi = 


Vi = 


W .U . V,o 

i 

2u. 


2^' ~ 


( 68 ) 


Example 8. Steam issues from the nozzles of a de Laval turbine 
with a velocity of 3,000 ft. per sec. The nozzle angle is 20°, the 
mean diameter of the blades is 10 in., and the speed of rotation 
20,000 r.p.m. The mass flow through the turbine nozzles and 
blading is 0-4 lb. of steam per sec. If the friction loss in the 
blade channels is 33 per cent of the kinetic energy corresponding 
to the relative velocity at inlet to the blades, draw the velocity 
diagram and derive or calculate the following— 

(1) Velocity of whirl. 

(2) Tangential force on blades. 

(3) Axial force on blades. 

(4) Work done on blades per sec. 

(5) Horse-power of wheel. 

(6) Efficiency of blading. 

(7) Inlet angle of blades for shockless inflow of steam. 

Assume that the outlet angle of the blades is equal to the inlet 
angle. 



Va,=1026 
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Blade speed 


11 = 


•7T X 10 

12 


X 


20,000 

60 


= 873 ft per sec 

The velocity diagram ABC, Fig. 67, may now be constructed and 
the followmg results obtained either graphically or by calculation 
Ui = 2,200, axial velocity at inlet = 1,026, CE = U, cos B-, 
= 1,946, and/Si = 27° 48' 


U ® 

Since the friction loss in the blade channel is 0-33 x —, then 

= 0 67 Ui® 

i.e. Ua = 0-8185 Uj 

= 1,800 ft per sec. 



The velocity diagram may now be completed, bearing in mmd that 
The additional results obtained are • V^a = 0-8185 . V<,i 
= 840, CF = Ua cos = 1,592, Vg = 1,106 

Then Vj^ = 1,946 + 1,592 = 3,538 ft per sec 

Tangential force on blades 

_ 0 4 X 3538 
“ 32-2 

= 43-95 lb 

Axial force on blades 

= ^(1026-840) 

= 2-3 lb 

Work done on blades per sec. 

= 43-95 X 873 = 38,350 ft.-lb 
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Horse-power developed 

_ 38,350 
■" 550 


69-72 


Kinetic energy supplied by steam jets per sec. 


0-4 X 3000® 
64-4 


55,900 ft.-lb. 


Efficiency of blading 

^ 38,350 
— 55,900 

= 68-6 per cent 

Inlet angle of blades for shockless inflow of steam 

= = 27° 48' 

63 . Influence of Ratio of Blade Speed to Steam Speed on Blade 
Efficiency in Single-stage Turbine. Consider now the special case 



of a single-stage impulse turbine consisting of a single nozzle or a 
set of nozzles expanding steam to the exhaust pressure and a single 
wheel with axial-flow impulse blades of the normal type, as illus¬ 
trated in Fig. 63. The velocity diagram is shown in Fig. 68 . 

We shall take into account the effects of friction in the blade 

channels by assuming that Ug is less than Uj, and that ■— = k, 

where A is a constant less than iinity. As will be shown later in 
this chapter, the blade outlet angle ^2 depends on the height of the 
blade, and vice versa. In many cases in practice the angles /Sj 
and /?2 axe equal; in other cases is somewhat smaller than pi, 
but in pure impulse turbines the difference between the angles is 
always small. 

It has been shown in Art. 62 that the blade efftciency 

2« . V„ 


’76 = 
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Now 


= CE + CF 
= Ui cos + Ua cos jSg 

= Ui cos /Si(l + AC) 


where C = 


cos )8a 
cos /Si' 


As stated above, /Sj and /Sg are usually nearly 



otesm opeea 

Fig. 69 




Diagram Efficiency without Losses 

II "ith ,, 


equal, and for the purpose of this analysis it will be sufficiently 
accurate to assume that C is a constant 

But Ui cos /3i = Vi cos a ~ M 

2it. Vja = 2 m( 1 + AC)(Vi cos a — «) 

Let p = ^ This is known as the blade speed ratio and is the 

most important factor m turbme theory and design, as the efficiency 
of a steam turbine depends almost wholly upon its value. 

Then u = p 

and 2*#V„ = 2Vi2(l + AC)(p cos a— p®) 

or iji, = 2(1 + AC)(p cos a— p®) . . . (69) 

This is the equation to the parabolas («) and (6) of Fig. 69. In 
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drawing these it has been assumed that a = 20 °, and ^2 = Pi- 
Curve {a) is for frictionless flow while ( 6 ) is for flow with friction, 
the value of k being 0-84. The curves show that the blade efficicircy 
increases as p is increased until p reaches a value approximately 
one-half, after which diminishes. 

If a, k, and C are assumed to be constant, then rjf, depends on 
the value of p. Differentiating (69), we have— 

^ = 2(1 -f AC) (cos a-2p) 


dp^ 


- 4(1 -I- AC) 


For a maximum or a minimum value of we equate the first 
differential coefficient to zero, and since the second differential 
coefficient is negative the value obtained is the maximum. 

cos a— 2 p = 0 

i.e. optimum value of p 

cos a 

poj?t. = • . . • (70) 

Substituting this value in (69), we have 

(max.) = (1 + AC)^-?^ . . . (71) 


64 . Gross Stage Efficiency. This may be defined as the ratio of 
the work done on the blades per lb. of steam flowing through the 
nozzles and blades to the adiabatic heat drop in. the stage. 


Let tjgg — gross stage efficiency. 

Ho = adiabatic heat drop in stage (in this case in the 
nozzles). 

By oq. ( 66 &), Art. 62, the work done on the blades per lb. of steam 
is B.Th.U. 


Vgs = 


u . V„ 
g-JHo 



or f]gg — ..... (72) 

In words, the gross stage efficiency is the product of the blading 
efficiency and the nozzle efficiency. 

For any given nozzle angle, since would remain constant, the 
gross stage efficiency wiU be a maximum when is a maximum. 
Values of the optimum blade speed ratio, of the maximum blade 
efficiency, and of the maximum gross stage efficiency are given in 
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Table II for vanous nozzle angles In the last section of the table 
an attempt has been made to allow for the influence of nozzle angle 
on the nozzle efficiency, data bemg taken from Fig. 62, Art. 60. 
The resultmg figures show the importance of using the smallest 
practicable nozzle angle in smgle-stage turbines. However, such 
turbmes are usually small power machines used for driving auxiliary 
machinery and the like and, in consequence, the attainable efficiency 
IS not so important as in turbines of high power 

TABLE II 

Influence of Nozzle Angle on Optimum Blade Speed Ratio, 
Maximum Blade Efficiency, and Maximum Gross Stage Efficiency 
in Single-stage Turbines 

Values based on ^ = 0 86 


Nozzle Angle a 

1 

12'=' 

le'^ 

0 

0 

25° 

30° 

/Oopt 

0 489 

0 481 

0 470 

0 453 

0 433 

r]i, (max ), per cent 

88 98 

85 92 

82 13 

76 40 

69 74 

Maximum value of when 

i'jn IS assumed constant 
and equal to 0 93, per 
cent 

82 75 

79 91 

76 38 

71 06 

64 86 

}j„ for nozzle 

0 9590 

0 9645 

0 9691 

0 9750 

0 9790 


0 919 

0 930 

0 938 

0 950 

0 9585 

Maximum value of rjg, when 
account is taken of the 
probable variation of rjn 
with variation of nozzle 
angle, per cent 

81 77 

79 91 

77 03 

72 57 

66 85 


65 . Efficiency of Multi-stage Impulse Turbine with Single-row 
Wheels. In the first stage of a multi-stage impulse turbine, the 
initial velocity of the steam is so low that the steam may be con- 
sideted to start from rest Of the mechanical energy of the steam 
issuing from the first-stage nozzles, a certain proportion is utilized 
in the blades, a smaller proportion is absorbed by friction, and the 
remainder is represented by the kinetic energy of the steam issuing 
from the blades with the final absolute velocity V 2 In a smgle- 
stage turbme the last-mentioned item becomes important, and is 
the chief reason why the efficiency falls as the nozzle angle is 
increased 

In a multi-stage turbine, however, the kinetic energy of the 
steam emerging from one set of blades is conveyed by the steam 
into the succeeding set of nozzles, and, provided the inlet angle of 
the said nozzle guide vanes is such as to reduce impact and other 
losses to a minimum, then the adiabatic heat drop necessary to 
produce a given outlet velocity will be correspondingly smaller. 
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Thus the loss due to the velocity Vj will be largely eliminated, except 
in the last stage of the turbine where there is little or no possibility 
of utilizing any of the kinetic energy corresponding to the final 
absolute velocity of the steam in that stage. 

Consider a series of stages, all having the same nozzle outlet angle 
a, the same mean diameter, and the same steam velocity Vj. Assume 
further that the velocity coefficient It is the same in all stages and 
that the blades have the same outlet angles. It follows that for any 
value of the blade velocity u (equal in all stages) the corresponding 
velocities will be identical in ^ stages. Fig. 70 shows the velocity 
diagrams for any two intermediate stages. 


u 



Let rjn — nozzle efficiency, defined as the ratio 

Increase in Kinetic Energy in Nozzle 
Adiabatic Heat Drop 




Then 


“carry-over” coefficient, i.e. the fraction of the kinetic 
energy corresponding to which is available for 
utilization in the nozzles of the succeeding stage.* 


2g]. 


(73) 


where AH represents the adiabatic heat drop in one set of nozzles. 

It win be assumed, in considering the influence oi p = m/Vj on 
efficiency, that the inlet angle of the nozzle guide vanes will be so 
adjusted (see Fig. 70) as to give (f> its maximum value. Moreover, 
it will be assumed that this value* is constant. 


Then Vg® = Ug* -f- — 2« . Ug . cos 

— — 2A . M . cos 

= A®(Vi® — — 2 m . Ux cos ^i) -f M® — 2A . « . Ui cos /?2 

= -h «2(1 - k'^ - 2«Ui cos + kC) 
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COS 3 

where C = As already mentioned, this factor is always 

nearly equal to unity and will be assumed constant for all values 
of p 

Vg® = + u\l - k^) - 2«(Vi cos « - u){k^ + kC) 

= ^ p 2 (i _ ^ 2 ) _ 2{p cos a - + kC)} 

. „ _ Vi2{l - <j>[k^ + p2(l - A2) - 2(p . cos a - p2)(A2 + *C)]} 

• • 2gJ . AH 

Therefore, the required adiabatic heat drop per stage 

Vi^{l - + P^(l - k^) - 2(p cos « - p2)(A2 + ;feC)]} 


AH 


2^J . •>?« 


(74) 


Since the work done on the blades is equal to 

^ (1 + AC) (p cos a — p®) 

S 

the gross stage efficiency is 

rjas = {2i 7„(1 + AC)(p . cos a — p®)} 

- {1 - <f>[k^ + P®(1 - A**) - 2(p cos a - p®)(A® + AC)]} . (75) 


The effect of taking into account the "carry-over'" from the 
previous stage is best shown by working out examples Table III 
gives the efficiencies calculated for the following assumed data 
k = 0*86, C = 1 (equiangular blades), </> == 0 90. The work of 

TABLE III 

Calculated Gross Stage Efficiencies of Multi-stage Impulse 

Turbines 


Assumed data A = 0 86, Equiangular blades, ^ = 0 90 


Case 

1 

2 

3 

4 

5 

Nozzle angle a 

12'’ 

16° 

20° 

25° 

30° 

Vv 

0 959 

0 9645 

0 9691 

0 975 

0 979 

Vn =- Vv^ 

0 919 

0 930 

0 938 

0 950 

0 958 

p = 0 1 

0*511 

0 512 

0 510 

0 501 

0 493 

02 

0 688 

0 691 

0 687 

0 683 

0 670 

03 

0 770 

0 776 

0 773 

0 768 

0 755 

04 

0 819 

0*825 

0 820 

0 813 

0 797 

0 5 

0 845 

0 851 

0 845 

0 833 

0 814 

06 

0 857 

0 860 

0 853 

0 834 

0 804 

07 

0 853 

0 850 

0 836 

0 802 

0*747 

08 

0 810 

0 802 

0 769 

0 699 

0 562 

0 9 

0 676 

0 645 

0 517 

0 130 

— 



stage Efficiency- Per Gent 
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Ackeret, Keller, and Salzmann (2) has shown that when the condi¬ 
tions of entry into the nozzle channel are favourable, an even higher 
value of <f> may be realized. The nozzle efficiency is taken as a func¬ 
tion of the angle as given in Fig. 62. This is not quite correct for 
all values of p because the angle through which the jet is deflected 



Fig. 71.—Curves of Stage Efficiency for S'n-I.' -tairc and Multi-stage 
Impulse Turbines with Single-row Wheels 

Full lines refer to multi-stage turbines, broken lines to single-stage turbiiu‘s. Cross 
curves are loci of points of maximum efficiency. See Table IH for relevant data. 


by the nozzle will vary according to the value of p, but it serves to 
give relative values of the efficiency. 

The results are plotted in Fig. 71 for the more useful range of 
values of p. Values of rjgs for a 'nrl'?-=tnrr turbine arc shown in 
the same figure. It will be seen that when the carry-over is taken 
into account— 

(1) The efficiency curves are appreciably flattened, and variation 
of p on either side of the optimum value does not affect the efficiency 
to the same extent as when carry-over is neglected. 

(2) The maximum efficiency of the multi-stage turbine is definitely 
greater than that of the single-stage turbine for the same nozzle 
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angle For a normal angle of 16°, the maximum value of rjgg is 
raised from 0-799 to 0-860. For the relatively large angle of 30°, 
which would be used in the latter stages of a large output turbine, 
the value is raised from 0-668 to 0-815. 

(3) The value of p corresponding to the maximum efficiency is 



higher. When a is 16°, the optimum values are respectively 0-48 
and 0 6 for the single-stage and multi-stage turbines. 

66. Impulse Blade Sections. Impulse blades may be classified 
broadly into two types: (1) the so-called “plate blade,” and (2) 
the “profile blade ” 

Various forms of plate blade are shown in Fig. 72. Fig. 72 {a) 
shows an early form of Rateau turbme blade constructed from 
sheet metal In order to reduce impact losses at inlet, the inlet 
edge is chamfered, leaving an edge thickness of 0-01 in. Fig. 72 (J) 
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shows a S 3 mimetrical plate blade. The inlet and outlet angles arc 
equal. The concave side of the blade is usually an arc of a circle, 
the blade is of constant thickness, and both inlet and outlet edges 
are chamfered. Fig. 72 (c) shows a further modification. The blade 
section shown in Fig. 72 (d) is provided with a straight outlet edge of 



Fig. 73. —^Profile Blades 


uniform thickness t. The object of this is to give better control of 
the jet of outflowing steam. The plate type of blade is simple to 
manufacture, and because of the comparatively light section the 
centrifugal force on the blade and hence the stresses imposed on the 
rotor due to edge loading are relatively light. A further result of 
this is that the attachment of the blade to the rotor is considerably 
simplified. On the other hand, the channel area provided in the 
blade for the flow of steam rapidly increases from inlet to the 
centre, and then rapidly diminishes from the centre to the outlet 
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(see Fig. 72 (a)), with the result that the steam breaks away from the 
blade surface and an eddy space is formed on the convex side of the 
blade. 

The eddy space could be more or less entirely avoided if the sec¬ 
tion of the blade were extended so as to occupy the eddy space 
This IS done in the profile blade, as shown in Fig. 73 A s 3 mimetrical 
equiangular blade is shown in Fig 73 (a). By making the centres 
of curvature of the convex and concave sides of adjacent blades 
coincide, the channel width is kept constant Fig 73 (6) shows an 
equiangular blade with a straight outlet edge to give a “controlled'’ 
jet It is necessary to give the blade a certain thickness t at the 
inlet and outlet edges so that it will have the necessary strength and 
rigidity to withstand the strains incidental to machining The im¬ 
pact of the high-velocity 
jet of steam on the mlet 
edge, however, causes a 
disturbance in the flow 
This may be almost en¬ 
tirely ehminated by using 
the blade section shown 
in Fig. 74 This, agam, 

IS a blade having equal 
inlet and outlet angles 
The angle made by the 
flat leadmg edge on the 
inlet Side is taken to be 
the inlet angle /S^, but the 
tangent to the concave 
arc makes an angle /Si -|- y 
with the wheel plane, tp 
bemg a small angle of the 
order 2 to 4 degrees As the leading and trailing surfaces thus 
diverge rather rapidly, a smaller thickness ^i may be used at the 
inlet edge In fact, the inlet edge may be made almost knife-edged 
The thickness 4 of the outlet edge would be about 0-02 to 0-03 in., 
accordmg to the size of the blade and the blade angle. The 
resulting blade, though nominally equiangular, is unsymmetrical 
In the equiangular blades shown, excepting Fig 74, it will be 
clear that 

6 = AB 4- BC = 2R cos (Sj 



from which 


R & 

2 cos /Si 


In the maj'ority of impulse blades the outlet angle is smaller tham 
the inlet angle. Such a blade is shown in Fig. 75 Assuming that 
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the concave side of the blade is a circular arc extending from A 
to D, then the width 

b = R(cos + cos ySg) 

■ cos + cos ^§2 

In setting out the blade profile it is preferable to calculate the exact 



Fig. 75. —Profile Blade with Unequal Angles 


position of the point D and, having calculated the radius R, to 
locate the centre O— 

X — BC = R{sin — sin /Jg) 

The centre of curvature 0i of the convex part of the profile may 
be found by drawing EF perpendicular to KF and producing 
it to intersect the bisector of the angle HGK in Oi- The profile 
may be modified, as shown by the dotted lines, by extending the 
outlet edge. 

67 . Choice of Blade Angles. It is essential that the steam should 
flow into the blade with the minimum of loss. Consequently, the 
flat edge HJ, Fig. 75, should make an angle' /Sj with the plane of the 
wheel, where is the relative direction of steam flow into the blade 
as given by the velocity diagram. The diagram is usually based on 
the steam conditions either at full load or at the economical load 
in the case of large central station turbines. Under fractional load 
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conditions the heat drop per stage will be smaller than under full 
load conditions, the greatest reduction in stage adiabatic heat drop 
occurring in the last one or two stages Consequently, the jet 
velocity AB' at partial load. Fig 76, will be smaller than the 
value AB at fuU load, and the inlet angle will be larger than 
It is obviously impossible to legislate for all conditions of load, 
but when a turbine is likely to operate for considerable periods at 
partial loads the blade inlet angle may be made greater than the 
diagram angle by the following amounts— 

In the last stage . . . 5—10 degrees 

In the penultimate stage . 4-5 „ 

In the other stages . .2-3 

The outlet angle must be found from a consideration of the area 
required at outlet for the flow of steam. 



Let Wg == specific volume of steam at outlet from blade. 

4 = radial length of blade on the outlet side, mches 

i>m. — mean circumferential pitch of blades, inches. 

n = number of blades through which steam is flowing. 
With full admission this is obviously equal to 

^ • P With partial admission and a nozzle arc X, 

Pm 


X 



t = thickness of blade outlet edge, inches 


Then the mean effective width of the blade channel at outlet (Figs 
72, 73, 74, and 75) is 

i=Pm 

Total area through active blades 

= » • kiPm . sin — t) sq. in. 
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* . , I44w .w, 

Area required = —- sq. in. 

'-’2 


Equating these, we have 


sin jffa = 


1 ( 144 . w . V. 
^ \ . 4 . Ug 



( 76 ) 


If the calculated angle should not prove suitable, e.g. if it cannot 
be accommodated by available or standard blade sections, then it 
is preferable to use a blade section with a somewhat smaller angle 
than one with a slightly larger angle, because the slight restriction 
in area will bring about a small amount of reaction in the blade 




(a) (b) 

Fig. 77 


which is normally beneficial from the point of view of blade 
performance. 

The blade height 4 is, to some extent, an arbitrary dimension. 
It will be clear from eq. (76) above that if 4 be increased the angle 
jSg may be reduced, thus giving an increased velocity of whirl and a 
sfight apparent gain in efficiency. In a blade of constant height, 
such cLS that shown in Fig. 77 (a), the height 4 must be selected with 
due regard to the conditions at inlet. It is necessary to make the 
radial height of the blade at inlet slightly greater than that of the; 
nozzles in order to prevent the steam jets striking the .'hroudin:,^ 
strip or the blade root. Quite a small allowance should be sufficient 
for this. If a large allowance is made then a certain amount of steam 
is drawn into the blade channels by frictional entrainment from the 
space between the blade and the diaphragm, and this involves a 
certain amount of loss which may be avoided by the more expensive 
construction shown in Fig. 77 (&). 

68 . Experiments on Impulse Turbine Blades. Most of the experi¬ 
ments on impulse turbine blades have been made with the object of 
finding the ratio A = Ug/Uj, i.e. the ratio of the relative velocity at 
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outlet to that at inlet to the blade. Furthermore, most of the 
experiments have been made on a small group of stationary blades, 
termed a "packet,” a nozzle or nozzles bemg used havmg an outlet 
angle equal to the blade inlet angle. The force on the blade packet 
is measured, and from the known inlet velocity, steam flow, and 
blade angles the value of k can be calculated Such experiments 
are open to certam criticisms The number of blades is small and 
some of the blade channels may be only partially filled with steam. 
Moreover, it is unlikely that steam will behave in the same manner 
in rapidly moving blades as it does in stationary blades. 

Rateau (3) carried out a number of experiments on stationary 
blades of the type shown m Fig 72 (a). The inlet arglc was 31“ and 
the outlet angle 25°, and the pitch was one-halt che width of the 
blades m all cases The general results of Rateau’s experiments 
indicate that k decreases with wider blades, the value varying from 
0’65 with blades 26 mm. (1 in.) wide to 0‘83 with blades 12 mm 
(J in.) wide. The effect of varymg the relative velocity was small, 
but the experiments showed that k mcreased as the steam velocity 
was mcreased. N. Briling (4) carried out extensive experiments on 
blades of the type shown in Fig. 72 (6) Contrary to the results of 
Rateau’s experiments, Brilmg found that the blade loss is greater 
with narrow blades than with wide blades. This is, perhaps, to be 
expected smee, although the steam path is longer with a wider 
blade and the pure friction losses therefore greater, the shock losses 
arising from the sudden deflection of the high-velocity steam jet 
are likely to be less. Bnhng made experiments on the effect of 
var 3 dng the blade pitch and found that the best pitch was given by 
the expression 


With equiangular blades, it follows that since 

No such results are available for profile blades, but the draughting 
of such blades shows that a suitable pitch would be from TO to 
1-2 times the pitch given by Brilmg’s formula 

Dr. P. Chnstlein (5) adapted the pendulum type nozzle tester 
shown diagrammatically in Fig 49 The blades under test were 
attached to the pendulum, steam flowing into the blades from a fixed 
nozzle. For steam velocities ranging from 600 to 1,400 ft. per sec. 


k = 0-676 -h 


Ui 

10,500 


Dr Ing. H. Faltin (6) carried out experiments on a smgle-stage 
experimental turbine having a mean blade ring diameter of 50 in., 
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and blades 2-756 in. in height. Faltin found that the value of- k 
depends on the amount of reaction in the wheel. For pure impulse 
working, the value of k first diminishes with increasing velocity 
until the velocity reaches 1,400 ft. per sec., after which A increases 
again. These results suggest that k would reach high values at low 
velocities. The following values of k have been interpolated from 
Faltin’s published curves for pure impulse conditions. 


Steam Velocity ^ k 
(Ua) 

650 0-913 

700 0-894 

800 0-858 

900 0-825 

1,000 0-798 

1,100 0-777 

1,200 0-760 


Steam Velocity 
(XJi) 

k 

1,300 

0-747 

1,400 

0-742 

1,500 

0-743 

1,600 

0-752 

1,700 

0*765 

1,800 

0-783 

1,900 

0-806 


Published information on the subject of impulse blade perform¬ 
ance is very meagre and incomplete. Practical testing consists in 
finding the blade profile which, when tested in a multi-stage experi¬ 
mental turbine in conjunction with efficient nozzles covering, pre¬ 
ferably, the fuE circumference, wiU yield the highest value of the 
stage efficiency. The corresponding value of k could then be obtained 
approximately by working backwards and assuming reasonable 
values of the nozzle efficiency and carry-over factor. 

69 . Velocity-compounded Impulse Turbine. This has already been 
briefly described in Chapter I. Fig. 78 shows the details of a wheel 
carrying three rows of moving blades and commonly termed a 
"three-row wheel.” {a) is a longitudinal section, and Ip) is a part 
development through the line cc. A is the nozzle, B representing 
one of the vanes. C is the rim of the wheel, which is grooved to 
carry the three rows of moving blades Mj, M^, and M 3 . There are 
two rows of fiixed blades—^F^, Fg—^which may be attached to the 
inside of the cylinder or to a segmental casting or forging D. The 
passage of the steam through the fixed and moving blades takes 
place at constant pressure, but, as the velocity diagram will show, 
the velocity of the steam is steadily reduced as the steam passes 
forward through the blades. Moreover, the losses which take place 
in the blade channels cause the steam to be reheated, and hence its 
specific volume increases. The increased volume and reduced 
velocity (the latter influence predominating) call for a considerable 
increase in the area required for flow. This is partly provided by 
the successive increase in blade length, but the incre^c in area due 
to this expedient is quite insufficient, and it becomes necessary to 
use blades having greater outlet angles. The inlet angles are, of 
course, automatically increased by the nature of the velocity 
diagram. 
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70 . Velocity Diagram for Typical Velocity-compounded Wheel. 
Fig. 79 shows the velocity diagram for a three-row wheel in what, 
in the author’s opinion, is the most convenient, most easily under¬ 
stood and most useful form. The method employed in drawing the 
diagram is merely an extension of the method used for a single-row 
wheel. In the first row, for instance— 



;^Vi = absolute velocity of steam entering blades. 
lUi = relative velocity of steam entering blades. 
jUg = relative velocity of steam leaving blades. 
jVg = absolute velocity of steam leaving blades. 

OCB = blade inlet angle. 

PCD = blade outlet angle. 

Thus iVg is the velocity with which the steam enters the first row 
of fixed blades, and the angle PAD is the inlet angle of the fixed 
blades if the steam is to enter them with the minimum shock loss. 

In the velocity diagram for the second row of blades, gVi is the 
absolute velocity of the steam issuing from the first row of fixed 
guide blades. Owing to friction in those blades, gVi is less than 
1 Vg and we may write 

where k represents the blade velocity coefficient. The remainder of 
the diagrams will be sufficiently dear without further explanation. 
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The velocities of whirl in the three rows are, respectively, V„i, 
V^, and V^g. If w is the mass of steam passing through the blades 
per second, then 

Ul} 

Work done per second m first row = — 


UD 

Work done per second m second row = — . 

S 

%S} 

Work done per second in third row = —. 

S 

UDi/L 

Total work done per second = —(V«,i + + V^g) 




wu 


Total power developed = SV„ r h p. 

ooUg 

Initial kinetic energy per second = 

Blade efficiency 

2u „ 

^6 T/ 2 w 

1^1 

If IS the nozzle efficiency, then the gross stage efficiency 


Vb 


Vr, 




SV„ 


(79) 

(80) 


(81) 

(82) 


71 . Most Economical Ratio of Blade Speed to Steam Speed for a 
Two-row Wheel. As in the case of the smgle-row impidse wheel, 
there is a certam ratio of blade speed to steam speed which results 
in the greatest blade efficiency. This ratio will now be determmed 
analytically, the following assumptions being made— 

( 1 ) That the blades in each row are equiangular 

( 2 ) That the veloaty coefficient k is the same for each row of 
blades, 1 e. the friction loss in the blades, fixed as weU as moving, 
IS directly proportional to the square of the velocity relative to the 
blade. 

The velocity diagrams are shown m Fig 80. Let iVi be the 
absolute velocity of the steam entermg the first row of blades, and 
let it be assumed that for each vahie of u the blade inlet angles are 
adjusted to secure shockless inflow of the steam. Then the following 
relations may be written down— 

AL = iVi cos a CL = cos a — u 

CM = k (iVi cos OL—u) 

AM = k (iVi cos a — ?■*) — u. 



144 STEAM TURBINE THEORY AND PRACTICE 
= LA + AM 

= iVj cos a + cos a — ku — u 

Since EF = k . AD, and angle NEF = angle MAD 
EN = cos a. — u) — ku 

GN = cos CL — u) — ku — u 

GO = cos a. — u) — k^u — ku 



V^., = NG + GO 


where 

and 


k^ . cos a + A® . jVi. cos a — k^u — — 2ku — u 

V„,i + V„,2 = Ki. iVi cos a — KgW 
Kj= 1 -f- k -f- k^ k^ \ 

Ka = 2 + 3^ + 2^2 4. kzj 

2u 


Blade efficiency = -^zr-^ (K^ . iV^ cos a — Kaif) 

Writing p = i.e. u — p . iVi 

1^1 

then r]b — 2(Ki. p cos a — Kg . p®) . 


For maximum efficiency, = O 


i.e. 


2Ki. cos a — 4K2popt, = O 


Popt. 


_ K], c os g 

TTT- • 


K 


(83) 


(84) 


or 


(85) 
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Note that when the flow is fnctionless. k = 1, = 4, and Kg 

COS oc 

= 8 Hence the optimum value of p is —ie ]ust one-half 
the value for a single-row wheel. 

Returning to the general case and substituting the optimum value 
of p in eq. (84), we have— 

r}^ (max.) = ^ ( 86 ) 

and rjg, (max.) Vn (87) 

Data relative to the values of p, rj^ (max), etc., are compiled in 
Table IV for impulse wheels with one and two rows of movmg 
blades 


TABLE IV 

Comparative Efficiencies of Single-row and 
Two-row Impulse Wheels 


Assumptions (1) a = 16°, (2) Blades in each row equiangular, (3) = 0 9, 

(4) /e = 0 86 

Hence Ki = 3 236 , K, = 6 695 


Rows of Moving Blades 

1 

2 

Optimum value of p 

cos a 

cos a 

2 

4 14 

Optimum value of p 

0 480 

0 232 

(max) 

0 930 cos^a 

0 782 cos’^a 

r]j, (max ) 

0 859 

0 723 

Gross stage efficiency 

0 773 

0 651 

Steam velocity when ic — 600 ft per sec 

1,250 

2,585 

^^BThU per lb 
~gj 

31 2 

133 3 

Stage adiabatic heat drop (carry-over neglected) 

34 7 

148-1 

Relative number of stages 

4 27 

1 


The Optimum value of p for a three-row velocity-compounded 
wheel may be shown to be approximately equal to *^2^ and the 


maximum gross stage efficiency to be about 55 per cent With 
four rows of moving blades the optimum blade speed ratio is about 
0-12 and the maximum stage efficiency about 49 per cent 

72 . Blade He^hts in Velocity-compoimded Wheels. Consider the 
flow of w lb. of steam per second through the nozzles and bladmg 
of a velocity-compounded turbme or stage, and assume, for example, 
that there are two rows of moving blades. Let Z„, Ij, and 4 
represent the radial heights at the outlet side of the nozzle, first 
row, fixed row, and second row respectively (Fig. 81). It may be 
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assumed, with little error, that the specific volume v is constant 
throughout the blade system. Actually, owing to friction losses in 
the blade channels, the steam will be reheated and v will be slightly 
increased; but the change in volume is not large. 

Suppose that X is the effective length of arc over which steam is 
flowing. The nozzle angle is a. Then by the equation of continuity 

• wv = iVi . X - In - sin a 

Let j&i = mean circumferential pitch of blades in first row. 
pf = mean circumferential pitch of blades in fixed row. 
p^ — mean circumferential pitch of blades in second row. 



It is reasonable to assume that the arc covered by the steam as 
it passes through the blade system remains sensibly constant. 
Then the number of blade channels through which steam is flowing 


in the first moving row is and the total area through the blade 


channels at outlet is 


Pi 


•4(Asini/5a- ^i) 


where 4 is the thickness of the outlet edge of the blades in the first 
row. 

Then wv — IjXpx sin ij8a — . . (88) 

Thus the angle may be calculated for any given value of l-i or, 
alternatively, may be calculated for any assumed value of 
The latter is, perhaps, the more fundamental process. For instance. 
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ijSa may be made equal to the inlet angle Fig. 82, or may 
be made a few degrees smaller than as is often done in practice. 
In a similar manner, it may be shown that 

X 

= IfiPf . ( 88 a) 

where Og is the outlet angle of the fixed guide blades and tf is the 
thickness of the outlet edge of the same 

X 

Also uw = jUa - . 4(^2 • sin - 4 ) . . ( 886 ) 

P2 



In practice the height ratio, i e the ratio of the blade height in the 
last moving row to the nozzle height, has the following values— 

Two-row wheels . 1-8 to 2*5 

Three-row wheels . 2 5 to 3-5 

Example 9. The nozzles in a two-row velocity-compounded 
impulse stage are fin in height and extend over an arc of 30in 
The effective angle at outlet is 16° and the specific volume of the 
steam is 10-0 cub. ft. per lb The mean diameter of the blades is 
28 in and the rotational speed 3,000 r p m The steam velocity at 
outlet from the nozzles is 1,830 ft. per sec 

The height of the second row of moving blades is 2-5 times the 
radial height of the nozzle, 1 e. If m., and the blade heights increase 
in arithmetical progression. 

Calculate the blade inlet and outlet angles, assuming that the 
blades have an axial width of 1 in., that the thickness of the outlet 
edge is 0-02 in., and that the blade velocity coefficient k = 0-86 
The mean circumferential pitch of the blades may be calculated 
by means of Bnling's formula 

~ 2 sin 2 / 8 i 
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The velocity diagram is shown in Fig. 83. 


1,481; 1,273; A = 20= 
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CD (Fig 83) is drawn at an angle of 16° 52' to represent 1,273 ft. 
per sec , giving as 927 ft per sec , and the theoretical inlet angle 
of the guide blades as 23° 28' 


Fixed Row 




1-0 

2 sin 46° 56' 


0-684 


From eq {88a) 


sin aa 


31-5 X 12 0-02 

1-5 X 798 ^ 0-684 


= 0-345 


from which ag = 20° 11 ' This is the outlet angle of the fixed blades. 
EF IS drawn at 20° 11' to the straight Ime EG and to represent the 
velocity 798 ft per sec 

Second Moving Row FG is joined, giving = 470 


aU2 = 404, a8i = 35° 46' 




1 0 

2 Sin 71° 32' 


= 0-528 


From eq ( 886 ) 


suig/Ja = 


31-5 X 12 0-02 

1-875 X 404 0 528 


= 0-538 


from which = 32° 33' 


The blade sections are shown in Fig 84 The actual blade inlet 
angles have been made somewhat larger than the inlet angles given 
by the velocity diagrams The circumferential pitch is, of course, 
an arbitrary dimension and could have been based on the actual 
blade inlet angle The effect of using asymmetrical blades may be 
gauged by the stage efficiency, assuming a nozzle 

efficiency of 90 per cent 




V 2 
iVl 


.SV«, 


= (2 X 0-9 X 367 X 3332) 18302 

— 65-75 per cent. 


With equiangular blades and other things equal the stage efficiency 
IS 64 per cent. 

73 . Advantages and Disadvantages of Velocity-compounding. 
The velocity-compounding principle leads to relatively large heat 
drops per stage and, therefore, to a comparatively small number of 
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stages. This is clearly shown by the data set out in Table I\', 
page 145. Thus the first cost of a velocity-compounded turbine is 
likely to be low. Against this advantage must be set the serious 
disadvantage of a low efficiency ratio and therefore a high steam 
consumption. For many years the vertical-spindle Curtis turbine 
having four two-row wheels was a lavourite type of steam tiirbine 



in electricity generating stations, but it was gradually superseded 
by the more efficient turbine with single-row wheels. Approximate 
values of the stage efficiency of turbines having one, two, and three 
rows of moving blades are shown in Fig. 85. 

There is, however, still one important application of velocity¬ 
compounding, namely, in the first stage of impulse or reaction 
turbines. The large heat drop which can be adopted with the two- 
row wheel enables a large drop in pressure to take place in the 
nozzles of the first stage. Comparative data are set out in Table V. 

It will be seen that when a single-row wheel is used the gauge 
pressure in the turbine cylinder is 188-3 lb. per sq. in., whereas with 
a two-row wheel this is only 58-8 lb. per sq. in. An equally impor¬ 
tant point is the steam temperature. With a single-row wheel, the 
steam temperature is 548° F., and this would be approximately 
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the temperature reached by the metal of the cylinder in that stage 
Ordinary cast iron may not be employed for temperatures in excess 
of 450° F owmg to the phenomenon of “growth,” and here a 
cast-steel cylinder would have to be used By employing a two-row 



wheel, however, the steam temperature is sufficieritly low to allow 
of cast iron being used, provided the steam chest is constructed of 
steel to withstand the high temperature 

The efficiency ratio of the whole turbme would be reduced^from 
about 77 per cent to about 73 per cent by the use of the two-row 
wheel, and this must be set off against the advantages mentioned 
above. 
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TABLE V 

Comparison of Conditions in the First-stage Wheel Chamber 
OF AN Impulse Turbine with One-row and Two-row Wheels 


Basic Data— 


Initial Steam Pressure 
,, ,, Temperature 

Blade Velocity . . . . 

Nozzle Angle . . . . 

Nozzle Efficiency . . . . 

Stage Efficiencies : Single-row wheels 
Two-row ,, 


250 lb. per sq. in. abs. 
iiOO^ F. 

550 ft. per sec. 

16 deg. 

90 per cent 
77 per cent 
65 per cent 


Rows of Blades 

1 

1 

2 

popt. ......... 

0-480 

0-232 

Vi . 

1146 

2370 

Cr•■rr-n.-j-rl*'’heat drop, B.Th.U./lb. 

26-2 

111-9 

drop, B.Th.U./lb. .... 

29-16 

124-4 

Pressure at nozzle outlet...... 

1 203-0 

73-5 

Gauge pressure m cylinder ... 

188-3 

58-8 

Heat equivalent of work done in stage 

1 22-4 

80-9 

Value of I of steam in wheel chamber 

1297-6 

1 1239-1 

Corresponding steam temperature, ° F. 

548 

1 410 

Drop of pressure in stage ..... 

47 

1 176-5 

Drop of temperature m stage, ° F. . 

52 

190 
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EXAMPLES VII 

1. Steam issues from the nozzles of a de Laval turbine with a velocity 
of 3,500 ft, per sec. The nozzle angle is 20”, the mean blade velocity is 
1,200 ft. per sec., and the inlet and outlet angles of the blades are equal. 
The mass of steam flowing through the turbine per hour is 1,800 lb. Calculate— 
{a) The blade angles. 

(6) The relative velocity of the steam entering the blades. 

(c) The tangential force on the blades. 

{d) The horse-power developed. 

{e) The blade efficiency. 

Assume that k = 0*8- 
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2 The mean diameter of the blades of an impulse turbine with a single- 
row wheel is 42 in, and the speed 3,000 rp m The nozzle angle is 18°, 
the ratio of blade speed to steam speed is 0 42, and the ratio of the relative 
velocity at outlet from the blades to that at inlet is 0 84 The outlet angle of 
the blade is to be made 3° less than the inlet angle The steam flow is 16 lb 
per sec 

Draw the velocity diagram for the blades and derive the follovring— 

{a) Resultant thrust on blades 
(&) Tangential thrust on blades 
(c) Axial thrust on blades 
{d) Horse power developed in blades 
\e) Blading efficiency 

3, In a stage of an impulse turbine prov3ded with a single-row wheel, the 
mean diameter of the blade ring is 32 in and the speed of rotation is 
3,000 r p m The steam issues from the nozzles with a velocity of 900 ft per 
sec , and the nozzle angle is 20° The rotor blades are equiangular and, due 
to friction in the blade channels, the relative velocity of the steam at outlet 
from the blades is 0 86 times the relative velocity of the steam entering the 
blades 

What IS the power developed in the blading when the axial thrust on the 
blades is 26 9 lb ^ 

4 Steam flows from the nozzles of a single-row impulse turbine wuth a 
velocity of 1,300 ft per sec , the nozzle angle being 16° The final absolute 
velocity at outlet from the blades is 308 ft per sec in a direction 98° 12' 
with the direction of motion of the blades If the blades are equiangular, 
calculate the blade horse-power when the mass flow of steam through the 
blading is 16 1 lb per sec , and also calculate the friction loss per lb of steam 
in the blade channels 

5. Show that in a single-stage impulse turbine with -blades, 

provided A, the ratio of the relative velocity at outlet from tne moving blades 
to the relative velocity at inlet, is constant, the most efficient ratio of blade 
velocity to steam jet velocity is independent of the value of k 

Hence derive the optimum ratio of blade speed to steam speed and the 
corresponding blade inlet angle when the nozzle angle is 14° What is the 
maximum blade efficiency in this case when A = 0 9 ^ Assume that the inlet 
and outlet angles of the blade are equal 

6 The following particulars relate to a single stage of an impulse turbine— 

Steam velocity at nozzle mouth . 1,000 ft per sec. 

Nozzle angle . , 18° 

Mean blade velocity . . . 480 ft per sec 

Draw to a suitable scale the diagram of relative velocities for the steam, 
assuming that the outlet angle of the blades is 3° less than the inlet angle, 
and that the relative velocity of the steam at outlet from the blades is 0 84 
times the relative velocity of the steam entering the blades 

If the power to be developed m that stage only is to be 1,000 kW, calculate 
the weight of steam which must pass through the turbine per second Neglect 
disc friction and leakage losses 

7. Deduce a general expression for the blade efficiency of a stage of an 
impulse turbine with single-row wheels, assuming equiangular blades, a nozzle 
angle a, and that A is the ratio of the relative velocity at outlet from the 
moving blades to the relative velocity at inlet What is the maximum 
efficiency if a = 20°, and A = 0 83 ^ 

If the blade efficiency is to be 90 per cent of the maximum value, what are 
the possible ratios of blade speed to steam speed Draw the velocity diagrams 
for each case and state the blade angles 
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8. The nozzles in a stage of an impulse turbine arc of the convergent type 
and are formed by “ casting-in vanes of uniform thickness. The radial 
height of the nozzles is 6 in., the mean diameter 46 in., the nozzle angle 

the vane thickness 0-116 in., and the number of nozzles in the complete ring 
is 72. Given that the specific volume of the steam at the nozzle outlet is 
246 cub. ft. per lb., and that the velocity of the steam at the nozzle outlet is 
1,200 ft. per sec., calculate the weight of .steam ilowing through the nozzles 
per second. 

Calculate the power r’— ^ the blades of the given stage, assuming 
that there is a single ■'■..< ^ . blades having ecpial inlet and outlet 

angles, that the ratio ot the relative outlet velocity to the relative inlet 
velocity is 0-86, and that the rotor turns at 3,000 r.p.m. 

9. The adiabatic heat drop in a given stage of a multi-stage impulse turbine 
is 9-5 B.Th.U, per lb. of steam. The nozzle outlet angle is 16"’, and the 
efficiency of the nozzle, defined as the ratio of the actual gain of kinetic 
energy in the nozzle to the adiabatic heat drop, is 92 per cent. The mean 
diameter of the blades is 58 in. and the revolutions per minute 1,500, Given 
that the “carry-over” factor (j> is 0-88, that the blades are equiangular, and 
that the blade velocity cbefficienl is 0-87, calculate the steam velocity at 
outlet from the nozzles, the blade angles, and the gross stage eilicicncy. 


10. The ■"■'"'ticulars relate to a single-stage impulse turbine with 


a single ro”- v - 

Nozzle angle . . . . . . . .18° 

Steam velocity at nozzle outlet .... 800 ft. per sec. 

k .0-85 

Steam flow ........ 50 lb. per sec. 

Horse-power developed in blades . . . .754 


What are the possible values of the mean blade velocity, assuming that the 
blade outlet angle is equal to the angle made by the steam at inlet to the 
blades ? 

If the nozzle efficiency is 92 per cent and the “carry-over” coefficient <j> is 
0-9, calculate the gross stage efficiency of a multi-stage turbine operating 
under the same conditions with the higher blade velocity. 


11. The following pr,rtirr.hu- relate to a two-row velocity-compounded 
impulse wheel which to*. j- j first stage of a combination turbine— 


Steam velocity at nozzle outlet . 

Mean blade velocity 

Nozzle outlet angle .... 

Outlet angle, first row of moving blades 

Outlet angle, fixed guide blades 

Outlet angle, second row of moving blades 

Steam flow, per second 


1,900 ft. per sec. 
380 ft, per sec. 
16° 

18° 

22 ° 

36° 

5-3 lb. 


The ratio of the relative velocity at outlet to that at inlet is 0-84 for all 
blades. 

Determine for each row of moving blades the following— 


(a) The velocity of whirl. 

[h) The tangential thrust on the blades, 
(c) The axial thrust on the blades. 

\d) The power developed. 


What is the efficiency of the wheel as a whole ? 


12, A velocity-compounded impulse wheel has two rows of moving blades 
with a mean diameter of 28 in. The speed of rotation is 3,000 r.p.m., the 
nozzle angle is 16°, and the estimated steam velocity at the nozzle outlet is 
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The mass of steam passing through the blades per second 


1,820 ft per sec. 

IS n 21b 

Assuming that the energy loss m each row of blades (moving- and fixed'i 
IS 24 per cent of the kinetic energy of the steam entering the blades and 
referred to as the relative velocity, and that the outlet an|les of the blades 
are (1) first row of movmg blades 18°, (2) intermediate guide blades 22° 

lid d'enveTe ^^SZgL^ ^®'°“ties 


[a) Blade inlet angles 

{h) Power developed m each row of blades 

[c] Efficiency of the wheel as a whole 



CHAPTER VIII 


THE FLOW OF STEAM THROUGH IMPULSE-REACTION 

TURBINE BLADES 


74 . The Meaxiing of Impulse-reaction. In Art. 67 of the preceding 
chapter it was shown that for a pure impulse turbine the outlet 
angle of the moving blades in any given stage must be such that 



'\A4w . Wg 
. 4 • Ug ^ 


Although this expression was applied to the pure impulse turbine 
there is nothing in its derivation which restricts its application to 
that type. It is, in fact, the equation of continuity in another 
form and must be satisfied under all conditions. In the pure impulse 
turbine, Ug has a somewhat special value; it is the relative outlet 
velocity when the steam pressures at inlet to, and outlet from, the 
blade are identical. 

Suppose that the blade outlet angle is actually made smaller than 
the angle given by the above relation, the blade height remaining 
unaltered at 4- Assuming that p^, w, n, and t remain the same, 
then if jSg be reduced the values of and Ug must be varied in such 
a way that the equation is satisfied. Neglecting, for the moment, 
any change in steam pressure and, therefore, in v^, a reduction of 
iSg is only possible by increasing Ug, and the latter can only be 
brought about by a drop in steam pressure taking place in the blade 
channel between inlet and outlet, because with pure impulse the 
value of Ug is limited to A . Ui. Such a fall in steam pressure must 
be accompanied by an increase in the specific volume Wg, this demand¬ 
ing a further increase in Ug. The latter, in turn, brings about a 
still further increase in specific volume, and so on. Actually, -when 
the steam pressure is reduced, Ug increases at a much greater rate 
than ®g and an equilibrium point is reached at which the equation 
of continuity is satisfied. 

Consider the velocity diagram shown in Fig. 86 . Let AB = V, 
be the jet velocity at outlet from the fixed blades or nozzles, and 
AC = u the blade velocity. Then CB = Ui is the relative velocity 
at inlet to the blades. The angle jSg is made appreciably less than 
With pure impulse working, the relative velocity of the steam 
at outlet from the blades Ayould be CD = k. Uj. In this case, the 
final absolute velocity would be AD and the change of velocity 
suffered by the steam would be BD, This would give rise to the 


force dh, which equals — . DB and is parallel to DB. This force is 
the "impulse" on the blades. 


156 
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The steam velocity is increased from CD to CE by expansion 

This gives rise to a reaction ed, which equals — . ED. Combining 

the impulse db and the reaction ed, we obtain the resultant force eh 
w ^ 

which equals — EB This agrees with the velocity diagram, since 

actual blade the final absolute velocity is AE and the change 



Fig 86 


the principle of the impulse-reaction turbine, commonly termed a 
reaction turbine. 

75- Degree of Reaction. Consider a number of stages of an 
impulse-reaction turbine, and let the mean diameter of all the 
stages be the same, as shown in Fig 87 Assume, moreover, that 
the sections of the blades m each row of stationary blades are 
identical, and that those in each row of blades are also identical, 
but not necessarily the same as those of the fixed blades Further¬ 
more, assume that the velocity ratios m each row are the same. 
Then, since the blade velocity is uniform, the absolute velocities 
Vi and Va and the relative velocities Uj and Ua will be the same for 
each "pair” of blades comprising one fixed row and one moving 
row of blades 

Since the steam is undergoing expansion in each row of blades 
its specific volume is gradually mcreasing, and smce there is a con¬ 
stant rate of steam flow through the bladmg, the blade heights 
must be increased progressively, as shown in Fig. 87, in order to 
satisfy the above conditions 
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In each row of fixed blades except the first the steam enters with 
a kinetic energy equal to 

g B.Th.U. per lb. 

Owing to losses at inlet, the available energy will be reduced to 



Fig. 87 

where ^ is a “carry-over” coefficient. The gain of kinetic energy 
in the fixed blades is then 

2gJ 

and if is the efficiency of the blades when considered as nozzles, 
i.e. the expansion efficiency, then the adiabatic heat drop in each 
row of fixed blades (or nozzles) will be— 

= ~ 2 g J 77 B.Th.U. per lb. . . (89) 

But _ 2« . Ua . cos 

= Ua®(l + Pz — 2/3a • cos 


• (89) 


where 


u 

P^ — TT 


= {Vi® — ^Ua®(l - 1 - pa“ — 2pa • cos j8a)} -r- 2g . J . . (89«) 
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Without any reaction the velocity CD would be kU^. where k 
represents the velocity factor, or we may write for the available 
energy 

2gJ 

where 4> has the same meaning as above. If is ag ain the efficiency 
of the blades as nozzles (assumed for the sake of simplicity to be 
the same for fixed and moving blades) the required adiabatic hea t 
drop in the moving blades is 

B Th U per lb (90) 

But — 2 mV i cos a 

= Vi 2 (l + — 2p^ cos a) 

where ^ ^ 

ht, = _ ,^Vi2(l + _ 2 p^ cos a)} ^ 2gJ r]„ (90a) 


The degree of reaction R is defined as the ratio of the heat drop 
m the moving blades to the sum of the heat drops in the fixed and 
moving blades 


1 e 


T3_ ^6 

h„ + h 


(91) 


The velocity of whirl V^, = CF + GC 

= Vj cos a — zt -j- Ug cos /Sg 
Therefore the work done per lb. of steam 


u 


— (Vi cos a — « + Uj cos jSa) B Th U 
= ^{VxHPi cos a — px^) + pz ■ ^ 2 ^ cos 


(92) 


The gross stage efficiency is then 
Vss == Wipi • cos . a — Px^) + /OgUa® cos /?a} — g](h„ + h^) (93) 


The actual stage efficiency would be lower than the gross value 
because of leakage of steam through the clearances between the 
fixed blades and the rotor ajid between the moving blades and the 
cylinder 

76 . Impulse-reaction Turbine with Similar Blade Sections and 
Half-degree Reaction (Parsons Turbine). In the well-known 
Parsons turbine the section of the blades is the same m both fixed 
and moving rows of blades. The reason for this is that the blades 
are often made from long-sectioned bars which are extruded through 
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standard dies. The longer blades are sometimes machined from 
forgings and demand special consideration. 

If, as is frequently the case, the blades of a turbine are divided 
into groups or “expansions” containing several rows of blades 
having the same mean diameter and the same radial height, then 
since the specific volume of the steam is increasing as the pressure 
falls, the velocity of the steam also increases, and in addition to the 
variation in the blade speed ratio from row to row, the heat drop 



Fig. 88 


in each row of blades is somewhat greater than that in the row 
preceding it, and thus the degree of reaction is rather more than 
one-half. 

If, however, we assume that the mean diameter of the blades is 
kept constant, and that the height of the blades i-s so increased 
that the steam velocity at exit from each row of blades is uniform 
throughout the group, then the velocity triangles ABC and ACE 
(Fig. 88) will be congruent. 

This case is so important that we shall consider it apart from the 
relations already obtained for the general case. 

With pure impulse, the steam would flow from the moving blades 
with a velocity CD equal to k . U^. As the area at omlct from the 
blade channel is restricted by the section of the running blade 
used, the velocity is increased, by expansion, to the value U 2 = V^. 
Then the kinetic energy supplied in the moving blades is equal to 

2gJ “ 2gJ 

where <f> = A®, and if we let represent the efficiency of the 
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blades when considered as nozzles, the required adiabatic heat drop 
must be 


But 

and writing 
we have 


■ ^.- BThU.perlb, 

2|'J . ^ 

Uj® =: -f- — 2u . Vj cos a 

u 


Ui2 = Vi2(l + p2-2/j COS a) 

Heat drop m each row of moving blades 
Vi^ 


lit, 


■{1 — 9^(1 + — 2p . cos a)} 


(94) 


^ 2g J . 

In each row of fixed blades except the first, the steam enters the 
blades with a velocity V 2 (= Uj) and leaves with a velocity Vj. 
If ^ represents the fraction of the mcoming energy which is 
rendered available, then the kmetic energy to be supplied by 
expansion is 

Ui^ 

2 gJ 

and the adiabatic heat drop in the nozzles would be 

Vi^-<^-Ui^ 

Ss'.J J7« 

.* — hn, and R = 0-5 

The total adiabatic heat drop in a “pair” of blades is clearly 


K 


K + ^6 = - <^(1 + p®- 2p cos «)} 

6 J Hn 

The work done per lb of steam is 

(V, cos a + Vi cos a- «) 

gl gV 

= (2p cos a — p®) B Th U 

O J 

Gross stage efficiency 

_ i7n(2p . cos g— p^) 

- 1 _ + p2 - 2p . cos a) 


(95) 


(96) 


(97) 


The gross stage efficiency is shown in Fig 89 for the following 
data— 

a = 20“; <j> = 0-86* = 0-74, and = 0*90 
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The curve for the single-row impulse turbine and for the same basic 
data is also shown in the same figure for comparison. 

The gross stage efficiency is a maximum when 

p = cos a = 0*94* 



0 0-Z 


0-4 0-6 

Values 




l-Z 14 


Fig. 89 


reduced to about 0-75 for a reduction of only 1 per cent in the 
efficiency. Substituting p = cos « in eq. (97), we have 


7]^^ (max.) 


rin • cos ^OC 
1 — <j>{l — cos ^a) 


• ( 98 ) 


Example 10. The following particulars refer to a group of blading 
in a Parsons turbine— 


Mean diameter of blades . . . . . 27 in. 

R.p.m.. ' . . . 3,000 

Number of rows of fixed blades ... 4 


The author is indebted to Mr. G, G, Elliott, lecturer "’n Kr 

ing in the University of Cape Town, who has pointed c - j t ic- ? L’lct 

eq. (97) may be rewritten 


4 . 6 

2pcosoc— pS ^ ^ 

This is clearly a maximum when 2p cos a — p® is a maximum, whatever the 
values of and </>, i.e. when p == cos a. 
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Number of rows of moving blades ... 4 

Weight of steam passmg through blading per 

second.30 lb. 


,, , Blade Speed 

.... 0.75 

Blade outlet angle . ... 20° 

If the value of ^ is 0 74 and the efficiency of conversion of heat 
energy into kinetic energy in the blade channels,Ls 0-92, calculate— 
{a) Total heat drop in the group, B.Th U per lb of steam. 

(5) Horse-power developed in the group 
(c) Gross stage efficiency 



AT 1.1 j j 27 3000 

Mean blade speed u = —— X 

= 353-5 ft per sec 
353-5 

Steam velocity ^ = 471-2 

The velocity diagram is shown in Fig. 90, the inlet angle of the 
blades being 61°. 

Kinetic energy supplied in the blade channels of each row 


= /i^y 

V223 8/ V 223-8/ 


= 4-434-0-502 
= 3-932 BThU per lb 
Adiabatic heat drop in the group 
3-932 


-8 X 


0-92 

Tangential thrust on movmg blades 

w 


= 34-19 B.Th.U. per lb. of steam 


. V„ 
g 

30 X 532-1 


= 495-7 lb. 


32-2 
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Work done in group (four moving rows) per second 
== 4 X 495-7 X 353-5 
= 700,900 ft .-lb. 

.. H.p. developed = —— = 1275 


Heat equivalent of work done per second 


700,900 

777-8 


901-4 B.Th.U. 


Gross stage efficiency = 


901-4 X 100 
30 X 34-19 


= 87-9 per cent 


77 . Height of Reaction Blading. The height of the blades in a 
reaction turbine must be calculated in somewhat the same manner 
as the height of a nozzle with complete or all-round admission. 

Some allowance must be made for the leakage of steam over the 
blade tips in reaction turbines where ordinary unshrouded blading 
is used. The quantity of steam passing over the blade tips may be 
taken as 


3 



X full steam flow 


where I is the radial height of the blade, 
and c is the radial tip clearance. 

li w — total steam flow per second 

= "working" steam flow per second, i.e, steam flow through 
blades only 


then 



approximately 


Fig. 91 shows the cross-section of a typical reaction turbine blade. 
As may be seen, the profile is made up entirely of curves. The 
tangents to the leading and trailing surfaces at outlet make angles 
a' and respectively, with the wheel plane. Provided the differ¬ 
ence between these angles is not large the arithmetic mean of the 
two angles may be taken as the true outlet angle a of the blade. 
Owing to the fact that the streams on each side of the outlet edge 
of the blade converge on each other, no allowance need be made 
for the thickness of the blade. Hence if be the mean circum¬ 
ferential pitch of the blades and I the radial height, then the area 
of the outlet for each blade will be 


Pm • ^. sin asq. in. 

As already pointed out in. the previous article, if a reaction tur¬ 
bine were designed for a constant ratio of blade speed to steam 
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speed and a constant outlet angle a, the blade lengths would have 
to be increased to accommodate the increasing volume of steam. 
A gradual increase of blade length is not always provided in prac¬ 
tice. The total expansion from the initial pressure to the con¬ 
denser pressure is divided into a certain number of smaller expan¬ 
sions " The total number of these varies from twelve to about 
thirty. In the high-pressure part of the turbine, where the mean 
diameter is comparatively small, such an expansion might consist 
of five to seven pairs of blades, whereas in the low-pressure part 
of the turbine an expansion f""c-'r:r^t^v comprises only one ring of 
fixed blades and one of moving blades. In each of the expansions 
containing more than one pair of blades the radial height of the blade 



Fig 91 —Approximate Section of Reaction Turbine Blade 
(a' = 16°, a"' = 18 4°, Mean Outlet Angle = 17 2°) 

IS made constant. In these cases, one of two possible conditions 
will obtain— 

(1) If the outlet angle be constant (i.e if the area for flow be 
constant), the steam speed must increase as expansion proceeds 
Hence the value of p diminishes from inlet to outlet 

(2) If a constant value of p is desired, then a progressive mcrease 
in area may only be obtained by mcreasing a. In such a case, the 
normal angle of 20® would be reduced m the first half of the expan¬ 
sion and increased in the second half This is rarely done m practice 

Assuming condition (1), i e a uniform blade angle, the necessary 
blade height may be based on the steam conditions at the middle 
of the expansion 

Let Vg = actual specific volume at the middle of the expansion, 
cub. ft per lb. 

D = mean diameter of blade ring, in. 

I = blade height, in 
N = r.p.m. 
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Number of blades per ring = 


ttD 


■ttT) . 

Total area for flow = — Y. .1. sn\ a. 

Pm 

— ttD . Z . sin a sq. in. 
144 . w-iPs 
Vi' 

144 . W-yVg 


^ , 144. WtV 

Total area required =- y ■ 


ttD . Z . sin a = 


Vx 


But 


or 


u ttDN 
T^p 

D2Z = 144 X 720 ^ .Vy p 
TT^ N . sin a 

10,510 w^.v,. p 
N. sin a 


■ (99) 


Generally in any “expansion” the quantities w-^, v„ p, N, and sin a 
are known. Hence D^Z may be found and, when D is known, Z 
may be found. 

If the diameter of the rotor be D, in., then D = D, + Z, and 


D^Z = (D, + 1)^1 


In such a case, when D^Z and D, are known, the value of Z is best 
found by trial and error. 

Example 11 . In a reaction steam turbine of the Parsons type, 
the pressure at the middle of the expansion is 20 lb. per sq. in. abs., 
and the dryness fraction is 91 per cent, = 13 lb. per sec., 
a = 20°, N = 3,000 r.p.m., and p = 0-65. If the diameter of 
the rotor drum is 26 in., calculate the required blade height. 


From the steam tables, — 0-91 x 20-08 


Hence (26 . I 


= 18-273 cub. ft. per lb. 
10,510 X 13 X 18-273 x 0-65 
3000 X 0-342 


= 1581 


By trial and error it is found that Z = 2-01 in. 


78 . Stage Efficiency of Impulse-reaction Turbine with Half-degree 
Reciction. Assuming, as before, that w represents the total steam 
flow through the turbine and the “working steam,” i.e. the steam 
actually flo-wing through the blades, each in lb. per sec., then by 
eq. (96), p. 161— 
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Work done per second 


= (2p cos a — p^) 

Total adiabatic heat drop per second 
= + h^) 

W V.2 

= — 9^(1 4- P® — 2p . cos a)} 


Since the leakage loss is practically the only loss affecting the 
efficiency of a reaction turbine stage --apart from blade friction and 
shock losses which have already been considered and whose effects 
are included in the above expressions—^we may write— 

Stage efficiency 



rin{2p cos g — p^) 

1 — ^(1 -f p® — 2p cos a) 


( 100 ) 


If ordinary unshrouded blades are used then, since 


!fli — 1 ^ 

— _ i__ 


Vs 



r]„(2p cos PC—p^) 

1 — ^(1 -1-p® — 2p cos a) 


( 101 ) 


EXAMPLES VIII 

I The following particulars refer to a stage of a Parsons steam turbine 
comprising one nng of fixed blades and one ring of moving blades— 


Mean diameter of blade ring 
R p m 

Steam velocity at exit from blades 
Blade outlet angle 
Steam flow through blades 


26 in 
3,000 

525 ft per sec 
20 ° 

15 5 lb per sec 


Draw the velocity diagram and derive the following— 

(a) Blade inlet angle 

(&) Tangential force on nng of moving blades 
(c) Horse-power developed m stage. 


2 In a stage of an impulse-reaction turbine operating with half-degree 
reaction, the fixed and moving blades are of identical section and the outlet 
angle is 18° The absolute velocity of discharge from the moving blades is 
130 ft per sec. in a direction 110° to the direction of motion of the blades, 
and the change of velocity produced by the moving blades is parallel to that 
direction. 

Draw the velocity diagram and derive— 

(a) Mean velocity of the blades. 

(b) Ratio of blade velocity to the velocity of efflux from the fixed blades. 

(c) Work done per lb. of steam 
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3. If the total tangential thrust on the blades of one ring of a Parsons 
turbine is 293 lb. when the blade speed is 350 ft. per see., the weight of steam 
flowing through the blading per sec. is 16 lb., and the blade outlet angle is 
20“, calculate the steam velocity at outlet from the blades. 

If the friction losses which would occur with pure impulse arc 33 per cent 
of the kinetic energy corresponding to the relative velocity at entry to each 
ring of blades, and if the expansion losses are 14 per cent of the lieat drop in 
the blades, what would be the heat drop per ring, and the gross stage 
efficiency? 

4. The outlet angle of the blade of a Parsons turbine is 20“ and the axial 
velocity of flow of the steam is 0-5 times the mean blade velocity. Draw the 
velocity Vagram for a stage consisting of one fixed and one moving row of 
blades, given that the mean diameter is 28 in. and that the speed of rotation 
is 3,000 r.p.m. State the inlet angle of the blades if the steam is to enter the 
blade channels without shock. 

If the blade height be 2’5 in., the mean steam the steam dry 

and saturated {v — 5"466 cub. ft. per lb.), find the developed per 

pair of blades. 

5. A blade group in a reaction turbine is of constant height. The power 
of the turbine is 2,000 kW, the speed of rotation 3,000 r.p.m., initial steam 
pressure 160 lb. per sq. in. gauge, steam initially dry and saturated, vacuum 
27Jin. (30 in. barometer), and the efficiency ratio 67 per cent. The mean 
blade velocity in the group is to be 300 ft. per sec. and the average specific 
volume of the steam in the group may be taken as 10'25 cub. ft. per lb. If 
the ratio of the blade velocity to the steam velocity be 0-55, find the height 
of the blades in the group if the outlet angle is 18'5“ and the effect of tip leakage 
be neglected. 

Draw the velocity diagram for these blades and calculate the heat drop 
required for the group if the coefficients rj^ and ^ are 0-92 and 0-8 respectively, 
and there are five pairs of blades in the group. 

6. The following particulars refer to a stage of an impulse-reaction turbine— 


Outlet angle of fixed blades . . . .20“ 

Outlet angle of moving blades . . . .30“ 

Radial height of fixed blades . . . . 4 in. 

Radial height of moving blades . . . 4 in. 

Mean blade velocity ..... 450 ft. per .sec 
Ratio of blade speed to steam speed . . . 0-625 

Specific volume of steam at fixed blade outlet . 20-0 

Specific volume of steam at moving blade outlet. 21-2 


Calculate the degree of reaction, the adiabatic heat drop in a pair of blade 
rings, and the gross stage efficiency, given the following coefficients which may 
be assumed to be the same in both fixed and moving blades: 0-90; 

^ = 0 - 86 . 






CHAPTER IX 


INTERNAL LOSSES IN STEAM TURBINES 

79 . Introductory. The internal losses m steam turbmes may be 
enumerated as follows— 

( 1 ) Nozzle losses (4) Partial admission losses. 

(2) Blade friction losses. (5) Gland leakage losses 

(3) Disc friction losses. ( 6 ) Residual veloaty loss. 

Items (1) and (2) have already been dealt with m preceding 

chapters, and we now pass on to a brief consideration of the other 
items in turn 

80 . Disc Friction. When a disc such as those used in impulse 
turbines is rotating in a slightly viscous fluid like steam there is a 
true surface friction loss due to relative motion 
between the disc and the steam particles As a 
result, the moving disc surface exerts a drag on 
the steam which sets it in motion and produces a 
definite circulation, the character of which depends 
on the shape of the space enclosmg the disc Fig 
92 shows the arculation currents set up when a 
simple disc is rotating in an enclosure of simple 
shape 

It is beyond the scope of this book to consider 
the subject in greater detail, but brief references 
will be made to the more important work on the 
subject 

Professor Stodola (1), as the result of some 
experiments made on discs rotatmg in free air, 
proposed the following formula for the disc friction loss— 

= !>“.»’ P 

H p = horse-power loss due to disc friction 
D = diameter of disc, ft. 
u = peripheral veloaty of disc, ft. per sec 
p ~ density of fluid in which disc is rotating, lb, per cub. ft 
C = 0-071 for air only 

Stodola states that the loss for an encased wheel would be less 
than that for a wheel rotating in free air, vai^ung from one-quarter 
to one-half of that amount, according to conditions. Odell ( 2 ) also 
carried out experiments on discs rotating in free air. An important 
mathematical paper on the subject was published in 1921 by 
Professor von K4rm4n (3). In 1934, the well-known Swiss firm of 
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Fig 92 
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Brown Boveri & Co. published the results (4) of some experiments 
made on discs in a closed chamber filled with various gases. 

From an analysis of these and other experimental investigations, 
the author has deduced the following simple relation for the power 
absorbed by discs and wheels that are well encased. 

H.p., = C.D>(j^)V . . . (102) 

the constant C being given by the expression 

log.ioC = 1-90-0-2 logio(^^^-^-^) . . (103) 

D, u, and p have the same meanings as before and is the coefficient 
of viscosity of the steam, the unit being lb. per ft. sec. 

Between 15 and 5001b. per sq. in., the coefficient of viscosity of 
dry and saturated steam, according to the recent work of K. 
Sigwart (5), is given by the following simple relation— 

pt, = (0-143i + 56-0) X 10-’-^^ . (104) 


where i is the saturation temperature in degrees Fahr. Provided 
the steam temperature is below 700° F. the above expression may 
be used for superheated steam at temperature t, since the viscosity 
of steam is hardly affected by pressure. 

Example 12. Calculate the power absorbed in overcoming disc 
friction in a stage of an impulse turbine in which the disc diameter 
is 46 in .; r.p.m. 3,000; steam pressure 120; superheat 200° F, 

From steam tables, saturation temperature = 341-3, steam 
temperature = 541-3° F. .‘Substituting in eq. (104) 

^ =: 133-5 X 10-’ 

By Callendar’s steam tables, v = 4-846 

D = II = 3-833 it.; u = 602-0 


logio C == I 

= 1-90 


on 0 01 fS‘833 

■90-0-2 logio 


Then 


H.p., 


•X 602-0 X 10’ 
133-5 X 4-846 
- 1-5104 = 5-3896 
C = 0-0245 
0-0245, 




4-846 
= 16-2 


(3-833)8. (6-02)s 


It is usual to drill from four to six pressure-balancing holes in 
turbine discs; the disturbance due to these wdll probably increase 
the disc friction loss. 
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8 i. Partial Admission Losses. Fig 93 (a) shows a transverse section 
through a high-pressure stage of a steam turbme, in which stage, 
owing to the comparatively small area required for the nozzles, the 
latter extend over only a fraction of the circumference. For example, 
in Fig. 93 {a) the nozzles are divided into three groups, each group’ 
containmg different numbers of nozzles. Allowmg for the peri¬ 
pheral displacement due to the axial clearance between the nozzle 
guide blades and the blade inlet edges, the blade positions at steam 
inlet will be A, C, and E, and at steam outlet B, D, and F. The 
shaded areas in Fig. 93 {a) represent the active arcs, the unshaded 



Fig 93 —Diagrams showing Causes of Partial Admission Loss 


areas represent arcs over which there is no steam flow through the 
blades 

Considermg Fig 93 (&), it will be evident that there will always be 
SIX blades which will be partially filled with steam and m which 
the flow will be considerably disturbed. 

The movement of the blades through steam in the mactive arcs 
BC, DE, and FA leads to further loss There will be certain eddies 
produced in the channels of the idle'blades, as showm m Fig. 93 (i) 
If the blades are driven m the reverse direction, as in a manne astern 
turbine when the turbmes are runmng m the ahead direction, then, 
due to the scooping action of the blades, the eddies produced are 
much more violent. Professor Stodola found that the power 
absorbed in driving a bladed wheel m free air in the reverse direc¬ 
tion was five to six times that required for the normal direction. 
If the wheel was encased, the ratio of the loss was reduced to T2 

If the blade outlet angle /3a is less than the inlet angle /3i and if 
the wheel is running in the reverse direction (Fig. 93 (c)), then due 
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to the scoop action the blades act as an axial-flow fan and a flow is 
produced in the direction shown by the arrows. When blades 
having unequal angles are moving in the normal direction (Fig. 
93 (6)), a flow is set up in the direction shown by the arrows. 

The sum of the losses due to partial admission is variously 
described as "blade ventilation" loss, or "vane action” loss. We 
prefer to use the term "blade windage,” which is not quite so 
specific. 

For an unencased wheel with a single row of blades rotating in 
air in the normal (ahead) direction, Stodola gives the following 
expression for the blade windage loss— 

H.p.,„ = 0-458D.Z^-s(j^y.p 

If the nozzle arc extend over a fraction A of the whole circumference 
and if this arc is continuous, then we may introduce a correction 
factor (1 — A) and so obtain the expression— 

H.p.,, = 0-458(1 - A)D . ^ J • P . (105) 

D = mean diameter of blade ring, ft. 

I = effective blade height, in. 
u = mean blade velocity, ft. per sec. 
p = steam density, lb. per cub. ft. 

Professor Wm. Kerr published (6) in 1913 the results of some very 
careful experiments to determine the total resistance of turbine 
wheels. A turbine wheel was driven round in steam at different 
densities, the resistance being measured by noting the rate of 
retardation of the rotor with the power cut off. The following 
expression was deduced for the total power absorbed in wheel 
friction, i.e. disc friction plus blade windage— 

H.p.„^ = {/?!. D -b n^,{l - A)Zi-«}( ^ J . D . p . (106) 

in which D, u, p, and A have the same meanings as before, but I 
is the mean blade height in inches. 

= 0-0607; = 0-458. 

n = I for wheels with 1 row of blades. 

= 1*23 for wheels with 2 rows of blades. 

= T8 for wheels with 3 rows of blades. 

= 2-9 for wheels with 4 rows of blades. 

The first term in the bracket evidently relates to the disc friction, 
the second to the blade windage. This formula gives the same 
result as that of Stodola for single-row wheels. 



173 


INTERNAL LOSSES IN STEAM TURBINES 

More recently, Professor Kerr has carried out further researches 
(7) on the subject and, by studying the action of the disc and blades 
separately, he has been able to evolve formulae for each loss. The 
formula given for the blade windage loss is 

in which 

d = mean diameter of blade rmg m %nches 
— blade height at inlet edge of first row, in. 

Za = blade height at outlet edge of last row, m 
^ = 9-3 for wheels with 1 row of blades. 

== 12-5 for wheels with 2 rows of blades 
= 17-9 for wheels with 3 rows of blades. 

The loss of power due to blade windage may be considerably 
reduced by enclosing the blades on both sides Two constructions 




Fig 94 —Blade Shields for Reducing Windage 

for effecting this are shown in Fig, 94. In the one case, the shields 
are formed in the cylinder casting, in the other, separate shield 
rings arc fitted in the cylinder, 

82 . Gland Leakage Losses. There is a small loss of energy in 
each stage of an impulse turbine owmg to the leakage of steam from 
one wheel chamber to the next through the space between the 
diaphragm and the shaft, or the wheel hub, as the case may be. 

There is also a certain wastage of steam at the external glands 
where the turbine spindle passes through the ends of the turbme 
cylinder, or cylinders. Broadly speaking, the glands at the high- 
pressure end of the turbine have to minimize the leakage of steam 
from the turbine cylinder to the atmosphere, whereas the function 

7-“(T.520o) 
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of the low-pressure gland is to pi'cvent the inleakage of air into the 
exhaust branch and condenser. For this purpose steam is supplied 
to the centre of the gland; some of the steam leaks into the 
exhaust space, but there is a slight outward flow to the atmosphere 
which effectively prevents the inleakage of air. The steam supplied 




to the low-pressure gland for sealing purposes may be reduced- 
pressure live steam or steam which has leaked through the 
high-pressure gland. 

Under certain light-load conditions, the pressure in the first- 
stage wheel chamber may fall to atmospheric pressure, or below. 
Under these conditions it becomes necessary to supply sealing steam 
to the high-pressure gland to prevent an inleakage of air. It 
should be stated, however, that this is unnecessary when a 
hydraulic seal is also fitted. 

Two types of gland are in general use, the carbon ring gland and 
the labyrinth gland. Lab 3 rrinth packing is used exclusively in 
diaphragm glands and in most external glands. 

83 . Flow of Steam through Labyrinth Packing. Fig. 95 (a) shows 
a section through a typical labyrinth packing. This comprises a 
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number of packmg strips in the fixed housing and an en-r.’ 
m the shaft or rotor. The inner ends of the fixed strips and the 
outer ends of the moving strips are reduced m thickness so that if 
there should be accidental contact, the thm edge of the packmg 
strip will wear away without the generation of a large amount of 
heat which might cause distortion of the shaft, gland sleeve, or 
other part of the gland There is a small radial clearance c between 
the strips and the housing or shaft, as the case may be. This forms 
a constriction through which the steam leaks. The small space 
between one constriction and the next is termed a “pocket” or 
“ dwell space ” 

Suppose that the steam pressure on the up-stream side of the 
gland is po and that on the down-stream side is pn, there being n 
constrictions Then, assuming 
that the areas through all the p 
constrictions are the same, as 
soon as steady flow has been 
estabhshed, the pressures pj^, p^, 
etc , in the dwell spaces will take 
up definite values. In many 
cases, the ratio of the pressure 
drop at any constriction, ex¬ 
cepting the last, to the absolute 
pressure at that constriction is 
comparatively small In such 
cases, the following approx- o 
imate theory is apphcable. P 

Consider first the action in 
labyrinth packmg Steam ex¬ 
pands more or less adiabatically m the first constriction from pres¬ 
sure pfi to Pi This is represented m Fig 95 (&) by the isentropic line 
AB On entering the dwell space, the steam sets up an eddy, but 
the velocity of the steam is reduced to a comparatively low value 
In consequence, the kinetic energy acquired by expansion is re¬ 
converted into heat at constant pressure and the enthalpy is 
restored, practically, to its initial value. Dunng this process, the 
state point of the steam moves along the constant-pressure line 
BC The expansion in the second constriction is represented by 
CD, the reheatmg m the second dwell space by DE, and so on 

A comparison of p-v curves is made in Fig. 96 In each case the 
relationship between p and v is fairly weU represented by an equa¬ 
tion of the type p u”* = constant, where m has the values IT35 
and 1-0646 for the adiabatic and saturation curves respectively. 
For the throttling curve (I = constant) m is very nearly equal to 
unity Actually, the relation between p and v for the locus 
BDFHKM, Fig. 95 (6), is a more important relation because each of 
these points represents the condition of the steam at outlet from 



;g 96 —Conapanson of p-v Curves 
from Common Initial Condition 
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the constriction. Here, the value of m depends upon the rate of 
leakage, which in turn depends upon the pressure range and the 
number of constrictions provided. Thus m may vary between 1-02 
and 1-1. Considerable simplification is achieved by assuming that 
m is equal to unity, and since it is rather difficult to measure the 
working clearance accurately it is perhaps unnecessary to attempt 
to calculate the leakage rate to a high degree of accuracy. The 
following theory must then be regarded as approximate. 


Case I. 
Critical. 


Pressure Ratio for each Constriction Greater than the 


Let w = mass leakage of steam, lb. per sec. 

A = effective area through each constriction, sq. in. 

D = mean diameter of packing strips, in. 

C<. = coefficient of contraction. Owing to the one-sided con¬ 
traction, this is very probably equal to about 0-8. 


Then 


A = C<.. ttD . c sq. 

Consider the flow at any constriction. Let p be the pressure on 
the up-stream side of the constriction and p — dp the pressure 
on the down-stream side. Then the velocity V reached in the 
constriction at pressure p — dp will be such that 


m. 


2 ^ 


= 144 . y. 


dp 


where is the mean specific volume of the steam. By the equation 
of continuity— 


w{v -H dv) = 


AV 

144 


or 


w _ V _ dp 

A 144(t; -f- (3w) 144(v -f- dv) 

If dp is small compared with p, then we may write 
® ==» + 


Let 


^ _ 1 / 

A ~ 144^ 

pv — Cl, then v 


288 g . dp 

V 

P 


and 


w _ 1 /288g . p 

A ~ 144/V Cl 


dp 


It will be seen that in a gland where A is constant, the product 
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p . dp IS cL constant, and therefore as p falls the pressure drop per 
constriction increases 

Squaring both sides of the expression, we have 


or 


For n rings— 


or 


1 e. 


il 


2 24c/- 



II 

0 

Pn 

2-24n 

'V 1 
■) 

/mV 


'‘■c(l) 



(108) 


where 


C = 2 24Ci 

= 2 QApoUf^ 


The rate of leakage per sq 
sec , IS 

w _ 
A “ 


m of effective area, expressed in lb. per 



(109) 


C may be found for any given mitial steam conditions. For dry and 
saturated steam, the constants have the following values— 


PO 

^0 

Cl = 

C 

20 

20 08 

401 6 

900 

50 

8 50 

425 0 

952 

100 

4 429 

442 9 

992 

150 

3 016 

452 4 

1012 

200 

2 293 

458 6 

1027 


Example 13. Calculate the mass rate of leakage through a 
high-pressure turbine gland under the following conditions— 

Steam pressure in first stage . .160 

Steam superheat m first stage . . 200° F. 

Steam pressure m leak-off pocket . . 40 

Mean diameter of packing . . - 8 m. 

Radial clearance ... . • 0-02 in. 

Number of constrictions .... 40 
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From the steam tables, when p = 160 and the superheat is 
200° F., lo = 1310-0. By Callendar’s equation— 

(1310-0 - 835-2) - 0-002 

= 3-70 

Cl = p^v^ = 160 X 3-70 = 592-0 

C = 2-24Ci = 1327 

w I 1602—40^ _ lb. 

A “ V 2 X 40 X-1327 ^ in.a sec. 

A = Cg . -jtDC 

Assuming = 0-80, A = 0-402 sq. in. 

Rate of leakage = 0-475 x 0-402 

= 0-191 lb. per sec. 

The pressure in any dwell space may be found from eq. (108). 
Thus, for the last dwell space (pressure = p^_j) we have 

(n-l)c(|J = l(A^-:^„^_i) 

Substituting values, pn-i = 46-9lb. per sq. in. 

SimUarly (»—2)C^^^ =\{P\ —Pri^~z) 

from which _ 2 = 53-1 lb. per sq. in. 

These calculations confirm what has already been stated above, 
namely, that the pressure drop per constriction increases as the 
absolute pressure falls. In the foregoing example, the pressure drops 
at the low-pressure end of the gland are comparatively large and the 
calculation would not yield a very accurate result. 

Under certain conditions, e.g. either a low value of the pressure 
pn, or a comparatively small number of constrictions, the pressure 
P 

ratio ■ - may be less than the critical value, i.e. 0-577 for saturated 
Pn — 1 

steam, or 0-5457 for superheated steam. In that case the foregoing 
theory must be modified as follows. 

Case II. Pressure Ratio for the Last Constriction less than the 
Critical Value. In-this case, the rate of flow is controlled by the 
pressure _ 1 in the last pocket. 
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For the last constriction, we may write by eq. (48)— 



If the steam is dry and saturated in the last pocket, i.e at the pres¬ 
sure pn-\> then according to eq. (49), Cj would have the value 0 30. 
Reference to Fig. 95 ( 6 ) shows that at the beginning of the expansion 
in the last constriction, i e at point L, the steam is more or less 
highly superheated, and might expand down to the throat in the 
superheated state Moreover, in many cases, the steam enters the 
gland in the superheated condition and would therefore enter the 
last constriction with a considerable degree of superheat In such 
cases Ca would have the value given by eq. (54), namely, 0 3155 


Assuming that pn-x ^n-i = 


and 


where 


E _ 0’3155j!>„_i _p^_^ 

A VCi “ C3 

r _ 

® “ 0-3155 


But for (w — 1) constrictions and the rate of leakage wfA, we have, 
byeq (108)— 


{n 




W 1 

Inserting the value ^ ■ 


or 


(« - 1) C J = I {p\ - Pn^ - l) 

= J"i- -j- 2(« — 1)^ 

Pn -X N ^3 


Since C = 2-24Ci and Cg = 


-h-. = VI +0-446(»- 1) 
Pn~X 


( 110 ) 


( 111 ) 


For any number n, the ratio 7 ^^ may be calculated and thus the 


Pn- 
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pressure _ i obtained. The rate of leakage may be determined from 

the expression 

w _0'3155 ■ pn-\ _ 0‘3155 . pn-i 

A VCi VpoVo 

Values of the ratio ■- are given in Table VI. 

Pn--1 


TABLE VI 

Ratio for Labyrinth Glands in which the Pressure Ratio 

Pn-l 

A 

^ ” FOR THE Last Constriction is Less than the Critical 
Pn-l 


Number of 
Constrictions 

Pn—X 

Number of 
Constrictions 

Pn-l 

2 

1-202 

17 

2-852 

3 

1-376 

18 

2-929 

4 

1-529 

19 

3-004 

5 

1-668 

20 

3077 

6 

1-797 

21 

3-149 

7 

1-917 

22 

3-220 

8 

2-030 

23 

3-288 

9 

2-137 

24 

3-355 

10 

2-239 

25 

3-421 

n 

2-336 

26 

3-485 

12 

2-430 

27 

3-549 

13 

2-520 

28 

3-611 

14 

2-607 

29 

3-673 

15 

2-691 

30 

3-733 

16 

2-773 

31 

3-791 


Example 14. Steam is supplied to the low-pressure gland of 
a steam turbine for sealing purposes. Calculate the rate of leakage 
into the exhaust branch, given the following data— 


Shaft diameter . . . . . . 8 in. 

Radial clearance ...... 0-02 in. 

Number of constrictions . . . .20 

Pressure of sealing steam . . . .16 

Pressure in exhaust branch .... 0-5 


Assume that the steam is supplied dry and saturated. 

Since there are 20 constrictions, the ratio is 3-077. 

Pn-l 

Pn-l — 0.077 = ®'20 

The pressure-ratio for the last constriction is obviously much less 
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than the critical Hence the flow will be controlled by the pressure 
in the last dwell space 

Now = 16; Vq = 24-73 

— — Q'3155 X 5-20 
A ~ V16 X 24-71 

= 0-0825 — 

in.® sec. 

and since the effective leakage area is 0 402 sq in., the approximate 
leakage into the exhaust branch is 

0-0825 X 0-402 = 0-0332 lb per sec 

84 . Hydraulic Glands. While we are discussing methods of pre- 
ventmg or mmimizmg leakage some attention may very properly 
be given to the subject of hydraulic glands, even though it has 
little or nothing to do with mternal losses 

The hydraulic gland or water seal has been used by certam manu¬ 
facturers for many years for sealing the low-pressure end of the 
turbine, and, in conjunction with a labyrmth gland, for sealing the 
high-pressure end It consists of a “ paddle wheel” (Fig. 97) keyed to 
the turbme shaft and rotatmg within a circular chamber which is m 
halves, the upper and lower halves bemg bolted to the upper and 
lower halves of the turbine cylinder respectively The gland chamber 
or box is connected to an overhead tank in which a constant level of 
water is maintained by a float-controlled cock. The height H is 
normally some 15 or 20 ft, so that m this respect the diagram is not 
to scale The impeller or paddle-wheel is normally provided with 
radial vanes, as shown in Fig 97, or with a number of holes bored 
in the sides of the disc, but not, of course, passmg right through, 
so that the rotation of the impeller causes a forced vortex to be 
set up in the chamber. 

On the atmospheric side of the gland the pressure on the free 
surface of the water will be the atmospheric pressure pa, whereas 
on the "vacuum” side that pressure will be the low steam pressure 
pg. At a sufficient speed of rotation, the radii of the free surfaces 
on the atmospheric and vacuum sides will automatically adjust 
themselves to the values and r^, the pressure at the extreme radius 
^2 of the vortex balancing the pressure pa + pH due to the head of 
water in the tank 

Let p = density of water in lb. per cub in. (0-0362). 
g = acceleration of gravity, 32-2 x 12 in. per sec.® 
ft) = angular velocity, radians per sec. 
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Considering a transverse slice of water of unit depth— 

Volume of element ■= r . 0 . dr 

pco^v^ 

Centrifugal force on element = -- . 0 . dr 



Fig. 97.—Diagrammatic Arrangement of Hydraulic C'.laiul 

Equating radial forces on element— 

{p + dp){r + dr)e =^p .6 .dr A-P-r .0 A- 0 . dr 


Ignoring quantities of the second order of smallness— 

dp = . r . dr 

g 
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By integrating— 

But Pi=^Pa + pH, and 

i.e. H m =14-2^ —) (j' 22 _^^ 2 ) (112) 

Pa-P b = {rx^ — V) 

= 1 ^) (V “ V) ll> per sq. in . (113) 

If a plain disc be used instead of a paddle wheel, then the mean 
speed of rotation of the fo'rced vortex will probably be about one- 
half of the rotational speed of the shaft An appropriate value of 
N will then have to be used m applying the foregoing formulae 

85 . Advantages and Disadvantages of Hydraulic Glands, With 
ordinary labyrinth glands there is necessarily an escape of vapour 
into the turbine room Under certain conditions, such vapour con¬ 
denses on walls, windows and on other parts of the turbine room, 
and IS undoubtedly a nuisance. This may be prevented absolutely 
by means of the hydraulic gland 

The hydraulic gland will operate automatically under all condi¬ 
tions of load and there is, consequently, no need to make adjust¬ 
ments to the gland steam supply as with certain arrangements of 
labyrinth glands. In turbines operatmg with high-temperature 
steam the hydraulic gland removes a considerable amount of heat 
from the shaft and so ameliorates conditions in the adjacent bearmg. 

Owing to friction losses in the gland and possibly to conduction 
of heat, the water in the gland is constantly being heated. Conse¬ 
quently, its temperature rises until it reaches the saturation tem¬ 
perature on the vacuum side, when a slow evaporation takes place, 
the vapour formed passing into the condenser A small make-up 
must be constantly supplied from the overhead tank and unless a 
chemically pure water, such as condensate, be supplied there is a 
risk of scale formation in the gland 

86 . Residual Velocity Loss. In a multi-stage turbine, the energy 
corresponding to the fetal absolute velocity in any stage is largely 
utilized in the nozzles of the succeeding stage. For a discussion of 
this, the reader is referred to Art 65. 
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In the final stage of a turbine, however, the kinetic energy corre¬ 
sponding to the final absolute velocity of the steam as it leaves the 
wheel is either wholly or partially lost. If no attempt is made to 
reduce the steam velocity between the last wheel and the exhaust 
branch, then the kinetic energy is entirely lost. In some cases, how¬ 
ever, guide vanes are arranged in the exhaust hood, thus providing 
steam passages of gradually increasing area and a certain diffuser 
action. When such means are effective, the final velocity of the 
steam may be somewhat reduced and the steam pressure at outlet 
from the last wheel may be slightly lower than the pressure at the 
exhaust branch. It is doubtful, however, whether such guide vanes 
do more than permit the steam to turn through a right angle with 
less loss than if the guide vanes were not fitted. 

Let Vj = absolute velocity of steam at outlet from last-stage 
wheel. 

Ha = adiabatic heat drop in turbine. 


V„2 

Then, energy loss = B.Th.U. per lb. and the percentage loss 

YA 

due to the terminal velocity = X 100 per cent. 


The equivalent power loss 

= ^ • ^ 2 ^ 

~ 2g X 550 


where w = steam flow through turbine in lb. per sec. 
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EXAMPLES IX 

1 Calculate the power absorbed m disc friction in a de Laval turbine 
having a rotor 6 5m diameter running at 25,000 r p m — 

{a) When the pressure in the turbine cylinder is 2 lb per sq in abs , and 
the steam is dry and saturated = 173 5 ) 

(b) When the pressure in the tuibine cylinder is 15 lb per sq in, abs , 
and the steam is superheated 40® F = 27-9) 

2 The first-stage wheel of a 20,000 kW turbine is a single-row wheel 
having a mean diameter 84 in The speed of rotation is 1,500 r p m The 
condition of the steam in the first stage is as follows— 

Pressure 250 

Superheat 200® F 

Specific volume 2 43 cub. ft per lb 

The blades are 1*25 in long and the active nozzles cover 40 per cent of the 
total circumference at full load Calculate— 

(a) Horse-power absorbed by disc friction. 

(b) Horse-power absorbed by blade windage, using Kerr’s 1924 formula 
for item (b) 


3 The discs in the high-pressure cylinder of a two-cylmder steam turbine 
of 50,000 kW output are 36 in mean diameter, the speed being 1,500 r p m 
Calculate the disc friction hoise-power m the first stage, given that the steam 
conditions are as follow’— 

Steam pressure 400 

Steam superheat 320° F 

Steam specific volume 1 76 


4 Calculate the leakage loss thiough the diaphragm packing in a turbine 
stage under the following conditions— 


Steam pressure before nozzles 200 

Steam superheat before nozzles 100® F 

Steam pressure after nozzles 180 

Shaft diameter . 10 in 

Radial clearance . 0 015 in 

Number of constrictions 4 

Coefficient of contraction . 0 75 


Calculate also the pressures in the dwell spaces 


5 In the intermediate-pressure turbine of a three-cylinder marine turbine 
installation, there is a diaphragm separating the intermediate-pressure ahead 
turbine and the high-pressure astern turbine When the turbines are running 
ahead the steam pressure m the intermediate-pressure exhaust is 25 lb per 
sq in abs , the steam being dry and saturated, and the high-pressure astern 
turbine is running idly in steam at the exhaust pressure, which is 0 6 lb per 
sq in abs 

Calculate the approximate hourly leakage of steam through the partition 
gland (labyrinth type), given that the shaft diameter is 9*5 in , the radial 
clearance of the labyrinth packing is 0-02 m , the number of constrictions 20 , 
and the coefficient of contraction 0 8 Neglect any heat losses 
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87 . Stage Efficiency of Impulse Turbines. Consider a stage of an 
impulse turbine and let 

Wi = total internal steam flow, lb. per see. 

Wn = steam flow through nozzles, lb. per sec. 

Wg = steam flow through diaphragm gland. 

Then Wi = Wn-\- Wg 

Let hn — adiabatic heat drop in the nozzles of a pure impulse 
turbine. 

a.h.p. = adiabatic horse-power of the stage, i.e. the horse¬ 
power based on the total internal steam flow and 
the adiabatic heat drop. 

s.h.p. = shaft horse-power developed in the stage, i.e. the 
actual power transmitted by the wheel to the rotor 
spindle. 

Then the stage efficiency is defined as the ratio of the shaft horse¬ 
power to the adiabatic horse-power. 


i.e. 




_ s.h.p. 


a.h.p. 


■ (114) 


Now the adiabatic work done per second by Wj lb. of steam 

= te>i.A„B.Th.U. 

= 777-8teii. K ft.-lb. 


, 777.8 

a.h.p. = 

or a.h.p. = l-414tei,.. . . . (115) 

In an impulse-reaction turbine where the total adiabatic heat drop 
in the stage is -f — 


a.h.p. = 1-414 . Wiijig, -f Aj,) . . (116) 

The shaft horse-power is less than the blade or rim horse-power 
by the amount of power absorbed in overcoming wheel friction, 
i.e. the sum of the disc friction and blade windage losses. Using the 
symbol r.h.p. to represent the “rim” or blade horse-power— 

r.h.p. = s.h.p. + h.p.a -f h.p. 6 «, 

88 . State Point Locus on <f}-l Diagram for Single St^e of an 
Impulse Turbine. Consider any stage of an impulse turbine and let 

186 
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A, Fig. 98, represent the initial condition of the steam on the <f)-l 
diagram Suppose that steam expands in the nozzles from to 
Then AB represents the adiabatic and isentropic expansion 
Due to losses in the nozzles, the actual path of the state point 
durmg expansion is AC, as already explained in Art. 46 

The steam now enters the blades where the rim horse-power 
(r.h.p.) is developed Basing the work done per lb of steam on the 
total internal flow w^, the work done per lb of steam is 




Id 


550 X r h p. 
777-8 X 


BThU per lb 


i.e. 


IV — Id = 0 707 


r h p 




(117) 


This may also be proved by the steady flow equation provided 
it be assumed that the absolute steam 
velocity at exit from the blades is identical 
with that of the steam entering the nozzles. 

The part CD of the line represents the 
reheating of the steam due to “blade fac¬ 
tion” taking place, supposedly, at constant 
pressure. This method of showing reheatmg 
is not as accurate as it is convenient, 
because although the steam pressure at 
outlet from the blade equals that at inlet 
to the blade, the pressure in the blade T-f 
channels is not constant. 

Due to friction and blade wmdage (when 
it occurs) the steam is further reheated, the 
frictional reheat being 

T T 0-707 hp^/ 

Ih — Id =- ■ (118) Fig 98 





The point E may be obtained diiectly from the shaft horse-power 
of the stage, for, granted the conditions stated above regardmg the 
initial and final steam velocities, then by the steady flow equation 

Ia-Ib = 0-707 - - (119) 

i.e. s.h.p. = T414 te»j(I^ —Ij,) 


Also, by eq (115), a.h.p = T414z2/j(Ii — I,,) 


- Hence 


s h p Ij. — Ip. 


Thus, if be known or assumed, the position of the end state 
pomt E for a stage may be readily obtained The point E now 
becomes the mitial state point for the succeedmg stage of the turbine 
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89 . State Point Locus for Multi-stage Turbine. Suppose, for the 
sake of illustration, that a turbine has ten stages operating between 
pressure limits Pq and Pio, and suppose that the stage efficiency of 
each stage is known and equal to rjg. Then the locus of the state 
point may be drawn on the (j>-l diagram in the following manner. 

Referring to Fig. 99, the initial state point A is set down accord¬ 
ing to the known initial pressure and superheat. Suppose the stage 



Entropy 


Fig. 99.—Locus of State Point on <^-I Diagram 

pressures are Pj, Pg, . . . P^q. AC is drawn to represent the 
adiabatic expansion in stage 1 , and is found from the relation 

Ia Id = ^s(Ia Io) 

Point D is then set down with the value on the Pj line. DE is 
drawn, giving Ip — lu and I, calculated from the relation 

Id Ij ~ ^«(Id !») 

In this way the zig-zag line is drawn for the ten stages. The points 
D. F, H, . S, U, W represent the condition of the steam in the 
wheel chambers of the ten stages, i.e. at the blade outlets. If the 
nozzle efficiency is known, the condition of the steam at outlet 
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from the nozzles may also be obtained, giving the lower locus 
parallel to the curve DFH . . UW 

Such curves are essential in the design of a steam turbine because 
if the efl&ciency of the various stages is known fairly accurately, it 
is possible to derive from the Mollier diagram the superheat, or 
dryness fraction, as the case may be, and the specific volume of the 
steam at the assumed pressures 

The sum^ of the adiabatic heat drops (AC + DE + FG + etc) 
from the initial steam pressure down to any given pressure is usually 
termed the cumulative” heat drop and will be represented by the 
symbol Hg 

90 . Condition Curves. For the purpose of design the various 
quantities obtained from the Mollier diagram may be set out in the 
manner originally suggested by Professor Goudie ( 1 ) The method 
adopted by the author, however, is somewhat different from that 
given by Goudie and is shown in Fig 100 The base of the diagram 
shows values of p plotted to a log scale, the higher values being at 
the left-hand side since expansion proceeds from the higher pressure 
Plotted values of then he on a flat curve which is easily drawn 
with a batten. The curves showing the degree of superheat and the 
wetness fraction may also be drawn in the same way Instead of 
plotting values of v, the author plots log^o v, thus obtaining (with a 
uniform stage efficiency) two straight lines, one for the superheat 
region and the other for the wet region, the two lines intersecting 
exactly at the pressure where the superheat vanishes 

Fig 100 has been worked out for the following conditions— 


Initial steam pressure 
Initial steam superheat 
Final steam pressure 
Stage efficiency 
Number of stages 


200 lb per sq in abs 
150'=’ F 

1 lb per sq m. abs. 
0*75 
10 


In the initial stages of the calculation, when the exact heat drop 
per stage is not known, the condition curve may be drawn on the 
Mollier diagram by a step-by-step process, the adiabatic heat drop 
per step being taken approximately equal to the expected stage 
heat drop 

Assuming that the curve (Fig, 100) has been so obtained, the 
pressure distribution in the turbine may be worked out in the fol¬ 
lowing manner If the mean diameter of all stages is the same then, 
if the ratio of blade speed to steam speed is constant, it follows that 
the adiabatic heat drop will be the same for all stages. 

= ^ = 38-8 B Th U. per lb 

Thus by subdividing into ten equal parts, drawing horizontals 
to intersect the curve and projecting vertically on to the base 
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line, the various stage pressures arc obtained. The values of 
the specific volume at outlet from the nozzles, and v^, the specific 



Fig. 100.—Condition Curves for Ten-stage Turbine 


volume at outlet from the blades are also obtained. Such data may 
then be tabulated for design purposes, as shown in Table VII. 


TABLE VII 

Values of Stage Pressures, Steam Quality, and Specific Volumes 
FOR Ten-stage Steam Turbine 


Stage 

No. 

p 



Condition of Steam 
at Blade Outlet 

1 

134-9 

3*855 

3*908 

114*2° F. Superheat 

2 

89'7 

5*383 

5*470 

78-8° F. 

3 

57*4 

7*834 

7-943 

42*7° K. 

4 

35-3 

11*67 

11*86 

7-r F. 

5 

21*0 

18*58 

18*79 

1 - 55 % Wetness 

6 

12*2 

30*48 

30*90 

3-40% 

7 

6*87 

51*05 

51*76 

5-11% 

8 

3*72 

89*33 

90*36 

6-82% 

9 

1*98 

158*9 

160*7 

8-47% 

10 

1*00 

297*2 

299*4 

10-11% 


91 . Correction for Terminal Velocity. In certain cases, e.g. the 
L.P. stages of turbines of large output, the final absolute velocity 


iVefness Fraction - Pen Cent 
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at outlet from tlxe blades in a stage is greater than the inlet velocity 
to the nozzles of that stage. Appl 5 nng the steady flow equation, and 
referring to Fig 98— 

Ia + ^ = Ib + ^ + Work done 


= I. 


+ ^ + 0-707 


s h p. 


from which — Ip = 0 707 

Considering the turbine as a whole, 
we may ignore the kinetic energy 
of the steam entering the first-stage 
nozzles Then if Vj represents the 
final absolute velocity of the steam 
leaving the last-stage wheel, and 
■p^ and pn 3.re the initial and final 
pressures, respectively. Fig 101, then 
considering first the frictionless adia¬ 
batic expansion we have 
V „2 

= Ib -f 2 ^ + Work done per lb 

1 e Work done = (I^ — Ib) — 

This is another way of considenng the 
residual velocity loss dealt with in 
Art 86. 


I v/-Va- 
^ 2gJ 


( 120 ) 



Fig 101 


Let H, = total internal work done in turbine, B.Th U. per lb 
of steam 


1 e 


Then 


or 


" T n 


0 707 


s h p. 


w. 


Ia = I< 


+ ^ + H. 


- lo = H. 


+ 


Yl_ 

2gJ 


( 121 ) 


92 . Reheat Factor. If a state point locus or condition curve 
ACDE . . UVW be drawn as shown m Fig. 99, and if the cumula¬ 
tive heat H(, = be worked out, it will be found that is some¬ 
what greater than the adiabatic heat drop = AB. 

R H. 


The ratio 


• ( 122 ) 
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is known as the reheat factor. The value of R depends upon the 
turbine stage efficiency, the.initial pressure and superheat, and on 
the final pressure. Since the number of stages in the turbine will 
depend on H,. and the Mollier diagram only gives directly the value 
of H„, the reheat factor becomes an important quantity in the 
initial stages of design. Before giving expressions for the value of 
the reheat factor, we shall endeavour to explain it. 

Consider first of all the expansion of initially dry and saturated 
steam in a turbine, and assume that expansion takes place in 
thermal equilibrium. Assume, for the sake of simplicity, that the 
turbine has only four stages. Fig. 102 shows the T-0 diagram 



and Fig. 103 the diagram for the expansion. These are lettered 
to correspond, as far as possible. 

The adiabatic heat drop in the first stage of the turbine is 
represented by the area abci in Fig. 102 and by the length cd in 
Fig. 103. This is unaffected by losses. The point e. represents the 
condition of the steam at inlet to the second stage. Assuming equal 
initial and final velocities in each stage, then 

Ic — le = »7s(Io — Id) 

I«— la is termed the "frictional reheat.” This is the energy dissi¬ 
pated in friction, shock and leakage losses and "returned” to the 
steam as heat. Clearly 

Ig Id ~ (I ~ 

and is represented by the area Idem in Fig. 102. 
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Therefore, the gain, of entropy due to frictional reheating in the 
first stage— t. 

== (1 - 

Of the first-stage reheat, represented by the area Idem, the part 
that IS available for the performance of mechanical work in the 


remaining stages of the turbine is the fraction and is 

represented by the cross-hatched area The increase in the adiabatic 



Fig 103 


heat drop in the second stage due to the friction losses in the first 
stage IS represented by the area defh 

In the Mollier diagram, let.7^' be drawn parallel to de Then 
def'h IS a parallelogram and ef is equal to dh. But ef is the adia¬ 
batic heat drop in the second stage. Therefore, f'f represents the 
increase in the second stage adiabatic heat drop due to the fric¬ 
tion losses in the first stage Now the slope of a constant pressure 
Ime has been shown in Art 27 (eq. (24)) to be equal to the absolute 
temperature Thus, for de and hf — 



and for hf 


dl _« 

d4>"" 

l/-l, = T, 5^1 

I/-I/ = (5A2 = (Ti-Ta)<5s6x 

5 = Area defh (Fig. 102) 


and 
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A similar reheating of the steam takes place in the succeeding 
stages, but the availability of the reheat becomes smaller and 
smaller as the pressure at which reheating is effected falls. For this 
reason, it is preferable to have an inefficient stage, e.g. a two-row 
velocity wheel, at the H.P. end of the turbine rather than at the 
L.P. end. The total increase in the sum of the stage adiabatic 
heat drops is represented in Fig. 102 by the double-hatched area, 
and in Fig. 103 by the sum dh^ -t- dh^ -1- dh^. 

When the expansion in a stage takes place wholly in the super¬ 
heat region, the conditions are as shown in Fig. 104 (a) diagram) 
and Fig. 104 ( 6 ) (^-I diagram). The gain in heat drop in the second 



stage is clearly equal to the area ebcd, to scale, on Fig. 104 {a). In 
the ^-I diagram. Fig. 104 ( 6 ), the constant-pressure lines he tmAed, 
although curved, are so short that they may be considered as straight 
lines. As before, draw ed' parallel to be. Let T,„i and T „2 represent 
the mean absolute temperatures of the steam botweeri b and c, 
and between a and d, respectively. 

Then = T^]^. 

3-nd I,j I® = T^2 . (5^1 

*"• ^^2 = ” Id = (Tml — 

= Area bede (Fig. 104 (a)) 

A similar argument may be applied to other stages where expan¬ 
sion takes plice entirely in the superheat region, or partly in the 
superheat and partly in the saturated region. 

The reheat factor is greater, the larger the number of stages for 
a given pressure range and the lower the stage efficiency. 

93 . Reheat Factor for an Expansion with a Uniform Adiabatic 
Index and a Constant Stage Efficiency. Consider the frictionally 
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resisted expansion of steam which, when expanding adiabatically, 
follows the law pv'^ = constant, and let be the stage efficiency. 
Furthermore, assume that the number of stages is very large and, 
therefore, that the adiabatic heat drop in each stage is extremely 
small In this case the condition curve, instead of being stepped, 
IS a continuous curve, corresponding to which we have the curve 
BC in the p-v diagram. Fig. 105 It wiU be shown that given 
an adiabatic relation pv*^ = constant, there is a corresponding 
equation pv"^ = constant for the curve BC 



In expanding from P to P + 5P, the heat available is equal to 
— V <5P ft -lb , the minus sign being used because dP is negative 
If the efficiency of the small expansion is the reheat is 

(5H = — (1 — r}s)v . 5P ft -lb 

By the First Law of Thermodynamics— 

Heat supplied = Work done -f Gam of internal energy 

or an = P . <5w -H <5E 


But 


or 


For an adiabatic change, since aH = 0, 

aE = -P 6v 
Pt)« = Const = C 
aE = — C . W-" . dv 

E = — CJw - ” dv 


_ C + Const of integration C, 


Fv 


n 


+ Cl 


p az> -f • ap 

~ n — 1 



196 


STEAM TURBINE THEORY AND PRACTICE 

P . dv V . SB 


(1 


{« 


Yj^V . (3P = P . + 

p 


n ■ 


1 


,v-,<3P I <5u « 

— 1)}^ +«.-■ = 0 


Integrating— 

{» - - l)}loge P + » logo V ■■ 

/. = Constant 


Constant 


where 


m = 


n 


n — r}s{n—l) ' ' ’ 

Thus the modified expansion can be represented by the equation 
Pt;»» = C, where m, the index, is a function of the adiabatic index 
n and the stage efficiency r),. Provided n is constant and also that 
Yja is constant, m must be constant. 

Referring to Fig. 105, the sum of the adiabatic heat drops in the 
actual turbine is represented by the area ABCD, whereas the 
adiabatic heat drop in the frictionless turbine is ABED. 


Hence 


R = 


Area ABCD _ Ho 
Area ABED ~ H^ 




1 

m 


n 


ft.-lb. 


ft.-lb. 


where 


P. 


Hence 


R == 


m(« — 1) 

n{m — 1) 


(vj 


W -J 
m 


(v) 


71-1 

n 


Substituting for m the value 


n 


1 


n — rjJ^n — 1) 


R = 


iM 


Vb 


1 


n- I 

iiV 


(124) 
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94 . Reheat Factors for Steam Expanding wholly in the Superheat 
Region. Here « = 1 -3 and therefore— 



(125) 


For values of 77 ^ lying between 0-8 and unity, the reheat fraction 
R — 1 IS very nearly proportional to (1 — By plotting these 
values against log-y^r, the author finds that— 


P 

(1) For values of between 5 and 15— 

.2 

R = 1 + (1 - 77,) ^ 0-246 logio ^ + 0-003 ^ . (126) 

P 

(2) For values of ^ between 15 and 40— 

■V 2 

R = 1 + (1 _ ^^) ^ 0 205 logio ^ + 0-051 ^ . (127) 

These formulae are theoretically correct for values of 77 , between 
0-8 and 1 - 0 , and for an infinite number of stages 

95 . Reheat Factors for Steam Initially Dry and Saturated and 
Expanding in Thermal Equilibrium. Zeuner’s index 7 » = 1-135 is 
not the same for all initial pressures, nor is it strictly constant for 
the whole of any expansion Consequently, formula 124 does not 
jneld very reliable values of the reheat factor. The author finds that 
R IS given surnciciiily nearly foi practical purposes by the equation— 

R = 1 + (1 - 77 ,) ^ 0 09 logic I; - 0-02 ^ (128) 


96 . Correction for Finite Number of Stages. The expressions 
given above for the reheat factor apply only to a turbme having an 
infinite number of stages. They could be applied with little error 
to turbines having a relatively large number of stages. The approxi¬ 
mate correction for a finite number of stages may be easily found 
provided certain simplifying assumptions are made. Figs. 106 (a) 
and 106 ( 6 ) show the T-^ diagrams for expansions in the saturated 
and superheat regions respectively AB shows the adiabatic expan¬ 
sion and AC the actual expansion line for an infinite number of 
stages. In each case, let ^ be the gain of entropy due to reheating, 
n the number of stages in the actual turbine, and assume that the 
total gain of entropy is the same for a finite as for an infinite number 
of stages. Let T be the temperature range AB in each case and sup¬ 
pose that the temperature drop in each stage is uniform. 
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For the purpose of the proof we shall further assume that AC is 
a straight line and that the constant-pressure lines in Fig. 106 {b) 
are straight. Then— 

(1) Increase of adiabatic heat drop when n is infinite 
= Area ABC = ^ 



(2) Increase of adiabatic heat drop when n is finite 
= Shaded area 

= Area ABC — ^ ^ 

2 n n 



Let Roo = reheat factor for infinite number of stages. 
R„ = reheat factor for n stages. 


Then 

Roo-1 

II 

Pit! 


and 

R„- 1 





2 Ha\ n J 


i.e. 

R„- 1 

RqO ^ 


• . (129) 
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97 . Rdaeat Factors for Steam Ejspanding partly in the Super¬ 
heated Condition and partly in the Saturated Condition. This offers 
a rather more comphcated problem which is beyond the scope of 
this book. Values of R may, however, be obtamed by drawmg the 
condition curve on the Mollier chart by the step-by-step method. 



Fig. 107 

usmg suitable heat drops. The curves given in Fig. 107 were obtained 
in this way for the following basic data— 

Initial steam pressure . . 200 lb per sq. in. abs. 

Exhaust steam pressure . - . 1 ,, „ „ 

Approximate stage heat drop . . 40 B Th U per lb. 
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In turbines having more than ten stages, the value of R would 
be slightly higher than that given by the curves. 

For further work on this subject the reader is referred to articles 
and papers by Messrs. E. L. Robinson (2), H. G. Yates (3), R. B. 
Smith (4), Professor C. G. Thatcher (5), and Dr. D. M. Smith ( 6 ). 

98 . Internal Efficiency. The internal efficiency is defined as 
the ratio of the internal work done in the turbine, expressed in 
B.Th.U. per lb. of steam, to the adiabatic heat drop. 

i.e. ^ . • . . (130) 

If Yjs is the mean stage efficiency, then 


and since 

. - . . (131) 
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EXAMPLES X 

1. Steam at a pressure of 100 lb, per sq. in. abs. and superheated 100® F. 

expands adiabatically to a —- -,f po 15 ^ per wiiat is the 

difference between the initia i '0 ' orth.-'^py nr.d what is the final quality 
of the steam? If only 60 per cent of tl'i. ncl:;.hiai.* heat drop is converted 
into mechanical work, calculate the increase in the hnal dryness fraction and 
in the final entropy value due to reheating. 

2 . The initial enthalpy at inlet to the nozzles of a turbine stage i.s 1,150 
B.Th.U. per lb. and the enthalpy at outlet from the blades is 1,118 B.Th.U. 
per lb. If the total internal steam flow through the turbine is 24 lb. per sec., 
and the power absorbed in disc friction is 10 h.p., what is the work done on 
the blading per lb. of steam ?• Neglect diaphragm gland leakage. 

3. The total internal steam fiow through a 20,000 kW steam turbine is 
54 lb. per sec. In a given stage, the diaphragm gland leakage is 0*5 lb, per sec. 
The mean blade speed is 550 ft. per sec. and the ratio of blade speed to steam 
speed is 0-5. The nozzle angle is 18®, the nozzle efficiency 0*88, the value of 
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h for the blades is 0*86, and the carry-over factor for the nozzles is 0 90 
Given that the blade outlet angle is 36° and that the power absorbed by disc 
friction IS 55 h p , calculate the stage adiabatic horse-power, the shaft horse¬ 
power, and the stage efficiency 

4 The following particulars refer to a steam turbine of 25,000 kW 
output— 


Mean diametei of last wheel 
R p,m. 

Eftective height of blades on last wheel 
Exhaust pressure 
Dryness fraction of exhaust steam 
Internal steam flow 


120 m 
1,500 
28 in 

0 5 lb per sq in abs 
0*9 

8 8 1b per kWh of 
turbine output 


Assuming that the steam flows axially from the blades of the last wheel, 
calculate— 


(1) Terminal velocity 

(2) Terminal velocity loss 

(3) Percentage loss, given that the adiabatic heat drop in the turbine is 
474B,Th.U per lb 

(4) Final enthalpy value, given that the initial enthalpy value is 1391*83 
B Th U per lb and that the total internal power is 25,750 kW 

5. Steam which is initially dry and saturated at an absolute temperature 
Tj expands in a turbine to an absolute temperature Tg, the stage efficiency 

being rjg .. r very large number of stages arid that the condition 

curve on tl . i y *. : is a straight line, show that the reheat factor 


R = _lL±Ji_ 

2T,+ 

is the actual reheat factor greater or less than this approximate value ^ 

6 Dry and saturated steam is supplied to a four-stage steam turbine at 

pressure of 200 lb per sq in abs and exhausted at a pressure of 1 lb per 

sq in abs If the stage efficiency is 60 per cent and the pressures in the inter¬ 
mediate stages are 70, 20, and 5 lb per sq in respectively, derive the value 
of the reheat factor by using the Mollier chart 

7 Describe with reference to the T-^ and (f>-I charts the effect of internal 
losses on the condition of the steam in a multi-stage turbine State what is 
meant by "reheat factor,*' and state the influence of {a) efficiency, (6) the 
number of stages, on the value of the reheat factor 

8 Steam which is initially dry and saturated is expanded in a multi-stage 
turbine, in each stage of which 30 per cent of the heat available is recon¬ 
verted into heat If the adiabatic index be taken as 1*135, calculate the index 
m of the expansion curve and the ratio of the sum of the stage adiabatic 
heat drops to the adiabatic heat drop with fnctionless expansion, if the 
pressure-ratio of the expansion be 180 

9 Steam at a pressure of 150 lb per sq m abs, and a temperature of 
500° F expands in a five-stage turbme to a pressure of 1 lb per sq m. abs. 
The steam pressures in the five stages are 70, 30, 10, 3, and 1 lb per sq in. 
respectively The stage efficiency is 65 per cent Tabulate the entropy and 
total heat data with reference to the chart and derive the reheat factor 

10. Given that the adiabatic index for superheated steam is T3, calculate 
the actual index for an adiathermal expansion in which the heat drops are 
infinitely small and the stage efficiency is 0*75 Hence'calculate the theoreti¬ 
cal reheat factor for a pressure-ratio of expansion of 20 What would be the 
approximate value of R for a turbme with ten stages and the same ratio of 
expansion ? 




CHAPTER XI 

REGENERATIVE FEED-HEATING 

99 . -Introductory. In the fourth chapter of this book we have 
considered the simplest possible form of cycle on which a steam tur¬ 
bine may operate, namely, a cycle in which all the heat supplied 
is given externally, in which the steam is expanded adiabatic- 
ally and exhausted at constant pressure. .Such a cycle, termed 
the Rankine cycle, has formed a useful basis for comparing the 
performance of turbines operating under different conditions. 

The object of the present chapter is to consider modifications to 
the usual cycle of operations which increase its thermal efficiency, 
and which have become standard practice in steam power plants 
both on land and, in the more powerful installations, at sea. 

It has long been the practice to preheat the feed water in a so- 
called "economizer” by means of the heat in the gases leaving the 
boiler. Since both coal and oil contain hydrogen, a certain amount 
of water vapour is formed during combustion. A very small amount 
of water vapour carried into the furnace by the combustion air 
goes to increase the total amount of vapour in the flue gases. Now 
if the gases are cooled below the dew-point by contact with rela¬ 
tively cool metal surfaces, such as economizer tubes, then a part 
of the vapour contained in the gases will be condensed and deposited 
on the outer surface of the tubes. For coal and oil firing, with the 
usual amount of excess air, the dew-points are, respectively, about 
95° F. and 110° F. The actual wall temperature of the tubes will, 
of course, lie between the mean gas temperature and the feed tem¬ 
perature but, owing to the greater resistance to heat transmission 
on the gas side of the tubes, the wall temperature will be much 
nearer to the feed temperature than the gas temperature. Conse¬ 
quently, in order to prevent condensation or "sweating,” the feed 
temperature at inlet to the economizer should be somewhat higher 
than the dew-point of the flue gases. If condensation .should occur, 
the sulphur dioxide or sulphur trioxide formed by combustion of 
the sulphur in the fuel will be dissolved in the water to form sul¬ 
phurous or sulphuric acid respectively. As the condensate tempera¬ 
ture is sometimes as low as 70° F. to 75° F., some preheating of 
the feed water is necessary. 

Such feed-heating may be done by live steam or by exhaust 
steam from auxiliaries. The former method is not efficient and in 
manjr cases the latter method cannot be adopted because the 
auxmaries are all electrically driven. An alternative method of 
feed-heating is by extracting or "bleeding” a portion of the steam 
from a stage in the turbine and utilizing the latent heat of the bled 
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steam for raismg the temperature of the whole of the feed water. 
As both the steam and the feed water are the same workmg 
substance, the process is a regenerative one 

Quite apart from bemg a means of preventing the sweating of 
economizer tubes, regenerative feed-heating has an important 



--- » Drain Water Pipe 

Fig. 108 —Diagram of Single-stage Regenerative Feed-heating System 

thermodjmamic aspect, for if the principle be extended so that the 
feed water is heated up to temperatures well m excess of that 
required to prevent sweatmg, the thermal ef&ciency of the turbme 
operatmg cycle may be appreciably mcreased A bnef analysis of 
the cycle will now be given. 

lOO. Single-stage Heating. The arrangement of the plant for 
smgle-stage heatmg is shown diagrammatically in Fig. 108. Steam 
IS bled oiff at some pressure the corresponding saturation tem¬ 
perature being The extracted steam is being condensed con¬ 
tinuously m the heater and gives up its latent heat for the heatmg 
of the water. The condensed heating steam, or dram water as it 
IS termed, at may then pass through a cooler in which its tem¬ 
perature is reduced to which is the temperature of the feed 
water entering the drain cooler. This assumes perfect action in 
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the cooler in the sense that there is no resistance to heat flow from 
the hot drain water to the feed water. Similarly, we shall assume 
perfect heat transmission in the main heater, so that the food water 
will be assumed to reach the same temperature as the extracted 
steam. 

The drain cooler is sometimes omitted in practice for economic 
reasons, the drain water being led into the condenser. In an alter¬ 
native arrangement, the drain water is extracted from the heater 
by a pump which discharges it into the feed pipe after the heater. 
An extension of this principle is illustrated later in Fig. HI. 

Let = weight of steam tapped oft at px per lb. of steam sup¬ 
plied to the turbine. 

Iso> Isi> etc., represent the enthalpy of the steam at the 
pressures p^, p^, etc. 

I «)2 represent the enthalpy of water at the saturation 
temperatures 4- 


In deriving the following expressions it will be assumed that 
the feed water is in the saturated condition at every point in the 
system. This requires that its pressure be raised graduallj' as its 
temperature is raised. We shall ignore the very small amount of 
work done in feed compression and its effect on the heat supplied. 
In the arrangement shown in Fig. 108 we may regard the heater 
and drain cooler as a single unit, in which— 

Heat given up by steam) _ fHeat taken up by feed 
and water j | water 

or Wi(Isi — I^a) = (I„i — 1 ^, 3 ) X 1 lb. 

or = .... (132) 

•*-W 2 


The heat supplied from external sources to generate 1 lb. of steam 
— Iso 

The heat rejected to the circulating water in the condenser 
= (1 — 

Work done by steam expanding in turbine 

~ (^SO ~~ ^tol) (1 

and the thermal efficiency of the modified cycle 

1 (l-te>i)(I»g-I«,a) 

1,0-U ’ 


Vo 


(133) 


For the purpose of comparison the thermal efficiency of the Rankine 
cycle, expressed in the same symbols, is 

Ijz IjoS 
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In actual practice, where the feed water reaches a temperature 
h which IS some 5° to 20*^ F lower than Q-nd where the drain 
water leaves the drain cooler at a temperature (Itt; 4 ), which may 
be about 20*^ to 30° F higher than 4 , the value of will be 

and — Itca) _ 


The gain in theoretical thermal efficiency with single-stage heat¬ 
ing naturally depends on the temperature to which the feed water 
IS heated. If that temperature is relatively low, then the heat to 
be supplied in the boiler is reduced by a small amount. On the 
other hdnd, if the temperature to which the feed is heated approaches 
close to the steam saturation temperature, the system becomes 
approximately that of live steam feed-heating, which produces no 
gam in thermal efficiency because the reduction of sensible heat 
to be supplied in the boiler is just equal to the heat which has been 
extracted from the live steam produced in the boiler If a tempera¬ 
ture be chosen intermediate between the condenser and live steam 
saturation temperatures, then the extracted steam has already done 
a certain amount of mechanical work, and all its remaining latent 
heat and a certain amount of its sensible heat may be utilized for 
feed-heating purposes with a quite definite thermal advantage 
The influence of temperature may be followed from Fig. 109, 
which shows the results obtamed for the following conditions and 
assumptions— 


Initial steam pressure 
Initial steam temperature 
Initial steam saturation tempera¬ 
ture ... 

Exhaust pressure 
Exhaust saturation temperature 
Mean value of turbine stage 
efficiency .... 


600 lb. per sq in abs 
850° F 

486-3° F 

0-505 lb per sq. in abs 
80° F. 

80 per cent 


It is assumed— 

(1) That the feed outlet temperature from any heater is equal 
to the steam saturation temperature in that heater. 

(2) That the condensed steam from each heater, together with 
the drains from the next high-pressure heater, is passed into the next 
low-pressure heater 

(3) That the combined drams from the lowest-pressure heater 
are cooled in a drain cooler to 80° F 

The thermal efficiency of the turbine without feed-heatmg Ts 
33-36 per cent. The percentage gain in thermal efficiency due to 

8—(T 5200) 
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feed-heating in one stage reaches a maximum value of 6-45 at a 
temperature of 280° F., which is roughly midway between the 
exhaust and live steam saturation temperatures. 

loi. Multi-stage Heating. Greater gains in thermal efficiency 
may be attained by the use of several heaters arranged in series, 
and by raising the temperature to which the feed water is heated. 



Temperature to which feed is heated ."F. 

Fig. 109.—Gain, in Thermal Kfliciency duo to .Ucgoncrativo 
Foed-hoating 

A typical arrangement of the plant with three-stage heating is 
shown diagrammatically in Fig. 110. The water is heated in steps, 
and the turbine stages from which steam is extracted are selected 
so that the saturation temperature of the steam in each particular 
bleeding stage is a little higher (|to allow for heat transmission) 
than the temperature to which it is desired to heat the feed water. 
Actually, of course, the feed temperatures arc ultimately dependent 
on the steam temperature available. 
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In deriving the following relations, it is assumed that the hot 
drain water from heater No. 1 passes mto the steam space of heater 
No. 2, that the drams from No 2 pass mto No 3, and that the 
combined drains from heater No. 3 are cooled in a dram cooler to 


fib 


I$o 


-CXH 


Weight 
Total Hea£\ 


Heater No.1 


Turbine 



loz 

IV3 


vEtiWivjiavMi 

iwsm 

isz 

tss 



4—_t ^ 



ub. i^,\iti~\) J 
li!'-' i 


“m\\ i 


Dram Traps 



's- 

^Seal Pipe 

indicates Steam Pipe 
99 Feed ** 

99 Drain Water Pipe 


Fig 110 —Diagram of Three-stage Regenerative Feed-heatmg System 
Note —E P represeats the condensate extraction pump 
F P represents the boiler feed pump 

the temperature of the mam condensate. Then, applying the 
steady flow equation to each heater m turn, it may be shown that 

'‘'1 


= 


I. 


Wp, = 


_ ' 




^-ws) 


I,.-I 


W2 


= 


^^ 04 ) (^1 H "" ^ 2 ) ( I ^;2 

I 53 

Work done m the turbme per lb. of steam 

= Wi(lgQ I51) -j- ^^2(^50 ^52) 

+ ^3(IsO— Iss) 

+ [1 — K + ^2 + 2^’3)](l50 — Is4) 


(136a) 

(136&) 

{136c) 

(137) 
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Heat supplied H = I^o — ^wi ■ • • • (138) 

H 

Thermal efficiency rjc = 

The work done in the turbine per lb. of steam supplied may also 
be calculated from the relation 

Ha, = Heat supplied — Heat rejected 

= (Im - Iwi) - [1 — (“’i + ^2 + ®3)KIs4 — I«.4) 

Fig. 109 shows the gain in thermal efficiency due to the use of two, 
three, or four heaters for var 3 Tng feed temperatures. A study of 
this graph shows the advantage of multi-stage heating as compared 
with single-stage heating, for not only is the maximum thermal 
gain greater, but the temperature at which the maximum gain is 
obtained approaches nearer the steam saturation temperature the 
larger the number of heaters used. 

The above relations may be easily modified for any actual case 
in which temperature differences must be allowed for heat 
transmission. 

The drainage of the feed heaters is sometimes effected by means of 
centrifugal pumps which extract the condensed heating steam and 
deliver it into the feed pipe immediately after the heater in question. 
This system is illustrated diagrammatically in Fig. Ill for three-stage 
feed-heating. It is assumed that steam is bled off at three points 
where the steam pressures are p^, and p^, the corresponding 
saturation temperatures being and and the water enthalpies 
I„i, Iwa. and 1^3 respectively. It is reasonable to assume that 
the drain water temperatures from the three heaters are also 4, 
and 4- 

Consider the drain pump for heater No. 1, and suppose that the 
pressure rise produced by that pump is lb. per sq. ft., the specific 
volume of the water being % cub. ft. per lb. Then, assuming the 
compression of the water in the drain pump to be adiabatic, the 
increase in enthalpy, given by eq. (25), Art. 28, must be 

I'«.i - ^ B.Th.U. per lb. 

Also I'^ -lv^= ^ B.Th.U. per lb. 

and I '„3 - I „3 = B.Th.U. per lb. 

Allowing for the temperature differences necessary for heat 
transmfesion in the feed heaters, let I"^, and I "„3 be the water 
enthalpies immediately after heater Nos. 1, 2, and 3 respectively, 
and and I"'u,s the water enthalpies after mixing the 
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feed and drain pump discharge after heaters Nos. 1, 2, and 3 
respectively. Then I"„i < and so on. 



- « reed " 

_: ” Drain Water Pipe 

Fig 111 . —Diagrammatic Arrangement of Three-stage Regenerative Feed¬ 
heating System in which Heater Condensate is Extracted by Drain Pumps 

Then considering heater No 1, ignormg heat losses and kmetic 
energies, and appl 3 nng the steady flow equation, we have 

(Mass-enthalpies entering system) -f- (Dram pump work) 

= (Mass-enthalpies leaving system) 

5^ilsi + (1 — ^i) • !'"«« + I«,i) 

= (1 — ze»i)I"«,i + t&i. 
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from which 

% = (I"mi— (^31 + ^ "vix — Itoi) • (139a) 

In the same way it may be shown that 

- I" »3) - 

^ (I»2 + I"332 - r"«.3 - I«.3) • • (139J) 

= ((I ^3 (^1 “t~ ^2)(^ w'3 1434 )}' 

A~ (Is3 "t" toS lw)4 Iws) • • • (139c) 

In order to obtain the final condition of the feed water and to use 
the above expressions it is necessary to know the enthalpy values 

T/// T/// J r/ff 

■*> ijoXf ■*" w^’ 

i'"«i == (1 - “' 1 ) • + “'i • I'm 

= I"m + «'i(r«,i-I"m) 

Similarly— 

= {!"«« - • I'm + “'2 (I'm - I"m)} (1 “ »-i) 

l"'m = {r'm - (^1 + “'2)I"m + ^e'3(rm - I"«,3)} 

{1 — (j^i + ^ 2 )} 

For practical purposes the effect of the drain pump could safely 
be neglected and left to balance the heat loss. In practice it is not 
usual to employ a drain pump on each heater. The drains may be 
cascaded from one heater to the next, as shown in Fig. 110, and 
extracted from the L.P. heater by a drain pump instead of being 
passed through the drain cooler. For details of heaters, drainage 
devices, etc., and for typical practical arrangements of heaters, the 
reader is referred to the author’s book. Steam Turbine Operation. 

102 . General Notes- on Feed-heating. We have seen that the 
thermal efficiency of a steam turbine plant may be increased by 
the use of bled steam feed heaters, the percentage gain at the 
optimum feed temperature increasing as the number of heaters is 
increased. In practice the appreciable cost of the heaters, pipes, 
valves, and accessories puts a limit to the number of heaters em¬ 
ployed.^ In large units the temperature rise of the feed water per 
heater is normally about 50® to 60° F., three to five heaters being 
installed. 

Up to the present we have only considered the influence of 
regenerative feed-heating so far as it affects the thermal efficiency 
of the turbine. It is essential, however, to remember that the tur¬ 
bine is only a part of an organic whole, and that if by the adoption 
of this method of feed-heating we render the use of an economizer 
Tiimecessary, then the flue gases will leave the boiler plant at an 
appreciably higher temperature, and the reduction in boiler efficiency 
will partly offset the increase in turbine cycle efficiency. 

The solution of the problem lies in the use of air heaters wherein 
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the flue gases are cooled by the combustion air prior to its admis¬ 
sion to the furnace. This is, of course, but a further application 
of the regenerator prmciple. In practice, air heating possesses cer- 
tam advantages and disadvantages. The mean temperature m the 
boiler furnace is higher when the air temperature is higher, and, in 
consequence, the percentage of fuel heat transmitted by direct 
radiation is appreciably greater Trouble is sometimes experienced 
with mechanical stokers operating with preheated combustion air, 
and, in this respect, pulverized fuel firing would appear to be at an 
advantage Some authorities state that the air temperature should 
not exceed about 350° F. with cham-grate stokers, but the hmitmg 
temperature depends to a large extent on the type of fuel and stoker 
A somewhat recent development is to supply to the stoker itself 
moderately heated air at about 250° F , and to supply a quantity of 
secondary air above the fire at a temperature from 350° to 600° F. 

Because of the fact that a certam proportion of the steam sup- 
phed to the turbme is extracted before it reaches the exhaust end, 
the quantity of exhaust steam may be reduced by as much as 12 
per cent per unit generated. This reduction is a considerable help 
to the designer who may be faced with the problem of designing a 
very high capacity machine There is a reduction in the cooling 
surface to be provided m the mam condenser, but this is actually 
more than offset by the necessity of providing condensing surface 
(of an expensive type) m the feed heaters 

EXAMPLES XI 

1 A steam turbine plant equipped with a single regenerative feed heater 
operates under the following conditions— 


Initial steam pressure 250 

Initial superheat 200° F 

Extraction pressure 30 

Exhaust pressure 0 9 


Compare the regenerative and non~regenerative cycles with respect to the 
following {a) thermal efficiency, (d) steam consumption in lb per kWh, and 
(c) condenser duty (steam condensed per kWh) 

It may be assumed that the expansion is adiabatic, “that the feed water is 
heated to the steam saturation l< ' in the heater, and that the 

dram water from the heater is ' .:i c dram cooler to the condenser 

temperature 

2. Steam is supplied to a turbine at a pressure of 400 lb per sq in abs 
and a temperature of 712° F , and is expanded adiabatically to a pressure of 
0*5 lb per sq m abs At a stage of the turbine where the pressure is 40 lb 
per sq in abs a connection is made to a surface feed heater in which the 
feed water is heated by bled steam to a temperature of 260*9° F The con¬ 
densed steam from the feed heater is cooled in a dram cooler to 79 5° F , 
the feed water passing through the drain cooler before entering the feed 
heater The cooled drain water combines with the condensate in the well 
of the condenser 

Assuming no heat losses in the system, calculate the following— 

(a) Weight of steam used for feed-heating per lb of steam entering 
the turbine 

(b) Thermal efficiency of cycle. 



212 STEAM TURBINE THEORY AND PRACTICE 


3. Dv.rrfr c\ tc=t on a steam turbine equipped with a single stage of regenera¬ 
tive ig, the following results were obtained— 


Steam pressure at stop valve 

Steam temperature at stop valve 

Steam pressure in nozzle box 

Bled steam pressure .... 

Exhaust pressure ..... 

Temperature of condensate 

Temperature of drain water leaving drain cooler 
Temperature of feed water leaving feed heater 
Steam entering turbine .... 


300 

600® F. 

250 

40 

1-0 

100® F. 

110-7® F. 

257-6® F. 

50,000 lb. per hour 


Calculate the coupling power of the turbine, assuming (1) that the drain 
water leaving the drain cooler enters- the steam space of the condenser, (2) 
that the internal work done by the steam which completes its expansion is 
300 B.Th.U. per lb., (3) that the condition curve on the <^-I diagram is a 
straight line, and (4) that the bearing friction and other external losses amount 
to 2 per cent of the internal power. 

4. Steam is supplied to a turbine at 450 lb. per sq. in. abs. and super¬ 
heated 200° F. The turbine exhaust pressure is 1*0 lb. per sq. in. abs. 

The main condensate is heated regeneratively in two stages by steam bled 
from the turbine at 70 lb. and 12 lb. per sq. in. abs. respectively. Calculate 
the weights of steam bled off at each pressure per lb. of steam entering the 
turbine and the theoretical thermal efficiency of the cycle. 

The following assumptions are to be made— 


(a) That the expansion of the steam in the turbine is adiabatic and 
frictionless. 

(b) That the condensate is heated to the saturation temperature in each 
of the heaters. 

(c) That the drain water from the H.P. heater passes through a trap 
w-ithout loss of heat into the steam space of the L.P. heater. 

(d) That the combined drains from the L.P, heater are cooled in a drain 
cooler to the condenser temperature. 


5. A steam turbine operates under the following conditions— 

Initial pressure ..... 300 

Initial superheat .... 200® F. 

Final pressure . , . . . 0-5 

Steam is bled off from turbine stages at pressures of 70,- 20, and 4 lb. per 
sq. in. abs. for the purpose of heating the main condensate. The expansion 
in the turbine is adiabatic and frictionless. It may be assumed that the 
condensate is heated in each heater up to the saturation temperature of the 
steam in that heater, and also that the drain water from each heater is 
cascaded through a trap into the next heater on the low-pressure side of it. 
The corubined drains from the heater operating at 4 lb. pressure are cooled 
in a drain cooler to condenser temperature. 

Calculate the following— 

(а) Weight of steam extracted for each heater per lb. of steam entering 
the turbine. 

(б) Thermal efficiency of cycle. 

(c) Thermal efficiency of the Rankine cycle. 

(d) Theoretical gain due to regenerative feed-heating. 

(e) Steam consumption of turbine in lb. per kWh with and without 
regenerative feed-heating, 

if) Quantity of steam passing through the last-stage nozzles of a 
50,000 kW turbine with and without regenerative feed-heating. 

{g) Amount of heat carried away by the cooling water in the condenser 
per kWh with and without regenerative feed-heating. 
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6 A steam turbine plant is equipped with a single regenerative feed heater 
of the surface type. The condensed heating steam is withdrawn from the 
heater by a dram pump which delivers the hot dram water into the feed pipe 
immediately after the heater Calculate the enthalpy of the feed water at 
outlet from the system, assuming adiabatic compression in the dram pump 
and no heat losses Calculate also the weight of drain water to be pumped 
per hour when the steam flow into the turbine is 55,000 lb per hr , given the 
following information— 

Steam pressure in nozzle box 250 lb per sq. in abs 

Steam temperature in nozzle box 650° F 

Bled steam pressure . . 40 lb per sq. m. abs 

Exhaust steam pressure . 0*7 lb. per sq. in. abs. 

Internal efficiency of turbine 78 per cent 

Pressure m feed pipe . . . 120 lb per sq in abs. 

Condensate temperature . 87*7° F 

Feed temperature at heater outlet 258° F 

Specific volume of water at 40 lb per sq m. 0*017 cub ft. per lb 

Assume that the condition curve on the Mollier diagram is a straight line 
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103 . Flow of Wet Steam in Nozzles and Blades. In the foregoing 
chapters of this book dealing with the flow of steam through nozzles 
and blades it has been tacitly assumed that the steam is a homo¬ 
geneous fluid and that at any point in the flow of wet steam, the 
steam and the suspended water particles are 
moving in the same direction and with iden¬ 
tical velocities. Whilst this is a very con¬ 
venient assumption, in that it simplifies 
the theoretical work and calculations based 
thereon, it is not in accord with the facts. 

Consider the expansion of wet steam in a 
nozzle. The flowing steam will carry along 
with it a large number of suspended water 
droplets. These are of varying size. There 
are the exceedingly minute particles consist¬ 
ing of a few hundred molecules and formed 
by condensation an extremely short time 
before the instant under consideration. There 
will also be much larger droplets due to the 
joining up of smaller particles. There is, 
however, an-upper limit to the size of such 
droplets. 

Fig. 112 shows a section through a steam nozzle. Consider two 
transverse sections a distance bx apart and suppose that these 
sections are also sections of equal pressure P and P — dP respec¬ 
tively. Consider the motion of two elementary masses, one — A, 
of steam, and the other — B, of water, assuming for the sake of 
simplicity that B represents a water particle of prismatic shape 
instead of the natural spherical shape. It is assumed also that at 
the section considered the particles are, at the given instant, mov¬ 
ing with the same velocity so that the only accelerating force is that 
due to the pressure drop. 

Let ps = density of steam, lb. per cub. ft. 

Pa, = density of water, lb. per cub. ft. 

The accelerating force on the two masses is the same, namely, 
g. (5P. 5A poundals, and since the masses are p^. bA . bx and 
pa,. (3A . bx respectively— 

Acceleration of steam 



Fig. U2 
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Acceleration of water 


-f - ^ J_ 

fw _ Ps _ 

fs Pw 


At 10 lb per sq m 

fw 

fs 


0-0166 

38-37 


= 0-000434 


At 1 lb per sq in. 


U 0-0161 

/. “■ 333 


0-0000484 


In other words, the rate of acceleration of the steam dtie to pressure 
difference only is 2,300 times that of the water particle at 10 lb 
per sq in , and 20,700 times at 1 lb per sq in abs 

The result is that the water particle is accelerated at a much 
smaller rate than the steam, and soon lags behind Under the new 
conditions there is a certain relative velocity of the steam past the 
lagging particle which introduces a new accelerating force, for if at 
any point the velocity of the steam is and of the moisture 
the relative velocity is and the accelerating force on the 

water particle due to the relative velocity only is 

Y = a ps(Vs — (3S poundals 

where a = a number which is a function of the Reynolds number, 
but may for the purpose of this simple analysis be 
assumed as a constant 


(3S = external surface of droplet 

Assummg a spherical droplet of diameter d, S ^ rrd^, and since the 

volume is the mass is p^j 

b b 


Acceleration = 


Force 

Mass 


This expression shows that the acceleration of the water particles 
will be least for the larger droplets and also least m the low-pressure 
stages where p^ is so very small. 

The foregomg analysis of the problem is very incomplete, but it 
sufl5ces to show that in the stages of a turbme where the steam is 
wet the water droplets do not acquire the same velocities as the 
expanding steam, and, moreover, that the velocity difference- is 
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likely to be greatest for the larger particles and in the stages where 
the steam pressure is lowest. Theoretical calculations show that in 
the L.P. stages of a turbine the ratio of the moisture velocity to 



steam jet velocity might vary from OT to 0-3, according to the jet 
velocity, being higher at the higher jet velocities. 

Consider now the velocity diagram for an impulse turbine, 
Fig. 113. 


Let Vji 


m-i 


si 


U, 

U^i 

Wa 

V 

» V)S 

V 

^ tom 


steam velocity at exit from nozzle, 
moisture velocity at exit from nozzle (assumed to be 
uniform for all particles). 


relative velocity of steam at inlet to blades, 
relative velocity of moisture at inlet to blades, 
relative velocity of steam at outlet from blades, 
relative velocity of moisture at outlet from blades. 

U '^2 


velocity of whirl for dry steam, 
velocity of whirl for moisture particles. 


In drawing the velocity diagram it has been assumed that the 
entrained water issues from the nozzle in the same direction as the 
steam. The inlet velocity diagrams for the steam and water are 
ABC and ADC respectively. From the latter it is seen that the 
water particles entering the blades have a relative velocity 
== CD and thus strike the leading face of the blades, as shown in 
Fig. 114. The subsequent action in the blade channels must be 
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somewhat conjectural In all probabihty, the spherical water 
droplets are flattened out and more or less broken up mto smaller 
droplets which will be swept forward by the rapidly flowing steam 
with the result that the water droplets leave the blade channels 
with a certain relative velocity U„ 2 > which is less than Ug 2 
IS not, by any means, uniform, but will be assumed so It will 
also be assumed that the relative directions of the dry steam and 
entrained moisture are the same at the blade outlet 

It wiU be clear that the interactions of the steam and water m 
the blade channels will affect the velocities Uga and U^a The 



Fig 114 —Showing Oblique Impact oi Water Drops on Moving 
Blades and Nozzle Guide Vanes 


momentum of the incoming moisture particles is practically destroyed 
- at mlet and the available momentum is, therefore, that of the dry 
steam If x is the dr 5 mess fraction of the steam, then the momen¬ 
tum per lb. of stuff, i e of steam and water mixture, is x . Uji 
With homogeneous flow, the momentum at outlet would be 
k .X . Ugi, where k has the usual meaning Equating the momen¬ 
tum of the steam and water at outlet from the blade channel, we 


have 


X . Uga + (1 — — X . k . Ugi 

Usa(Af “!-■ (1 — x)m^ = X k . Ugi 


Ug 


X k Uji 

X + {1 — x)mz 


(140) 


X h Ugi 


(141) 


This enables us to complete the velocity diagram. Note that the 
water particles leave the wheel in the direction of AF and strike 
the nozzle guide vanes of the next stage obliquely, as shown in 
Fig. 114 
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The incoming energy per lb. of stuff is 


2 g 2g 


ft.-lb. 


The force on the blades per lb. of stuff per second is 


\ {x . + (1 — x)Y^^) lb. wt. 

S 

where correct account is taken of the sign of Note that in 

Fig. 113 the component of in the direction of motion is greater 
than that of and that, accordingly, the sign of is negative. 



0 s . m 15 

Percentage Wetness 


Fig. 115. —Reduction in Blade Ef&ciency owing to Moisture in Steam 


In this way, the braking action of the water is correctly accounted 
for, provided the assumptions which have been stated above are 
reasonably correct. 

Hence the work done per lb. of stuff is 


W = + (1 - J ft.-lb. 

and the blade efficiency is given by the expression 
„ ■ + (1 - a;)V^ J 

+ (1 - x)m^^) 


(142) 

(143) 


The effects of moisture based on the above tentative theory are 
shown in Fig. 115 for the following basic data— 

Nozzle angle = 24°; p — 0-5. 

Equiangular blades,= ^2 = 44-6°; A = 0-85; and Wj = mj. 
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Taking the values at 10 per cent wetness as a basis and assuming 
m = 0-1 only, the percentage reduction m blading efficiency is- 
0 62 per 1 per cent of wetness Actually, this represents only a 
part of the losses m a turbme stage operating with wet steam. Owing 
to the interactions between the steam and suspended moisture m 





Fig 116 —Correction of Condition Curve to allow for Eftects of Wetness 

the nozzles, certain losses of energy occur Moreover, after impaet 
on the leading face of the blade, it is very probable that the water 
droplets resulting from the disintegration of the larger droplets will 
be flung outwards to a greater radius and will thus have a certain 
amount of kinetic energy imparted to them by the moving blades 
This reduces the useful work done It has been stated by the well- 
known authority, Mr K. Baumann, ( 1 ) that the stage efficiency 
ris' of a turbine stage working with wet steam is equal to the dry 
stage efficiency multiplied by the dryness fraction. 

1 e. Vs' -Vi • • ( 1 ^) 

This simple rule is apparently based on test figures and is very 
easily applied in practical calculations 

Considerations similar to those outlined above apply to the axial- 
flow impulse-reaction (Parsons) turbme. Water drops strike both 
fixed and moving blades obhquely. 

104 . Correction to Condition Curve for Wetness. If the efficiency 
of a stage operatmg with dry steam—^we shall term this the dry 
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stage efficiency—^is known, the condition curve for a constant 
stage efficiency may be corrected in the following manner. Refer¬ 
ring to Fig. ii6, let be the cumulative heat drop for the super¬ 
heat part of the expansion, and Hca that for the wet part. 

Then lo = ^7s • ^.nd 1^ = 

Considering the wet stages, if h is the adiabatic heat drop in any 
one stage and x is the dryness fraction in that stage, then, by 



Fig. 117 


eq. (144), the work done in the stage x If values of T>h 

and X are plotted against saturation temperature for the wet stages, 
it is found that the relations are linear. This is shown in Fig. 117, 
the data being taken from Table VII, page 190. It is obvious, 
without further proof, that the internal work done in the turbine 
isequalto = + 

where x^ is the mean dryness fraction in the wet stages. 

Example 15. Using the data given in Table VII, page 190, and 
given that the stage heat drop is 38-8 B.Th.U. per lb., and that the 
dry stage efficiency is 75 per cent, calculate— 

(a) Internal work done per lb. of steam, neglecting the effect of 
wetness. 


Dryness Fraction 
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(6) Internal work done per lb. of steam, taking wetness into 
account. 

{c) Percentage loss due to wetness 

{d) Final enthalpy and dryness fraction given that the initial 
enthalpy is 1288*8 B.Th U per lb. and the final pressure 1*0 lb per 
sq in 

From the data given in the table, it is clear that the first five 
stages may be assumed to operate in dry steam, and the last five 
in wet steam 

= 5 X 38 8 = 194 

{a) Neglecting wetness, = 0*75 x 388 = 291 B Th.U 

{b) Mean wetness in L.P stages == 0 95 

= 0*75{194 + (0 95 X 194)} 

== 283*7 
7 3 

(c) Loss due to wetness == x 100 = 2 5 per cent 

1 

Final enthalpy = 1288-8 — 283-7 

= 1005 1 B Th U per lb. 

Final dryness fraction read from MoUier chart = 0 9063 
Neglecting wetness the final dryness fraction is 0-8989 

It will be clear that the modification of the condition curve will 
give, for a constant dry stage efficiency, slightly greater specific 
volumes in the L P stages and also a slightly higher reheat factor. 

105. Erosion of Blades. Quite apart from causing a reduction 
in nozzle and blade efficiency, the presence of water in the L P 
stages sometimes brings about serious erosion of the moving blades 
Reference to Figs 113 and 114 shows that the water particles strike 
the leadmg surface of the blades with a velocity CD which, with 
the small ratio m-^ at present considered to obtain, is commensurate 
with the blade velocity Such impact, if sufficiently heavy, pro¬ 
duces severe local stresses in the blade material, causing the surface 
metal to fail and flake off 

The erosion, if any, is more likely to occur m the region where 
the steam is' wettest, 1 e in the last one or two stages of the turbine 
Moreover, as has been shown, the water droplets are concentrated 
in the outer parts of the flow annulus where the peripheral velocity 
and therefore the velocity of impact are highest. Experiments and 
operating experience have shown that the factors which most affect 
the erosion are the followmg— 

(fl) The.final wetness of the steam The consensus of opinion at 
the present time (1939) is that a nommal final wetness fraction 
exceeding about 10 per cent, combined with other factors which 
encourage erosion, would tend to produce severe erosion of the 
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blades. The final wetness obviously depends upon the initial pres¬ 
sure and temperature of the steam, the exhaust pressure and stage 
efficiency. Fig. 118 shows the final dryness fraction for various 
initial steam pressures and temperatures, assuming an internal stage 
efficiency ratio of 0*85. From these curves it is apparent that if 
the final wetness is to be kept below 10 per cent, then the employ- 



700 800 900 1000 

IniiiaJ Steam Temperatane 

Fig. 118.—Exhaust Wetness as a Function of Initial Steam Pressure 
and Temperature (Internal Efficiency ~ 0-85) 


ment of high steam pressures and a simple non-reheating cycle 
must imply the use of very high initial temperatures. 

(&) Peripheral velocity. In an important series of articles by 
Mr. F. W. Gardner ( 2 ), it is shown that the intensity of pressure 
produced by the impact of water drops is directly proportional to 
the velocity of mpact, and that it does not depend on the size of 
the drops. It is estimated that the pressure resulting from the 
direct impact at 1,000 ft. per sec. amounts to about 40 tons per 
sq. in. When it is realized that in some cases the blade tip velocity 
reaches 1,200 ft. per sec,, the great stresses set up by the impact 
of the water drops become a very serious matter. For further 
information on the subject of blade erosion, tests, etc., the reader 
is referred to the author^s book. Steam Turbine Operation. 

io6. Reheating. Erosion difficulties due to moisture in the steam 
^y be avoided by reheating. The whole of the steam is taken 
from the turbine at a suitable point and a further supply of heat is 
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given to it, after which the steam is readmitted to the turbme and 
expanded to condenser pressure 

Consider, first, the theoretical reheatmg cycle in which the steam 
is assumed to expand at constant entropy. Figs. 119 and 120 show. 



Fig 119 —T-^ Chart for Simple Reheating Cycle 

respectively, the T-^ and ^-I diagrams and arc lettered to corre¬ 
spond with each other. Steam enters the turbine at and Tj and 
is expanded adiabatically to a certam mtermediate pressure where 
the state point is / and the absolute temperature T 4 . Here the steam 
receives a further supply of heat, at constant pressure, which raises 
the temperature to Tg The steam is then expanded to p^ and Tg. 
This IS an example of single-stage reheating 

Referrmg to Fig. 120— 

Heat supplied = (I 4 — I„) (I, — I/) 

Heat rejected = 1^ — Iq 

Work done = Heat supplied — Heat rejected 

i.e the sum of the adiabatic heat drops df and gh. 
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Theoretical thermal efficiency of cycle 


( 145 ) 


Provided the last stage of the expansion terminates at the lower 
limit of temperature Tg, reheating generally leads to an increase in 



the theoretical cycle efficiency because the additional heat is sup¬ 
plied at a higher mean temperature. If the process is extended in 
its application, we may imagine a cycle such as that illustrated 
diagrammaticaily in Fig. 121 in which the steam is initially super¬ 
heated to Tg and repeatedly reheated at various pressures in such 
a way that the additional heat supplied to the steam is absorbed 
at a Mgh mean temperature T^, nearly equal to Tg. Such a cycle 
is theoretically desirable but is difficult to realize in practice. Up 
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to the present, practical considerations have limited the number of 
reheatmg stages to one. 

Consider now the practical case of reheating Refer- 

rmg to the chart. Fig 122, let be the stop-valve pressure, 
p^ the nozzle-box pressure, and p^ the exhaust pressure. 



Fig 121 —T-^ Chart for Multi-stage Reheating Cycle 


Non-reheaUng Cycle This is shown by the adiabatic and actual 
expansion lines be and bd Ignoring tihe effect of wetness in the 
L P. stages, the internal efficiency of the turbine cycle is 



where is the entheilpy of water at p^ 

Let Xi = actual dryness fraction at p^ 

Hji = cumulative heat down to saturation Ime. 

H ^.2 = cumulative heat from saturation Ime down to exhaust 
pressure 

Then, allowing for the effects of wetness, mtemal work done 
H, = -f ^l-±3^He2| 
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Reheating Cycle. Suppose that the steam is extracted at some 
pressure and reheated to a temperature 4- Assume that due -to 
resistance in the steam pipes and reheater tubes the steam re-enters 
the turbine at a pressure p\. The drop in pressure may be assumed 
to take place at constant enthalpy and is shown, purely for con¬ 
venience in illustration, by the constant enthalpy line ef. fg shows 



the reheating and gj the subsequent expansion to the exhaust 
pressure p^, the new final .dryness fraction being x'^. 

The heat supplied in the reheater may be deduced from the steady 
flow equation. Neglecting the relatively small kinetic energies of 
the steam at inlet and outlet, we have— 

Heat supplied per lb. of steam = I, — I„. 

•. Heat supplied in cycle = (!„- I^a) + (I„ - I,). 

gnoimg first the effect of wetness, the internal work done in 
the cycle is 

= I,) -f (I,-y 

(^a ^los) + (Ij, — I«) 
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In order to allow for the effects of wetness, suppose that— 

Before reheating— 

Hji = cumulative heat drop down to saturation hne 
Hc 2 — cumulative heat drop below saturation line. 

X 2 = final diyness fraction. 

After reheating— 

H(5 s = cumulative heat drop down to saturation Ime 
H(.4 = cumulative heat drop below saturation Ime. 

Suppose that the dry stage efficiency is uniform for all stages 
Then the total internal work 

H, = ^ + (^ 

The heat supplied is the same as before 

Example 16 Steam is supphed to a H P steam turbine at a 
nozzle-box pressure of 1,2001b per sq m abs , and a temperature 
of 800° F. The exhaust pressure is 0-5 lb per sq m abs What is 
the internal cycle efficiency {a) neglecting the effects of wetness, 
(6) allowing a standard wetness correction of 1 per cent per 1 per 
cent wetness’ The dry stage efficiency is 80 per cent. 

In an alternative cycle, steam is exhausted from the H P turbine 
at 200 lb per sq m. abs , reheated, and returned to the I.P. tur¬ 
bine at 180 lb per sq in abs and 800° F It is then expanded 
to the same pressure as before and with the same dry stage efficiency 
What is the internal thermal efficiency of the reheatmg cycle {a) 
neglectmg the effects of wetness, (&) allowing the same wetness 
correction as before’ 

(1) Non-reheat Cycle The condition curve bd is first drawn by 
a step-by-step process. Fig 123, yielding the I values shown. 

(a) Neglecting effects of wetness — 

H, = 1382-7 — 916 9 = 465 8 

Heat supplied = 1382 7 — 47-4 = 1335-3 


(b) Allowing for wetness — 

H,i = 1382-7 — 1193 0 = 189-7 


Mean x m lower stages = 


1 -f 0-8325 


0-9162 


H,2 = 0-9162 (1193 0 — 916-9) = 253-0 
Internal work done = 442 7 
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(2) Reheating Cycle. The expansion line gj is first drawn by a 
step-by-step process and the relevant I values obtained. 



1-5 H 17 18 V9 ZO 

Entropy 

Fig. 123.—^-I Chart Illustrating Example 16 

(a) Neglecting effects of wetness — 

For H.P. cylinder, H,- = 1382'7— 1230-1 = 152-6. 

For L.P. cylinder, Hf = 1428-7 — 1030-9 = 397-8. 

Total internal work = 550-4. 

Heat supplied = (1382-7 — 47-4) (1428-7— 1230-1) 

= 1533-9 

550-4 

= 1533^ ~ 35-88 per cent 
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( 6 ) Allowing for wetness — 

Mean x in L.P. stages = 0 9705 
Internal work done in wet stages 

= 0-9705 (1122-2— 1030-9) = 88-6 
/. Total internal work done 

= (1382-7— 1230-1) + (1428-7— 1122-2) + 88-6 
= 547-7 


547-7 

= 1533.9 = 35-72 per cent 

The percentage gain due to reheating is only 2-87 per cent if the 
effects of wetness are ignored, but 7-75 per cent if the effect of 



O 10 -20 30 40 50 60 70 

Percentage of heat drop at which reheating takes place 

Fig 124 —Curves Showing the Gain in Thermal Efficiency due to 
Single-stage Reheating at Various Pressures 

wetness is taken into account. A calculation for the simple reheatmg 
cycle with isentropic expansion m both turbines and ignoring the 
wetness correction shows a thermal gain of a mere 1 -23 per cent. 

There is, for any assumed temperature conditions, as, for example, 
reheatmg of the steam to its initial temperature, a particular pres¬ 
sure at which it is most economical to reheat the steam A little 
thought will show that if the steam is reheated early m its expan¬ 
sion, then the additional quantity of heat supplied will be small. 
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with a consequently small gain, whereas, if the reheating is done 
at fairly low pressures, then, although a large amount of additional 
heat is supplied, the steam will still have a high degree of superheat 
at the exhaust, with the result that a large proportion of the heat 
supplied in the reheating process will be thrown to waste in the 
condenser. This point is weU shown by Fig. 124, based on calcu¬ 
lations by the author. The following assumptions were made: {a) no 
feed-heating; (6) turbine stage efficiency 82 per cent for dry stages; 
(c) no allowance for pressure drop in reheater. 

It should be pointed out that when regenerative feed-heating is 
adopted, part of the thermal gain due to reheating disappears owing 
to the reduction in mass flow through the L.P. stages. 

107. Reheating in Practice. The following are possible ways of 
reheating turbine steam— 

(1) By means of a special reheater boiler, the greater part of 
whose surface is super-heater surface, or by the use of reheaters 
incorporated m each of the boilers serving the turbine. Such flue¬ 
gas reheaters enable high reheat temperatures to be employed and 
the maximum economic gain to be realized. There are, however, 
certain disadvantages. The pipes conveying the steam to and frorn 
the boilers are large and costly and add to the radiation and pipe 
friction losses. 

(2) By live steam reheating. The reheaters are placed as close 
to the turbine as possible and are supplied either with high-pressure 
saturated or superheated steam. The condensed steam may either 
be extracted from the heater by a pump and discharged into the 
feed line or it may be flashed into steam in a special feed heater. 
In either case the sensible heat of the condensate is conserved. The 
maximum reheat temperature is very limited and the thermal gain is 
appreciably lower than that which is possible with flue-gas reheating. 

(3) By using very highly superheated steam which is on its way 
to the H.P. turbine. In this way the heat for reheating is abstracted 
from the whole of the live steam with the result that the steam 
enters the H.P. turbine at a more moderate temperature. The 
method has the practical advantage that it protects the H P 
turbine from the effects of high temperature, and the L.P. turbine 
from the effects of excessive wetness. 

(4) By a combination of live steam and flue-gas reheating. The 
steam first passes through the live steam reheater and then through 
the flue-gas reheater. This is said to result in a better control of 
the reheat temperature. At light loads most of the reheating is done 
by the steam, whereas at heavier loads most of the reheating is 
done by the flue gases. 

(5) By using the vapour (produced in a special boiler) of a sub- 
stance such as mercury, diphenyl, diphenyloxide, etc., having a 
^h boiln:^-point._ The vapour gives up heat by condensing. The 
heatmg substance is thus really a heat-conveying medium from the 
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products of combustion to the steam This method has advantages, 
provided a cheap and stable substance is available, because a figh 
and easily controlled temperature is attamable at quite moderate 
pressures. 

Whatever system of reheating is adopted, the problem of govemmg 
is made more difficult. In the normal case there is always a certam 
amount of steam in the turbine over which the governor has no 
further control and, apart from the time taken for the governor 
to close the throttle m the event of a sudden drop m load, this steam 
goes on expanding and so acceleratmg the rotor. In the case of a 
reheater turbine, however, there is a very large volume of steam 
beyond the throttle capable of causmg very serious mcreases of 
speed should the load suddenly drop, and m order to avoid dan¬ 
gerous overspeedmg more or less comphcated governor gear must 
be provided. 

To sum up, reheatmg would seem to be a necessary evil accom¬ 
panying the employment of very high steam pressures It appears 
to be used mainly to avoid blade erosion m the L P stages rather 
than to realize the thermal advantages which result from its use 

io8. Regenerative Water-extraction Cycle. Another method of 
combatmg the erosion problem m the L P. stages of H P turbines 
IS by the partial or complete extraction of suspended water particles 
from the steam during its flow through the wet stages 

As already stated in Art 105, owing to inertia, the water droplets 
move radially outwards durmg their passage through the movmg 
blades with the result that the larger droplets are concentrated m 
the outer half of the blades The centrifugal force on a water droplet 
moving through a blade which has a peripheral velocity of 1,000 ft 
per sec. at l,500rpm is almost 5,000 times its own weight, but 
as the time of passage through the blade is exceedmgly short— 
perhaps 0-0005 to 0-002 sec —and as there is friction at the blade 
surface the actual outward movement is not so great as might be 
imagmed However, a certain quantity of moisture is flung off 
the blade, probably at the outlet side Various water-catching 
devices have been installed m turbmes for the purpose of trappmg 
this water and leading it away to the condenser. Such devices are 
described m the author’s book. Steam Turbine Operation. Mr. 
L S Robson (3) has stated that up to 40 per cent of the moisture 
in any given stage may be extracted by such traps This implies 
a reduction in the total moisture at exhaust of something like 60 
per cent 

In these drainage systems the water is, in some cases, drained 
direct to the condenser through holes drilled in the diaphragms 
and cylinder. The sensible heat in the extracted water is thus lost. 
In other cases, the water is cascaded from stage to stage; under 
these conditions there is a partial recovery of the sensible heat,-for 
the water is partially evaporated due to the reduction of pressure. 
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Attention has recently been directed to the possibility of ejecting 
complete extraction of the suspended water at_ certain definite 
points in the expansion and utilizing the heat in the extracted 
water for feer’ '^rch a system with two-point 

extraction is -'i -v.-. ■ ' in Fig. 125. The extracted 



Fig. 125.—Diagrammatic Arrangement of Regenerative Water- 
extraction Cycle 


water is driven by pumps into the feed pipe, arrangements being 
made so that water only is extracted. 

The diagram for the cycle is shown in Fig. 126, in which bd 
represents I'le conduioi' curve for the unmodified cycle. Complete 
extraction is assumed to take place at pressures and p^. Suppose 
that the dryness fraction at c then the water extracted is 

I — X 2 lb. per lb. of steam entering the turbine. Also, the weight 
of steam passing through turbine II is x^ lb. This expands along ef 
and reaches a dryness x^. The water extracted at the second point 
is (1 — Xj)xa and the steam flow through turbine III is 
is also the flow into the condenser. 

Neglecting the extremely small increase in enthalpy due to the 
compression in the water extraction pumps— 

^2^w5 ~ ^2^3 ■ Iu)4 “I” 

• • I«;5 ~ ~t~ (f ■*s)I«i3 

Ito6 — *2 • I«>S ”1“ (1 — ^2)^«!2 

~ Itl>2 *2(Itl)2 I«is) 

Heat supplied = !«, — I„6- 
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Internal work done 

(^& ^c) ” 1 “ ^2(^6 ^/) “ 1 “ ^a) 

From these expressions the internal thermal efficiency may be 
calculated. Similar expressions may be readily deduced for any 



number of extraction points The theoretical possibihties may be 
gauged from the foUowmg example 

Example 17. Steam expands m a H P turbme from — 1,200, 
= 800° F to = 0-5, the dry stage efficiency bemg 80 per cent. 
Calculate the theoretical increase m cycle efi&ciency with one-point 
and two-pomt regenerative water extraction over the simple non¬ 
extraction cycle. The extraction pressures should be chosen so as 
to give approximately equal dr 3 mess fractions at exhaust from each 
section of the turbme, and a umform wetness correction of 1 per 
cent per 1 per cent of wetness should be used. 

The data for the non-extraction cycle are the same as for example 
16, page 227. The mtemal thermal efficiency, allowing for wetness, 
is 33T5 per cent 

The extraction pressures to give approximately equal dryness 
fractions may be found qmckly by trial and error and, together 
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with other relevant data, are given in Table VIII. The student 
should verify the results given by working them out on the Mollier 
chart. 


TABLE VIII 

Calculations for Typical Regenerative Water- 
extraction Cycle 

Note. The steam flows given for each turbine are per lb. of steam 
entering turbine I (see Fig. 125). In any turbine, is the dryness 
fraction at the end of expansion in that turbine, is the mean 
dryness fraction in the wet stages, and I^ and Ig are the initial and 
final enthalpies respectively. 



One-point 

Extraction 

Two-point 

Extraction 

Turbine I 



Steam flow ..... 

1 lb. 

1 lb. 

Outlet pressure .... 

10 

26 

Afg ...... . 

0-9065 

0-9371 


0-953 

0-968 

Il • • * 

1382-7 

1382-7 

I. . 

1051-2 

1102-6 

Internal work done .... 

324-85 

277-2 

Turbine II 



Steam flow ..... 

0-9065 

0-9371 

Outlet pressure .... 

0-5 

4 

x^ • • • • . . 

0-908 

0-9353 

Xm ....... 

0-954 

0-967 

Il . 

H43-0 

1162-5 

Il . 

995-6 

1060-6 

Internal work done .... 

127-44 

92-32 

Turbine III 



Steam flow ..... 

_ 

0-8762 

Outlet pressure .... 

— 

0-5 

^2 ...... . 

— 

0-9355 


— 

0-968 

Il . 

— 

1125-7 

Ig* . . . . . . 

— 

1024-6 

Internal work done .... 

— 

85-76 

JEnthalpies of Water 



After extraction pump 

47-4 

47-4 

After 1st drain pump 

58-0 

52-16 

After 2nd drain pump 


62-13 

Heat supplied in cycle 

1324-7 

1320-6 

Total internal work done . 

452-3 

455-3 

Internal thermal efi&ciency per cent 

34*14 

34-47 

Increase above thermal efficiency of 
non-extraction cycle . . . i 

0-99 

1-32 

Percentage increase 

2-98 

3-98 


It would be a comparatively easy matter to dry the steam by 
means of a separator as it passes from one turbine cylinder to another. 
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Unfortunately, even when there are three cylinders in series, the 
wetness fraction at inlet to the L P cylinder is comparatively 
small and little benefit would be obtamed by extractmg the moisture 
there For two-point extraction, at least one of the extraction points 
should be located somewhere in the L.P. cylinder Whether it will 
be possible to effect approximately complete extraction at such a 
pomt remains to be seen, but there is no doubt that the cycle is a 
proimsmg alternative to the +■■■;• cycle 

Readers interested in the matter should refer to a recent paper 
by Dr. Ir. W M Meijer (4). 
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EXAMPLES XII 

1. The foUowmg particulars relate to a low-pressure stage of an impulse 
steam turbine— 

Nozzle angle 24® 

Dr3niess fraction at nozzle outlet . . 0 90 

Steam velocity at nozzle outlet . . 1,400 ft per sec 

Mean velocity of water particles at nozzle outlet 200 ,, ,, 

Mean blade velocity . . . . 650 ,, ,, 

Ratio of relative velocity at outlet to relative 

velocity at inlet with homogeneous flow . . 0 87 

Steam flow (total) lb per sec . . . .140 

If the blades are equiangular, calculate the horse-power developed in the 
blades and the blade efficiency ignoring carry-over effects— 

[a) assuming homogeneous flow, 

[h) assuming non-homogeneous flow 

Assume that there is no rebound at the inlet edge of the blades, that the 
momentum of the water particles referred to the relative velocity is reduced 
to zero at impact, and that the relative velocity of the water particles at outlet 
IS 0 15 times that of the dry steam. 

2. Steam is supplied to a turbine at a pressure of 500 lb. per sq in abs 
and a temperature of 750° F It expands at constant entropy to a pressure 
of 1 2 lb per sq in abs What is the dryness fraction at the end of expansion 
and the thermal efficiency of the cycle ’ 

Calculate the modified exhaust condition and thermal efficiency if the steam 
IS reheated at 80 lb per sq in to a temperature of 730° F and then expanded 
adiabatically to a pressure of 1 2 lb per sq in. 

3 Steam is supplied to a turbine at a pressure of 1,000 lb. per sq. in abs. 
and a temperature of 800° F , the exhaust pressure being 0 5 lb per sq. m. abs 
If the internal efficiency ratio of the turbine is 0 8, what is the internal thermal 
efficiency of the turbine and the final wetness fraction of the exhaust steam ^ 
In a modified arrangement, the steam is first expanded from the initial 
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condition given above to a pressure of 120, the internal efficiency ratio being 
0-8. The steam is then reheated in a surface heater by the live steam at 
1,000 lb. pressure and SOO"" F., to a temperature of 520° F. It is then expanded 
in a low-pressure turbine to 0*5 Ib, per scj. in, abs., the internal efficiency 
ratio being 0*8. Calculate the internal thermal efficiency of the modified 
turbine and the final wetness fraction of the exhaust steam. 

4. Steam is generated at the critical pressure {p — 3,200; t = 706° F.; 

^ 902 B.Th.U. per lb.) and is superheated to a temperature of 806° F. 
The mean specific heat of the superheated steam at the critical pressure for 
this range is 3*48. 

The steam is then throttled to a pressure of 1,000 lb. per sq. in. abs., and 
after "^eat is supplied to the steam so that it becomes superheated 

220° I. I ■ . expanded adiabatically until it is dry and saturated, when 

it is further heated so as to superheat it by 300° F. The steam is then fur¬ 
ther expanded adiabatically to a final pressure of 0*5 lb. per sq. in., at which 
pressure it is condensed. 

Derive the theoretical thermal efficiency of the cycle. 

5. Steam is supplied to a turbine at a pressure of 200 lb. per sq. in. abs. 
(t = 382° F., L = 843*1) and is expanded isothermally to a pressure of 
0-5 lb. per sq. in. abs. = 80° F., L = 1047*0). Assuming that the specific 
heat of steam at 0*5 lb. pressure is 0*46, calculate the heat supplied, the heat 
rejected, the work done, and the thermal efficiency of the cycle. 

6. Steam is supplied to a turbine at a pressure of 800 lb. per sq. in. abs. 

and at 840° F. It is expanded in a H.P. turbine to 80 lb. per sq. in., the 
internal efficiency ratio of the H.P. turbine being 0*8. The steam is reheated 
at constant pressure by saturated live steam and is returned to the L.P. 
turbine at 80 lb. pressure and 500^ F. It is then expanded to 0*5 lb. per 
sq. in. abs. with the same internal efficiency ratio. If the mechanical efficiency 
of the turbine is 99 per cent and the alternator efficiency is 96 per cent, 
calculate the weight of steam generated by the boiler per kWh output 
and also the heat nrsuTiptio'^ of the turbine in B.Th.U. per kMTi. 
Assume that the r ii;ig gives up heat by condensing only. 

7. Calculate, using the MoUier chart, the gross and net theoretical thermal 
efficiencies of the following cycle— 

Feed water at 80° F. {v„ = 0*016 cub. ft. per lb.) is compressed to a pres¬ 
sure of 1,000 lb. per sq. in. abs., and is then heated to the saturation tem¬ 
perature. It is evaporated at a pressure of 1,000 lb. and superheated to a 
total temperature of 800° F. The steam is then expanded adiabatically to 
a pressure of 100 lb. per sq. in. abs., at which pressure it is reheated to 700° F. 
It is then expanded adiabatically to 0*5 lb. per sq. in. abs., at which pressure 
it is condensed. 

8. Steam is supplied to a turbine at a pressure of 500 lb. per sq. in. abs. 
and superheated 300° F. It is expanded adiabatically to 1 lb. per sq. in. abs. 
What is the thermal efficiency of the cycle ? 

In a modification of the cycle, the steam is extracted from the turbine 
at the point where it becomes just dry and saturated and is reheated so that 
its superheat is again 300° F. After further adiabatic expansion the steam 
is extracted at the point where it becomes just dry and saturated, and is 
reheated to such an extent that it becomes dry and saturated after expansion 
to 1 lb. per sq. in. abs. It is then exhausted and condensed. 

Derive from the tp-l chart the reheating pressures and the final superheat 
of the steam as it leaves the second reheater. Calculate the thermal efficiency 
of the modified cycle. 

9. Steam at a pressure of 400 lb. per sq. in. abs. and at a temperature of 
950° F. (I, = 14^*2) is supplied to a steam turbine plant consisting of 
H.P. and L.P. turbines in tandem. 
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The live steam does not go direct to the H P. turbme, but first passes 
through a steam reheater in which it gives up heat to reheat the steam passing 
from the H P to the L P turbine The hve steam enters the H P. turbme 
at 400 lb pressure and 700® F (I, = 1366’2). The pressure of the steam 
exhausted from the H P. turbine is 100 lb. per sq. in abs , and the L P. 
turbine exhaust pressure is 1 lb per sq in abs 

What IS the condition of the steam between the H P. and L P. turbines 
before and after reheating, and what is the thermal efficiency of the cycle? 
Assume expansion at constant entropy 


9—(T.5aoo) 



CHAPTER XIII 


TURBINE PERFORMANCE AT VARYING LOADS 

109 . Methods of Governing. The object of the present chapter is 
to consider, in an elementary manner, the performance of steam 
turbines when operating at loads different from the designed or 
economic load. This performance will depend, to a large extent. 
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Fig. 127. —^Diagrammatic Arrangement of Simple Throttle Valve 


on the particular method employed for controlling the supply of 
steam to the turbine so that the speed of rotation will remain 
sensibly constant irrespective of the load. The principal methods 
of governing may be enumerated as follows— 

(1) Throttle governing. 

(2) Nozzle control governing. 

(3) By-pass governing. 

(4) Combinations of ( 1 ) and ( 2 ), and ( 1 ) and (3). 

no. Throttle Governing. Fig. 127 shows diagrammatically the 
essentials of a simple throttle governing system. A is the turbine 
stop valve, which may be opened or closed by means of the hand- 
wheel B. The purpose of A is to start md stop the turbine; when 
the machine is on load the valve A is full open. The actual control 
of speed is effected by the governor valve or throttle C. This is 
usually a double-beat valve having seats of equal, or nearly equal, 
area and is so shaped that the forces on the valve due to static 
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pressure and dynamic action are balanced. Except in small tur¬ 
bines, the opening of the valve C is effected by an oil servo motor 
D which, m turn, is controlled by the centrifugal speed governor 
Suppose that ps.v. is the steam pressure before the stop valve. 
This is the pressure normally used as the datum in turbine testing. 
There will be a shghtly lower pressure after the stop valve In 



order to effect control, the pressure in the nozzle box must be 
lower than p' 3 ,^, The drop from p^ ^ to appears to vary from 2 
to 5 per cent of ps.v. S-t full load 

The relationship between load and steam consumption for a tur- 
bme governed by throttlmg is given by the well-known WiUans 
hne. Fig. 128 Numerous tests show that when a turbme is governed 
by throttlmg, the WiUans line is straight 

If Wj = steam per hour at fuU load. 

Wq = steam per hour at no load 
Ki = fuU load (say m kW). 

K = any other load. 

W = steam consumption at load K. 

Then W = w. K + . . . . (146) 

where m is a constant. 

The fuU-load steam consumption can be estimated fairly accur¬ 
ately from the heat drop and expected efficiency ratio. If the 
quantity Wq could be expressed as a definite fraction of the fuU- 
load consumption, then the quantity W could be calculated for any 
intermediate power. For condensmg turbmes, the no-load steam 
consumption varies from about 0-10 to 0-14 times the fuU-load 
consumption. 
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The steam per kWh is equal to 

_ = ^ -4 -= 

K ^ K 


Wo 


and is shown by the curve in Fig. 128. It will be seen that the 
steam per kWTi curve is asymptotic to the value m. 

Another experimental result of considerable importance is shown 
in generalized form in Fig. 129. If measured steam flows Wlb. 



Fig. 129 


per hour for the range from Wq to be plotted as abscissae and 
values of the nozzle-box pressure be plotted as ordinates, then the 
points will lie on a straight line. In many cases, the line when pro¬ 
duced passes through the origin, showing that the steam flow is 
directly proportional to the nozzle-box pressure, and vice versa. In 
some cases, when the nozzle-box pressure is plotted against the 
condensate, the line when produced passes a little to the right of 
the origin; this is probably due to the inflow of steam supplied for 
sealing the low-pressure shaft gland. It is also an experimental 
fact that when stage pressures are plotted against steam flow, the 
plotted points lie on straight lines which, excepting those for the 
last few low-pressure stages, also pass through the origin when 
produced. 

The two graphs may be combined, as shown in Fig. 130, to give 
the nozzle-box pressure at any load K. The diagram is self-explana¬ 
tory and illustrates yet another experimental result, namely, that 
with simple throttle governing tlie relation between nozzle-box 
pressure and load is given by a straight line. 
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The effect of throttle governing may now be illustrated with 
reference to the MoUier chart, Fig. 131. It will be assumed (1) that 




the steam passes through the throttle valve with a negligible loss 
of heat and (2) that the vacuum in the condenser remains constant. 
Actually, unless the quantity of cooling water is reduced as the 
steam quantity entering the condenser is diminished, the steam 
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temperature in the condenser will fall, with a corresponding fall in 
the exhaust pressure. 

Suppose that is the steam pressure before the turbine stop 
valve and that is the pressure in the nozzle chest of the first 
stage at full load. A represents the condition before the stop valve 
as specified by the pressure and the superheat B is the 
condition at full load after throttling, the superheat being BC 
represents the adiabatic expansion to the exhaust pressure and 
BD the locus of actual state points. 

At some fractional load where the steam flow is W', the first- 
stage nozzle-box pressure will be such that 

W' ^ 

0 = w ■ 


The throttling process is conveniently represented by the line AE. 
As before. EF and EG show the adiabatic and actual expansion 
curves.' It will be seen that the main effect of throttling, apart from 
reducing the steam flow, is to reduce the adiabatic heat drop. It 
will be shown later that the'intemal efficiency ratio r)i is not likely 
to be affected to any appreciable extent by the changes brought 
about by throttle governing. Consequently, if K*- = internal power 
at full load and K'^ = internal power at fractional load. 


and 


K', 


3413 

. W'. H',, 
3413 


A secondary effect of throttling is to increase the initial super¬ 
heat ^d to delay the dew point. As a result, the amoimt of wet¬ 
ness in the low-pressmre stages will be reduced, with beneficial 
results. 

III. Pre^ure Distribution at Varying Loads with Throttle Govern¬ 
ing. The ^tribution of pressure may be fo^md approximately by 
the following method. Suppose that for any given fractional load 
the internal steam flow derived from the Willans line is w lb. per 
second. The corresponding initial pressure is calculated and the 
conation curve is plotted, as showm in Fig. 131, using the method 
outlined in Chapter X. The corresponding Yth and logioW„ curves 
are drawn to a suitably large scale (Fig. 132). 

Two conditions must be satisfied in each stage of the turbine. 
In the first place, since the nozzles are assumed to be running full, 
the equation of continuity must be satisfied. 

i-e. te'. = A . Vi • 

where V, is the actual effiux velocity and A is the nozzle area. If 
the nozzle is convergpt and the pressure drop in the nozzle is 
greater than the critical, then, in appl 3 dng the above equation 
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must be the specific volume at the throat, A the throat area, and 
Vi the actual velocity at the throat. 



In the second place, the adiabatic heat drop m a given stage 
equals 

and since = — and 

. . (147) 

Starting from the exhaust end and again assuming a constant 
exhaust pressure, h is calculated for the last or «th stage of the 
turbme, the value of bemg taken from Fig 132 as the exhaust 
specific volume and the area A being that of the nozzles m the last 
stage. Owmg to the comparatively small value of w, the velocity 
Vi is comparatively smaU and the heat drop is smaller still. 
Tliis heat drop is now set down from A and gives the point B on 
the Yth line. Since the Hh curve gives the sum of the adiabatic 
heat drops as a function of the stage pressures, it follows that if 
the pressure at mlet to the nozzles of the last stage is pn-xi then the 
available adiabatic heat drop will be sufficient to generate the 
velocity Vi. 
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By projecting upwards on to the logioW„ curve, the specific 
voliune Vn at outlet from the nozzles in the preceding stage may 
be obtained. Using this value in eq. (147) and the appropriate 
nozzle area, the necessary adiabatic heat drop h^-x in the pen¬ 
ultimate stage is obtained. Setting this down as shown in Fig. 132, 
the pressure pn-^ is obtained. The calculation is thus carried out 
stage by stage, the information 3 delded being the stage pressures, 
specific volumes, heat drops, jet velocities, and blade speed ratios. 

The above method, given in a paper by the author (1), cmmot 
perhaps claim to be rigorously accurate, but it certainly‘gives 
results in good accord with experiment. The application of the 
method will now be illustrated by means of a worked example. 

Example 18. The following particulars relate to an impulse 
turbine of 3,000 kW, governed by simple throttling— 

Initial pressure at fuU load . . 200 lb. per sq. in. abs. 

Initial superheat at full load . . 150° F. 

Exhaust pressure, assumed constant. 1 lb. per sq. in. abs. 

Stage efficiency . . . .75 per cent 

Number of stages . . . .10 

97 ^ for nozzles (assumed constant) . 0-94 

Full-load steam consumption . . 10T2 lb. per sec. 

No-load steam consumption . . T012 lb. per sec. 

Mean blade velocity in each stage . 524 ft. per sec. 

Nozzle angles and areas— 


Stage No. 

Nozzle Angle 

Nozzle Area 
Sq. Ft. 

1 

16° 

0-0295 

2 

16° 

0-0416 

3 

16° 

0-0605 

4 

16° 

0-0902 

5 

16° 

0-1436 

6 

16° 

0-2358 

7 

16° 

0-395 

8 

16° 

0-690 

9 

18° 

1-228 

10 

24° 

2-298 


It is required to determine the steam consumption, nozzle-box 
pressure, stage pressures, jet velocities, and blade speed ratios at 0 , 
j, J, and I load. 

The Wifians line is first drawn and then, from the proportionality 
of steam consumption and nozzle-box pressure, the latter is calcu¬ 
lated. These are given in Table IX. 

The expansion lines and condition curves are next drawn on the 
Mollier chart, as shown in Fig. 133, thus yielding data on which 
the curves of Fig. 134 are drawn. TTiese curves are then used for 
finding the pressures and steam velocities in the various stages. 
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TABLE IX 

Performance of 3,000 kW Turbine at Varying Loads 


Load on Turbine 



FuU 

i 


i 

0 

Steam per hour 

36,480 

28,272 

20,064 

11,856 

3,648 

Nozzle ■ 

^ Pressure . 

200 

155 

110 

65 

20 

Box . 

) Superheat °F 

150 

162 9 

180 

207 3 

267 

Heat 1 

1 Adiabatic . 

369 8 

354 6 

333 9 

302 5 

229 8 

Drop J 

f* Cumulative 

388 

370 1 

349 9 

316 8 

242 4 


Calculated Steam Velocities at Outlet from Nozzles 



Load on Turbine 

Stage No 

Full 

i 

i 

i 

0 

1 

1,310 

1,297 

1,300 

1,297 

1,301 

2 


1,305 

1,318 

1,304 

1,313 

3 


1,299 

1,308 

1,324 

1,318 

4 


1,320 

1,326 

1,340 

1,350 

5 


1,303 

1,302 

1,293 

1,284 

6 


1,294 

1,288 

1,267 

1,088 

7 

9 9 

1,308 

1,301 

1,290 

773 

8 

9 9 

1,298 

1,292 

1,134 

475 

9 

9 9 

1,321 

1,148 

796 

272 

10 

99 

1,032 

745 

452 

146 


The ]et velocity at outlet from the nozzles is given m Table IX. 
The calculations were made with a slide rule, and the shght irregu¬ 
larities of the figures are due to this and to small errors m readmg 
from the graph. 

The most important facts emergmg from these calculations may 
be enumerated as follows— 

(1) The greatest variations in steam velocity occur m the stages 
nearest the exhaust. 

(2) Even at no-load, when the steam consumption is only one- 
tenth of the full-load consumption, the steam velocities in the first 
five stages are practically unaffected 

Consider now the flow through the blades of the last three stages. 
The inlet velocity triangles and the blade sections for stages 8, 9, 
and 10 are shown in Fig. 135. It will be seen that in stage 10 
there must be serious impact losses at quarter-load and at no-load, 
and a rather less serious loss at half-load, in stage 9 the losses are 
not appreciable except at quarter-load and no load, whereas in 
stage 8 the impact losses are mappredable except at no load. 






Enthalpy - B. Th. U. pep lb 
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In the majority of the stages, therefore, the impact losses at all 
loads above about quarter-load are very small. When the loss is 
appreaable, as m the final stage, the adiabatic heat drop m that 
stage IS then very small and the effect on the mtemal efficiency of the 


su 



Fig. 135 —^Velocity Diagrams and Directions of Relative Velocities 
for a Steam Turbine Governed by Throttlmg 

stages, as a whole, is mappreciable. A factor which tends to increase 
the stage efifiaency at partial loads is the reduction m wetness m 
the later stages due to throttling. 

If the quantity of coolmg water is kept constant and, in conse¬ 
quence, the exhaust pressure falls as the load is reduced, the volumes 
of steam passing through the L.P. nozzles are not reduced to the 
same extent as when the exhaust pressure is kept constant. Conse¬ 
quently, the changes in jet velocity, etc., are not so great as those 
based on the assumption of a constant exhaust pressure. 
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II2. Throttle Governing in Reaction Turbines. The methods of 
analysis set out in the foregoing articles are not suitable for the 
impulse-reaction (Parsons) turbine, owing to the large number of 
stages in this type. The following alternative method is especially 
suitable for a series of relatively smaU expansions such as occur in 
the Parsons turbine. 

The two equations which must be satisfied are again the equation 
of continuity and the energy equation. Considering any point in 
the turbine, let V be the velocity at outlet from either a fixed or 
a moving row of blades, let p be the pressure in lb. per sq. in. abs., 
let P be the pressure in lb. per sq. ft. abs., let v be the specific volume 
of the steam in cub. ft. per lb., let A be the effective area at the 
outlet side of the blades, in sq. ft., and w the flow of steam through 
the blades in lb. per sec. 

V 


Then 


w = 


AV 

V 


V 

1 


A 


Using suffixes to represent the number of the blade rows, and 
assuming there are n rows of blades (n/2 fixed and «/2 moving) 
in the turbine— 





7^1® 

_ V 


1 

1 

• • 1 


V 

A 2 


z:(i 


Suppose that the pressure drop in any given row is (5P, then by 
the equations given in Art. 76, page 161— 

--= — ?7„ . w . (5P 

If it be assumed that the variation in blade speed ratio with varia¬ 
tion in load is comparatively small—and judging by the performance 
of impulse tTirbines we are justified in making this assumption for 

all stages except the last few—^then ^ will be a constant, and 

assuming that <j> is constant, we may write 


Va-r.V2 
-^- = — J7„ . w . (3P 

r = and js a constant. 
V® I —r ' V 


where 
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The differential of — is 

V 



6 P V.dv 

V 



V .dv 


We shall assume, for the sake of simplicity, that for the whole 
expansion Pw”* = C, where C is a constant. The mdex m is given 
by eq. (123), page 196. 

Then fn. — = 0 

P V 

P dv ^ _ 1_ ^ 

(y2 m ' V 


or 


^ = d (-\-i — 

V \^ ) m' V 


V m + 1 / 


= ^ • d(-\ 

y2 V^/ 



(148) 


This equation is applicable to the whole, or to any group or groups 
of stages in the turbine. Thus, provided 77 ^, m, and r are constant— 


= Constant X 


or 


(i-i) 

, _ /2g.ri„( m \ . 


. (149) 


where 


. (150) 
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In a condensing turbine, the ratio — is very small compared with 

P, 

~ and may be ignored. Hence we may write 


w 




If the tmbine is governed by throttling, then the product PiUi is 
constant', because I is constant. This follows from CaUendar’s 
equation for the specific volume of superheated steam, namely— 

l-2464(Ii- 835-2) 

Pi 

Neglecting the very small term, we have 


0-00212 


and since P^ = 144/>i 


PiPi 


w 


2464(Ii—835-2 
12-Cl. A 


Vl-2464(Ii-835-2) ‘ ' ‘ 

This expression shows that the rate of steam flow w is directly 
proportional to j&j, and vice versa. In the same way it may be shown 
that the pressure in any other row, sufficiently far removed from 
the exhaust end, is directly proportional to the steam flow. Conse- 

<5P 

quently, in any such stage, the ratio is constant. 


But 


V2 = 




.V. SP 


where K is a constant. 


2 ^ • '^n 

1 — r 


. K . P» 


Since Pjt?! is constant and Pw”» = Constant 


Pv”* = PjVi”^ 




== Constant 


Therefore, in all stages except the last one pr two, the steam velocity 
V is a constant, and the heat drop, blade speed ratio, etc., must 
also be constant. It will be seen that conditions in a Parsons 
turbine are affected by throttle governing in very much the same 
way as in an impulse turbine. 

113 . Nozzle Control Governing. The principle of nozzle control 
governing has alrea.dy been Outlined in Art. 7, and illustrated dia- 
grammatically in Fig, 5. In applying the principle to land turbines. 



TURBINE PERFORMANCE AT VARYING LOADS 251 


which are almost entirely governed by automatic devices, various 
arrangements of valves and groups of nozzles are employed. Three 
arrangements are shown diagrammatically in Fig 136. An arrange¬ 
ment often adopted with large steam turbines and with turbines 
ncing high-pressure steam is shown m Fig 136 {a). The nozzles are 
divided into groups Ni, Ng, and Ng, under the control of valves V^, 



Fig. 136 —^Diagrammatic Arrangements of Nozzle Control Governing 


Vg, and Vg respectively The number of nozzle groups may vary 
from three to five, or more. Fig 136 (6) differs from 136 {a) only m 
that the nozzle control valves are arrranged m a casting formmg 
part of the cylmder, or bolted thereto, and containmg passages 
leading to the mdividual nozzle groups Although this arrange¬ 
ment is compact, the nozzles are confined to the upper half of the 
cylinder and the arc of admission is usually limited to 180°, or less. 
The number of nozzle groups varies from four to twelve Fig 136 (c) 
shows an arrangement frequently employed. For the sake of illustra¬ 
tion only four groups of nozzles are shown. The group of nozzles is 
under the control of the valve Vj, through which all the steam enter¬ 
ing the turbine passes. Further admission of steam is through the 
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valves Vg, V 3 , etc., in turn. In some instances, the nozzle group 
has been arranged in the lower half of the turbine and supplied 
with steam through a throttle Vj up to, say, half-load. For loads 
greater than half-load, a further supply of steam is admitted 
through the valves Vg, Vg, etc. 

Whatever method of construction is adopted, the nozzle control 
is necessarily restricted to the first stage of the turbine, the nozzle 
areas in the other stages remaining constant. It follows that, pro¬ 
vided the condition of the steam at inlet to the second stage is .not 
materially affected by the changed conditions in the first stage, the 
absolute pressure of the steam in front of the second-stage nozzles 
will be directly proportional to the rate of steam flow through the 
turbine. 

114 . Nozzle-box Pressures with Nozzle Control Governing. We 
shall now consider the variations in nozzle-box pressures as these 
affect the flow conditions in the first-stage nozzle groups. The 
problem will be illustrated with reference to the ten-stage impulse 
turbine for which the condition curve has been worked out in Art. 
90 and Table VII, page 190. Further particulars are given in 
Example 18 and Table IX of the present chapter. Assume that 
the first-stage nozzles are divided into four groups, each group 
having a net area of 0*007375 sq. ft. 

The pressmre in the first-stage wheel chamber is represented by 
the straight line OA, Fig. 137, the pressure at A (full load) being 

134*9 lb. per sq. in. abs. At full load, the ratio — for the first-stage 

nozzles is 0*6745, i.e. greater than the critical pressure ratio (0*5456) 
for superheated steam. When steam is passing through three groups 
of nozzles only, the pressure in the first stage is lower than the 
critical. Consequently, the quantity of steam passed through each 
group of nozzles, i.e. 9,4801b. per hr., is slightly greater than one- 
quarter of the fuU-load steam flow. 

Consider now the operation with only one nozzle valve open. 
The no-load steam consumption is 3,648 lb. per hr. Consequently, 
valve No. 1 controls the steam supply between the limits 3,^8 and 
9,4801b. per hr. Over this range the pressrure in the first stage 
varies from 13*5 to 35, and is always lower than the critical. Conse¬ 
quently, with fair accuracy, we may say that the steam flow through 
the nozzles will be directly p-opo't’V.’-n’ to the absolute pressure 
ia the nozzle box. Hence if rhi- OBC be drawn through the 
origin, then for any steam flow Wj, the pressure in the nozzle box 
will be pnx and in the wheel chamber The valve will throttle 
the steam from 200 to p^x- 

Consider next the conations when the load is gradually increased 
and valve Vg is brought into action. At the point of opening, the 
steam flow through the nozzles Ng is very small and the pressure in 
nozzle box 2 will be, to all intents and purposes, 35 lb. per sq. in. abs. 



steam Pressure - /b. per S(j. m abs 
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As the valve Vg is opened an increasmg amount, the pressure in 
the second nozzle box wiU rise from 35 to 200 lb per sq m. At 

first, the ratio ^ for the nozzles will be close to unity and the pres¬ 


sure in the nozzle box will no longer be given by any straight line 



Steam Flow — lb. per Hour> 


Fig 137, —Steam Pressures m Nozzle Boxes with Nozzle Control Govemmg 

relationship. To obtain the pressure for any given total steam 
flow Wg, we proceed as follows. Smce the steam flow through group 
No. 1 IS 9,480 lb. per hr, that through group No. 2 must be W/ 
= Wg — 9480 The pressure at outlet from the nozzles 

^ 134-9 

^2 — Wa X 30 4gQ 
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It remains to find, by trial and error, the initial pressure pn 2 which, 
combined with the back pressure and the knojvn area of the 
nozzles, will give a discharge Wg' lb. per hr. Such points are shown 
in the figure, curv'^e DE. OE is a straight line drawn through the 
origin such that 

^ = 0-5457 
tan p 

the critical pressure ratio for superheated steam. Then for any 
steam flow, if the pressure in the nozzle box is higher than the pres¬ 
sure given by the fine OE, the pressure drop is greater than the 
critical. Hence, if the points G and F are joined by a straight line, 
the nozzle-box pressure for a total steam flow greater than about 
13,9001b. per hr. is given by the straight line EF. The nozzle- 
box pressure for the full range of group 2 is given by the line DEF. 
Similarly, that for group 3 is given by the line HJ. 

Considering next the operation when valves 1, 2, and 3 are full 
open, and valve 4 is partly open, up to a steam flow of 29,800 lb. 
per hr., the pressure drop in the first-stage nozzles is greater than 
the critical and the total flow through groups 1,2, and 3 is 28,440 lb. 
per hr. For steam flows greater than 29,800 lb. per hr. the pressure 
in the first stage exceeds 110 , and the discharge through the first 
three groups falls off slightly. This must be taken into account when 
calculating the nozzle-box pressure for group 4, given by the 
curve KL. 

115 . Condition Curve with Nozzle Control Governing. Consider 
the flow W lb. per hr.. Fig. 137, and let p^ be the nozzle-box pres¬ 
sure for group No. 3 and p^ the pressure in the first stage. Further, 
let Wi, Wg, eind W 3 be the steam flow through groups 1, 2, and 3 
respectively. The quantity (Wi Wg) expands from 200 down to 

following the locus ABC, Fig. 138. On the other hand, the quan¬ 
tity W 3 is throttled by the nozzle valve V 3 down to the pressure p„^, 
and therefore its initial condition at inlet to the nozzles is given by 
point D. The subsequent flow in the nozzles is given by the curve 
DE and reheatirq: the blades by EF. Hence some of the steam 
issuing frcu i w'. iV-;-stage blades has the condition represented by 
the point C, whereas the small quantity has the condition F. It 
is improbable that these steam masses are perfectly mixed before 
entering the second-stage nozzles, but assuming that perfect mixing 
could occur, then the condition of the steam at inlet to the second- 
stage nozzles would be represented by point G, such that 

(Wi -b W3 -f W3)I« = (Wi -b Wajlo -b W3 . Ij, 
from which Iq may be found. 

The subsequent expansion of the steam proceeds from G instead 
of from C. The increase in specific volume from C to G is usually 
fairly small, and the change in pressure distribution in the remaining 
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stages IS so small that the previous assumption that p varies directly 
as W is sufficiently accurate for most purposes 

116 . Comparison of Throttle and Nozzle Control Governing. The 
chief advantage claimed for nozzle control governing is the elimina¬ 
tion of throttlmg losses Actually, as we have seen, this is only 
partially true, because for steam flows intermediate between those 
corresponding to full-open positions of the consecutive nozzle con¬ 
trol valves there is always more or less throttlmg at the valve which 



IS partially open. However, if the number of valves is fairly large 
the loss of available energy is not appreciable The next question 
is the efficiency with which the extra heat drop is utdized Smce 
the initial steam condition at inlet to the second-stage nozzles is 
very nearly the same as with simple throttle governmg, at light 
loads the distribution of pressure and of stage heat drop m the 
following stages is also nearly the same, i e the greatest changes 
in blade speed ratio, etc , tahe place m the last few stages On the 
other hand, as the load is reduced the heat drop in the first stage 
IS increased, the steam velocity Vi is mcreased, and the blade speed 
ratio p is diminished The change in p from fuU-load to no-load is 
quite appreaable, as shown by the fibres in Table X The effect 
of this, however, is most marked when the designed heat drop in 
the first stage is comparatively small. In many cases, when nozzle 
control governing is used, either a large-diameter single-row wheel 
is used, or a two-row wheel is used in the first stage. 

In addition to the great increase m ]et velocity there will also be 
at light loads a considerable amount of jet deflection of the type 
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TABLE X 

Variation of Heat Drop in First Stage of 3,000 kW Turbine 
Governed by Nozzle Control Governing 
Pressure in Nozzle Boxes Constant at 200 lb. per sq. in. abs. Initial 
Superheat 150° F. 

Blade Velocity 524 ft. per sec. r]n = 0-9. For other data, see 
Art. 114. 


Steam 

Flow 

Lb. per Hour 

Pressure 
in First 
Stage 

. Adiabatic 
Heat Drop 

Vx 

u 

'’“Vx 

36,480 

134-9 

38-8 

1,321 

0-396 

28,440 

105-1 

62-8 

1,680 

0-311 

18,960 


97-1 

2,095 


9,480 

35-1 

151-4 

2,615 

0-202 

3,648 

13-5 

218-3 

3,140 

0-166 


described in Art. 51. This will certainly lead to greater losses in 
the first stage. 

Summing up the matter then, we may say that there is a greater 
heat drop available when nozzle control is employed, but that the 
ejffiiciency with which the greater heat drop is utilized becomes 
more and more impaired as the load diminishes. Comparative tests 
show that when there is a fairly large heat drop in the first stage, 
nozzle control leads to a reduction in steam consumption. 

117 . By-pass Governing. In modem impulse turbines, and 
especially those operating at very high pressures, the H.P. turbine 
comprises a number of stages of comparatively small mean diameter. 
All such turbines are usually designed for a definite load, termed 
the economic load, at which the thermodynamic efficiency ratio of 
the turbine is a maximum. In the case of power station turbines, 
the economic load (E.L.) is made about 80 per cent of the maxi¬ 
mum continuous rating (M.C.R.), which is the maximum output 
the generator is capable of giving continuously. 

Owing to the very small heat drop in the first stage it is not 
possible, for the reasons given in the preceding article, to employ 
nozzle control governing efficiently. Furthermore, it is desirable to 
have full admission in the high-pressure stages at the economic 
load so as to eliminate the partial admission losses. Hence it is not 
possible to admit through additional nozzles in the first stage the 
25 to 27 per cent extra steam necessary to generate the full output. 
In fact, in most cases it would be quite impossible to do so because 
the steam pressure in the first-stage wheel chamber would increase 
so much, due to the restriction at the second-stage nozzles, that it 
would require to be greater than the initial pressure. 
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These difficulties of regulation are overcome by the employ¬ 
ment of by-pass govemmg, the prmciple of which is illustrated dia- 
grammatically m Fig 139 All the steam entering the turbme 
passes through a valve A (which is imder the control of the speed 
governor) and enters the nozzle box or steam chest B In certam 
cases, for example, this would suffice for aU loads up to the econ¬ 
omical load, the govemmg bemg effected by throttlmg For loads 



Fig 139—Diagrammatic Arrangement of By-pass Governing 

greater than the economic load a by-pass valve C is opened, allowmg 
steam to pass from the first-stage nozzle box into the steam belt D 
and so^mto the nozzles of the fourth stage The valve C is not 
opened* until the hft of the valve A exceeds a certam amount, 
also as the load is dimmishmg the valve C closes first. The by-pass 
valve is under the control of the speed governor for all loads withm 
its range. 

The number of by-pass valves is not always restricted to one 
Fig 140 shows the outline of the 105,000 kW steam turbme con¬ 
structed by the Metropohtan-Vickers Electrical Co , Ltd, and 
mstalled in the Battersea Power Station There are three cyhnders 
arranged m tandem, and contammg the following numbers of 
stages: H.P., 1-2-row wheel + 16 (single-row) stages; IP., 18 
stages; LP., a double-flow turbme each half with 7 single-row 
wheels and a duplex multi-exhaust stage For loads up to 60 per 
cent M C R , or 63,000 kW, steam is admitted before the velocity 
stage; for loads up to 80 per cent M C.R., or 84,000 kW, steam is 





258 STEAM TURBINE THEORY AND PRACTICE 


admitted at B, after the velocity stage, while for the full output of 
105,000 kW, steam is admitted at C, the first nine stages being 
by-passed. 

Ii8. Theory of By-pass Governing. 

Let = steam consumption in lb. per sec. at the economical 
load with no by-pass. 

w = steam consumption at any load above the economical 
load; by-pass open. 

= quantity of steam passing through the stages which 
are by-passed. 

= quantity of steam which enters the by-pass stage. 

= pressure in by-pass stage at the economical load. 

— pressure in by-pass stage at the higher load. 

To a first approximation, i.e. neglecting the effect of by-passing 



Fig. 140.—^DV.grarj-r'n'^'r .Arrangement of 105,000 kW Turbine 
By-paaS Governing Arrangements 


on the steam condition at inlet to the nozzles following the supple¬ 
mentary admission, we may write 



The higher value oipn will modify the mass flow through the nozzles 
of the stages that are by-passed, causing it to be less than it was 
at the economical load. In order to find the mass flow z&i, we may 
proceed by a process of trial and error. Trial values of are taken, 
and from the known pressure p^ and the SA and curves, the 
pressure distribution is calculated for the by-passed stages by the 
method given in Art. 111. If the trial value of w-y is too high, the 
calculated nozzle-box pressure will be higher than the actual pres¬ 
sure, and vice versa. Having thus found the correct flow Wy, we 
obtain the weight of by-pass steam w^. 

Suppose now that AJBCDEFG, Fig. 141, represents the course of 
the state point in the three by-passed stages of the turbine in Fig. 
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139. The steam passmg through the by-pass throttle has a final 
state pomt H where, neglecting heat losses, 

lb. of Steam havmg the enthalpy value is mixed with w-, lb of 
steam having the enthalpy Ih. The state pomt after mixing is J, and 

. Ij = . I(j -f- • Ih 

from which Ij may be found Since Ij is greater than Iq, the condi¬ 
tion of the steam m the succeedmg stages is somewhat different 
firom that correspondmg to 
the economical load. A sec¬ 
ond calculation of the pres¬ 
sure distribution in the 
remauung stages will lead to 
a somewhat higher pressure 
pn, necessitatmg a recalcu¬ 
lation of ze'i and The 
second approximation is 
sufficiently accurate for all 
practical purposes. 

119 . By-pass Governing of 
Reaction Turbines. Owmg 
to the pressure drop across 
the movmg blades, it is 
necessary to employ full 
admission in reaction turbines Consequently, it is not possible 
to employ any form of nozzle-control governing The remaining 
alternatives are simple throttle governing and by-pass governing 
The latter has been employed by Messrs C. A Parsons & Co , 
Ltd , almost from the begmnmg 

In the majority of Parsons turbmes a smgle by-pass valve is 
employed In the 50,000 kW two-cylinder reheat turbine for the 
Dunston power station, however, two such valves were fitted Up 
to 30,000 kW, all the steam enters the first stage of the turbine 
through a throttle valve, up to 40,000 kW (the economic load) 
the first by-pass valve takes control, between 40,000 and 50,000 kW 
the control is effected by the second by-pass valve. The use of 
the additional by-pass valve results in a flatter steam consumption 
curve 

The pressures and steam flows m the by-pass stages may be found 
approximately by usmg eqs (149) and (150) of Art. 112 , page 249. 
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EXAMPLES XIII 

1, The following data were obtained on a test of a steam turbine operating 
at a fractional load— 

Steam pressure before governor valve 
Steam temperature before governor valve 
Steam pressure after governor valve 
Steam pressure in e3diaust branch . 

Steam temperature in exhaust branch 

What is the internal efficiency ratio of the turbine ? 

If the steam flow through the turbine is 4,000 lb. per hr., and the power 
absorbed in bearing friction and governor drive is 10 h.p., what is the 
approximate power at the turbine coupling ? 

2. The full load output of a steam turbine, measured at the coupling, is 
2,000 kW and the losses due to bearing friction, to the governor and oil 
pump drive, etc., amount to 60 kW. Steam is supplied at a pressure of 200 lb. 
per sq. in. abs. and superheated to 540® F. total temperature; the exhaust 
pressure is 1 lb. per sq. in. abs. The internal efficiency ratio at full load is 
74 per cent, 

What would be the coupling power of the turbine when the steam flow 
through the turbine is 20 per cent of that at full load, assuming (1) that the 
turbine is governed by throttling, (2) that the external losses are the same as 
at full load, (3) that the exhaust pressure remains unaffected, and (4) that the 
internal efficiency ratio is reduced to 68 per cent at this load ? 

3. A steam turbine is governed by throttliag and the no-load steam con¬ 
sumption is found to be 12 per cent of the full-load consumption. The nozzle-, 
box pressure at full load is 250 lb. per sq. in. abs., the initial superheat 150® F., 
and the exhaust pressure 0*5 lb. per sq. in. abs. If the steam consumption 
at full load is 10*45 lb. per kWh, what is the efficiency ratio of the turbine at 
quarter, half, and three-quarter load ? 

4, The following particulars refer to three successive “expansions" in the 
I.P. section of an impulse-reaction turbine— 


700® F. 
120 
1*0 

120® F. 


Group Mean Blade Blade Total Number 

jSTo. Diameter Height Outlet of Rows (fixed 

Inches Inch Angle and moving) 



The blade speed ratio is 0-5, ^ = 0*9, = 0-9, the index of v for adiabatic 

expansion IS M35, and the stage efficiency is 0-72. Calculate the steam flow 
ttowgh the turbine blades when the pressure at inlet to the first group is 
I? (steam dry and saturated) and the pressure at outlet 

from the third group is 23-5 lb. per sq. in. abs. 

^ supplied to the fir.^t-stago nozzle box of a turbine at a pressure 
of 2001b. per sq. m. abs. Hrd suiicrlioated 150® F, Under maximum load 
conditions, the weight of steam entering the first-stage nozzles is 9-45 lb. per 
Md the by-pass steam entering the second-stage wheel chamber is 
3*58 lb. per sec., the pr^sure in that stage being then 120 lb. per sq. in. abs. 

19^1 second-stage blades is 

calculate the enthalpy at inlet to the third-stage 








CHAPTER XIV 

MIXED-PRESSURE TURBINES 


120 . Low-pressure Turbines. The exhaust steam from a non¬ 
condensing engine is normally at a temperature about 212° F, or 
slightly more, and is therefore well above the temperature of the 



available condensing water. Consequently, such steam is capable 
of doing work by further expansion Owing to the complete expan¬ 
sion which is possible in the steam turbine it is more economical to 
expand the available exhaust steam in a turbme than in an engine 
operatmg with a LP. cylmder. This may be seen from the p-v 
diagram. Fig. 142, which is drawn to scale for a pressure = 20 lb 
per sq in. abs. The hypothetical indicator diagram for a reciprocator 
is ABCDEA Owmg to the limitation of size of the cylmder it is 
necessary to release the steam at some pressure Pg after which the 
steam expands in the exhaust space to the condenser pressure Pg 
Assuming that expansion in both reciprocator and turbme follows 
the law pv'^ = constant, and using P to represent pressures in 
lb. per sq. ft. abs., and v to represent specific volume, then 
Work done per lb. of steam in engine 


= Pi«i + 


Pi«i — PgPa 

n— 1 


^ 3^2 


This is represented by the work area ABCDEA. 

261 



262 STEAM TURBINE THEORY AND PRACTICE 


In the turbine, however, the expansion is necessarily complete; 
the steam continues to increase in volume until the exhaust pressure 
Pj is reached. The work area is ABFEA. 

Work done per lb. of steam in turbine 


PjWl + 




^ 3^8 


— 1 






n . Pit; 




1^1 


n—\ 



ft.-lb. 


In considering the most economical vacuum for a reciprocating 
engine, we have to balance the greater amount of sensible heat to 
be supplied when a higher vacuum is employed, against the rela¬ 
tively ^all increase of work done. In consequence, the most 
economical vacuum is comparatively low, being normally about 
25 in. or 26 in. Hg. In the turbine, however, there is no limit, 
except that imposed by the temperature of the available cooling 
water and those practical considerations connected with the cost 
of pumping, size of water pipes, etc. Consequently, the L.P. tur¬ 
bine has a great Advantage over the L.P. reciprocator on these 
grounds, which are ultimately due to the limit of size of the engine 
cylinder. 

When the reciprocator is operating continuously it is simply 
necessary to install a L.P. turbine and suitable condensing plant. 
The L.P. turbine would contain a relatively small number of stages. 
This represents the simplest possible arrangement of exhaust 
turbine. 

121 . The Larderello Natural Steam Powct Plant. An interesting 
adaptation of the low-pressure steam turbine hails from Larderello 
in the midst of a volcanic region in the Province of Tuscany (Italy), 
where there is a constant emission of steam and hot water from 
crevices and fissures in the ground. Over a century ago, it was 
discovered that the hot water was highly charged with boric acid, 
and works have long been in exfetence for the extraction of boric 
acid on a commercial scale. Hehum is another constituent of the 
hot water. 

'to increase the output, boreholes were put down to 
dep^ ranging from 200 to 500 ft. The pressure of the steam with 
no dehvery w^ found to be as much as 45 lb. gauge, and with 
maximum delivery was still about 15 lb. gauge, while the tem¬ 
perature was about 360° F. 

It was decided to put down a steam turbine plant, but the use 
of the natural steam in the turbine was avoided for two reasons. 
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In the first place, there was some doubt as to the manner in which 
the blades of the turbine would be affected by the gases contamed 
m the natural steam, and, secondly, there would have been some 
difficulty m obtaining a sufficient vacuum in the condenser, on 
account of the incondensable gases m the steam. It was, therefore, 
decided to use the heat of the natural steam for the purpose of 



Fig. 143 —Diagrammatic Arrangement of Natural Steam Plant 


evaporatmg pure water. The arrangement of the evaporators is 
illustrated ^agrammatically m Fig 143 * 

The evaporators consist of a number of aluminium tubes con¬ 
tained in a shell of sheet iron, alummmm being used in preference 
to iron or steel, because the sulphuric acid contamed in the natural 
steam would form a layer of sulphide of iron on the outside of the 
tubes and so lower the rate of heat transmission. The vapour passing 
to the turbine is superheated by the incoming natural steam. In 
this manner steam is generated at about 7 lb. per sq. in. gauge 
pressure, and supphed to the turbine governor valve at a pressure 
of 2 5 lb gauge 

The first machine of 250 kW was put down in 1912, while m 
1916 three units of 2,500 kW capacity were installed. The latter 
turbines, which were built by Franco Tosi, of Legnano, Italy, and 
which run at 3,000 r.p.m., are impulse-reaction (Parsons) turbmes 
of the double-flow type. It is stated that the installation has been 
successful in every way 

122 . Mixed-pressure Turbine. In many installations where a 
supply of exhaust steam from a non-condensing reciprocator is 
available, e.g. where the engine is a colliery winding engine, a 

• Reproduced by kmd permission from B.ngvneetvng, 24th May, 1918, in 
which details of the plant are pubhshed. 
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haulage engine, rolling miU engine, etc., the supply of es^aust 
steam is intermittent. In such a case it is necessary to provide in 
the installation a low-pressure heat accumulator wherein the surplus 
exhaust steam (or its latent heat) may be stored du^g the time 
that the is operating, and from which the turbine may draw 

a supply of steam during the time that the engine is standing. Such 
a plant is shown diagrammaticaUy in Fig. 144, which is self- 

explanatory. . . „ . 

In cases where the quantity of exhaust steam is not qmte sufncient 
to produce the power required, or where it may be necessary to run 



Fig. 144. —Diagrammatic Arrangement of Steam Fngine, Heat 
Accumulator, and Mixed-pressure Turbine 

the turbine during long periods when the engine is idle, the turbine 
is so designed that live steam may be admitted to the turbine at 
an earlier Plage than the first L.P. stage. The turbine then consists 
virtually of two turbines which may be, and usually are, in the same 
cylinder (Fig. 144). Steam flowing from the last H P. wheel flows 
(hrectly into the first nozzles of the L.P. turbine. Governor gear 
is provided to utilize the whole of the exhaust steam available with¬ 
out allowing the exhaust steam pressure to fall below a certain 
predetermined value, and to supply H.P. steam, as and when 
required, in order to maintain the turbine speed sensibly constant 
irrespective of load variations. There are thus three possible condi¬ 
tions of operation (assuming that at certain times there is sufficient 
L.P. steam to develop the whole of the power)— 

(1) Power developed entirely by L.P. steam. 

(2) PowCT developed oitirely by H.P. steam. 
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(3) Power developed partly by H.P. steam and partly by L P. 
steam. 

Hence the term “mixed-pressure” turbme. 

123 . Conditions of Operation of Mixed-pressure Turbine. It is 
beyond the scope of this book to analyse fully the performance 



of this t 5 ^e of turbine, but the following brief analysis may be of 
interest. 

(1) Power Developed Enttrdy hy L.P. Steam. 

Let K = internal power of turbine m kW (1 e couphng power 
plus mechanical losses). 

r= pressure of L P steam (assumed dry and saturated). 
pgy = exhaust pressure when operating with L.P. steam. 

= internal work done per lb. of steam between the pres¬ 
sures and pgi (Fig. 145) 

Wj = steam flow through turbine, lb. per hour. 

Then Wj X = 3413K 


i.e. 


3413K 




Owing to the fact that is comparatively small, the steam con¬ 
sumption Wi for a constant load K is the maximum possible, and 
the L.P. nozzles and blades must be made sufficiently large to pass 
this quantity of steam. 

( 2 ) Power Developed Entirdy by H.P. Steam. Suppose that the 
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power K kW is the same as before, and that Hj-g is the internal work 
done per lb. of steam under these conditions of operation (Fig. 145). 
Then the hourly steam flow through the turbine is 


W2 = 


3413. K „ 
rli2 


This will be the minimum value of W. It is to be noted that under 
these conditions the steam pressure at inlet to the first set of L.P. 



nozzles will be no longer p-,, but will be reduced to the value p,', 
such that 


The lower value of this pressure adds appreciably to the adiabatic 
heat drop in the H.P. stages and will, of course, affect the number 
of stages in the high-pressure section of the turbine. 

(3) Mixed-pressure Operation. It will be assumed that it is re¬ 
quired to tod the steam consumption at, say, the full load when - 
the quantity of L.P. steam available is some value W 3 , less than 
Wi. That is, it is necessary to derive the quantity of H.P. steam 
W 4 . This can only be found by a process of trial and error. 

By an obvious method, a rough approximation to W 4 is first 
made. Since the total steam flow through the L.P. blading is 
Wa - 1 - W 4 , the pressure Fig. 146, is given by 


Px'=Px 


( 


W3-fW4\ 
Wi ) 
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Assuming that the L.P. steam is agam supplied dry and saturated 
at it is now throttled to the final state pomt bemg C. 

Suppose that the admission of H P. steam is controlled by a 
throttle valve, and that in the present case the steam is throttled 
from p 2 to p 2 - The pressure p^ may be obtained from a 
— 1,h, logioW diagram by the method given in Art. Ill, startmg 
from the pressure pj" and considermg the H.P. stages only This 
IS a somewhat tedious process, for a tentative diagram would have 
to be drawn for an assumed value of p^ in order to obtam a more 
accurate value of that pressure Eq (149), page 249, although de¬ 
rived for the reaction turbine, may be used m approximate calcula¬ 
tions on impulse turbmes. The constant may be calculated from 
the relation 


W2 = Ci 


/a 


hi 


which applies to operation with H P. steam only and, of course, 
refers only to the H P. stages Usmg this derived value of in 
the correspondmg relation 


»2 % 


and approximating, step by step, to the values of v^' and v^', the 
specific volumes at p-^' and p^' respectively, the pressure p^ is 
obtained. 

Having found the pressure p^, a constant I line BD is now drawn 
giving the condition D in the &st-stage nozzle box The condition 
curve DE is drawn next. 

At inlet to the L P stages, Wg lb. of steam with the enthalpy 
value 1(3 are mixed with W 4 lb. havmg the enthalpy Ij,, resultmg in 
the enthalpy Ij. where 

W3.Ic-bW4.lB 
“ Wg -b W4 


The condition curve EG is now drawn for the expansion of the 
mixed H.P. and L P. steam in the L.P. stages. 

Total internal power in kW 

= [W4 (I„- Ib) -b (Wg -b W4 )(Ib- lo)] ^ 3413 


If the calculated power is greater than K, the steam quantity W 
must be reduced, and vice versa. 

124 . Theory of Heat Accumulator. A typical steam consumption- 
tijne curve for a colliery winding engme is shown m Fig. 147. Com¬ 
mencing the wind at 0 , steam is admitted to the cylinders at full 
pressure and with the link gear set to give steam for a large part 
of the stroke. At A the gear is linked up to cut off steam fairly 
early, and at B steam is shut off entirely, allowing the engine to 
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coast until the wind is stopped at C. The next wind is comm^ced 
at D, when the curve would be more or less repeated. It will be 
obvious that the area of the diagram represents the weight of steam 
consumed by the engine and the mean height the mean steam con¬ 
sumption. If the exhaust turbine is operating at a steady load and 
is nsing the whole of the steam available, then the mean height of 
the curve would also represent the turbine steam consumption. It 
will be apparent that between a and b the quantity of exhaust 
steam is greater than that required by the turbine, whereas between 
b and a' the turbine is using steam at a steady rate and there is little 
or none coming from the engine. 

The usual L.P. heat accmnulator, invented by Rateau, com¬ 
prises one or more large horizontal cylindrical vessels, about 60 
per cent fuU of water. The surplus e:^aust steam is led through 
a pipe into the tank and allowed to pass through a large number 
of submerged orifices or nozzles. It is thus condensed by direct con¬ 
tact with the water. The latent heat is absorbed by the whole water 
mass as sensible heat, the temperature of the water rises, and the 
pressure of the steam in the space above the water also rises. This 
occurs from a to b. Fig. 147. As soon as the turbine begins to take 
more steam than is coming from the engine there is a shght reduc¬ 
tion of presstue in the steam space of the accumulator which causes 
the water to evaporate. The whole water mass loses sensible heat, 
its temperature falls, and the steam pressure gradually falls. This 
regeneration period goes on from b to a' where, once again, the 
engine exhaust steam quantity exceeds the needs of the turbine. 
The quantity of steam to be condensed in the accumulator during 
the storage period is shown by the vertically-hatched area in Fig. 
147; the quantity of steam re-evaporated is shown by the cross- 
hatched area, to scale. The variation of steam pressure which 
must be permitted depends on the variation of steam saturation 
temperature, and this in turn wOl depend on the quantity of water 
stored in the accumulator. 

Consider the regeneration period and let 

Qi = minimum quantity of water in accumulator, lb. 

Qa = maximum quantity of water in accumulator, lb. 

#1 = lowest saturation temperature, ° F. 

4 == highest saturation temperatiure, ® F. 

Lj = latent heat corresponding to ij. 

La = latent heat corresponding to 4- 

Let Q, t, and L be values at any instant, and let the whole water 
mass cool by a very small amount dt, thus producing the smaill 
quantity of dry and saturated steam SQ. Then, assuming the 
specific heat of water to be unity 

Q . (5i = L . <5Q 
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Writing L = a — bt, where a and b are positive constants 

Q . dt — (a— bt)dQ, 

8Q dt 

or —^ — - 

Q ~ a-bt 



O' CD 

Time — seconds 


Fig. 147 —^Tune-Steam Consumption Diagram for Colliery Wmding 

Engine 


The weight of steam to be stored m the accumulator is Qa • 
Let this be represented by W. 

Then Qa _ i -i_ ^ 


Qa_ j I Qa Qi _ j I ^ 


logical+ = Ilogio^ • • ■ (153) 

W is foxHid from the steam consumption-time curve. Hence the 
weight of water Q 2 == Qi + W which the accumulator must hold 


10—(T 5200) 
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may be found for any given range of pressure and temperature in 
the accumulator. 

Example 19. Calculate the minimum water capacity of a low- 
pressure heat accumulator when the weight of steam to be stored 
is 1,000 lb. per cycle. The maximum and minimum steam pressures 
in the accumulator are 22 and 18 lb. per sq. in. abs. respectively. 

When p = 22. t = 233-1° F.; L = 957-8. 

When p = \S,t = 222-4° F.; X = 964-4. 

Assuming L = a — bt 

a— 222‘4b = 964-4 
a—233-1& = 957-8 
10-76 = 6-6 and b = 0-617 

, /, , 1000\ 1 , 964-4 

logio 1 + j — 0-617 957-8 

= 0-004833 

1 -F = 1-01119 

from which Qi = 89,370 lb. 

Least capacity = 90,370 lb. 

== 40-4 tons 

If the circulation were imperfect and the whole of the water did 
not undergo the same temperature change, then a larger quantity 
of water would have to be stored. 

EXAMPLES XIV 

1. A reciprocating steam engine exhausting at 161b. per sq. in. abs. 

develops 1,500 b.h.p. with a steam rr.--of 23*5 lb. per b.h.p.-hr. 
Calculate the power available from ; - steam turbine utilizing all 

the exhaust from the above engine, assuming that the steam enters the tur¬ 
bine at 15 lb. per sq. in. abs., dry and saturated, that a separator in the 
engine exhaust pipe removes 1,3001b. of water per hour, that the vacuum 
at the turbine er^aust branch is 29 in. (30 in. bar), and that the turbine 
thermal efficiency ratio is 70 per cent. 

2. Calculate the theoretical steam consumptions in lb. per h.p.-hr. of a 
L.P, reciprocating engine and a L.P. turbine operating with initially dry 
and saturated steam at 20 lb. per sq. in. abs. when the exhaust pressure is 
2-5 lb. per sq. in. abs. and the release pressure in the engine is 8 lb, per sq. in. 
abs. Assume n = 1-135 in both cases. Calculate also the steam consumption 
of the turbine when the exhaust pressure is reduced to 0-5 lb. per sq. in. abs. 

3. A mixed-pressure turbine operates under the following conditions— 

Chitput at turbine coupling. . . . 800 kW 

Press of L.P, steam (dry and saturated) . 18 lb. per sq. in, abs. 

Press of H.P. steam (160® F, superheat) . 180 ,, ,, „ 

Exhaust pressure.0-7 „ „ „ 
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Assuming that the power absorbed by bearing friction, governor drive, 
etc , amounts to 15 kW, and that the internal efhciency ratio is 65 per cent 
for both H P and L P r*', calculate the steam consumptions in lb 

per kW-hr for both . v * < peration. What is the steam pressure in 

the L P steam belt during operation with H P. steam ^ 

4 Calculate the power at the turbine coupling in Ouc^:tion 3 when the tur¬ 
bine IS consuming 15,0001b of L P. steam per hr" -:-pp:i(o at 181b per 
sq m. abs , dry and saturated, and 2,000 lb of H P. steam, supplied at 
180 lb per sq. in abs. and 160® F, superheat Assume— 

(1) that the internal efficiency ratio of both the H.P, and L P. sections 

of the turbine remains constant at 0 65; 

(2) that the exhaust pressure is 0*7, 

(3) that the losses due to bearmg friction, etc., amount to 15 kW, 

(4) that the pressure of the H P. steam after throttling is 37 lb. per 

sq m. abs., and 

(5) that the supply of H P and L P steam is controlled by throttle 

governing. 

5. The steam consumption of a rolhng-imll engme mcreases uniformly 
from zero to 13 9 lb per sec in the first 5 sec of rollmg, and then dimmishes 
at a uniform rate to 4 45 lb per sec at the end of 30 sec from the commence¬ 
ment of rolling The engine then comes to rest The interval between 
successive rolls is one minute 

The rolhng engine supplies dry and saturated exhaust steam to a L P 
turbme at an average pressure of 20 lb per sq in abs The turbine exhausts 
at 1 *0 lb abs , and its efficiency ratio is 0 64. What is the power of the 
turbine ? 

Calculate the total weight of water to be stored in a heat accumulator to 
be used in conjunction with the exhaust turbine, and operating under the 
following conditions— 

Maximum steam pressure 22 lb. abs , minimum steam pressure 18 lb abs 
Assume that the whole of the water m the accumulator is at the same 
temperature at any instant 

6. The steam consumption of a reciprocating steam engme vanes cyclically, 
the rate of consumption in lb per sec being given by the expression 

ze; = 4 3 sm pt 

where t represents time in seconds The total time of the cycle is 120 sec 
The exhaust steam is utihzed in a L P. turbine which uses all the available 
steam at a steady rate. 

The surplus exhaust steam is stored m a heat accumulator If the lower 
pressure is 15 29 lb. per sq. m. abs (i = 214® F , L = 969 1) and the higher 
pressure is 20 77 (f ~ 230® F, L = 958 7), calculate the weight of steam to 
be stored and regenerated each cycle and the total weight of water to be 
stored in the accumulator 

7. A L P heat accumulator contains 25 tons of water at the beginning 
of the storage period. If the initial and final temperatures of the water are 
214® F. (L == 969*6 BTh.U. per lb.) and 228® F. (L == 961*0) respectively, 
calculate the weight of steam condensed m the accumulator during the storage 
period. The accumulator delivers steam to a L.P. turbme and the total time 
of regeneration is 2 min. 

Assuming a mean steam supply temperature of 221° F (;^ = 17 5 lb abs ), 
that the steam is supphed dry and saturated, that the exhaust pressure is 
0*75 lb per sq m abs., and that the efficiency ratio of the turbme is 62 per 
cent, calculate the power available 

8 The time-rate of steam consumption of a colliery windmg engme 
mcreases umformly from zero to a maximum durmg the first 20 sec. of winding 
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from rest and then remains constant for a further 20 sec., when steam is shut 
off and the engine is allowed to coast. The total time of winding and stoppage 
is 2 min. and during each wind the engine consumes 600 lb. of steam. The 
exhaust steam from the winding engine passes to a L.P. turbine and a heat 
accumulator. The turbine may be assumed to utilize the whole of the exhaust 
steam at a steady rate. 

If the maximum and minimum engine exhaust pressures are 20 lb. abs. 
(t — 228° F., L = 961) and 16 lb. abs. [t — 216-3° F., L ^ 968*1) respectively, 
calculate the minimum weight of water which must be stored in the heat 
accumulator. 



CHAPTER XV 


BACK-PRESSURE AND PASS-OUT TURBINES 


125 . Introductory. There are several industries, such as paper 
making, textile, chemical, dyeing, sugar refining, carpet makmg, 
brewing, and so forth, m which there is a dual demand for power 
and steam for heating and "process” work. It was formerly the 
practice to generate steam for power purposes at a moderate pressure 
and to generate saturated steam for process work at a pressure which 
gave the desired heatmg temperature. Such a system is obviously 
wasteful, for of the total quantity of heat supplied to the steam 
which is used for power purposes, quite 70 per cent will normally 
be carried away by the coolmg water Admittedly, if the engme 
or turbine is operated with a normal exhaust pressure, then the 
temperature of the exhaust steam is too low to be of any use for 
heating purposes; but by a smtable modification of the mitial 
steam pressure and of the exhaust pressure, it would be possible 
to generate the required power and still have available for process 
work a large quantity of heat in the exhaust steam 
Suppose, for the sake of illustration, that in a paper mill 50,000 lb 
of dry and saturated steam are required per hour at a pressure of 
50 lb gauge Then, assummg that the condensed steam is returned 
to the system, the heat to be supphed for process work is 50,000 
times the latent heat of dry steam at 65 lb per sq in abs , 1 e. 
45,720,000 B Th.U per hour If steam is generated at 250 lb per 
sq. m gauge, then with an initial superheat of 100° F. and a turbme 
efficiency ratio of 70 per cent, the steam is approximately dry and 
saturated after expanding to 65 lb. per sq. m abs The useful 
work done per lb of steam m expandmg from 250 to 50 lb gauge is 
86-3 B.Th.U. Hence, the power avafiable (neglectmg the small 
mechanical losses) is 


50,000 X 86-3 
3413 


= 1263 kW 


The enthalpy of steam at 250 lb. 100° F superheat is 1,268 B Th U. 
per lb., and that of the water returned from the plant is 267'3 
Therefore the heat supplied per hour is 


50,000 (1268-0 - 267-3) = 50,035,000 B.Th.U. 

This is 4,315,000 B.Th.U. more than m the simple heatmg system, 
1 e. about 9-5 per cent greater The difference is, in fact, exactly 
equal to the heat equivalent of the power generated. It follows, 
therefore, that from the practical standpoint, provided no steam is 

273 
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condensed in a separate condenser, the thermal efficiency of such 
a combined power and heating plant may approach unity. 

Reciprocating engines and turbines are both available for use in 
such plants, but the latter are now almost exclusively employed, 
even for comparatively small outputs. An outstanding advantage 
of the turbine is the complete absence of internal lubrication, 
resulting in clean exhaust steam. Other obvious advantages are 



the small space occupied, steady speed, simple control devices, and 
good balance. 

There are two tj^es of turbine employed in combined power and 
process plants, the back-pressure turbine and the steam extraction, 
or “pass-out,” turbine. 

126. Ba<^-pressure Turbines. The back-pressure turbine may be 
employed in cases where the power which may be generated by 
expanding steam from an economical initial pressure down to the 
heating pressure is equal to, or greater than, the power requirements. 
The lay-out of such a plant is shown diagrammatically in Fig. 148. 
Steam is generated in the boiler at a suitable working pressure and 
admitted to the turbine A. The exhaust steam from the turbine will 
normally be superheated and in most cases is not suitable for process 
work, partly because it is impossible to control its temperatme 
(since this vary with"the initial superheat), and partly because 
of the fact that the rate of heat transfer from superheated steam to 
the heating surfaces is lower than that of saturated steam. For these 
reasons, a desuperheater B is often used. A jet of water, thermostati¬ 
cally controlled, is sprayed into the entering steam; the steam is 
cooled and the spray water evaporated. The now saturated steam 
enters the heaters C and is entirely condensed. The condensed 
steam may or may not be returned to the boilers, depending on 
the conditions. 
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It is unlikely that the steam required for power generation wiU 
always be equ^ to that required for process work, and some means 
of controUmg the exhaust steam pressure must be employed if 
variations m the pressure—and, therefore, of the steam saturation 
temperature—are to be avoided 

The method of control employed depends on the circumstances. If 
the back-pressure turbine is the only power unit, then it is fitted 



with an ordmary centrifugal governor and the quantity of available 
exhaust steam is controlled by the load on the turbme If the 
available exhaust is too small, hve steam may be passed through 
the reducmg valve E mto the desuperheater If the quantity of 
exhaust steam is in excess of requirements, then the excess steam 
may be blown to atmosphere, or mto a feed tank, etc , through the 
valve F. Valves E and F may be operated by hand to maintain 
the exhaust pressure constant, or, as is more usual, by automatic 
control gear. If, however, the back-pressure turbme is operating 
in parallel with other machines, then its output is controlled entirely 
by the heat load. In addition to the normal speed governor, there 
is a pressure regulator which controls the supply of steam to the 
turbine so as to maintain a sensibly constant exhaust pressure. 

The thermodynamics of the back-pressure turbine is extremely 
simple and may be explamed with reference to Fig. 149, which is 
lettered to correspond with Fig. 148, so far as the state of the working 
substance is concerned. The boiler pressure is the pressure at 
mlet to the turbine is p-^, and the heating steam pressure is py 
be shows the throttlmg at the throttle Valve, cd the expansion in 
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the turbine, and da the subsequent condensation in the heaters. This 
Vagram shows clearly that, apart from minor heat losses, the whole 
of the heat supplied in the boiler is usefully employed. 

Let Ki = internal power of turbine in kW. 

H = heat required in heaters, B.Th.U. per hour. 

W = steam flow through turbine, lb. per hour. 


Then 


or 


W(I^- 

w = 


Ia)=H 

H 

I.-la 


Also 3413Ki = W(Ic-I^) 

- v. _ H / Ic-IA 

Conversely H = 3413 . Kj- / 


(154) 

(154a) 


127 . Pass-out Turbine. In many cases the power available from 
a back-pressure turbine through which the whole of the heating 
steam flows is r.rp“''c:r:b’'v less than that required in the factory. 
This may be due to the small heating or process requirements, to a 
relatively high back-pressure, or a combination of both. In such a 
case it would be possible to install a back-pressure turbine to provide 
the heating steam and a condensing turbine to generate the extra 
power; but it is possible, and usuSl, to combine the functions of 
both machines in a single turbine with obvious advantages and 
economies. Such a turbine is shown diagrammaticaUy in Fig. 150. 
Live steam enters the turbine and expands through the H.P. stages 
before the extraction branch. Here a certain quantity of stegm is 
continuously being extracted for heating purposes, the remainder 
passing through the pressure control valve into the L.P. part of 
the turbine. 

The control gear must be designed to meet the following 
requrements— 

( 1 ) the speed of the turbine must be kept sensibly constant; and 

( 2 ) the pressure of the heating steam must be kept sensibly 
constant; both of these regardless of the variations in power and 
heating loads. 

These requirements are adequately met by the use of {a) a speed 
governor of the normal centrifugal type which controls the admis¬ 
sion of H.P. steam to the turbine, and ( 6 ) a pressure regulator, 
responsive to changes of pressure of the extracted heating steam and 
controlling the admission of steam to the L.P. stages. A change 
of either power load or heating load will cause both governors to 
operate. For example, suppose the generator load is increased; 
this causes a certain momentary drop of speed. In response to this 
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the speed governor increases the hft of the H.P. throttle valve, thus 
allowing more steam to enter the turbme. If no change were made 
in the position of the pressure control valve, the pressure in the 
heatmg steam pipe would now rise. This pressure rise actuates the 
oil relay m such a way as to increase the lift of the pressure control 



Fig. 150.—^Diagrammatic Arrangement of Single-extraction Pass-out 

Turbine 


valve and allow more steam to flow through the L P stages to the 
condenser. For a constant heat load, the weight of heating steam 
will remam nearly constant (it will vary shghtly due to variations 
in its enthalpy), therefore the mcrease m steam flow through the 
L.P. stages will be practically equal to that through the H.P 
stages Thus, with a constant heat load, an mcrease in power load 
is followed by an increase m hft of the throttle and pressure control 
valves. Conversely, a reduction m power is followed by a reduced 
lift of both valves 

Suppose now that there is a sudden increase in heat load due, say, 
to couplmg up another heater unit. The heating steam pressure will 
fall and so cause the lift of the pressure control valve to be reduced. 
This reduces the flow of steam through the L.P. stages with the 
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result that less power is developed in those stages, and, as the power 
output of the H.P. stages is as yet hardly affected, the speed of the 
turbine begins to fall. This causes the H.P. throttle to open, so 
admitting a greater quantity of steam to the turbine as a whole. 
It will be seen that a change in the heating load causes the lifts of 
the main throttle and pressure control valves to vary in opposite 
ways. 

When the speed and pressure governors operate independently 
of each other it will be apparent that, provided the driven alternator 
is not connected electrically to smy system, an increase in power 



load brings about an increase in pass-out steam pressure, whereas 
an increase in heat load causes a fall in speed. There is also a 
tendency to “hunting.” This may be overcome by interconnecting 
the governor gear and the pressure regulating gear in such a way 
that both the throttle valve and the pressure control valve are 
operated simultaneously and in the correct direction. One form of 
such gear is shown diagrammaticaUy in Fig. 151. In order to simplify 
the diagram, the oil relays have been omitted. It will be seen that a 
drop in speed causes both valves to lift, whereas an increase in heat 
load in producing a fall in heating steam pressure causes the pressure 
control valve partially to close and the throttle to open further. 

Although both Fig. 150 and Fig. 151 show simple throttle valves 
controUing speed and heating steam pressure, regulation may be 
effected in either case, or in both cases, by some form of nozzle 
control gear. Moreover, steam may be extracted at two or more 
points. 

128 . Operation of Pass-out Turbine with Single Extraction. Con¬ 
sider the turbine shown in Fig. 150. Fig. 152 shows the Mollier 
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diagram when ideal nozzle-control governing is employed for both 
speed and pressure control, while Fig. 153 shows the MoUier diagram 
when throttle valves are used for both controls 



Fig 152 —^Mollier Diagram for Pass-out Turbine with Ideal 
Nozzle-control Governing 

Suppose that under any given conditions of operation— 

Wi = steam entering turbme, lb. per hour. 

Wa = steam extracted for heating, lb. per hour. 

Ws = steam entenng L.P stages, lb. per hour. 

= maximum quantity of steam entenng turbine, lb. per 
hour. 

= maximum quantity of steam entering L P stages, lb 
per hour 

and Waraaoj. wiU be fixed by the specified operating conditions, 
i.e. power and heatmg ranges 

Let H = quantity of heat required, B.Th U. per hour. 

K = total internal power, kW. 

Ka = power developed by heating, steam in eicpanding 
through H.P. stages. 

Ks = power developed by the remainder of the steam (Wg) 
in esqiandmg through the H.P. and L.P. stages. 
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Then with throttle valve control 


and 


Pi = 

A' = 


'Wj max. 
Ws 


w 


SmacBrn 


■Pi 

■P2 


With nozzle control governing there will be a small pressure drop 
— p^ at the control valves. 



Fig. 153. —Mollier Diagram for Pass-out Turbine with. Throttle Governing 


The following are possible conditions of operation— 

(1) FuU Extraction. This is equivalent to back-pressure opera¬ 
tion. Since the internal work done per lb. of steam = !« — 1^, 

3413K 

”1 - T 

Let = enthalpy of water at p^. 

Then heat rejected per lb. of steam = !«— 

The total heat available is then 

H = 3413K^ )B.Th.U. per hour 

Alternatively, the power available with a heat load H is 

H fla-1. 
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This condition results in the largest value of the steam flow 
Theoretically, the pressure-control valve is closed, but in practice 
a small amount of steam is allowed to flow through the L P. stages 
in order that the heat generated in those stages by disc friction and 
bla ^p wmdage may be continuously removed 

(2) No Extrachon The turbine now operates as a normal con¬ 
densing turbme, and W 3 = Wi. The pressure-control valve is full 
open and the condition curve on the MoUier diagram is practically 
a contmuous curve. The steam consumption is 

3413 

= -=-hour 

to — V 

This IS the mmimum steam consumption and is the lowest value of 
Wi for any load. Consequently, with throttle governing for the 
H.P. section there is a considerable amount of wiredrawmg at the 
H.P throttle valve Although this condition results in the mini¬ 
mum steam consumption for the turbine as a whole, the steam 
flow W 3 through the L.P stages for any given power is greater than 
it is under any other conditions of operation. If the turbine is 
designed to develop its fuU output when runnmg as a pure con¬ 
densing machme, then the nozzles in the L.P. stages wiU be too 
large for most other operating conditions, and unless some form of 
nozzle-control governing is employed at the L P. end there will 
be an appreciable amount of wiredrawing at the pressure-control 
valve with a correspondmg loss of power. For this reason, the 
specified power output for no extraction should be kept as low as 
possible. 

(3) Partial Extrachon, (a) Ideal Nozzle-control Governing Con¬ 

sider a given heat load H B.Th U. per hour Each lb of steam 
extracted gives up an amount of heat = Ic — 152). 



Power developed by heatmg steam is 


K3 = 


fl — I 1 
3413 ^ 


H 

3413 ^ 1 ,- 1 ^; 

Ks = K - Kj 

Work done per lb. of steam expanding through H.P. and L.P. 
stages 

= la-h 

K-K3 = ^(I„-I,) 
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The total steam consumption, lb. per hour, is 

Wi = Wa + W3 
H ^ 3413 (K—K 2 ) 

J-c 


3413-K H 

la 1/ Ic~I«i2Vlct I// 


3413. K 
la-If 



. (155) 
. (155fl) 


(&) Throttle Governing. This presents some difficulty, since the 
pressures and p^' are not Icnowii uiit il the steam flows Wj and W 3 
are known . Two alternative methods are available. In the first, 
the pressures p^' and p^ are assumed, and the values of Wi and W 3 
calculated by means of the expressions given on page 281. The 
assumed pressures are now corrected and a recalculation made for 
Wi and Ws. These results will be approximately correct, but may 
be checked by a second approximation. Alternatively, a series of 
values of Wj and W 3 may be taken and the corresponding heat and 
power output calculated. This is the more satisfactory method. 

129 . Steam Consxunption Ciirves for Pass-out Turbine. These 
must show the relationship between three quantities, namely, the 
power output, quantity of pass-out steam, and the total steam 
consumption. The general form of the lines will be shown by means 
of an example. 

^ Example 20. Derive the steam consumption diagram for a 
single-extraction pass-out turbine operating under the following 
conditions— 

Pressure of steam supplied . . 200 lb. per sq. in. abs. 

Temperature of steam supplied . 440® F. 

Pressure of extracted steam . . 40 

Pressure of exhaust steam , . 1 

Maximum load at turbine coupling . 1,000 kW. 

Maximum load with no extraction . 750 kW. 

Internal efficiency of H.P. and L.P. 

stages. 0-7 

Mechanical loi^s of turbine . . 35 kW. 

Maximum steam consumption under 
any conditions .... 25,000 lb. per hour. 

(Steam consumption at no load) - 4 - (Steam consumption at maxi¬ 
mum output under given condition) = 0T2 for no extraction, 
and 0-14 for full extraction. 

Assume ideal nozzle-control governing. 
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From the MoUier diagram we find— 


Adiabatic heat drop from 200 to 40 
Useful heat drop from 200 to 40 
Adiabatic heat drop from 40 to 1 
Useful heat drop from 40 to 1 


130-5 B.Th.U./lb. 
91-4 

230-0 „ 

161-0 .. 


No ExtracUon 


Total effective heat drop = 91-4 + 161-0 = 252-4. 
Total internal power at maximum load = 750 + 35 


Maximum steam consumption == 


785 X 3413 
252-4 


785 kW. 


= 10,600 lb. per hour 

No-load steam consumption 

= 0-12 X 10,600 = 1,270 lb. per hour 



Fig. 154 —Steam Consumption. Diagram for Pass-out Turbme 


The steam consumption line is AB, Fig. 154. Smce ideal nozzle- 
control governing has been assumed the steam consumption line 
would be shghtly concave upwards For the sake of simphcity a 
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straight line has been drawn. A similar assumption has been made 
with the other lines. 


Full Extractioji. 

3413 

Steam consumption = = 37*3 lb. per kW-hr. 

25 000 

Internal power (maximum) = ~ 670 kW. 

Coupling power = 670 — 35 = 635 kW. 

No-load steam consumption 

= 0-14 X 25,000 
= 3,500 lb. per hour 
The steam consumption line is CD. 


Partial Extraction. Consider, for example, the extraction of 
6,000 lb. of steam per hour. Suppose, in the first instance, that the 
L.P. nozzles are passing the maximum queintity of steam they are 
capable of passing, i.e. 10,600 lb. per hour. Then the L.P. nozzle- 
control valves are full open. The steam which passes right through 
the turbine will stiU develop the same internal power, i.e. 785 kW. 
The additional internal power developed by the extracted steam 
will be— 


6000 X 91-4 
3413 


= 160 kW 


Total internal power = 785 -f- 160 = 945 kW. 
Total coupling power = 945 — 35 = 910 kW. 


The total steam consumption is 10,600 -|- 6,000 — 16,600 lb. per 
hour. This condition is represented by the point F. By considering 
any other point G, say, on the line AB, the increment of power GH 
will be again 160 kW and the increment of steam consTimption JH 
is 6,000 lb. per hour. Points such as F and J lie on a constant extrac¬ 
tion line for 6,000 lb. of steam per hour. Such a line is obviously 
paraUd ^o AB. Under the assumed conditions, the constant extrac¬ 
tion hn^^isE^^^^o equidistant when the increment of extraction is 
the same, 

The stra%ht lin^'^E, Fig. 154, drawn through the limiting points 
on the constant extrasHon lines gives the maximum power output 
for a constant pass-out^essure. For all points on BE, the L.P. 
nozzle valves are fuU open^E.nd only for steam consumptions greater 
than that at E are the nozzl&^valves partially closed. 
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EXAMPLES XV 

1 Steam is supplied to a back-pressure turbine at a pressure of 400 lb per 
sq in abs and superheated 160° F The exhaust steam from the turbine is 
utilized in heaters at a pressure of 40 lb per sq m abs If the amount 
of heat required per hour is 30 million B Th U , and if the efficiency ratio of 
the turbine is 0*75, calculate the horse-power generated and the hourly heat 

of the plant, assuming that the condensate from the heaters is 
I'cd VO i IV' boilers at 267 2° F , and that there are no heat losses Assume 
a boiler efficiency of 80 per cent 

Calculate the hourly heat consumption of a plant consisting of a condensing 
turbine generating the same power, supplied with steam at the same pressure 
and superheat, exhausting at 1«0 lb per sq in abs , and having an efficiency 
ratio of 0*75, and separate low-pressure boilers generating dry and saturated 
steam at 40 lb abs from feed water at 267*2° F and supplying the same 
quantity of heat Assume again an efficiency of 80 per cent for the high- 
pressure and low-pressure boilers 

2 In a factory where L P steam is required for heating purposes and 
electrical energy is required for power purposes, it i? p~opo-rd to install a 
back-pressure turbine to operate under the following corc.r.'(>■'<— 

Initial steam pressure 250 lb per sq in abs 

Initial steam temperature 600° F 

Exhaust pressure . 20 lb per sq in abs 

Efficiency ratio of turbine 70 per cent 

If the amount of heat required per hour equals 50 million B Th U , calculate 
the total power available in kW if the generator efficiency is 94 per cent It 
may be assumed that the condensate drains from the heaters return to the 
boiler at the condensing temperature 

3 Steam is supplied to a back-pressure turbine at 200 lb per sq in abs 
and 500° F. It is exhausted at 20 lb per sq in abs , the internal efficiency 
ratio of the turbine being 0 75 If the coupling power is 1,000 kW and the 
mechanical losses amount to 20 kW, calculate the total amount of heat 
available, assuimng that the heater condensate temperature is 228° F 

Calculate the coupling power and the heat available when the quantity 
of steam is reduced to one-half of that at 1,000 kW coupling power Assume 
that the turbine is governed by throtthng, that the internal efficiency ratio, 
exhaust pressure, mechanical losses, and heater condensate temperature 
remain as before 

4 Calculate the maximum and minimum hourly steam consumptions of a 
pass-out turbine which develops 1,000 kW and which has a heat load varying 
from ml to 18 million B Th U per hour The operating conditions are— 

Initial steam pressure . 300 lb per sq in abs 

Initial steam superheat , 240° F 

Pass-out pressure ... 45 lb per sq in. abs 

Exhaust pressure . . 1 0 lb per sq in. abs 

The heating steam gives up heat by cooling and condensing only The 
efficiency ratio of the H P and L P groups of stages may be assumed to be 
0 70 under all conditions of operation, and it may be further assumed that 
regulation is effected by varying the number of nozzles in operation 

5 A pass-out turbine operates under the follownng conditions— 

Initial steam pressure . . . 300 lb. per sq. m abs 

Initial steam temperature . . 700° F 

Pass-out steam pressure . . . 40 lb per sq m abs. 

Exhaust steam pressure . . . 1*0 lb per sq m abs. 

When the turbine is developing its normal full load and givmg out the 
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normal quantity of heating steam, the total consumption is 40,000 lb. per hour, 
and the weight of extracted steam is 16,000 lb. per hour. 

If the nf steam supplied to the turbine is 26,000 lb. per hour 

and the '• extracted :s 11 million B.Th.U. per hour, calculate 

the power available. The internal efSciency ratio of the H.P. and L.P. groups 
of stages is 0*72. The heating steam is condensed but the resulting condensate 
is not cooled below the saturation temperature. The admission of H.P. steam 
is efiected by nozsle control, but the pass-out pressure is regulated by a simple 
throttle valve. 

6. A factory has an average load of 1,000 kW and requires 15 million B.Th.U. 
per hour for process work. The heat is to be supplied by saturated steam which 
condenses in heaters at 30 lb. per sq. in. abs. 

It is proposed to install a pass-out turbine to operate under the following 
conditions— 

Initial pressure .... 200 lb. per sq. in abs. 

Initial superheat .... 120® F. 

Exhaust pressure . , . . 0*7 lb. per sq. in. abs. 

The turbme efhciency ratio for the pressure ranges 200 to 30 and 30 to 0*7 
is 0*76, and the boiler efficiency may be taken as 0*80. If the calorific value 
of the coal used is 12,600 B.Th.U. per lb., calculate the daily coal consumption 
of the factory, allowing 10 per cent for auxiliaries. 

7. A factory has an average load of 1,200 kW and requires 18 million B.Th.U. 
per hour to be supplied by steam which condenses in heaters at 30 Ib. per 
sq. in. abs. 

Steam for power purposes is to be generated at 250 lb. per sq. in. abs. and 
superheated 140® F. Compare the probable fuel consumptions in the 
foUowing cases— 

(1) If the steam exp^ds in the turbine to a final pressure of 0*8 lb. per 

sq. in. abs. and the heating steam is separately generated at 30 lb. per sq. in. 

abs. 

(2) If the supply of heating steam is extracted from the turbine at 30 lb. 

per sq. in. abs., the steam not required for heating purposes being expanded 

to 0-8 lb. abs. 

It may be assumed that the boiler efficiency is 0'76 in each case, that the 
turbine efficiency ratio for any range of pressure is 0*78, and that the calorific 
value of the coal is 12,800 B.Th.U. per lb. Both speed and pressure are 
regulated by nozzle control. 
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CONSTRUCTION OF NOZZLES AND DIAPHRAGMS 

130 . Introductory. The nozzle is one of the most important ele¬ 
ments in a steam turbine, for m it takes place the conversion of 
pressure energy mto kinetic energy. The shape and fimsh of the 
nozzle should be such that this conversion takes place with 
the highest possible efficiency The basic requirements may be 
enumerated as follow— 

(1) Sudden changes in direction of the flowmg steam, especially 
at high velocities, should be avoided. 

(2) The inlet of the nozzle should be designed to utilize the carry¬ 
over energy from the previous stage to the greatest possible extent. 

(3) The wall surfaces should be as smooth as possible in order to 
reduce friction, especially where the steam velocity is high 

(4) The design should be such as to permit of ease of manufacture 
and finishing , and to enable accurate channel sections to be obtained, 
especially at the high-pressure end of the turbme 

There are two t 5 q)es of nozzle, namely, ( 1 ) the simple convergent 
nozzle, which is suitable for expanding steam from any given pres¬ 
sure to any pressure higher than the corresponding critical pressure 
(i e. to a pressure greater than 0’577 p-y for saturated steam, or 
0 - 546^1 for superheated steam), and ( 2 ) the convergent-divergent 
nozzle, which is suitable for expandmg steam from any given pres¬ 
sure to any pressure lower than the correspondmg critical pressure. 
From the theoretical analyses given in Arts. 38 and 44, it will be clear 
that a given convergent-divergent nozzle will only be suitable for 
a definite ratio of final steam pressure to mitial pressure Suppose, 
for example, a convergent-divergent nozzle is designed to operate 
with steam at a certam mitial pressure py and a certain outlet 
pressure p^ If the actual pressure m the space mto which the nozzle 
r’i=('i'.''.’*Trs IS higher than p<^, then as the steam m the nozzle will 
expand down nearly to p^, the steam is said to be “ over-expanded " 
If, on the other hand, the pressure on the disch^ge side is lower 
than p^, smce the nozzle is restricted m its capacity for expandmg 
steam the steam m the nozzle is said to be “under-expanded.” 
In both cases there are fairly serious losses mvolved Consequently, 
every convergent-divergent nozzle requires to be carefully designed 
for the conditions under which it has to operate 

The convergent nozzle is not subject to the same restrictions. 
Provided the pressure on the outlet side does not fall below the 
critical pressure, the nozzle will function in a satisfactory manner 
in spite of variations in outlet pressure. This statement refers to 
ef&dent operation and not to mass flow. 

287 
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The great majority of turbine nozzles are of the convergent type; 
the convergent-divergent nozzle is harcUy ever used except in small 
turbines arid in conjunction with velocity-compounded wheels. 

CONSTRUCTION OF CONVERGENT NOZZLES 

131 . First-stage Convergent Nozzles. Fig. 155 shows a segment 
of nozzles suitable for the first stage of an impulse turbine of 



medium power. The segment contains six nozzles and comprises a 
casting a into which the nozzle guide vanes b are embedded by 
“casting in." The procedure adopted in the manufacture of sucdi 
cast-in guide blades varies somewhat, but is generally as follows. 
The gmde vanes are made from sheet metal of miiform thickness 
which is first cut to shape and then curved in a press. After certain 
preparation (which wiU be described shortly) the guide vanes, now 
of the correct shape and having the correct curvature at inlet, are 
embedded in a sand core which is to form the steam passage in the 
nozzles. This may be effected either by means of a core box in 
which the guide vanes are set, or by forming the core on a circular 
table, the guide vanes being set up at the correct angle and the 
correct distance apart. Eadi end of the vanes projects outward 
from the core, as shown in Fig. 156, which shows a section through 
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the mould for the nozzle. When the molten metal is poured into the 
mould the projecting edges of the guide vanes are surrounded; on 
freezmg of the metal the vanes become firmly held. 

The circumferential pitch p of the nozzles is normally about 
2 in. The outlet angle a vanes from 12° to 20°. The thickness t 



of the guide vanes should be made as small as possible for the 
reasons given m Art. 60. It vanes from 15 L S.G (0-072 in ) to 



Fig 157 —Curtis Turbine Nozzles—Exit Side 

8 L.S.G {0-160 in.). The larger thickness would only be used with 
long blades where strength to resist bending is requued 

Fig 157 shows a photograph of such a nozzle segment having 
ten nozzles. 

132 . Materials and Preparation of Nozzle Guide Blades. Rolled 
copper guide blades cast in gunmetal nozzle segments may be used 
for saturated steam For superheated steam it is essential to use 
steel or alloy steel vanes The metals employed mclude low-carbon 
sheet steel, 3 to 5 per cent nickel steel, stainless iron, and Had- 
fields’ Hecla A T V. steel. The late Dr. O. Lasche, m his book. 
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Materials and Design in Turbo-Generator Plant, states that “low- 
carbon double-pickled steel stamping sheet, or soft tin plate made 
from Siemens-Martin steel of not more than 34 kg. per sq. mm. 
tensile (21*6 tons per sq. in.), with about 24 per cent elongation, has 
shown itself to be thoroughly reliable. Such material does not 
easily rust. Also when cast into the iron frame it 

c an take up carbon from the fluid cast iron without becoming hard 
or brittle." 

Steel guide vanes are cleaned with acid and the ends tinned. The 
tiTTning prevents oxidation and assists in the partial allo 5 ^g of the 
cast iron and the steel guide blade during the appreciable time 
that the iron is molten. 

Special precautions must be taken when casting in guide blades 
of Hecla A.T.V. and other highly alloyed steels of this general type 
into brass or bronze nozzle segments or diaphragms, owing to the 
fact that vanes of these materi^ may develop cracks when quickly 
brought into contact with molten alloys containing zinc and tin. 
There is a “ heat shock ” effect of the hot alloy on the steel setting 
up strains which may cause cracking if, at the same time, an allo 3 nng 
action is allowed to take place between the steel and the molten 
metal. The measures suggested by Messrs. Hadfields, Ltd., for the 
lessening of the heat shock and for the minimizing or prevention 
of the aSoting action are (1) to smoke the blades or the mould with 
the blades in position before closmg; this may be done by means 
of the smoky flame of a paraffin lamp, or (2) if the above is found 
not to be convenient the foUoAving coatings may be used, either (a) 
graphite, or red lead, bonded with 15 per cent aqueous solution of 
molasses, painted evenly and dried at a temperature below 180° C., 
or (b) graphite, or red lead, mixed into a paste with pahn oil rubbed 
evenly on the warmed blade, and then heated to 150°-180° C. The 
selection of the method depends upon the degree to which the 
brazing is desired to be carried. The use of red lead ensures a tight 
joint. Cracking may also be avoided by preheating the steel to a 
temperature of 550° C. The manufactmrers also recommend a slow 
rate of pouring so as to lessen the heat shock. These precautions 
are not nece^ary when casting Hecla A.T. V. steel vanes in cast-iron 
nozzles or diaphragms owing to the absence of any alloying action. 

Steel guide vanes which have been strained due to cold bending 
should be normalized. 

133- Built-up Nozzle. An accurate nozzle segment may be 
obtained by the biffit-up construction shown in Fig. 158. This has 
been used in turbines constructed by Metropolitan-Vickers, Ltd., 
and comprises a niunber of vanes A, which are machined all over, 
placed between curved angles B, likewise machined all over. The 
en^ of the segments are closed by pieces C of suitable shape. The 
guide vanes are attached to the angles by rivets D and small spigots 
E riveted over. 



CONSTRUCTION OF NOZZLES AND DIAPHRAGMS 291 

134 - Diaphragm Nozzles. For high-pressure diaphragm^ the 
built-up construction originated by the Erste Brumier M^chinen- 
fabnk is used by many manufacturers. Details of one form of 
construction are shown in Fig. 159 Each diaphragm consists of a 
steel centre A, in halves, to which are riveted several nozzle elements 
B. Each of these is machined all over. The abutting edges are 
machined radial so that when the elements are set m the ^oove 
of the diaphragm centre they fit together and form a complete ring. 



Fig 158.—Metropolitan-Vickers T 3 rpe of Built-up Nozzle 

Where the admission is partial, blanks are fitted in place of guide 
blades Fig. 159 {d) shows how the guide blades may be arranged 
at the horizontal jomt so that a complete and uninterrupted rmg 
of nozzles may be obtamed. On the side opposite to that shown, 
the guide vanes would protrude from the upper half. The advan¬ 
tages of the construction are (1) an accurate profile of good shape 
is secured for the guide blade, (2) the nozzle areas are accurate; 
(3) where reqmred, a nozzle may be constructed with a relatively 
small radial height, thus enabling full admission to be obtained 
and losses due to partial admission elimmated, (4) a robust construc¬ 
tion, yet occup 3 dng a small axial length, is assured; and (5) the 
nozzle surfaces may be made smooth. 

In turbines of medium power and in the low-pressure stages of 
turbines with a high output the nozzle plates in the diaphragm are 
frequently of the "cast-in” type already described in Art. 131. A 
t3pical construction where the ratio of nozzle height to mean 
diameter is relatively small is shown in Fig 160. A method of 
setting out the guide vane is illustrated in Fig. 160 (c). The straight 
outlet parts of the vanes are first drawn at the angle a to the face 
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of the diaphragm, and the perpendicular be is drawn from b to 
the adjacent guide blade It seems desirable to provide the nozzle 
with a short parallel throat to control the jet, and for this purpose 



Fig. 160. —^Details of Cast-m Type of Diapiiragm Nozzle 


de is drawn parallel to be, the length of the parallel part being eo. 
For the effect of such a parallel throat on nozzle efficiency, the 
reader is referred to Art. 60, For manufacturing purposes it is 
desirable to shape the guide blades on a round former, and for this 
purpose the curved inlet portion is given a suitable radius t, the 
centre of curvature l 3 nng on de produced. The inlet angle y of the 
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guide blade should be made to agree with the angle y given by 
the velocity diagram, Fi§^- 65, page 123. The true shape of the 
nozzle plate before bending may be obtained by simple projection 
and development. In order to increase the union of the guide blade 
with the diaphragm casting the edges of the nozzle plates are either 
drilled, as shown, or scalloped. 

CONSTRUCTION OF CONVERGENT-DIVERGENT 

NOZZLES 

135 . The de Laval Nozzle. The nozzle used in the single-stage de 
Laval turbine is invariably of the convergent-divergent type. The 
construction is shown in Fig. 161. The nozzle is of gunmetal and 


Fig. 161 

is provided with a rounded inlet, which forms the short convergent 
part of the nozzle, and a gradually diverging part. The nozzle is 
an easy force fit in the cylinder, the steam chest end being screwed 
so that the nozzle may be withdrawn when required. In a steam 
turbine which may sometimes rtm condensing and at other times 
non-condensing, special nozzles are supplied for either condition of 
operation. Owing to the greater expansion ratio in the condensing 
nozzles and to the fact that the outlet area is the same in both tjqjes 
—^being limited by the same blade height—^the throat area of the 
condensing nozzles is smaller than that of the non-condensing 
type. Consequently, even allowing for the smaller specific steam 
consumption when operating condensing, the number of condensing 
nozzles required is about twice the number of non-condensing 
nozzles. The individual nozzles may be opened or closed by means 
of the needle-valve shown. Although the cylindrical or conical form 
of nozzle affords a simple construction and easy machining opera¬ 
tions, the resulting elliptical outlet in the wheel plane cannot be 
ideal from an efficiency point of view, since the blade channels 
other than that directly in line with the nozzle axis are only partially 
filled with the issuing steam jet and their performance will be 
adversely affected by ejector action and eddy effects. 
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136 . Machined T 3 rpe of No 2 a:le. With the introduction, now several 
years ago, of velocity-compounded wheels at the high-pressure end 
of marme reaction turbines, the problem of constructing smtable 
nozzles for the impulse stage presented itself. The pressure drop 
was large, often from about 180 lb. per sq in gauge down to about 
401b. gauge, the number of jets was sometimes large, and the 
nozzles had to be so constructed as to be as efficient as possible 
Moreover, there was little or no previous experience with such tur¬ 
bines in marine practice and the possibihties of corrosion and erosion 
had to be faced. One t 3 q 3 e of nozzle construction is shown in Fig. 
162 The nozzle castmg is of gunmetal, while the vanes are of a 
special metal. A number of slots are machined in the mam raatm g 
or box to receive the vanes, which are machmed all over, and the 
shape of which is indicated in Fig. 162 (c). That part of the vanes 
which is not embedded m the slots is machmed to a taper, as shown 
m Fig. 162 (a), so as to give the required sectional areas at the throat 
and mouth of the nozzle The chief advantages of this rather costly 
form of construction are— 

(1) The vanes are machined all over and thus offer the mimmnrn 
resistance to the flow of steam 

(2) The machinmg of the slots and vanes ensures correct nozzle 
angle and correct throat and mouth areas. 

(3) The vanes may, if badly corroded or eroded, be replaced by 
new ones. 

137 . “ Cast-in ” Type of Convergent-divergent Nozzles. Another 
form of construction which has been largely adopted m marme 
impulse turbine stages is shown m Fig. 163 Guide blades are rolled 
to the section shown by the dotted Imes in the upper part of the 
figure, are then cut to shape and cast into the nozzle segment in 
the usual manner. After markmg-off and machinmg, the guide 
vanes are thinned down to the final section by filing 

138 . Built-up Nozzle. An interesting form of nozzle construction 
has been used in many steam turbmes constructed by the well- 
known Swiss firm of Brown, Boveri & Co. It consists essentially 
of three parts—a segmental stnp a (Fig 164), m which the nozzle 
passages are machined, a covermg segment b, and a wedge piece c. 
These parts are bevelled as shown, and the downward pressure of 
the lockmg screws d on the rmg c causes the strips a and b to be 
forced agamst the steam chest, so keepmg the jomts steam-tight. 
The set-screw d is covered by a cap nut e to prevent steam leakage. 
The construction has all the advantages of other built-up nozzles, 
namely, accurate angles, form, and areas, together with a good fimsh. 
It also facihtates examination and replacement, if necessary. 

139 . Loss Due to Steam Entering Blades Obliquely and Special 
Form of Nozzle to Minimize sudi Loss. Consider the form of nozzle 
most frequently employed in impulse turbines. This has already 
been described, and comprises a number of sheet metal guide vanes 
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cast into a diaphragm or nozzle block. A longitudinal section shows 
a passage which is symmetrical about a straight hne XX parallel 
to the turbine axis, Fig 165. The outlet edge YY of the vane is, 
in such c^es, radial, while the inlet edge Y'Y' is tangential to a 
drcle having the radius s. The path of a particle of steam in passing 



through the nozzle is a helix, but at the outlet the particle is moving 
along the straight line mdicated by the arrows m plan and end 
elevation. There is always a certain clearance c between the nozzle 
and the inlet edge of the bladmg, with the result that the blade 
reaches the position shown before the steam enters it. The distance 

X = ^ 7 ^ and is greater with small nozzle angles than with larger 

angles. Inspection of the figure shows— 

(1) That the entry of the steam into the moving blade takes place 
at the angle (f> to the tangent plane at the point of entry, such that 

. j X c 
tan 6 = 75 = 75 —:— 

^ R R. sm a 
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As a result there is a slight but somewhat indeterminate reduction 
in work done in the blades, together with secondary losses. 

(2) If the radial height-of the blade be the same as that of the 
nozzle, and if both are sjanmetricaUy placed about the line XX, a 




proportion of the steam flowing through the nozzles will never 

enter the blades at all, but will blow out into the space around the 
shrouding without doing any work in that row of blades. This 
loss may be easUy avoided either by displacing the blade radially 
outward or, as is more usual, by making the radial height of the 
blades shghtly greater than that of the nozzle (see also Art. 67) 
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The losses due to oblique entry may be minimized by laying down 
the nozzle section as shown m Fig. 166. For any given nozzle 
angle a, the blade wiU be in the position shown in plan when the 
particles of steam passing along the surface of the vane just reach 
the inlet edge of the blade. For normal entry, the trajectory of a 
particle of steam flowing along the axis of the nozzle must be tan¬ 
gential to the circle of (mean) radius R at the pomt reached by the 



Fig 165 


blade when the steam enters it, i.e. the axis of the nozzle must lie 
along the line DE. It is dear, then, that in a longitudmal section 
through the nozzle the axis will not now appear straight, but will 
be a curved line, curving away from the turbme axis when nioving 
m the direction opposite to that of steam flow. The equation to 
the curve may be found as follows— 

Consider a transverse section distant « from the inlet edge of the 
moving blades The pomt A hes on the axis, and the distance BA 
= X . cot a. 

But 


BA = ED (approximately) 
ED = X . cot a 
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Let ^ = height of centre line above the snrface of a cylinder 
co-axial with the turbine and having a radius equal 
to that of the mean blade circle. 

Then ^ = EF 

= OE - OF 

= V (R® -j- . cot®a) — R 

Values of A have been calculated for a mean radius of 15 in, a 
clearance of OT m., and various values of « The results are shown 
in Fig. 167 (a) The axial length chosen, i.e 2 in., is common in prac¬ 
tice, and the modification for the usual angles is fairly considerable 
In Fig 167 (6) the actual longitudmal section of a 16° nozzle with 
cast-in guide vanes is shown. 


II—(T.53OO 



CHAPTER XVII 


CONSTRUCTION OF TURBINE BLADES AND BLADE 
ATTACHMENTS 

140. Centrifugal Stress in Turbine Blades of Uniform Cross-section. 
Consider a turbine blade having a constant cross-sectional area 
Asq.in., a mean diameter Din., a length I in... and composed of 
material having a density w lb. per cub. in. Let the rotational speed 



Fig. 168 


be N r.p.m. and the corresponding angular velocity cd radians per 
sec. 

Let F = internal force in blade at radius r (Fig. 168). 

F -f dF = internal force in blade at radius r -f dr. 

Volume of blade element = A. dr. 

Centrifugal force on blade element = 


Then 


or 


F + dF-f 


aF=- 


wAcoh ’. dr _ 

i “ 

wAcoh . dr 


g 
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Then, if Fj = internal force at root 
and Fg = internal force at tip, due to centrifugal force on 

shrouding— 


Fi-Fg = 


wAco^ 


g 

wAco^Dl 

~w~ 


f' 




If the stress/s = ^ due to the shroudmg be calculated separately. 


then the stress due to the inertia of the blade alone is 

. w. co^Dl 

fc = -^ = —^— lb per sq. m 

Note that g = 32-2 x 12 in per sec.® 

For practical purposes, we have— 

For steel blades, w = 0-288 lb. per cub m 

(l^)(]^ J sq. m . . (156) 

For brass blades, w = 0-31 lb per cub. m 

/, = lb per sq.m. . . (156fl) 

Writing w = g, and u for the mean blade velocity— 

fc — 0-215 m for steel blades . . (1566) 

fo = 0-231 m . M® for brass blades . . (156c) 


The resultant centrifugal stress at the root of the blade is equal 
to the sum of the stresses /« and /j, and is a umform stress if the 
centroids of the blade sections he on a radial line. 

141 . Balding Stresses in Symmetrical Impulse Blades of Uniform 
Cross-section. In addition to the centnfugal stress at the innermost 
blade section, there is a stress due to bending caused by the impulse 
While this stress might not be large in itself, its effect on the 
maximum tensile stress must be considered m long blades. 

It is first necessary to find the bendmg moment across the blade 
root. For this purpose, divide the nozzle and blade heights mto 
any number, say four, equal parts, as shoym in Fig 169 («) and ( 6 ), 
and calculate the steam flow through aU the nozzles for each part. 
Let these be ze'i, W 2 , etc., lb per sec Now draw the velocity dia¬ 
grams for each part of the blade, as shown in Fig. 169 (c), making the 
peripheral velocities %, « 2 > equal to that at the mid-height of 
the part in question In this way, the velocity changes Vx. Vg, 
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etc., are obtained. Then if n is the total number of blades on the 
wheel, the impulses are equal to 


F, = S^J, = 

gn gn ' 


etc 


The bending moments due to impulse are 

Ml = Fi^i, Mg = F 2 A 2 . etc. 


The resultant bending moment across R—R is then found 
vectorially as shown m Fig. 169 {d). 

If the blades are profile blades constructed with unequal angles 
m accordance with Fig. 75, then the axis X-X, Fig. 170, is almost 



>'1 


Fig 170 


exactly an axis of S 3 mimetry. If G is the centroid of the blade sec¬ 
tion and YY is drawn perpendicular to XX, then XX and YY are 
the prmcipal axes of the section Suppose that the plane of M is 
inclined at the angle 6 to XX, then M may be resolved into the two 
components Ma, and M^. It is obvious that Mj. will produce tensile 
stresses m quadrants I and IV, and compressive stresses in II and 
III; while will produce tensile stresses m I and II, and com¬ 
pressive stresses in III and IV. Hence, m general, the greatest 
tensile bending stress will occur at the point A and is equal to 

f _Mjj. X I Mj,. y 

Jb -T-' T 

It ■‘■s 

Therefore the majcimum tensile stress will also occur at A and 

equals Z.+Zc +Z&- 
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142 . Graphics of Blade Sections. The position of the centroid is 
most easily obtained by the method shown in Fig. 171. The blade 
section is first drawn 10 or 20 times full size. The straight line XX 
is drawn through the end points of the horns as shown. Then, stiU 
considering the type of profile blade shown in Fig. 75, the line XX 
is perpendicular to the axis of S 3 nnmetry. A straight line X^Xj is 
now drawn parallel to XX and at some convenient distance a from 
it. The position of XjX^ is quite arbitrary, but is preferably taken 
just outside the blade section. The drawing of the blade is now 



covered by a sheet of tracing paper and a number of lines such as 
AB are drawn parallel to XX. Perpendiculars AC and BD are 
drawn and OC and OD joined, intersecting AB in E and F. The 
locus of points such as E and F is termed the “first derived figure.” 


Let A = area of blade section. 

Ai = area of first derived figure, shown by hatching. 

Then A^ = SSj. dy, and since h-,= — .b 

. a 

Ai = is&.5y.y = -^ 
a a 

where y is the distance of the centroid G above XX. 

Hence y = - - 

A 

The second moment of area Ix about the axis XX may be found by 
an extension of the same method. Perpendiculars EH and FJ are 
drawn and OH and OJ axe joined, intersecting AB in K and L. 
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The locus of points such as K and L is then drawn. This is termed 
the “second derived figure.” Let Aj be its area. 

Then Ag = . dy 

But 62 = . 5 

, a a® 

A, = isS.Jy.y = ^2 

Ix “ • -^2 

The second moment of area about the central axis, viz. Ic^, may 
then be found by the well-known theorem— 

1(30 “ A . 

This result is, however, likely to be considerably in error, because 
the value of Ay® is commensurate with that of I,j, and a RTnall error 
in the value of leads to a large error iu I^a. 

The value of loo be found with sufficient accuracy by draw¬ 
ing the first and second derived figures with reference to the central 



axis after this has been detemuned. The method is illustrated by 
Fig. 172. Two hues XX and XjX^ are drawn parallel to CG at 
distances and from it. The original straight line XX may be 
conveniently used In order to obtain a more manageable diagram, 
the lower part of the section is “massed” about the axis YY as 
shown by the dotted lines. The first and second derived figures 
are drawn by the method described above. Let A^' and A^” be 
the areas of these latter 

Then loo ■^ 2 ^ • ®i^ “h 

Where required, the second moment of area about the principal 
axis YY, Fig. 173, may be found by the same method. The section 
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is preferably massed about a line XiXj. In general, the component 
Mj, of the bending moment (see Fig. 170) is so small that the stress 
due to it may be neglected. 

When the impulse blade has no axis of symmetry, the principal 
axes must be found by the method given in the next article. 

143 . Bending Stresses in Reaction Blades. Owing to the fact that 
there is a drop in steam pressure in the channels of the rotating 
blades of a reaction steam turbine, there is an axial thrust on the 
blades due to steam pressure, in addition to the dynamic thrust due 


Y 



Fig. 173, —Graphical Determination of ly 


to change of momentum. With the usual half-degree reaction, the 
pressure drop across the moving blades is practically equal to that 
across the stationary blades in any given pair. Consequently, in a 
group or ‘'expansion'' comprising s pairs of blades or stages, if 
and p^ are the steam pressures at inlet to and outlet from the group, 
the pressure drop across any ring of blades is given, approximately, 
by the relation 

A* =h~iM 

^ 2s - ' 

Let « = number of blades in one ling. 

6 = angle subtended by one blade (Fig. 174). 

Q = — radian. 

« 

Then area of ^laded element = r . B . dr. 


( 157 ) 
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Axial force on shaded element = .r .6.8r. 
Moment of axial force about blade root 

= .r .6 5y(y — r^) 

= A^ . — y^y) dr 

/. Total moment due to static pressure— 


M, 


= 6 . Ap j *(y® — yiy). dr 


e.Ap.p 

6 


(2y2 + yj) 


or 


(2y2 + Ti) 


. (158) 


Note. If the dimensions are in inches and Ap is in lb. per sq. in., 
Mj will be a moment in Ib.-in. units. 

The bending moment due to d 5 mamic forces is found by the 



method given in Art. 141 for impulse blades. The plane of this 
moment is nearly transverse to the turbme axis. 

The moments Mg and are now combined by the vector dia¬ 
gram, Fig. 175, to give the resultant moment M, the plane of which 
is perpendicular to the moment vector. It is possible that the plane 
of M might not pass through the centroid, in which case there will 
be, in addition to the bending action, a torque on the blade. It 
will, however, be assumed that such torque, if any, is negligibly 
small ■ I.et UU and W be the prmdpal axes of the section. Then 
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M may be resolved into the components = M . cos cf> and 
= M . sin <j). The tensile stresses at A and B, due to bending only, 
are then— 


/s at A = 


Iv 


4 - 




/j, at B = 


. Mb 


. Wb 

In 


The resultant stress is obtained by adding the centrifugal stress 
to the bending stress /j. 

The reaction blade section has no axis of symmetry; conse¬ 
quently, the principal axes of the section must be foimd by one or 



other of the methods available. As graphical integration is most 
easily .effected the following is probably the simplest method. The 
centroid G is first foimd by the method given in Art. 142. The 
axes XX, YY, and ZZ are then drawn through G, XX and YY being 
at right angles to each other and ZZ m akin g an angle of 45° with 
XX. Then if UU and W are the principal axes of the section, UU 
makes an angle a with XX, such that— 


Also 

and 


Tan 2a = 


21z-.(Ia + It) 
Ix-It 


In — 4{{Ix "t" ly) “I” (Ix— ly) sec 2a} 
ly = i{(Ix + ly) — (Ix — ly) sec 2a} 
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A reaction blade having the proportions given m Fig. 91, and 
having a width b, Fig. 175, has the following properties— 

X = 0-6056; y = 0-4936, a = 32° 37' ; 

= 0-009656*, = 0-000596*; 

= 0-196; = 0-486, 

«jj = 0-246, Wg = 0-746 

144 , Special Form of Long Blades. Consider a low-pressure stage 
of a turbine of large output, or any turbiue stage in which the ratio 



1 

Fig 176 —^Tapered and Twisted Turbine Blade 

of blade length to mean diameter is relatively high. Then the peri¬ 
pheral velocity of the blade will vary quite appreciably along the 
length of the blade. If the nozzle outlet angle is constant and if 
the pressure drop across the nozzles is uniform, then the absolute 
velocity of the steam at outlet from the nozzles will be constant, 
both in magnitude and direction. Consequently, the direction of 
steam entry relative to the blades will vary along the length, the 
inlet angle being small at the inner end of the blade, and larger at 
the outer end. Fig. 176. 
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In order to avoid shock losses due to incorrect entry, the blade 
inlet angle is frequently varied along the length of the blade, the 
actual blade inlet angle being made to agree, as nearly as possible, 
with the diagram angle at any radius. 

Furthermore, the stress at the innermost section of such long 
blades would often be excessive were the area of the blade section 
made imiform throughout, and in order to reduce the root stress 
the blade is tapered, either in width or thickness, or both. Such a 
blade is shown in Fig. 176, which is diagrammatic. The centroids 
of the various cross-sections should, if possible, lie on a straight 
line which is both radial and perpendicular to the axis of the 
turbine. In this way any bending moment due to inertia forces is 
eliminated. By setting the line of centroids a little forward of the 
radial line the bending moment due to the inertia forces may be 
utilized partially to counteract the bending moment due to impulse. 
Blades of the t37pe shown in Fig. 176 are sometimes drop-forged, a 
small allowance being left on for finishing. In other cases they are 
machined. 

The cross-sectional area of tapered blades may be varied in such 
a way that the centrifugal stress is uniform over the greater part 
of the blade length. Using the same S3mabols as in Art. 140, let A 
be the cross-sectional area of the blade at radius r, and A -t- 5A 
the cross-sectional area at radius r -j- dr. Suppose that / is the 
uniform centrifugal stress. 

The inertia force on the element is 


<5F = 


w . N .r . dr 

i 


Then since F =/A, and F -f dF =/{A -f- dA) 

dE = /. dA 

c . w . A . co^ . r . 

dA --p-. dr 


or 


i.e. 


A 

»Ai 1 


gf 

w . ct)®r 

gf 


. dr 


1 ,. w .03^ /*>•• 


r . dr 


, Ai 0-4343 , w , co^ . . 

"“S” a; -^- ’■i") • 


(159) 


In using this fonnula, one must adopt consistent units; e.g. if 
and are expressed in inches, then g = 32-2 x 12, w for steel = 
0-288 lb. per cub, in,, and the stress /would be in lb. per sq. in. 
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145 . General Not^ on the Attachment of Turbine Blades. There 
IS probably no detail m the construction of a steam turbine which 
affects the rehability of the machine more than the attachment of 
the blades to the rotor. The forces brought to bear on the attach¬ 
ment are relatively large, especially at the low-pressure end of 
turbmes of large output. In turbmes runnmg at 3,000 r.p m., the 
ratio of the centrifugal force to weight is 255?', where r is the radius 



m mches. Thus if the peripheral velocity is, say, 700 ft per second, 
the radius is 26-75 m , and the centrifugal force on the blade is no 
less than 6,820 times its weight 

It is often difficult and occasionally impossible to estimate the 
stresses m the attachment Approximate calculations are possible 
m many cases, but there is always the possibility of stress concentra¬ 
tions at sharp comers In this connection, the use of a blade material 
having a definite yield pomt would seem to offer some safeguard. For 
these reasons the calculated stresses should be kept reasonably low 

The form of the attachment has sometimes an mfluence on the 
shape of the wheel rim and a particular design of root may mvolve 
a fairly heavy rim, thus adding to the stresses in the disc (or, 
alternatively, requirmg a heavier disc) and possibly increasing the 
length of the turbine. As a general principle, the form of the 
attachment should be such that the centrifugal force on the blade 
is transmitted to the disc m the simplest and most direct manner. 
Furthermore, the design of the attachment should preferably be 
such that the security of the attachment is, so far as possible, 
mdependent of the skill of the mechanic 

146 . De Laval Blade Attachm^t. This is illustrated m Fig. 177. 
A number of holes A are drilled in the rim of the wheel parallel to 
the axis. The slot for the blade tang is then finished by milling. The 
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transition from the working section of the blade (section a-a) to 
the t"ng (section b-b) is obtained by the rectangular 

part- H, v.l.=c . ri.-r a continuous ring when all the blades have been 
inserted in the wheel. The tips of the blades are provided with 
integral shroudings C, which are carefully fitted so that these also 
form a continuous ring. The centroid of the blade section is arranged 
in the same radial line as that of the blade tang, so that the latter 
is practically free from bending stresses. The bending moment due 
to impulse is almost negligible. Light caulking of the wheel rim is 
sufficient to hold the blades in place. 

147 . Inverted-T Attachment. Various forms pf this are shown in 
Fig. 178. (a) diows a blade with a separate spacer. This type of 
construction enables the blades to be cut from bars or strip of blade 
section formed either by rolling, drawing through dies, or by 
machining. The amount of machming necessary to finish the blade 
is small and the construction is relatively inexpensive. The spacers 
are shown in Fig. 178 [b). They are likewise cut from section bar 
and finished by milling. The leading edge of the spacer is given a 
taper, as shown, so that the blades will be set radial. The spacer 
stands proud of the rotor by a distance s. This facilitates the dia¬ 
phragm construction and removes the section XX where the 
bending stresses are a maximum from the section YY where there 
is apt to be a concentration of stress at the points A. 

The centroid of the section ZZ does not lie in the same radial line 
as the centroid of the blade section. Consequently the section is 
subjected to bending as weU as direct tension, ^^en the stress 
across section ZZ btcorncs excessive the blade and spacer are made 
from one piece, as shown in Fig. 178 (c). Such blades must be 
machmed from bar of rolled “rhubarb” section, and are more 
costly to produce than the blades with separate spacers. In order 
to avoid the concentration of stress which is bound to occur at the 
points A, Fig. 178 (a) and (c), the blade tang is frequently tapered, 
as shown in Fig. 178 (<£). The construction adds to the depth of the 
root, increases the cost of machining both blade and rotor, and also 
necessitates a somewhat heavier rim. 

In long blades at moderate peripheral speeds, or blades of moderate 
length at high peripheral speeds, the resultant stress in the tang due 
to bending and direct tension is sometimes excessive when the root 
is constructed as shown in Fig. 178 (c). The bending stress may be 
practically ehminated by adopting the construction shown in Fig. 
179. The root section is displaced circumferentially so that the 
resultant moment about the centroid G of the tang section due to 
the centrifugal force on the blade and on the part of the root above 
the tang is zero. Both the concave and convex parts of the root 
may be tapered with respect to the centre-line of the blade drawn 
radially through the centroid. 

148 . Stresses in Wheel Rims. The t 3 q)e of wheel rim commonly 
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used with the inverted-T form of blade fastening is shown in 
Fig. 180 («). The width of the wheel rim is an important dimension 
as it affects the stresses in the disc proper and, in certain cases, the 




overall length of the turbine. It depends on the dimension d, which 
may be found mnroximatcl}' in the following manner. 

Consider the .-!(c it.n \ H on one side of the wheel rim and corre¬ 
sponding to one blade. This section has a circumferential width 6 
and an axial depth d. Let G be the centroid of the section and F 
the total radial force on the shrouding, blade, and blade root. This 

F 

force is transmitted to the rim as two equal forces By applying 

F ^ 

equal and opposite forces 5 - at the centroid G it is seen that across 

the section AB there are— 

F F 

(1) A force ^ producing a imiform tensile stress equal to 

A Yd 

(2) A bending moment producing at B a tensile stress equal 

, 3Fa ^ 
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The resultant tensile stress at B is therefore 

^ ~ 2bd^ b(F ' • • • 

from which the value of d to limit the stress / to any given value 
may be found. 

A little consideration wiH show that eq. 160 for the stress must 
err on the high side, because the strain which would accompany the 



<a) (b) (C) 


Fig 180 


bendmg would cause the jaws to open out slightly. But if the jaws 
were to open out, the circumference of the outer parts of the rim 
would mcrease and this would mduce hoop stresses in the rim (over 
and above the usual hoop stress) which would definitely restrict the 
amount of bendmg possible. 

When the width of the rim becomes excessive, the form of 
attachment known as the "side-grip” and shown in Fig. 180 (c) 
may be used. It will be clear that the tendency for the rim to open 

JT 

under the action of the forces ^ will be opposed by a shearing 

force S across each of the snugs on the blade spacer. As a result, 
the bending moment across AB is reduced to some value 



149 . Serrated Blade Root. Fig. 181 shows a form of attachment 
suitable for fairly large centrifugal forces. The blade and spacei 
must be made in one piece. Serrations are machined on both sides 
of the root and also in the blade groove. The depth of the serrations 
is about times the width of the groove and the angle 45® to groove. 
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150 . Fitting of Blades in Wheel. In all the foregoing types of 
fastening—with the exception of the de Laval—it is necessary to 
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stop inserted and wedged in the blade groove. When the blade ring 
IS almost completed the stop is removed and a blade or two fitted 
in its place The last one or two blades are carefuU}' fitted to occupy 
the whole of the space except the openmg This is then filled. 

Two of the several methods of fiillmg the gap are shown in the 
figure Fig 182 (6) shows a fillmg-up piece secured by a counter¬ 
sunk cheese-headed screw which is prevented from slackmg back 



Fig 182a 


by bruising the head of the screw or caulking the ^ piece. 

The hole for the screw weakens the nm as it breaks the contmuity 
m the circumferential direction. In Fig. 182 (c) the gap is cut^ with 
a taper. A fillmg-up piece of soft brass, copper, or mild steel is cut 
to the shape shown by the dotted lines and nicked on the imder 
side This is then driven on to the steel wedge, which forces the 
fiUing-up piece to fill the gap completely. When either of these or 
similar methods is used there is, of course, a blade missing at the 
gap. By rather more elaborate devices it is possible to msert a 
special blade at the gap and so preserve a complete ring of blades. 
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151 . Blade Attachment for High-pressiire Curtis Wheel. An 
interesting form of construction employed on a 36,000 kW turbine 
built by Messrs. Brown Boveri & Co., Ltd., is described in a report 
of a test by Professor E. Josse (1), and illustrated in Fig. 183. The 
turbine operates with steam at 1,700 lb. per sq. in. and 900° F. 
The rotor blades on the Curtis wheel are milled out of one piece 



along with the spacing and shrouding element, and have a very 
heavy profile. They are riveted into the disc and are welded together 
in pairs at the shrouding and are also welded to the rim of the 
wheel as shown.' The advantages of the construction are: ( 1 ) The 
whole construction is very rigid ; ( 2 ) it is not necessary to have a 
gap in the rim for the insertion of the blades; (3) the blade and 
wheel reach the same temperature quickly; and (4) there is no 
risk of the blades becoming loose in the wheel. 

152 . Straddle Attachment. Two forms of straddle attachment are 
shown in Fig. 184. For moderate speeds and short blades the type 
shown in Fig. 184 (a) is employed. The blade and spacer must be 
machined from one piece of metal. The blade is forked and fits 
tightly on to a projecting tongue on the wheel. The rivets are 
staggered, approximately one-half of each rivet being embedded in 
the blade, the effective attachment being one rivet in double shear. 
The rivets are slightly countersunk. "W^en the shear stress m the 
rivets is excessive, as with higher speeds or longer blades, the 
attachment shown in Fig. 184 ( 6 ) is used, the rivets then being in 
quadruple shear. The straddle attachment enables a complete ring 
of blades to be employed as there is no necessity to cut any gap for 
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the insertion of the blades. Moreover, if the necessity should arise, 
one or more blades may be removed from the wheel without 
disturbmg the remaming blades. 

153 . Modified Straddle Attachment. An attachment which is 
used m the l^t two or three stages of turbmes of large output 
IS shown in Fig. 185. It is reaUy an inversion of that shown in Fig. 



Section thro’XX 
(a) 

Pig 184 —Straddle Blade Attachments 


(b) 


180 (c) The periphery of the wheel is provided with a T-shaped 
section The blade root is widened, as shown, and provided with 
two small snugs which prevent the fork from opemng out. A 
shearmg force S will be mduced m each prong and the resultant 
moment across the section XX will be 



It is necessary to cut slots, shown by the dotted hnes, in the T-head 
for the insertion of the blades, a blade being omitted at the slot. 
Suitable spacers, fitting tightly between the blades on either side 
of the slot, are fastened to the run. By cutting two such slots at 
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diametrically opposite points of the wheel the balance of the wheel 
is not affected. 

154 . Side Entry Blades. These have been c-^nlrvc.'’ for very high 
penpheral speeds. The general features ■*! li.i aitachment are 
I > Fig. 186. The rotor carries a comparatively heavy rim 
in which closely-spaced slots are cut, one to each blade. The slots 



Fig. 185. —Modified Straddle Attacbmeiit 


may be either parallel or skew to the axis, depending on the shape 
of the blade root profile. The design sometimes incorporates a 
principle which may be termed the principle of diminishing cross- 
sections. Considering the blade only, the area of the material under 
tension is made a maximum at section 1 , where the tension in the 
root is the maximum. Part of the pull is taken by the outermost 
teeth, so that a smaller area may be employed at section 2 . The 
teeth in line 2—2 take a further share of the pull so that the area 
across 3-3 may be still further reduced. On the same prin.-fplc. the 
areas of the rim sections diminish from section 3—3 outwards. The 
blade root is lightly caulked to prevent it moving axially. The 
advantE^es of this form of attachment are: ( 1 ) The width of the 
wheel rim may be made greater than the width of the blade, so 
reducing the maximum stress-in the fastening; ( 2 ) the bending 
across section 1-1 may be more or less eliminated by a suitable 
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positioning of the blade section with respect to section 1 - 1 , ( 3 ) a 
complete rmg of blades is obtamed, and (4) the renewal of any blade 
is a relatively simple matter. The construction calls for excellent 
workmanship and is obviously expensive. 

155 . Attachment of Shrouding Strip. As the shrouding strip is 
attached to the blades at the extreme radius, the radial acceleration 


I 



is the maximum. Consequently, the centrifugal force is often very 
large and the thickness of the shroudmg strip must be chosen ^th 
reference to the bending stress, the shrouding being in the condition 
of a continuous beam on several supports and carrying a uniformly 
distributed load. T 3 rpical attachments are shown in Fig. 187; (a) 
shows a round pin machined on the end of the blade, the centre 
being as near to the centroid as possible. In Fig. 187 (J?) the "pip*’ 
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for the shrouding is usually formed, by milling. Two types are shown. 
The holes in the shrouding strip are carefully punched at the cor¬ 
rect distance apart. In the long tapered and twisted blades described 
in Art. 144, the outermost section of the blade is often so thin that 
the attachment of the shrouding is a matter of some difficulty. It 



m 




SecHon 


is necessary to tise two projections and to thicken up the blade 
end, as shown in Fig. 187 (c). The section is then gradually varied 
so as to avoid stress concentration. 

156 . Attachment of Parsons Reaction Turbine Blades. The 
Parsons turbine has passed through an orderly evolution since its 
invention in 1884, and many forms of blade fastening have been 
used. During the period of moderate steam pressures and tempera¬ 
tures, the blades were usually made of drawn brass, the spacers 
being made of soft brass. The blades were drawn through dies of 
standard section and fitted into grooves of standard width. 

Fig. 188 {a) shows a cross-section through two pairs of reaction 
blades. Prior to 1912, the blades of Parsons turbines were open at 
the tips, no form of shrouding being used. To allow for the difference 
in expansion of the rotor and its blades and that of the turbine 
cylinder, and also to provide a certain "running clearance,'' a tip 
clearance c is arranged as shown in Fig. 188 (a). In consequence 
of the drop in steam pressure across each ring of blades, there is a 
certain leakage of steam through the clearance spaces between the 
fixed blades and the rotor, and between the moving blades and the 
cylinder. This leakage adversely affected the efficiency of the 
Parsons turbines of that time. 

In order to ininiinize the rubbing pressure and the heat generated 
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in the event of accidental contact of the blades with the cylinder 
or rotor, the blade tips are thinned down, as shown in Fig. 188 (&). 
For the purpose of bracing the blades together, preserving the cor¬ 
rect circumferential pitch, and preventmg vibration, bindmg strip 
A is mserted mto grooves machmed in the inlet edge of the blade 



and silver-soldered to the blade In long blades two, or three, rmgs 
of bmding strip are used 

The method of assembhng such blades is illustrated m Fig 189 (a) 
The blades are first assembled m segments on a jig or "former,” 
consisting of a cast-iron segment m which grooves are turned having 
the same depth and radius as those in the rotor and cylinder, A 
being a rotor groove and B a cylinder groove. The wudth of the 
grooves in the “ former” is about O-OOS in. less than that of the rotor 
or cylinder grooves. 

In commencing to build up a segment, a single packing piece is 
first threaded on to a ■wire which passes through the blade roots and 
spacers, and the end of the root wire at the back of the spacer is 
ihen riveted over. .The spacer with the root wire attached to it is 
then inserted in the groove and driven hard up against a stop C, 
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which consists of a piece of steel, shaped at one end to fit the spacer 
and nicked at the other end and opened out by a fox-wedge. Blades 
and spacers are threaded on to the root wire alternately until a 
segment of the required length is obtained. After each four blades 
and their spacers have been threaded on to the wire, the whole is 



Fig. 189 


"end caused” by means of the curved set D. When the segment 
IS of the desired length, the end of the wirfe at the finishing end is 
either brazed or silver-soldered to the last blade. 

After operation, the blades are set radial by means of a 
^uare twisted by a special tool to give the correct outlet angle. 
The bmdmg strip E, which binds all the blades in the segment 
together, is now silver-soldered to the blade. The segment of blades 
is imw removed from the former by slacking back the nuts and is 
ready for fittmg m the rotor or cylinder, as the case may be. It is 
fin^y se^ed by radially caulking each spacer, so causing the soft 
metal to flow and fill the serrations (shown in Fig. 188 (0) ) in the 







CONSTRUCTION OF TURBINE BLADES 327 

grooves, and the notches in the blades. This system has long been 
known as the “rosary” system. 

When higher peripheral speeds were adopted in marine turbmes 
due to the introduction of mechanical reduction gearmg, the 
so-called “individual” bladmg, shown in Fig. 189 ( 6 ), was intro¬ 
duced. As the term implies, each blade is fitted m the rotor separ¬ 
ately. The blade is prepared in the ordmary way, except that 
instead of drilhng a hole near the bottom for the root wire the blade 
IS mdented on the concave side of the root with two or three indenta¬ 
tions. These are produced in a press, the metal being forced out 
on the convex side During the caulkmg process, the blade indenta¬ 
tions are filled by the soft spacers, wMe the projections produced 
on the convex side of the blade are forced into the metal of the 
spacers. Thus the blade is securely fastened to the spacers, whale 
the latter, thanks to the serrations in the sides of the rotor grooves, 
are securely fastened to the rotor With ordinarily good workman¬ 
ship, this method of blading produces a strong and reliable 
attachment. 

The “individual” method of bladmg is somewhat slow and has 
been superseded by the “segmental” method This is employed 
for the stationary blades and for rotor blades when the stresses are 
not high. The method is very similar to the “rosary” method 
previously described, m that the blades are built up m segments 
on a former. The roots are brazed into a solid mass by a mechamc- 
aUy timed immersion mto molten brazmg alloy, the soundness of 
the brazmg thus being made independent of the skill of the operator. 
The segments are fixed m position by means of short serrated side- 
locking pieces (somewhat similar to those shown in Fig. 190) which 
are driven up circumferentially. 

157 . Parsons End-tightened Blading. In the year 1912, Messrs 
C. A. Parsons & Co., Ltd., introduced the so-called “end-tightened” 
blading, m which the clearance which governs the leakage 
past the blades is axial instead of radial This form of blade is 
now used in aU the high-pressure and mtermediate-pressure stages, 
the thm-tipped radial-clearance blades bemg employed only m the 
low-pressure stages The earlier form of end-tightened bladmg is 
shown in Fig. 190 Short sections of blading A are first sUver- 
soldered at the root to the deep spacers B, after which a strip of 
shroudmg is silver-soldered to the blade tips, both operations being 
carried out with the blade segment assembled in a former. Serra¬ 
tions are then milled on one side of the roots and shallow grooves 
on the other, the blade segment being clamped to a radius bar 
during the millmg operation. The rotor groove is serrated at D 
for the blade roots and at E for the packing pieces F. The pad^g 
pieces are mserted at the end of a blade segment and driven into 
position in the circumferential direction. 

The shroudmg strips are thinned down to a fine edge so as to 
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reduce the rubbing surface as much as possible. It is impossible 
to machine the shrouding so that the axial clearance will be the 
same in all rows of blades. This is achieved, however, by bringing 
the turbine as near to its working temperature as possible and 
allowing the rotor to turn at a low speed. The rotor is then very 
gradually moved towards the steam end. In this way the proud 
shrouding strips are gradually worn down. When all the strips are 


G 


Fig. 190.—^Details of Parsons "End-tightened” Blading 

in simultaneous contact, the rotor is moved back until there is a 
suitable clearance, say from 0*008 to 0*015 in., between the shrouding 
and the blade roots. A liner of the necessary thickness is then 
fitted on the steam-end side of the MicheU adjusting block so that 
the clearance can never be less than the prescribed amount. Another 
liner is fitted on the exhaust-end side of the adjusting block, a 
clearance of about ^ in. being left between the block and the hner. 
By means of a hand-operated gear the adjusting block may be 
moved towards the exhaust end of the turbine a Stance equal to 
this clearance. In this way the running clearance between the 
shrouding strip and blade roots may be increased dining the time 
that the turbine is being warmed up. When the turbine hcis been 
running for some time and all parts have reached a steady tem¬ 
perature, the rotor is moved forward and the clearances thus 
reduced to the proper amount. 

From a glance at Fig. 190 it will be apparent that the flow of 
steam through the clearance between the fixed shrouding strip and 
the rotor blades will disturb the main steam flow into the moving 
blades. This is avoided by the device shown in Fig. 191 and first 
introduced by Messrs. Parsons in 1930. In addition to the ordinary 
shrouding strip A, attaiflied to the stationary blades, there is a 
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second strip B which has a tapered edge serving to deflect the 
leakage steam and so minimize the disturbance produced. The 
blades are built up m short segments consistmg of about twelve 
blades, blades and spacers bemg threaded alternately on a root 
wire and assembled on a former. The end-tightening shrouding 
strip IS riveted on while the blades are in the former. The whole 
is then slowly immersed by a cam mto a brazing bath, after which 



Fig 191 —Improved * * End-tightened' * Blading 

the blade segment is dressed up and machined. In still more recent 
designs the root wire has been dispensed with, the blades and 
spacers bemg electrically welded together while still in the former, 
after which they are brazed, 

158 . Parsons Integral Blades. In all the various attachments 
described above the inertia force on the blade must be transmitted 
through the spacers to the rotor, the bond between the blades and 
spacers varying from the shearmg strength of the root wire together 
with that of the spacer material embedded in shallow indentations 
to that provided by brazing and partial weldmg. 

For long blades running at high speeds, the blade and spacer are 
made from one piece, as shown in Fig. 192, the root being lounge- 
shaped. Such blades are rolled by a discontinuous process- Pieces 
of rectangular bar of the correct size for the root portion are either 
pressed in a die or milled on the sides so as to form a T-shaped 
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billet. The profile rolls have each a gap cut in the rim and the two 
rolls are so geared together that the gaps coincide and form a space 
which just takes the root portion of the billet. The billet is passed 
througlx the rolls a number of times until the stem is reduced to the 






Fig. 192.—Parsons Integral Blading 

finished blade size, the form of the root -remaining unchanged. 
Blades manufactured in this way require no machining on the stem 
except cutting to length and tipping. The blade is pickled, polished, 
and the serrations machined on the root. 

159 * Blade Materials. The choice of materials for turbine blades 
is a somewhat difficult one and is guided by many considerations, 
among which are the following— 

(1) Conditions of Operation, In the H.P. stages of certain tur¬ 
bines^ and in the I.P. stages of reheat turbines, where the tempera- 
time is high, it is essential to use a material which will be stable at 
high temperatures. In many cases the stresses are moderate, but 
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if the stresses are at all appreciable then attention must be paid 
to the strength of the selected material at the operating temperature 
and, in particular, to its resistance to creep. 

In the L.P. stages, where the steam is wet, and especially in the 
neighbourhood of the dew point, it is necessary to employ a material 
which resists corrosion well. In the L.P. stages of turbines of high 
output the stresses m the blades are very high and a material 
having a high tensile strength is essential. The blades in the L.P. 
stages should also be capable of resistmg the erosive action of the 
water drops. Experiments have shown that this resistance is fairly 
well measured by the BrmeU hardness number of the material. When 
the peripheral velocity is very high it is not generally possible to 
obtain a material which, besides bemg hard enough, has other 
desirable mechanical properties such as toughness and ductility. In 
that case the necessary resistance to erosion is obtamed by brazing 
special erosion shields to the blades. For further mformation on 
this side of the subject the reader is referred to the author’s book. 
Steam Turbine Operation 

(2) Methods of Manufacture The prmcipal methods of manu¬ 
facturing turbme blades are cold drawmg, machimng, drop forgmg, 
rolling, and combinations of these methods Certam blades, such as 
plate and profile blades with separate spacers, and reaction blades, 
may be produced m strip form by cold drawing provided the material 
is suitable Impulse blades with mtegral spacers are usually 
machined from bar. This is a comparatively expensive process 
Drop forging is generally restricted to long blades of complicated 
shape, such as tapered and twisted blades The required dies are 
expensive to make and costly to maintain. Rolling may be apphed 
to impulse and reaction blades with separate spacers. The blades 
are passed many times through profile roUs which are gradually 
brought together. Smaller sections are rolled cold and frequently 
annealed to remove strain. The heavier blade sections are rolled 
hot, the strip being annealed, and pickled to remove scale. The final 
ro lling is carried out cold between highly polished rolls which give 
the blade a bright and smooth surface When brazing or hard 
soldermg has to be done, as in the attachment of bracmg wire a 
material which becomes hot short at the brazmg temperature 
should not be used. 

(3) Cost. Certain materials have highly desirable properties, but 
are costly. Consequently their use is restricted to particular condi¬ 
tions where their properties are essential 

The following are among the better-known blading materials. The 
figures given for the composition are percentages. 

Brass. The brass used for bladmg usually contams 70-72 copper 
and 28-30 zmc. The soft spacers are made of 63-37 alloy. Brass 
may be cold drawm, and it resists corrosion weU. The strength falls 
aivay rapidly as the temperature is increased, and brass is unsuitable 
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for temperatures higher than 400-450° F. It was formerly much 
used in reaction turbines, but is now no longer used in large 
turbines. 

Phosphor Bronze is a copper-tin alloy to which a small amount 
of phosphorus is added during the melting, usually in the form of 
phosphor tin or phosphor copper. The phosphorus acts as a deoxi¬ 
dizer and its addition in small amounts improves the properties of 
the bronze. For a hard bronze the approximate composition is 86 
copper and about 14 tin, with up to 1 phosphorus. For a softer and 
more ductile bronze, the composition may be 92 copper, about 8 
tin. and traces of phosphorus. Phosphor bronze may be forged, 
rolled, or cold drawn. It resists corrosion well and was formerly 
regarded as a satisfactory blading material. It is not suitable for 
high steam temperatures. 

Manganese Copper. This is an alloy containing about 95-96 
copper, 4-5 manganese, and small fractions of iron, carbon, and 
le a d . It may be cold drawn and cold rolled. The strength falls off 
with inrrfta<drig temperature, but not to the same extent as the copper- 
zinc or copper-tin ^oys. It is suitable for blades under low stress 
up to steam temperatures of 600° F. 

Nickd Brass is an alloy containing about 50 copper, 40 zinc, and 
10 nickel. It may be cold drawn, giving a hard and smooth surface. 
The temperature limit is about 400-450° F. 

Copper Nickel^ an alloy containing about 80 copper, 19 nickel, and 
fractions of iron, manganese, etc. It may be cold rolled or drawn. 

Monel Meial is produced from a Canadian ore without the separa¬ 
tion of its chief constituent metals, nickel and copper. It contains 
about 67 nickel and 28 copper, together with iron, carbon, man¬ 
ganese, etc. Monel metal possesses very good resistance to the 
corrosive agents which may be present in impure steam and, in 
addition, it retains a large proportion of its strength at high 
temperatures. 

It is supplied by the manufacturers, Messrs. Henry Wiggin & 
Co., Ltd., for turbine blading in three forms: (1) As cold-rolled 
rectangular bar from which certain impulse sections are produced 
by machining; (2) in the form of cold-rolled profile strip which is 
now made in ^ the normal Parsons impulse and reaction sections, 
and also in the Brown Curtis impulse sections; and (3) as Monel 
integral root blades, somewhat similar to the Parsons integral root 
blades described in Art. 158. In the integral root form, the blade 
part is cold drawn to an accurate profile, while the root is left rough 
so that the turbine builder can machine it to give any wing angle 
desired' Monel blades have been widely used in marine work, 
especially in H.P. turbines. 

Mild Steel is not now much used for turbines, although it has been 
used for the blading of certain notable trubines in the past. It is 
an inexpensive metal, but corrodes too easily in a damp atmosphere. 
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Nickel Steel Steels containing from 3 to 5 per cent nickel have 
been much used m steam turbmes. The addition of mckel to steel 
increases the ultimate tensile strength and also increases the ratio 
of the 3 neld pomt to the ultimate strength Nickel steel is more 
resistant to corrosion than is mild steel It may be forged and 
machined, but not welded Steels contaming 25 to 30 per cent 
nickel have also been tried in steam turbmes, but with unsatisfactory 
results. 

Stainless Steel is an alloy of iron, chromium, and carbon, con¬ 
taining 12-14 chromium and the normal percentages of carbon. 
Besides having valuable anti-corrosive properties, it is a very hard 
material and offers a relatively great resistance to erosion. Stain¬ 
less steel is air-hardenmg and may not be used for blades which 
have to be brazed during assembly The most useful alloy of this 
type in turbine work is that known as stainless -iron. This contams 
about OT per cent of carbon. It is not an air-hardenmg alloy and 
does not, therefore, become brittle when heated. Stainless iron can 
be forged, rolled, easily machined, and also welded and brazed. It 
can be stamped and pressed and is often used for cast-in nozzle 
guide blades 

A.T V Steel This is an alloy steel made by Messrs. Hadfield’s, 
Ltd, of Sheffield, the brand Hecla/A.T.V having been specially 
developed for steam turbine blades and nozzle guide vanes. The alloy 
was first developed m France about the year 1916, the letters A.T.V. 
being based on the words Acier Turbines d Vapeur The composition 
of A.T.V.1 has been published (2) as: Nickel 36, chromium 12, 
carbon 0-25, and the rest iron. It is claimed for Hecla/A T V steel 
that it is highly resistant to both corrosion and erosion, and that it 
maintams its strength weU at high temperatures. It can be supphed 
in either the hard or soft condition according to requirements. 
The advantage of the harder steel is the higher ratio of sdeld pomt 
to ultimate stress. The mechanical properties given m Table XI 
are the minimum, test figures on samples always bemg higher. 
Hecla/A.T V work hardens fairly rapidly, and the shrouding pin 
at the blade tip should not be made larger than necessary to secure 
a rehable attachment. 

The mechamcal properties of blading materials are given in 
Table XI. The figures are not claimed to be more than a guide, 
as the strength of the selected materials depends so much on the 
actual composition and on the thermal and mechanical treatment 
to which the material has been subjected. The approximate working 
stresses at the normal speed of rotation are based on factors of 
safety of 3 on the 3 deld pomt, 5 on the ultimate stress, and a mean 
value of 4 for the factors based on the yield point and the ultimate 
strength. The last value of the working stress is based on the 
suggestion of Mr. K. Baumann (3). 

1*—CT 5200) 



Note* All stresses are in tons per sq. in. 

The following abbreviations are used: L.P. = Limit of Proportionality; Y.P, = Yield Point; IJ.S. 
“ Ultimate Stress; % El. = % Elongation, generally on 2 in.; % R.A. = % Reduction of Area; C.D. 
=5 Cold Drawn; C.R. ~ Cold Rolled; A. = Annealed; N. Normalized. 
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EXAMPLES XVII 

1 The following particulars relate to a stage of an impulse turbme— 

Mean diameter . , . . 40 in 

Nozzle height . . . . . 7*4 m 

Blade height . ... 7 9 in 

Nozzle angle ..... 24 deg 

Number of nozzles (complete admission) 62 

Thickness of nozzle guide vanes . . 0*104 in 

Steam velocity at nozzle outlet , . 1,310 ft per sec 

Specific volume of steam at nozzle outlet 297 2 cub ft per lb 

Dividing the nozzle height into four equal parts, calculate the mass flow 
per second through each part 

2 Using the data given in Example 1 and assuming that the rotational 
speed IS 3,000 r p m , divide the blade height into four equal parts and from 
the velocity diagrams calculate the change of velocity of the steam at the 
mid-height of each part Assume = 40®, ^ = 0 85, and that the number of 
blades on the wheel is 250 Hence calculate for each part the force on each 
blade and the bending moment about the root Combine the bending moments 
graphically and find the resultant bending moment about the blade root 
section 

3 The impulse blade for the turbine in Examples 1 and 2 has the following 
proportions— 

Inlet angle . ..... 44 deg. 

Outlet angle ... ... 40 deg. 

Blade width .... . 1 in 

Thickness of inlet and outlet edges . . . 0*02 lu 

Radius of concave part of blade ..... 0*673 in 

Radius of convex part of blade .... 0 345 m 

Draw the section of the blade enlarged to a suitable scale, and derive the 
following— 

(a) Area of blade section 

\h) Distance of centroid from axis XX (Fig 171) 

(c) Value of Iy (Fig 170). 

\d) Value of Ix (Fig 170). 

4 Using the notation of Fig 170 for the turbine and blade of Examples 1, 
2, and 3, find the bending moments and M,,, and calculate the bendmg 
stresses at the point A. Calculate also the centrifugal stress at the innermost 
section of the blades, neglectmg the shrouding, and hence find the maximum 
tensile stress in the blades Assume that the blading material is steel 
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5. The following are the particulars relating to a stage of a reaction turbine 
comprising one row of feed blades and one row of moving blades— 

Mean diameter of blades. . . . 72*875 in. 

Height of blades. 12*875 in. 

Axial width of blades . . . . 1*5 in. 

R.p.m.1,800 

Steam pressure before moving blades . 6*0 lb. per sq. in. abs. 

Steam pressure after moving blades. . 5*0 lb. per sq. in. abs. 

Effective outlet angle of blades . . 20 deg. 

Steam velocity at exit from guide blades . 740 ft. per sec. 

Steam velocity at exit from moving blades 860 ft. per sec. 

Number of moving blades per row . . 254 

Steam flow.76*1 lb. per sec. 

Material of blades.Steel 

Assuming that the blades have the section given in Fig. 91, and referring 

to Fig. 175, calculate or derive the following- 

la) Dynamic moment about blade root section. 

(5) Static moment about blade root section. 

(r) Moment component M,. 

(d) Moment component M„. 

(«) Centrifugal stress at blade root. 

(/) Bending stress at A. 

(g) Bending stress at B. 

(A) Resultant stress at A. 

(j) Resultant stress at B. 




CHAPTER XVIII 

CONSTRUCTION OF TURBINE ROTORS 

i6o. De Laval Rotors. Two t 5 rpes of rotor are employed m the de 
Laval turbine, the t 3 rpe used depending on the peripheral speed 
which, m turn, depends chiefly on the power of the turbine. 

In turbines up to about 100 h p the type of wheel shown m Fig 
193 is used. The hub of the wheel is bored out and a tapered steel 
bush IS secured by a nut screwed in at one end The enlarged end 
of the bush is provided with two flats which fit into a recess in the 
face of the hub The spmdle is provided with a short enlargement 
which fits tightly in the bush. A pin passmg through the bush 
and the spmdle serves to transmit the torque. 

The profile of the disc is hyperbolic, and a light nm is added to 
carry the blades. In experiments—^mtentional and otherwise—^in 
which wheels of the form used in the de Laval turbine have been 
run at high speeds to destruction, it has been found that the wheels 
break up into two or three segments, and that the centnfugal force 
on such parts is sufficient to do considerable damage, even after 
havmg smashed the turbme casmg. To prevent any likelihood of 
such a disaster, a shallow groove, termed the " safety groove, ’’ is 
turned out at each side of the disc ]ust under the nm. The wheel 
is now weakest at this section, the stresses there being some 50 per 
cent greater than at the most highly stressed point in the disc Then 
if the turbme should be severely overspeeded, the nm parts com¬ 
pany from the disc and usually breaks up mto a number of relatively 
harmless fragments. In such an event the wheel will mevitably be 
thrown out of balance, dangerous bendmg of the spmdle is then 
prevented by the casmg, which is arranged to surround the hub with 
only a small clearance (Fig. 193). 

It wiU be shown m Art 176 of the next chapter that a rotatmg 
disc is very considerably weakened by dnUmg even a small hole 
at its centre. In de Laval turbmes above about 100 h.p., with a 
mean blade velocity of about 1,130ft. per sec, the type of disc 
shown in Fig. 194 is used. The disc is continuous through the 
centre and the thickness is so varied that the disc profile is that of 
the "disc of constant strength ” described in Art. 179. In order to 
attach the lens-shaped disc to the shaft, a departure is made from 
the theoretical profile by providing bosses at the sides of the disc. 
The spindle is made in two parts, each provided with an enlarged 
end, recessed into the boss and secured by stud bolts. 

i6i. Construction of Disc Rotors. A familiar form of construc¬ 
tion employed in impulse turbmes and frequently in the L.P. 
stages of reaction turbmes comprises a number of separate discs 
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on a shaft. The latter may either be stepped or of uniform diameter, 
according to the method employed for attaching the discs. 

The wheel consists of three parts: the rim which is designed to 
hold the blades, the hub which is attached to the shaft, and the 
disc proper which connects the rim and the hub. The wheel forging 



Fig. 193 Fig. 194 


is prepared from a cheese of steel which is forged or pressed into disc 
form. The wheel is then rough machined and annealed to relieve it 
of internal stresses. It is afterwards carefully machined to give it 
the correct profile. The sides of the disc should be given a very 
smooth finish so as to avoid stress concentration. In the construction 
shown in Fig. 195, the wheels are pressed on to the shaft by means 
of a hydraulic press, the bore of the wheels being slightly smaller 
than the diameter of the shaft pn which they are to be pressed. 
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Tins difierence in diameter must be very carefully calculated and 
adhered to in the machinmg operations, so that even when the wheel 
IS running at the overspeed (normally 10 per cent above normal 
speed) there will still be some mutual pressure between the wheel 
and the shaft. In startmg a cold turbine, the discs will reach the 



Fig 195 


working temperature sooner than the shaft As a result, the discs 
expand slightly more than the shaft, and unless there is a sufficient 
force fit allowance they may become loose. The forcmg on and 
removal of the discs are facihtated by heating the discs. 

The torque is transmitted by sunk keys. When the torque is 
moderate, one key only is used for each wheel, the keys for adjacent 
wheels being arranged at 180° to each other For greater torques, 
two keys are used In very large units, six, and even eight, keys 
have been used for each wheel 

A small axial clearance is left between adjacent discs to allow for 
expansion due to temperature differences The shaft is stepped so 
that each wheel may be easily passed over the shaft until it reaches 
its own seat In order to prevent any appreciable difference of 
steam pressure being set up on the two sides of the disc, either at 
startmg or during normal working (due to ej'ector action of the 
steam passing between the nozzles and blades), pressure-balancing 
holes are drilled in the discs. About six such holes are drilled in a 
part of the disc where the stresses are moderate. The edges of such 
holes should be well rounded off to prevent stress concentration as 
far as possible. 




340 STEAM TURBINE THEORY AND PRACTICE 


162 . Mounting of Wheels on Shaft. The objections to forcing the 
wheels on the shaft are that the stresses in the wheel are increased 
due to the heavy force fit, and also that, in the event of necessity, 
the removal of the wheel is a matter of some difficulty. Various 
alternative methods have been devised and employed. 

The method illustrated in Fig. 196 has been used by a number 
of turbine builder?, chieflv on the Continent. The shaft is not 
stepped, and the wliool hub.- are bored out slightly larger than the 
diameter of the shaft. Recesses are turned in each end of the wheel 
hubs for “supporting rings” A and B. Each ring is carefully 
machined to fit the shaft and the hub and is recessed to pass over 



Fig. 196 


the keys C. The rings are also split. A groove is turned in the 
spindle and the ring B is sprung into its groove just as a piston 
ring is. The rings B serve to locate the wheel axially. It is stated 
that when the wheels are rotating at their normal speed, the strains 
in the hub are such that the ends of the hub nip the supporting 
rings so that the discs are held quite tightly. Whether this is the 
case when the thickness of the disc at the hub approaches that of 
the hub itself would appear to be very doubtful. The torque is 
transmitted from the central part of the hub only. As there is a 
clearance between the shaft and the bore of the wheel and also an 
axial clearance between the wheels, shaft flexure does not tend to 
cause slackness. 
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A modification of the same principle is shown in Fig. 197. This 
method has been successfully used by Messrs. Brown Boveri & Co., 
Ltd. The wheels are bored out to an easy press fit on the shaft 
and are provided with a deep recess at each end U-shaped chrome 
steel rings are forced into these recesses and are thus heavily com¬ 
pressed This, while relieving the rotor of a considerable amount 
of stress which would be induced by the usual force fit, enables 
the wheel to expand slightly under stress and temperature without 
becoming loose or runnmg out of centre. 

The attachment shown m Fig 198 consists of a spht conical 
bush which is pressed mto the conically-bored hub In this way. 



the pressure between the hub and the shaft is under some control. 
A finer is fitted between the bush at the larger end and the adjacent 
disc. The bush is screwed mtemaUy at its larger end for the attach¬ 
ment of withdrawing gear This mountmg is used by the weU- 
knovm firm of A.E G. 

Under high temperatures, steel and other alloys, when subjected 
to stress, undergo continually a very small but definite strain. This 
phenomenon is known as creep. Thus a turbine wheel rotating in 
high-temperature steam and thus subj'ected to radial and tangential 
stresses would gradually change in size, the diameter inCTeasing at 
an extremely slow, but steady, rate. Such change of dimensions, 
due to creep, wiU obviously reduce the mutual pressure due to force 
fit, and the wheel wfil tend to become loose. 

The construction shown in Fig. 199 (British Thomson-Houston 
Co., Ltd) is designed to avoid this A steel bush is pressed into the 
hub and a number of radial holes are drilled through the two. 
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Radial pins are inserted in the holes and the bush pressed on to the 
shaft, one or more keys serving to transmit the torque. It will be 
seen that even if the bore of the wheel should increase to such an 
extent that contact between the wheel and the lightly stressed bush 
should cease, the wheel will still remain concentric with the shaft. 

163 . Rotors Machined from Solid Forgings. The difficulties 
associated with the use of high-temperature steam and which are 



Fig. 199 



briefly outlined in the preceding article led the well-known Czecho¬ 
slovakian firm, Erste Brunner Maschinenfabrik, some years ago, 
to initiate the practice of machining impulse turbine rotors from 
solid forgings. Such a rotor is shown in Fig. 200. The high-pressure 
discs are frequently made of uniform thickness. Where the stresses 
demand ir, the ihickiioss may be slightly increased near the shaft. 
The blades have the same axial width as the discs, thus saving 
length. The advantages of the construction are obvious. Trouble 
due to a loose disc is impossible. Wheel hubs are avoided and thus 
the diameter of the diaphragm glands is the least possible and the 
leakage of steam is reduced. The saving in axial length is appreciable 
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and generally leads to a reduction m spmdle diameter when com¬ 
pared with the normal construction. 

On the other hand, it is more diiB&cult to obtain a sound forging 
for such a rotor than for a smgle wheel of the same diameter This 
limits the size of rotor for which the construction may be employed 
164 . Rotors for Reaction Turbines. In the majority of reaction 
turbmes the rotor, whatever form of construction may be employed. 



is arranged to have a continuous cylindrical or conical surface. 
The principal exceptions to this rule are the L.P. reaction turbmes 
constructed by Messrs. Brown Boveri & Co., Ltd. 

Various forms of Parsons turbine rotor are shown in Figs. 201 to 
204. Fig 201 shows half-sections through the H.P. and L P. rotors 
of a two-cylinder tandem turbme budt m 1912. The H P. rotor con¬ 
sists of a hollow forged steel element comprismg the rotor drum and 
part spmdle, and a spmdle havmg an enlarged end. The former is 
shrunk on to the latter and further secured by screwed pins. The 
H.P. and I P. dummy pistons are formed out of the rotor element, 
whole a separate disc is used for the L.P dummy. The mean 
diameter at the L.P. end is 7T5 in , the speed of rotation 750 r.p.m., 
and the mean peripheral speed 234 ft. per sec. The L.P. rotor 
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comprises a forged steel drum 86 in. external diameter and 2^^ in. 
thick. This is shrunk on to a cast-steel centre spider wheel which, 
in turn, is shrunk on to the rotor shaft. The ends of the drum are 
supported by mild steel discs. The mean diameter of the last blade 
ring is 105 in., the speed 750 r.p.m., and the mean blade velocity 
344 ft. per sec. 

The drum type of rotor is somewhat limited in its application 
owing to the stresses becoming excessive at high peripheral speeds. 



The construction used in a turbine built by Messrs. C. A. Parsons 
& Co., Ltd., in 1916 is shown in Fig. 202. The H.P. turbine rotor 
is a solid forging, maximum mean blade velocity 239 ft. per sec. 
There ^e two dummy pistons, the H.P. dummy being turned from 
the solid forging, and the I.P. dummy being formed by two separate 
discs. The L.P. rotor is of the double-flow t57pe and comprises eight 
heavy discs, with wide rims and hubs, shrunk on to the shaft. The 
mean peripheral velocity for the last row is 392 ft. per sec. 

A modified form of double-flow L.P. rotor is shown in Fig. 203. 
The rotor is machined from a single forging. The centre part, which 
carries the shorter blades, is drum shaped, the outer parts, which 
carry the longer blades, are discs machined out of the solid. Such a 
construction offers great strength, especially when there is no cen¬ 
tral hole through the rotor and, of course, where the material is 
sound. Mean blade velocities in such a rotor appear to exceed 
600 ft. per sec. In the H.P. turbine of recent two-cylinder tandem 
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Fig 202 —15,000 kW 1,000 r p m Faisons Steam Turbine 
Installed m the Lots Road Power Station of the Metropolitan, District and London Electric Railway Companies 
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turbines, Messrs. Parsons have employed the construction shown in 
Fig. 204. Part of the rotor, including the dummy pistons, is turned 
from a solid forging. At the outlet end of the rotor, where the blades 



are longer and the stresses induced in the solid rotor would become 
excessive, a number of separate discs are shrunk on to the stepped 
shaft. The discs are of a relatively heavy and robust design and are 



butted together at the rim to eliminate any possibility of transverse 
vibration. A hole, not less than 2 in. diameter, is bored through 
the shaft from end to end. The inner surface of this hole is very 
carefuUy examined by means of an instrument comprising a mirror. 



lamp, and telescope, and known as a “ borescope," for the purpose 
of detecting ^y minute flaws in the centre of the forging. 

In recent single-cylinder turbines a similar construction has been 
adopted. At the L.P. end, however, discs having a diameter some¬ 
what larger than that of the solid rotor are shrunk on. 

165 . Brown-Boveri Drum Rotor. A drum rotor for combined 
impulse and reaction turbines is shown in Fig. 205. This is used 
for powers up to about 3,000 kW and for moderate peripheral 
speeds. The steam end of the shaft, balance piston, Curtis wheel, 
and drum are made from a single forging, the exhaust end of the 
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shaft and its disc being hkewise made from a forging. After the 
internal machining is completed, the drum is shrunk on to the 
L P. end disc. Holes for equalizing the pressure behind the balance 
piston and that at an interpiediate stage are bored m the drum end 
and through the drum itself. 

i66. Brown-Boveri Welded Rotor. About the year 1930, Messrs. 
Brown Boveri & Co introduced a welded rotor construction, one 
form of which is shown in Fig 206 The rotor comprises a number 
of discs and two shaft ends which are welded together at the peri¬ 
phery as shown m the detail view The wheels are continuous discs. 



Fig 206 —Brown-Boven Welded Turbine Rotor 


1 e they have no central hole and are therefore much stronger than 
discs which have to be bored and pressed on a shaft For an explana¬ 
tion of this statement, the reader is referred to Art. 176 Moreover, 
there are no keys, and the possibihty of loose discs is entirely elim- 
mated The transverse ngidity of the rotor is very great and the 
critical speed is well above the running speed. Small holes are 
drilled through the discs just under the rims and also through the 
nms The spaces between the discs are, therefore, filled with steam 
at the working temperature; this tends to prevent strains and 
other troubles due to differential expansion at starting and during 
change of load. 

As shown in the mset detail of Fig. 206, the rotor discs are 
spigotted into one another and the remaimng V filled by weld 
metal. The stresses in the welded seams are said to be only 700- 
1,500 lb per sq. in Owing to the large mass of the rotor, there is 
a considerable conduction of heat from the steel in the neighbour¬ 
hood of the weld during welding, and the rate of cooling is such 
that the steel is hardened. In order to remove such effects the rotor 
is annealed at 600 to 650“ C. for a prolonged period. 

Before the construction was adopted as standard practice the 
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welded rotors were subjected to severe tests. The welds were tested 
in tension by appl 3 dng a hydraulic pressure between the discs, in 
shear by heating one disc and cooling the^ next, while the whole 
rotor was subjected to impact by falling weights. 

167 . of the Steam Thrust on the Moving Blades of 

Reaction Turbines. In a pure impulse turbine the axial thrust on 
the bl a d e s is entirely due to the change of momentum of the steam 



in the axial direction and is always a very small force. In the 
reaction turbine, however, the steam is falling in pressure during 
its passage through each ring of blades, fixed and moving alike, so 
that in addition to any force due to change of momentum there is 
a force due to the pressure drop across the blades. The latter force 
may be very large and it is customary to provide some means of 
balancing it by steam pressure. 

Consider a single row of fixed or moving blades, as shown in 
Fig. 207. The steam pressures at inlet and outlet are px and p^ 
respectively. 

Let A = annular area of blade ring, sq. in. 

We shall indicate the quantities referring to successive rows of 
blades, including fixed and moving, by the sufi&xes 1, 2, 3, etc. 
Then— 

V„x = axial component of velocity entering row No. 1. 

1 >t Tt leaving ,, ,, 1 . 

Vos = „ „ „ entering „ „ 2 . 

y/s = „ leaving „ „ 2 . 

Let Ti = axial thrust exerted by the steam on the blades in row 
No. 1 . This is also, of course, the thrust exerted by 
the blades on the steam. 

w = mass flow of steam through blades, Ib. per sec. 
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rhen effective force on steam equals change of momentum per 
second. 

Or (A-A)A-Ti = | (VA-V„i) 

and Ti=(^i-A)A-|(V„\-V„,) . . (161) 

This expression would give the resultant steam thrust on the first 
row of blades (say, fixed). Similarly, the thrust on the second row 
(which would be the first moving row in the group) would be— 

In the same way we may write down the expression for the thrust 
on aU the fixed and moving rows m the group Signifying the last 
row by the suffix n and the exhaust pressure by fg, we have— 

Tx =(A-:^ 2 )A-|^(V/i-V,i) 

T. =(A-^ 8 )A-|(V,',-V„,) 

T3 = (^3-:^4)A-j^(V,'3-V„3) 

• • • • • 

T„ = (Va'„- 

Reference to the velocity diagram shows that since the axial com¬ 
ponent of the steam velocity at exit from one nng of blades is the 
axial component at inlet to the following row, V 02 = ^a ^as 
= Va' 2 . eic. Hence, by addition, we have— 

Total thrust on all fixed and moving rows of blades 

= ST = (ibi - p,)A - j (V/„ - V„i) 

o 

The thrust on the rotor is that due to the moving blades and is 
one-half of the total thrust given above 

Rotor thrust T = — ^e)A — ^ (Van — ^oi)• • (162) 

The second term on the right-hand side of (162) amounts to about 
1 per cent only of the total thrust and may, therefore, be neglected. 

Hence T =-Ki^x — ^e)A . . • • (162<i) 

168 . Proportions of Dummy Balance Pistons. Fig. 208 shows a 
diagrammatic section of a combination turbine consisting of an 
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impulse wheel followed by six expansions of reaction blades. Suppose 
that the axial forces due to steam pressures are balanced by a 
single balance piston A which rotates in the “dummy cylinder” 
B. The IraVni-'' steam through the narrow annulus between the 
piston .1 c.yi: is reduced to a small value by means of labyrinth 

packing. Suppose that the space behind the balance piston is con¬ 
nected to the outlet from the third expansion by the pressure¬ 
equalizing pipe C. Such connection may be made to the exhaust 



branch or to any L.P. stage, but the loss due to leakage will vary 
according to the point of connection. 

Let Aj, Aa, etc., represent the annular areas of the blade rings in 
expansions 1 , 2 , etc. 

Let = net aimular area of the impulse wheel shoulder (in reality, 
of the dummy piston). 

a 4 = area of rotor enlargement at outlet from third expansion, 
fly = net area of L.P. end of rotor. 

S 4 = net area of L.P. side of balance piston. 

Suppose that P^, Pg, Pj, etc., are the steam pressures at inlet to 
expansions 1 , 2, 3, etc., at full load. The pressure on the L.P. side 
of the balance piston will be P 4 . Then for equilibrium— 

Pi«i- P 4 ■ S4 = mi - Pa) Ai -b (Pa - P3)Aa + (Ps - PJAs 

-b (P 4 - P 3 )A 4 -b (P 5 - P«)A5 -b (Pe - P7)Ae> 

" 4 " P4 0C4 ^7 • ^7 

Since S 4 == (area of drum) + ^ 1 , the above equation enables the 
area % to be foimd. 
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Provided the governing is effected by nozzle control and no 
steam is by-passed beyond the first expansion, then all the steam 
pressures, except P,, will vary directly as the steam flow through 
the turbme Consequently, approximate balance will be obtained 
at all loads The diameter of the dummy piston should be made 
rather less than the calculated value, so that there will be a defimte 
thrust towards the exhaust end of the turbine. This wiU elimmate 
any tendency for the rotor to osciUate axially. 



Fig 209 —^Diagrammatic Arrangement of Reaction Turbme with 
Three Balance Pistons 


A turbine in which the rotor has three sections of different 
diameter is shown m Fig 209. It will be assumed that the axial 
thrust is balanced by three balance pistons A, B, and C, the pres¬ 
sures on these bemg Pi, P 3 , and Pg respectively, while the pressure 
on the back of the L P. dummy is the exhaust pressure P, D, E. 
and F are the pressure-equalizmg pipes Using the notation given 
in Fig 209 for effective areas under pressure, then— 

Pifli = 4{(Pi- P2)Ai + (Pa - Pa)A3} 

PaC^a- as) = ^(Ps- P4)Aa + (P 4 -P6)A4} 

P5(«5 - «6) + P7(«7 - av) = MCPs - P6)A5 + (Pa - P7)A6} 

The solution of these equations in the order given enables the areas 
%, ag, and to be found, and hence the mean diameter of the 
dummy pistons. 

The quantity of steam leaking past the dummy piston A is usually 
greater than that leaking past B. Thus the excess steam will flow 
through D and do work m the last four expansions of the turbine. 
Similarly, part of the steam which leaks through B will do useful 
work in the last two expansions. 
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The same general methods may be applied to any other arrange¬ 
ment of rotor and balance pistons. Packing devices for dummy 
pistons are described in Chapter XXII. 

Example 21. The following particulars refer to a 2,500 h.p. 
reaction turbine— 


Drum diameter, H.P. section 

. 

. 23f in. 

>> 

L.P. 

ti 


. 33| „ 

i? ff 

L.P. 

it 

• • • 

. 47i „ 

H.P. Section. 

1st expansion. 

Blade height 

= 

>> 

2nd 

it 

tt 

= A » 


3rd 

it 

tt 

= 1 

I.P. Section. 

1st 

it 

it 

== i 

it 

2nd 

ti 

ti 

= f 

it 

3rd 

ti 

tt 

= 1 „ 

L.P. Section. 

1st 

it 

tt 

= 1 » 

it 

2nd 

ti 

*t 

= 2i „ 

it 

3rd 

tt 

it 

= 3i ., 


The absolute steam pressures at entry to and exit from each 
expansion are set down in the diagram (Fig. 210). Calculate the 
diameters of the dummy pistons required in order that there may 
be no (appreciable) unbalanced steam thrust. 

The annular areas of the blade rings are first calculated and set 
down as shown in Fig. 210. 


Then thrust on H.P. blades = i{(50 x 33T3) 4- (38 X 42-8) 

-H (30 X 57-49)} = 2,504 lb. 

Pi^i = 2,504 
2,504 


<h = 


190 


= 13-2 


Area of circle 23f in. diameter = 438-3 sq. in. 

Area of H.P. dummy = 438-3 + 13-2 = 451-5. 

Diameter of H.P. dummy (to nearest sixteenth of an inch) 

= ^ in. 

Thrust on I.P. blades = ^{(22 X 53-6) 4- (16 X 67-25) 

4- (10-5 X 94-84)} = 1,625 lb. 
Thrust on shoulder between H.P. and I.P. sections of rotor 
= 72 X 449-7 = 32,380 lb. 

.'.Total steam thrust in I.P. section == 34,005 lb. 

34,005 

— ~y 2 = 472-3 sq. in. 






Fig. 210 —^Illustratiiig Example on th.e Design of Dummy- 

Balance Pistons 
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Area of circle 24 in. diameter = 452-39 sq. in. 

Area of I.P. dummy = 472-3 + 452-39 
= 924-69 sq. in. 

Diameter of I.P. dummy = 34j^ in. 

Thrust on L.P. blades = i{(12-5 x 151-6) + ( 6-6 x 349-9) 

+ (3 X 600-8)} = 3,003 lb. 

Thrust on shoulder between I.P. and L.P. sections of rotor 
= 23-5 X 865-4 = 20,330 
Total steam thrust on L.P. section = 23,333 lb. 

Back thrust on L.P. exhaust end of rotor 

== 1-4 X 1753-4 = 2,455 lb. 

Thrust to be balanced by L.P. dummy 

= 23,333 — 2,455 = 20,878 lb. 

Full area of L.P. dummy = 924-7 + a^. 

23-5^3 = 20,878 + 1-4 (924-7 + a^) 
or 22 -la 3 = 22,173 

^3 = 1,004 sq. in. 

Area of circle 34^ m. diameter = 924-7 sq. in. 

Full area of L.P. dummy piston = 1928-7 sq. in. 

Diameter of L.P. dummy piston = 49^^ in. 

The diameters calculated above would be the mean diameters 
of the respective rings of labyrinth packing. 

169 . Couplings. Owing to the relative axial movement between 
a turbine spindle and the shaft of the driven machine, or between 
the shafts of the elements of a tandem turbine due to temperature 
changes, it is usually, but not always, necessary to join the shafts 
by means of a coupling which permits sliding in the axial direction. 
In some cases, there is also a change in aligiunent brought about 
either by differential expansion, slight settling of foundations, or 
flexibility of supports, and if the desi^ of the coupling is such that 
it will permit of a small change of alignment as well, then so much 
the better. 

A coupling suitable for turbines of small and medium power is 
shown in Fig. 211 . The flanges are keyed to the shaft and sometimes 
secured by nuts as shown. The coupling bolts are screwed into one 
flange. Rubber busies with metal cores are fitted over the plain 
ends of the bolts and have a small clearance in the holes of the other 
flange. This type of coupling allows for axial movement, slight 
lack of ahgnment, and also a slight torsional flexibility. Couplings 
of this kind have been used for the transmission of 3,000 h.p. 
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The well-known Parsons type of claw coupling, which has been 
used by practically every firm of turbme builders, is shown in Fig 
212. This comprises two claw pieces A having a number of spokes 



Fig 211 —Coupling for Turbines of Small and Medium Output 

With parallel sides The sleeves B are provided with an equal 
number of V-shaped projections which fit between the spokes. 
Rmgs C serve to Imut the axial play of the coupling The sleeves 


Half Seohon fhro’OX 



Fig 212 —^Parsons Type Flexible Coupling 


are spigotted together and bolted. The couplings must be veiy 
accurately made so that all the teeth are in contact simultaneously. 
A small clearance c is provided between the daws, as shown. 
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If the shaft centres remain at the same height, this clearance per¬ 
mits the angular misalignment between them to reach the value 

e = — radians, or deg. 6 is normally 0-25 to 0-35 deg. If 

the shafts r emain parallel, then the clearance permits a difference 

in height of ~ of the shaft centres, j varies from 4 to 5. 

For the purpose of luhrioa+irsg the teeth on the driving side, oil 
is supplied—either froje. ■.! * “.'.r-v: i-.c bearing or by a special supply 



Fig. 213.—^English Electric Type Flexible Coupling 


pipe—^to a groove D in the claw pieces. The oil passes through 
drilled holes to the distributing grooves on the faces of the teeth and 
is finally flung off by centrifugal action. 

The tooth type of flexible coupling, in the form employed by the 
English Electric Co., Ltd., is shown in Fig. 213. A steel hub is 
keyed to the turbine shaft and is provided with several gear teeth 
at its periphery. A forged steel muff which is rigidly bolted to the 
driven shaft has internal teeth which gear with those on the hub. 
Means for lubrication are provided, as shown. 

A type of coupling which has been employed successfully on some 
of the largest turbines built in this cotmtry is shown in Fig. 214. 
This is known as the Bibby coupling and is manufactured under 
licence from the Wellman Bibby Co., Ltd. It consists of two hubs 
keyed to the turbine shaft and driven shaft respectively, and pro¬ 
vided with flanges. A number of accurately pitched grooves parallel 
to the axis are machined in the flanges. A tempered steel spring is 
bent to form a complete cylindrical grid. The segments of the spring 
are fitted in the grooves and the torque is transmitted from one 
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flange to the other through these flexible grids. The grooves widen 
somewhat towards the centre so that the spring fits closely only 
at its outer ends. Under a normal torque the drive takes place 
through the relatively long unsupported stretches of the spring 
members, which are very flexible and resilient in this condition. An 
increase in torque causes the springs to deflect, thus shortening theit 
span and increasing their rigidity. This feature, while permitting 
flexibility in the torsional sense, gives freedom from resonance. 

A semi-flexible coupling, constructed by the Metropolitan- 
Vickers Electrical Co., Ltd., to couple the L.P. turbine shaft and 
generator in two-cylinder tandem sets, is shown in Fig. 215. Hubs 
A and B, keyed to the turbine shaft and alternator shaft respec¬ 
tively, are connected together by a forged steel muff C, which gives 
rigidity in torsion but a limited degree of flexibility to allow for 
slight misalignment. 



CHAPTER XIX 


STRESSES IN TURBINE ROTORS 

170 . Introductory. The stresses in turbine rotors are due primarily 
to the inertia of the rotor mass and depend, therefore, on the form 
of the rotor, i e. on the disposition of the mass, and on the peri¬ 
pheral speed. In most cases, the stresses imposed are relatively 



Fig 216 


high and become a very definite limiting factor in the design 
Consequently, the accurate estimation of rotor stresses is a matter 
of great importance For this reason, a concise outliue of- this 
branch of strength of matenals is considered essential in this book, 
if only to pave the way to a more extended study of the subject 
171 . Stress in Thin Rotating Ring. Consider a thin rmg, i.e. one 
m which the thickness t m the radial direction is small compared 
with the diameter, rotatmg about an axis through its centre with 
an angular velocity co radians per second. 

Let w = density of material. 

ftr = stress m thin ring. This is a tangential or hoop stress. 
r = mean radius of ring. 
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Consider a ring whose length in the axial direction is unity. The 
cross-sectional area is then t units and the volume of the element 
subtending the angle 66 at the centre Oist .r . 66. 


Hence mass of element = w .r .t . 66. 

Centrifugal force F = - X o)V 

S 

_ w . coV* .t. 66 

~ i 

The element is in equilibrium tmder the action of the force F and 
the hoop tensions T. The angle between the two hoop tensions is 
66 and their resultant, which is directed inwards, is T . <36. 

. 'T Jia . 66 

g 

Since the stress will be equal to the force T divided by the 
area of the ring— 

- w . ft)V® 

Jtr — 


g 

or if « = peripheral velocity (« = or) 


/«■ = 


w . 


g 


(163) 


(163a) 


Units. 


then 

II 

i.e. 

ftr — 


If w = density in lb. per cub. in. 

« = peripheral velocity, ft. per sec. 

g = acceleration in ft. per sec.^ 

1728 .w.u^., 

lb. per sq. m. 


144 .g 
12w . 


g 


lb. per sq. in. 


For steel, w = 0-283; ft^ = OAOSSu^ lb. per sq. in. 


172 . Stresses in Turbine Rotors of the Drum T 3 rpe. The stresses 
in a turbine rotor of the drum type are greater than those in a tbi-n 
rmg rotating with the same periphersd velocity owing to the addi¬ 
tional centrifugal force imposed by the blades. 

In calculating the hoop stress, the component stresses may be 
obtained separately, that due to the blade load being obtained as 
follows— 

In Fig. 217, let Fj be the centrifugal force on the blades per inch 
of periphery over an axial length equal to the axial pitch of the 
blades. Let A be the net area of rotor section per axial pitch in 
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square inches. Then on an arc subtending an angle 30 at the centre 
O, the total force Fi due to the blade load = r . 30 . F^. 



Stress in drum due to blade load 
. Fb „ 

= - ^ lb. per sq. m. 



0 

Fig 217 


Example 22. Calculate the intensity of hoop stress m a rotor of 
the drum type, given the following particulars— 

External diameter of drum = 86 in. 

Internal diameter of drum = SOJ in. 

Speed = 750 r.p.m. 

Blades, 1 in. wide; SJ in. axial pitch; 19 m. high above rotor. 
Weight of blade per foot = 0-65 lb. Depth of groove, 1J in. Num¬ 
ber of blades per foot of circumference, 22-2 

Mean radius of drum = 41‘56 in. = 3-47 ft. 


3-47 X 27r X 750 

«== go 


272 ft. per sec. 


.*. Stress in thin ring without blading = 0T055 x (272)® = 7,800 
lb. per sq. in. 
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Total length of one blade = 19 + IJ = 20|- in* 

Total weight of one blade = 1*097 lb. (W) 

Distance of centre of gravity of blade from axis of rotation == 
51*875 in. 

27r X 750 r- j 
^ rad. per sec. 

oU 

Centrifugal force on each blade =-= 908 lb. 

o 

T' 1? ' t, 908 X 22*2 ^ cQA TK 

Force Fj per inch =- ^2 -” 1,680 lb. 

Net area A = (3*25 x 2*875) — 1*25 = 8-1 sq. in. 

Stress due to blade load = ^*1^ ~ 8,925 lb. per sq. in. 

Combined drum stress = 16,725 lb. per sq. in. 

173 . Stresses in Rotating Discs of Variable Thickness. Derivation 
of G^eral Equations. Consider an element of a turbine wheel. 



Fig. 218.—Stresses on Element of Turbine Disc 


Fig. 218, botmded by radial lines AD, BC, and arcs AB, CD. The 
inertia forces due to the blades, the rim, and the disc itself will obvi¬ 
ously produce direct stresses on the edges AB and CD of the element. 
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These are known as radial stresses There will also be induced 
certain direct stresses on the radial edges AD and BC of the element 
in question These are known as tangential, or hoop, stresses. Owing 
to the torque T applied by the blades to the rim of the wheel there 
will be shear stresses on the faces AB and CD (of magnitude 



(a) (b) 



= . Tl2-nrH) and complementary shear stresses q^ = on the 
faces AD and BC. In practically all cases, the shear stresses are 
negligibly small when compared with the direct stresses. Conse¬ 
quently, in any analysis where the wheel stresses are important, 
the shear stresses may be ignored. The radial and hoop stresses at 
any point may then be regarded as prmcipal stresses 
In the foUowmg expressions— 

Let r = radius of disc at any pomt. 
t = thickness of disc at radius r. 
w 

(I — — (inch units). 

S 

a — Poisson’s ratio = (strain at right angles to direction 
of stress) -h- (strain in direction of stress). 

Consider an element of a disc of variable thickness. Fig. 219. 
{a) shows a section through the axis, while (5) shows the stresses in 
side view. The element is in equilibrium under the forces due to 
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stress and inertia. The forces due to hoop tension are each fft. dr 
and their resultant, as shown in Fig. 219 (c), is ft. i. dr .6, and is 
directed inwards. 

The volume of the element is r .t. dr .6, and the centrifugal force 
on it equals jLuo^rH . dr .6. 

ifr + <5/r) (t + dt) (r + dr)6 + juco^r^t .dr .6 
= fr .t.r.e + ft.t.dr.6. 

Working out, dividing by dr . 6, and proceeding to the limit, we 
have— 

or ^{r .t. fr) — t. ft = — fMo^rH. . . (164) 

Eq. (164) is a general equation for any rotating disc. 

Suppose now that a point on the disc is at radius r when the disc 
is at rest (and unstressed) and that its radius is increased to r -{■ y 
when the disc is rotating and under stress; i.e. y is the radial dis¬ 
placement of a point on the disc at radius r. Then obviously the 
dy 

radial strain e. will be ~. 

dr 


Hoop strain et = 


Change in circumference 
Original circumference 

27r {r y) — 2‘7Tr _ y 

2ttr r 


Then 



= fr-0.ft 


and 




a.fr 


These are simultaneous equations in and ft, and give- 

/=-^ 

- 1 . 




(165) 

(166) 


Introducing these values in eq. (164), differentiating, and multi- 
r (1 — a^) 

pl 3 mg throughout by - , we have— 

ijy. t 


/'r dt \dy fr. a dt \ 
+ *)* + (— 


_ ^V» (1 — or2) 

“ E 


. ( 167 ) 
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This equation is quite general and is independent of the manner in 
which the thickness varies with radius. As will be seen, it is a homo¬ 
geneous linear differential equation 

174 . Disc of Constant Thickness. We shall now apply eq. (167) 
to tod expressions for the stresses in a disc of constant thickness 

Since Hs a constant, = 0, and hence— 
air 

,.2 ^ ^ _ yMC0V(l — <r2) 

The solution consists of two parts, the complementary function 
and the particular integral. For the former, assume y = 6 . , 

where h and y) are constants. 


Smce 


dy 

dr 


b . ip . r^^, and = b — ip) r.v-^ 


b {ip^ — ip)r'i‘ b . ip . r'l’ — h r^ = 0 

/. ip^ — 1=0 

i e. V* = i 1 

Smce there are two roots, the solution is 

where b^ and b^ are mdependent constants 

For the particular mtegral, assume y = ar^, where a is a constant. 

d^ 

dr^ 


Then 


^ = 3ar®, and 


dr 


Substituting in the original equation, we have— 


Qar^ + — ar® = — 


fjuo^r^ (1 — O’®) 


from which 


a = — 


fixo^ (1 — <r®) 
8 E 


(168) 


fl is a constant which depends on the angular velocity of the disc, 
the density of the material, and its elastic properties. 

Hence the complete solution of the equation is 


_y = ar® + ^ 


(169) 


13—(T.5200) 
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y dy 

Inserting now the values of^ and ^ derived from (169) in the 
general equations (165) and (166), we have— 

fr = + O’) + &i(l + O') - ^ (1 — ff) j . (170) 

/, = p (1 + 3(7) + &, (1 + cr) + ^ (1 - (r)| . (171) 

The stresses and ft cannot be calculated by means of these ex¬ 
pressions until the two constants and have been foimd. These 
must be determined with reference to the conditions as regards 
stress and strain at the inner and outer boundaries of the disc. 
Some examples wiU now be given. 

175 . Continuous Disc of instant Thickness. Consider first a 
continuous disc, i.e. a disc without a hole at the centre. Assume, 
further, that the disc is not subjected to any edge loading, i.e. that 
there are no forces imposed due to masses attached to its periphery. 

Then the constants b^ and b^ may be found from the following 
conditions— 

(1) The radial displacement y must be zero at the centre of the 
disc. 

Since y — ar^ -|- b^r y 


it follows that 62 must be zero; otherwise the displacement y would 
be infinite at the centre. 

( 2 ) The radial stress /, must be zero at the periphery of the disc. 
Then if R 2 is the outer radius, by eq. (170)— 


6r (1 + <7) = - « . R 2 M 3 + ff) 

or 

Therefore, for any radius r 


^{( 8 +»)«,• 


(1 + 3o’)r®} 


(172) 

(173) 


For steel discs 


Let N = R.p m. 


w = 0'283 lb. per cub. in. 
a = 0*3 approx. 


A = 3-31 



(174) 
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If the disc had a radial stress imposed upon its periphery due to 
attached masses, then the constants may be found as before, except 
that /r at the periphery would be made equal to the applied stress. 

176 . Disc of Constant Thickness witii Central Hole. 

Let Ri = inner radius of disc. 

Rg == outer radius of disc. 

Case 1 . Disc free from constratnts. Consider first of all a disc which 
is free from any applied stresses at the boundaries. Then the radial 
stress is zero when y = R^ and also when r = Rg By substituting 
in eq. (170) it is found that 

h = (f-^) (Ri" + 




Inserting these constants in (170) and (171), we have- 


w f3 + a 


R^2 + R^2_Ri^ 


8 g W 

For steel discs 


3 +or) [r,2 + R,2+^^ 


(1 + 3a)y2 


In the contmuous disc, the tangential and radial stresses must 
necessarily tend to the same value as the centre of the disc is ap¬ 
proached. By writmg y = 0 m eqs. (172) and (173), it is seen 
that 


/*=/r = 


3 + Or'V WOi^'R^ 


=r 4 ")/^ 

where /(, is the hoop stress m a thin ring rotating with an equal 
peripheral velocity. 

Consider now the disc with a central hole. The hoop stress given 
by eq. (177) is clearly the maximum when r is the least value 
possible, i.e. when y = Rj. 
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ft (max.) 


WO)^ 


+ (r)(Ri2 + 2R^^) - (1 + 3cr)Ri2} 


When Ri is made very small 


ft (max.) 


3 + <7\ ze». cD^Ra^ 
“4“ j- g 



■ftr 


i.e. by drilling a small hole at the centre of a continuous disc free 
from constraints, the maximum tangential stress is just doubled. 

The results given by eqs. (176) and (177) may be shown graphically 
in an interesting and instructive manner. We shall express the 
stress in the disc as a fraction of that in a thin ring of the same 
material and rotating with the same peripheral velocity. 


Let 

Since 


Wo = and m = — 
•tv2 


fir 




2 


(180) 


fr _ (3 + 0r\ /Ri^ R^S R^2R^2 y2 N 

U-\ 8 RaV 

= 0*4125 + 1 — for steel 

= 0*4125 + 1 + ~ 0*2375w® for steel 


Curves showing the values of these ratios as a function of Mq 
and m and for steel discs are given in Fig. 220. It will be seen that 
in all cases the tangential stress is a maximum at the bore and 
diminishes, rapidly at first, towards the periphery. The influence 
of the size of hole should also be noticed; as the ratio OTq is increased 
the maximum and minimum hoop stresses increase until, when 
Wo approaches unity, the stress is equal to that in the thin ring, 
while the radial stress vanishes. 

Case 2. Disc subjected to stresses at the inner and outer edges. 
When the disc is subjected to radial stresses at either the-bore or 
the periphery, or both, the radial and hoop stresses within the disc 
will be diSerent from those given by the foregoing equations and 
the graphs of Fig. 220. There are two methods of evaluating the 
stresses. 
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Let/i = radial stress applied at bore (Fig. 221 ). 

/a = radial stress applied at periphery (Fig 221). 

In general, it is more convenient to consider tensile stresses as posi¬ 
tive and compressive stresses as negative. Reverting to the general 



Fig 220 —Curves Showing the Ratio of the Stress in a Disc of Uniform 
Thickness to the Stress in a Thin Ring with an Equal Peripheral Velocity 


_ Radius of bore 
External radius of disc 

eqs. (170) and (171), the constants \ and 62 ^^7 be found by 
writing in (170) when r == R^, and when r = Rg 

This gives the necessary expressions for and/^, also, if required, 
the radial displacement y, by inserting the values of and m 
eq. (169). 

In the second method the stresses due to inertia and those due 
to the applied radial forces are calculated separately and then 
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added to give the resultant stress. The stresses due to inertia are 
calculated by using eqs. (176) to (179). The stresses in the disc 
due to the applied edge stresses may be found by using Lame’s 



equations for a thick cylinder, provided the thickness of the disc 
is relatively small compared with the diameter. 

Then assuming that 

/r = and/, = A + 5 


where A and B are constants, and substituting /, = f^, when r — R^, 
and f^=f^ when r = Rg, we have— 


Ra®—Rx* \^Ra2— R^ay yS 


. (182) 


/aRa^-ARi^ / /a-A \ 

Ra®— Ri^ “'"^Ra^— Ri^y ' 


(183) 


Example 23. A disc 1 in. thick, 4 in. internal diameter, and 20 in. 
external diameter rotates at 4,000 r.p.m. Given that the density 
of the material is 0-284 lb. per cub. in., and that the value of a 
is 0-3, calculate the following— 

(a) Stresses in free rotating disc. 

(i) Stresses due to an imposed radial stress (tensile) of 6,000 lb. 
per sq. in. at the periphery of the stationary disc. 

(c) Stresses due to rotation and edge load combined. 
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(a) Free Rotating Disc. 

Rj = 2 in., Ra = 10 m. Substituting these values in eq. (176), 
we have— 

/, = 53-1 ^104- 

ft - 53-1 1^104 + - 0-575r2| 

The calculated values are given in Table XII and are shown in 
Fig. 222. 



(6) Here/i = 0, /a = 6000 Substituting in eqs. (182) and (183)- 
/. = 6250- 


/, = 6250 + 


25,000 
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The calculated values are again given in Table XII and Fig. 222. 
(c) The resultant stresses in the loaded rotating disc are found 
by adding the values obtained in (a) and (6) above, or by the 
following method. 

By eq. (170)- 


fr = + «^) + &l(l + ff) - ^ (1 — <y)| 


and since 


w(o\\ — or®) 


/r = - 53*lr2 + E ^l-43&i- 0-77 
When y = 2 in., /r = 0; when r = 10 in., = 6000. 


, 8230. , 60,000 

Ox — g . Oa — 


E 


and 


f^ = - 53-ly2 -f 11,770 
ft = — 30-65ya + 11,770 + 


46,100 

y® 

46,100 


Apart from negligible slide-rule errors, the values given by these 
expressions agree with those given in Table XII. 


TABLE XII 

Stresses in Rotating Disc of Constant Thickness Subjected 
To Radial Stress at Periphery 


(Example 28) 


Radius 
r in. 

Stresses in 
Unloaded 
Rotating Disc 

Stationary Disc 
Considered as 
Thick Cylinder 

Resultant Stresses 
in Loaded 
Rotating Disc 


D 

ft 

fr 

ft 

fr 

ft 

2 

0 


0 

12,500 

0 

23,200 

3 

2,680 

7,610 

3,470 

9,030 

6,150 

16,640 

4 

3,350 

6,360 

4,688 

7,812 

8,038 

14,172 

5 

3,350 

5,610 

5,250 

7,250 

8.600 

12,860 

6 

3,020 


5,555 

6,945 

8,575 

11,955 

7 

2,485 

4,460 

5,740 

6,760 

8,225 

11,220 

8 

1,790 

3,900 

5,859 

6,641 

7,649 

10,541 

9 

960 

3,310 

5,940 

6,560 

6,900 

9,870 

10 

0 

2,680 

6,000 

6,500 

6 000 

9,180 
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177 . Stresses in Turbine Wheel of Constant Thickness. Fig. 223 
shows a half-section turbine wheel forming part of a 

rotor turned out of a - ■ (see Fig. 200). 



Fig 223 


Let /a = stress due to blades, assumed to be imiformly distri¬ 
buted over the edge of the disc at radius 
fr = radial stress in disc proper 
ft = hoop stress in disc proper. 
ff = radial stress in shaft. 
ft = hoop stress m shaft. 
y = radial displacement of disc proper 
y' = radial displacement of shaft. 

Assume that the rotor has a hole (radius = ro) bored through 
the centre, in accordance with usual practice. 

We shall consider the shaft as a disc of constant thickness 
(equal to the axial distance between disc centres). If /,i is the 
radial stress in the disc proper at radius then, as a rough 
approximation, we may regard the shaft as being subjected to a 
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radial stress/,'i = —at its outer surface. The radial stress 
at radius is obviously zero. 

Referring to eqs. (170) and (171) for the disc of constant thickness, 
and ngin g capital letters for the constants for the shaft and small 
letters for the disc constants, we have— 

|(3 + <t)AV + Bi(l + ^T) - (1 - u) j =//o = 0 

^ |(3 + a)Ar,^ + B,(l + <r) - ^(1 - cr)| =//i = 

These are simultaneous equations in Bj and Bg, and enable us to 
express B^ and Bj in terms of/^,. 

But /,! = |«»'i®(3 + ct) + 6 i(l + c) — ^ (1 — £r)| 

Hence we can express Bj and Bg in terms of 6 i and fig- 
The radial displacement of the shaft at radius r^, when under 
stress, must be equal to that of the disc at the same radius. 

But y/ = + B^r^ + ^ 

/. jVi' may be expressed in terms of and Sg- 

But = ari® + Vi + p 

Therefore, by equating and we obtain one equation con¬ 
necting and ftg- 

Considering now the periphery of the disc, it will be clear that— 

^ar,^(3 + a) + b^il + a) - ^(1 - cr)| =f. 

Since /a is known, we have a second equation cormecting and b^. 
The solution for 6 i and b^ enables B^ and Bg to be found and 
the stresses in the disc and shaft to be calculated 

178 . Discs of Hyp^bolic Section. The foregoing examples on 
stresses in rotating discs of uniform thickness may be summarized 
in a (^grammatic form in Fig. 224. In {a) we have a continuous 
disc, in which the radial and tangential stresses are equal at the 
centre. The radial stress is zero at the periphery and the tangential 
stress di mini shes from the centre outwards. In (&) we have,a disc 
with a central hole, while in (c) the conditions are the same as in 
( 6 ) except that a radial stress of uniform intensity is applied at 
the periphery. In each case it wiU be observed that the more impor¬ 
tant stress, i.e. the tangential stress, is much greater at the inner 
radius t han at the periphery. In many cases it is important to 
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reduce the weight of the rotor to a minimum, for by so doing, the 
critical speed of the rotor may be raised or, alternatively, the shaft 
diameter for a given speed may be reduced. In order to attam this 
end, the distribution of stress should be as uniform as possible, and 
the greatest stress should be as high as possible. A better distribu¬ 
tion of hoop stress may be obtamed by reducing the thickness 
where the stress m the disc of constant thickness is low, and 



increasing the thickness where the stress is high; m other words, 
by using a disc of tapered section 

The calculation of stresses in tapered discs of conical profile pre¬ 
sents a mathematical problem of considerable difficulty—although 
solutions have been found A much simpler form to deal with mathe¬ 
matically is the hyperbolic profile, in which 


where C and a are positive constants (see Fig 225) 
this type is due to Professor A. Stodola 


Since t = C. 


1 dt a 

t ' dr r 


The solution for 


Substituting this value in the general equation (167), Art. 173, 
we have— 


d^ 
• dr^ 


-f r (1 — a) (1 -1- <x.a)y = 


fJMi^ y3 ^ „ qg) 


For the complementary function, write y = h . 


6 (^2 _ y) ^ ^ . yv _ (1 -f aor) 6 . yv = 0 

or — ay — (1 + ‘xo’) = 0 
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a la? 

from which 'Px = 2 aJ T ^ ' ' ‘ 

%=|—y^' + aor+l . . . (185) 



Thus there are two constants \ and 62 associated with the con¬ 
stants ‘>px and y 2 j and 

y = b-iT^ + 62 rv» 

For a particular integral, write y = ar^. 

&.r> + a.r"(l-.)-«r>(l + «r),^- 

is 

yMCO® (1 — or®) 

E{8 - (3 -f <r)a} * 


from which 


« = — 


(186) 
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a IS a constant depending on the speed and on the properties of 
the material Then the complete solution for the radial deformation 
y is— 

y = ar^ + . . . (187) 

Inserting values of ^ and ^ m (165) and (166), we have— 


= T~^ bjTV^-^ + (^2 + a) ( 188 ) 

ft = I + (1 + Vi<^) + (1 + y)z<^) 

. (189) 


Here again, and &2 constants which must be found by refer¬ 
ence to the conations at the inner and outer boundaries of the disc 
proper. 

Consider the hub first, and suppose that the mutual pressure 
between the shaft and the inside of the hub due to force fit isyi, lb 
per sq. m at the runnmg speed, or at the speed of rotation for which 
the stress calculations are being made When the disc is stationary, 
this pressure will, of course, be much greater. 

Considering the hub as a disc of constant thickness, then by eq 
(170) (using capital letters for the constants to distmguish them 
from the disc constants) we have— 

/. = (3 + <r) + B, (1 + ») - & (1 _ j 


where 


A 


jLLCO^ (1 — cr^) 

8E 


The disc is pulling outwards on the hub over a width with a 
tensile radial stress Then, approximately, the radial stress at 
the outer surface of the hub is— 

^ f _ frl 

Jri — 1 

‘0 

This approximation demands a sudden change in radial stress at the 
junction of the disc and hub which is quite impossible. We accept 
the approximation, however, as a rough and ready means of solving 
a problem of almost msuperable difficulty. Then— 

+ ») + B, (1 + .) - a (1 _ 

,^/aV (3 + ff) + B, (1 + ») - ^ (1 - »)| - /. 

since /q is compressive. These equations enable us to express Bj 
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and Ba in terms of the unknown stress/n, a value of/o having been 
assumed. 

Let y represent radial deformation of disc. 

Let y' represent radial deformation of hub or rim. 

Then 3 / 1 ' for the hub at radius is— 

and may be expressed in terms of f.fi. But for the disc— 

/’•i = + (v>2 + a) 

Hence y-^ may be expressed in terms of the disc constants and 
b^. But y-i for the disc is ar^ + + b^^*. Since the amount 

of radial deformation must necessarily be the same for the hub and 
the disc at y^ = yx- Thus we obtain one equation connecting 
and 62 - 

In general, the rim is of comparatively small section, and we may 
treat it as a loaded thin rotating ring. Let be the- radius to the 
centroid of the rim section. Due to the centrifugal force on the 
blades, etc., there will be a certain stress/s per sq. in. of periphery 
at radius r^, which may be calculated. The disc is pulling inwards 
at radius rg with a stress intensity over the thickness Consider¬ 
ing the forces across a diameter due, respectively, to the inertia of 
the rim, the stress/g and the stress /^, we have— 


Diametral force = 2 {fjxoH 2 ,dzr^ -j- 
Let/a' = hoop stress in rim 


= + r^sfs — 


‘'S^S 

Then, ignoring the radial stress, the hoop strain in the rim will be— 

orv'-^iLiA' 

Thus y^ may be expressed in terms of Z^, and hence in terms of b^ 
and 62 - But y^ for the disc proper is— 


3/2 = + Va’’* + ^2’^* 

Since y^ = y^, we obtain a second equation for b^ and b^, enabling 
these constants, and in turn and Bg, to be determined. Once 
these have been found, the stresses and strains in the complete rotor 
may be worked out. 

Exampus 24. Calculate the stresses in the turbine wheel shown 
in Fig. 226. given the following particulars— 

Speed of rotation, 3000 r.p.m.; mean radius of blades = 20 in.; 
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mean circumferential pitch of blades = 0*503 in ; centrifugal force 
on each blade, its shrouding, and the blade root = 2210 lb., mutual 
force between wheel and shaft at 3000 r p.m. = 500 lb per sq. in. 
Assume w for steel = 0*283 lb per cub in., a for steel = 0*3 
We first find the value of a for the wheel profile Tabulating r, 
t, log r, and log t — 


Radius 

r 

Thickness 
t ’ 

Log y 

Log t 

65 

1-5 

0 8129 

0*1761 

8 

1*2 

0 9031 

0 0792 

10 

0-96 

1-0000 

1*9823 

13 75 

0-7 

1 1383 

I 8451 


For the hyperbolic profile, ^ = C . r^, log t = log C — a log r, 

log^ 


log- 

^1 

Plotting the above values of log r and log t, it will be found that 
a = TOl. For the purposes of calculation, a wiU be made equal to 1 
Then, by eqs (184) and (185)— 

|Q qq 

= T744, and yj = — 0*744 Also, by eq 186, a =- 


In order to obtain the constants and stress equations 

(188) and (189), we consider first the hub 

_ (1 - < t 2 ) _ 8*22 

~ 8E E 


Hub. 


/o = _500. A = 


Radial stress in hub— 

fr' = (a*" (3 + <r) + B, (1 + ») - 5| (1 - cr)| 

-29-a-‘ + i(l-3B,-2^) ... W 

When r = 5 m , /,' = /o = — 500. Substituting m (a) we have— 
Bi-0*0215 = . . (6) 

Also, when r = 6*5 in.— 

where/ri is the stress in the disc at 6*5 in. radius. 
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Substituting in eq. (188), we have— 

= — 2146 + 9-06E&1— 0-01864E&2 
/^' = —859 + 3-62E6i— 0 - 00746 E 62 . . (c) 

By eq. {a) above— 

= - 1258 + l-43EBi - 0-0182EB2 . . {A) 

Equating (c) and (A), and simplifying— 

279 

Bi — 0-0127B2 = ^ + 2-53&1 — 0-00522&2 - (e) 


From ( 6 ) and {e) we obtain the values of and Bg, the hub con¬ 
stants. 


Bi = ^^ + 6'19&i-0-0128&2 . . (/) 

-D 12,260 

B2 = ^—+ 288&1—0-59462 • • fe) 


The radial deformation of the hub at radius is— 


y-]^ — Ar^® -f- H- -> as = 6-5 


2450 , o. ct 
= —g-1- 84-56i ■ 


0-174662 


i.e. 


But for the Aisc, y^^ = ar-^ -{- b^x’’* 

- 1 - 26-186i -h 0-24862 


{h) 

(»•) 


Equating jy/ and y^, we find— 

107-Q 

61-0-0072662 = - 

Ji- 

This is one of the two expressions relating and 62 - 

Considering now the rim, we have = 14*7 in. The area of the 
rim section is 2-84 sq. in., and since = 2T25in., = T335in. 
Since the circumferential distance at 14-7 in. radius, corresponding 
to one blade pitch, is 0-37 in., the stress due to the centrifugal 
force on the blades is— 

2210 

= 2 -125 x 0-37 = 

Hoop stress in rim 

= 46,600 - 3-39/rts 
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Also 


= 


ral 685,000 49-9/^ 


EE E 

Substituting for — 13-75 in eq (188) for the disc— 
f^ = - 9590 + 15-78E6i- 0-00503E62 
1,163,000 


yz 


E 


7876i + 0 250562 


Also 


+ Va’’’ 

36,400 


4- 97-056i + 0-142362 


Since = yz. 
and 


h = 

62 = 


1380 

E 

205,200 


Substituting in eq. (188) and (189), we now obtain the general 
equations for the disc stresses— 

/^ = _ 50-75y2 + 3100r0’’“ - 
ft=- 29-2ya + 2320 

The hub constants are readily found to be— 

Bi= and Bj = —^ 

and the equations for the hub stresses— 


// = — 29-8y2 + 9070 ■ 
// = — 17-2^2 + 9070 + 


221,000 


221,000 


The radial deformations of the disc are— 
K.y = - 13-99x3 _j_ 1380 


and for the hub— 

'Ey' = — 8-22x3 ^ 6343 ;. 4 . 

The calculated stresses and radial displacements are set out in 
Table XIII and m Fig. 226. The calculations were made with an 
ordmary 10 -m shde rule 
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It is interesting to calculate the proportion {x, say) of the mass 
of the rim, the centrifugal force on which is directly applied to the 
disc. 



TABLE XIII 

Stresses and Radial Deformations in Turbine Wheel 
OF Hyperbolic Section 


Radius 

Inches 

Stresses—^Lb. per sq. in. 

Radial 
Deforma¬ 
tion 
y in. 

fr 

u 

5 

-525 

17,490 

0*002 94 

5*25 

218 

16,626 

0*002 90 

5*5 

858 

15,859 

0*002 86 

5-75 

1,395 

15,192 

0*002 83 

6 

1,858 

14,590 

0*002 81 

6*25 

2,255 

14,047 

0-002 79 

6*5 

2,570 

13,583 

0-002 78 

6*5 

6,540 

1*4,810 

0*002 78 

7 

7,330 

14,350 

0*002 82 

8 

8,640 

13,670 

0*002 95 

9 

9,620 

13,340 

0*003 11 

10 

10,320 

13,090 

0*003 32 

11 

10,850 

12,950 

0*003 56 

12 

11,090 

12,800 

0*003 78 

13 

11,220 

12,720 

0*004 04 

13*75 

11,120 

12,560 

0*004 23 
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Consider an element of the run corresponding to one blade. 
Then— 

Volume of nm = 2-84 x 0’37 = 1-05 cub. in 

Mass of run = 0*297 lb 

Centrifugal force on unsupported element = 1,115 lb. 

Force on blade = 2,210 lb 

Total radial force = 2210 + 1115«. 

But this equals 0*3464 ‘fr 2 > smce 0*346 is the circumferential 
pitch corresponding to one blade, and as 4 = 0*7, and = 11,120— 

2210 + 1115a; = 2695 
or X = 0*435 

This kind of mformation is useful in the imtial stages of design, 
for if the permissible radial stress at the outer radius is known 
the thickness at the outer boundary of the disc may be readily 
estimated 

179 . The Disc of Constant Stress. If a turbine wheel can be con¬ 
structed so as to be contmuous through the centre, then it is possible 
to obtain a form which shall give a uniform stress, both radial and 
tangential, at all points Such a disc is known as "the disc of 
constant strength " 

Let / = /r = /i be the constant stress Substituting m eq. (164) 
and noting that / is a constant— 


or 


or 


, , dt , ucohH 

dt _ itxohd 

dr / 

dt _ woi^ 


Integrating, we have— 

= {%.dr 

J tj' J r» 


loge^ 


WCO^ 

w 


{r^-r^^) 


dr 


(190) 


If t is the thickness at any radius r, and 4 is the thickness at the 
centre, then— 


log. I 


wcoh^^ wu^ 


t = & 2fff • 


(191) 


or 


* (192) 
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In cmplo\-ing these equations the same system of units must be 
used t';""rc''o'Tt. 

Tht 'i'- .)rmationy of the disc is given by the expression— 

3' = J(/t—-/r) 



O') 


and since / is a constant, y varies directly as r. 

Example 25. Calculate the thickness of a de Laval steam tur¬ 
bine rotor for values of the radius increasing by 1 in., given the 
following data: Uniform stress, 25,000 lb. per sq. in.; 10,000 r.p.m., 
density of steel, 0-283 lb. per cub. in.; diameter of disc just under 
rim, 24 in.; thickness of &sc at this point, f in. 


CO = 


10,000 X 27r 
60 


1047 radians per sec. 


w 0-283 lOAl^xr^ 

2g ' / ~ 64-4 X 12 ■ 25,000 

= 0-01608y2 

t = to. 

logio^ = logio #0 - 0-01608r2 . logio 2-7183 
= logio k — 0-006971-2 
When r = 12 in., t = 0-375 in. 

Hence ^ = 3-7758. 

Equation for t is; log t — 0-577 — 0-006971-2. 

The work may be arranged as follows. A slide rule was used in 
constructing Table XIV. 

TABLE XIV 


Calculaxions for Disc of Constant Strength 


r 


0-00697y!s 

logio* 

t 

0 1 

0 

0-0 

0-5770 

3-7758 

1 

1 

000697 

0-5700 

3-7156 

2 

4 

0-02785 

0-5492 

3-5412 

3 

9 

0-0626 

0-5144 

3-2689 

4 

16 

0-1113 

- 0-4657 

2-9222 

5 

25 i 

0-174 

0-403 

2-5290 

6 

36 

0-251 

0-326 

2-1180 

7 

49 

0-341 

0-236 

1-7220 

8 

64 

0-445 

0-132 

1-3552 

9 

81 

0-564 

0-013 

1-0304 

10 

100 

0-697 

1-880 

0-7586 

11 

121 

0-844 

1-733 

1 0-5407 

12 

144 

1-003 

1-574 

0-3750 
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A transverse section o” e-half of the wheel is shown m 

Fig. 227. The method < =' :■ the spindle to the wheel while 

preserving the continuity of the disc is indicated by the dotted 
lines. See also Art. 160, and Fig. 194 

i8o. Effect of Holes in Discs. The necessity of dnlhng a number 
of pressure-equalizing holes in the wheels of impulse turbines has 



Fig 227. —Disc of Constant Strength 


been pointed out in Art. 161. The influence of such holes on the 
maximum stresses in the disc or wheel may be approximately 
gauged from a consideration of the stresses at a hole m a flat plate 
subjected to a tensile stress. This problem has been studied mathe¬ 
matically and the results checked by photo-elastic and other 
methods. The results may be very briefly summarized as follows. 
If a flat plate (Fig. 228 [a ]) be subjected to a tensile stress which, at 
some distance from the hole, has a sensibly uniform value /, then 
the stress across the sections AJB and CD varies in the rnanner 
shown by the curves, the maipmup:! values at A and C being 
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The stresses at the edge of the hole are necessarily principal stresses, 
the radial stress (referred to hole) being zero. The tangential stress 
is tensile over the arcs EAF and GCH, steadily diminighin g from 
A and C and vanishing at E, F, G, and H. Between E and G, and 
F and H, the tangential stress is compressive, reaching the maxi¬ 
mum value, equal to /, at K and L. 

Consider now an element of a turbine disc symmetrical about 
the hole ABCD, Fig. 228 (6), and a radial line through the centre of 



(Cl) (b) 

Fig. 228.—Stresses at Holes 

the hole and of the disc, and suppose for the sake of illustration 
that at some little distance from the hole the radial and hoop 
stresses and in the disc are sensibly uniform. Then, by the 
pmciple of superposition, the stresses at A and C, acting in the 
direction shown by the arrows, due to the imposed disc stresses, 
will be approximately equal to— 

/i = 3 /^—fr 

and the tensile stresses at B and D will be equal to— 

A == Wr~ft 

In the most favourable case, where is approximately equal to 
/i, the concentrated stress feaches the value 2/^. The 

above analysis must be regarded as approximate only, giving the 
order of the greatest stress rather than its absolute magnitude. 

by ^erspeeding. A more favourable distribu- 
uon of stress in a turbine rotor may sometimes be obtained by 
intentionally overspeeding the rotor and causing the elastic limit 
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of the material to be exceeded in certam regions of the wheel. This 
sets up a state of stress in the stationary wheel, which, when super¬ 
imposed on the stresses produced by rotation, results in a more 
uniform distribution of the hoop stress. The method is illustrated 
by Fig. 229, which shows stress curves for a disc 40 m. diameter 
with a central hole 8 in. diameter At 3,000 r.p m {u = 524 ft per 



Fig 229 


sec.) the curves of hoop stress and radial stress are A and B respec¬ 
tively. Suppose that the yield stress for the material is 50,0001b 
per sq m Then if the speed be increased to 4,320 r.p m. the hoop 
stress curve is C and the radial stress curve is D. The maximum 
hoop stress is now just equal to the 5 neld stress, and provided tins 
stress IS not exceeded, the disc on coming to rest will return to its 
former dimensions and will be quite free from stress. If now the 
speed is increased to, say, 5,000 r.p m , the material near the centre 
of the disc will be in the plastic state and will yield at a stress equal 
to, or even lower than, the peld stress. The distribution of hoop 
stress will then be given by a curve such as E, and of radial stress 
by a curve such as F. If the disc is now allowed to come to rest, 
the outer part of the disc contracts elastically and puts the inner 




388 STEAM TURBINE THEORY AND PRACTICE 

part in compression. The radial stress is now entirely compressive, 
as shown by the curve G, while the hoop stress, curve H, is partly 
compressive and partly tensile. If now these stresses are super¬ 
imposed on the original stress curves A and B, we obtain the hoop 
and radial stress curves, K and L, respectively. 

Messrs. C. A. Parsons & Co., Ltd., have used this method of 
overspee^ng turbine rotors since the year 1905. Particulars of 
the method have been published in a paper ( 1 ) by Mr. C. D. Gibb. 
T.iTfft most builders of large steam turbines, Messrs. Parsons have 
an overspeed test chamber constructed of strongly reinforced con¬ 
crete 3 ft. thick, covered with earth to a depth of 15 to 18 ft. Rotors 
to be tested are set up in bearings in the test chamber and driven by 
an electric motor which is under remote control. The Tjnbladed 
rough-machined shaft or disc is driven at a speed 1-5 times the 
normal speed. In the case of discs, the overspeed is carried on 
until the eye of the disc opens out and takes a slight permanent set. 

182 . Materials and Working Stresses. The t 3 rpe of material used 
will depend chiefly upon the estimated stress in the rotor and on 
the temperature to which the discs or wheels are submitted. The 
subject of materials and the heat treatment thereof is so vast that 
it is impossible to do more than give a few scanty facts on possible 
working stresses. 

Before touching on the subject of materials, .'r,Trrthi’'.~ may be 
said about the term “factor of safety.” This, as is well known, is 
taken to mean the ratio of the strength of the material, based on 
test bars, to the estimated maximum stress in the part under con¬ 
sideration. In some fields of engineering work, the ultimate strength 
of the material is taken as the basis; in others, it is considered that 
the yield point (in place of the true elastic limit, which is difficult 
to determine) should also be considered in estimating working 
stresses. While avoiding a discussion of a somewhat difficult sub¬ 
ject, it may be said that in dealing with materials which have a 
well-marked 3 deld point there seem good reasons for taking this 
property into accoimt. As already stated on page 333 , Mr. K. 
Baumann recommends that the mean of the factors of safety referred 
to the yield point and the ultimate strength should not be less than 
four when the stresses have been calculated for the normal speed. 

It should be pointed out that such a factor of safety is no minal , 
the real factor depending on the stress conditions. According to 
the strain-energy theory of elastic feilure (which has received a 
certain amount of experimental support), if a material is subjected 
to two principal stresses and f^, and if the jneld point of the 
material be /„ and Poisson’s ratio be a, then— 

Taking a = 0-3 for steel— 

/i*+/2*-0-6A/a=/v® 
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In many turbine discs, the radial and hoop stresses are approxi¬ 
mately equal. In such a case, a stress equal to 0*845 times the 
3 neld stress would produce elastic failure It will be seen, therefore, 
that m the case we have just considered, if the apparent factor of 
safety based on the yield stress of the material is 3, the real factor 
IS not 3, but 2*55, while at an overspeed of 10 per cent the real 
factor of safety is only a little over 2. 

For rotors subjected to moderate stresses and temperatures, a 
plain carbon steel may be used. The properties of such a steel 
depend on the percentage of carbon and other elements The 
following data are taken from a paper by Dr. W. H. Hatfield. 
Steel No. 1 had the foUowiag analysis * C 0*25; Mn 0*58, Si 0*11; 
Ni 0*13, while No. 2 gave; C 0*33, Mn 0*58; Si 0*21; and Ni 0*20 


Steel No 

1 


2 

Heat Treatment 

Nonnahzed 
890° - 900° C 

Annealed | 

660° C for 48 hr i 

1 

Normalized 

1 850° C 

1 

1 

Limit of propor¬ 
tionality . 

17°5 tons/sq m 

14*7 tons/sq. m. 

19 5 tons/sq in. 

Yield pomt , 

20*6 

16*5 

23 5 

Ultimate stress 

33 9 

29-8 

38 2 

% Elongation 

30-0 

32 0 

28 0 

% Red of area 

63-6 

60 0 

60*7 

Y-!P 

Ratio: 

0-61 

0-55 

0 62 

u s 


The safe workmg stresses for steels 1 and 2 would be about 16,000 
and 18,000 lb. per sq. in. respectively. 

The addition of mckel to a carbon steel mcreases the strength 
and also raises the yield point ratio. Typical properties of mckel 
steel are as follow— 


Percentage of Nickel 

3 


5 

Condition 

Annealed 

Heat* 

Treated 

1 

Annealed i 

1 Heat* 
j Treated 

Yield point, tons/sq. in. 

27 

47 

28 

47 

Ultimate strength, tons/sq in 

39 

55 

43 

65 

% UloTigation . 

31 

22 

19 

20 

% Red. o£ area 

64 

57 

42 

60 

Y^.P. 

Ratio- us * 

0*69 

0 85 

0 65 

0*72 

Safe workmg stress. 





Ib./sq. m . . . 

18,500 

28,500 

20,000 

31,000 


* Oil quenched at 820° C.; tempered at 650° C., and again quenched m 
oil. 
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For TiigTi temperatures and high stresses, steels containing the 
element molybdenum are now used. Such steels may be hardened 
without quenching and are thus known as air-hardening steels. 
A typical material of which particulars have been published is 
Vickers' Vibrac steel. The approximate composition of Vibrac V30 
is: CO-3; Si 0-15; Mn 0-60; P 0-03; S 0-04; Ni 2-5; Cr 0-60; 
and Mo 0-60. Vibrac steel, oil hardened at 840° C. and tempered 
at 650° C., has the following mechanical properties: Yield point, 
52 tons per sq. in.; ultimate strength, 60 tons per sq. in.; per cent 
elongation, 2T5; per cent reduction of area, 57. The probable 
safe worktog stress for such a material is about 31,0001b. per 
sq. in. 

For a full specification regarding the heat treatment of a turbine 
rotor forging, the reader is referred to the paper by Mr. C. D. 
Gibb (1). 
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EXAMPLES XIX 

1, Assuming that the elastic limit of nickel steel is 66,0001b. per sq. in. 
and that the density is 0*283 lb. per cub. in., at what peripheral speed 
could a thin ring be rotated in order that the hoop stress would just equal 
the elastic limit? What is the alteration in diameter of a ring originally 
40 in. diameter, if E = 30 X 10® lb, per sq. in. ? 

2. The following particulars refer to a direct-coupled marine turbine of 
the reaction type— 


Outside diameter of drum. . . . . . 113 in, 

Thickness of drum . . . . . . .1*5, 

Height of blades (above drum) . . . . .10*5 

Axial pitch of rotor blades ..... 2 , 

Circumferential pitch of blades ..... 0*445 , 

Depth of blade groove ...... 0*625 , 

Width of blade groove ...... 0*625 , 

'Weight of blade material per ft. length . . . 0*246 lb. 

R.p.m. ......... 320 


Calculate the average hoop stress in the rim. 


3. A plain continuous disc 20 in. diameter and of uniform thickness is 
rotating 5,000 r.p.m. ^ Calculate the maximum intensity of stress in the 
disc and the increase in diameter. Assume that w = 0*28. lb. per cub. in., 
E = 30 X 10® lb, per sq. in,, and a = 0*3. 

4. If the d^ in Question 3 is loaded with an edge tool of 3,000 lb. per 
sq. in. of peripheral area, calculate the maximum hoop stress in the disc 
and the increase in diameter, 

5. If a disc of 20 in. diameter of uniform thickness, rotating 5,000 r.p.m.. 
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be pierced ■with a bole 4 m. bore for a shaft, and subjected to an edge load 
at the penpheiy of 3,000 lb per sq in., calculate— 

[а] The hoop stress at the bore. 

(б) The hoop stress at the periphery. 

(c) The increase in diameter at the bore 

[d] The increase in diameter at the penphery 

Assume that the radial stress at the bore is zero 

6 A De Laval rotor of constant strength is to be run at 16,500 r p m 
The disc is 10 in diameter under the nm and the thickness at that pomt 
IS 0 3 in The allowable stress is 20,000 lb per sq in. and the weight of 
the matenal may be assumed to be 0 283 lb per cub. m Calculate the 
thickness of the disc {a) at the centre, [b] at a radius of 3 m 

7 A disc of uniform thickness has external and mtemal diameters of 20 
and 4 in. Tesnecbvpiy. and turns at 4,000 r p m. The disc cames at its peri* 
phery a ('i which apply to the periphery a centrifugal force of 
5,0001b perm of circumference. If lie maximum stress in the disc is limited 
to 20,0001b per sq m, what must be the tbckness of the disc? Assume 
E = 30 X 10*lb persq.m, oss 0*3,and?ei = 02831b.percub.m 

8. A series of discs 40 m diameter and 2 m thick are arranged close 
together on a hollow shaft which has external and mtemal diameters of 10 m 
and 4 m respectively When the discs are tummg at 2,000 r p m they are 
subjected to an edge load of 6,000 lb per m of circumference and an mtemal 
pressure of 1,0001b. per sq, m surface due to being shrunk on the shaft 
What is the maximum stiess in the disc ^ 

Calculate also the amount of shrink fit on the diameter, the “Ttvr.l i:.t':r=!'ty 
of pressure between the bore of the discs and the surface o' •.lis-.-n 

the rotor is at rest, and the maximum stress m the stationary disc. Assume 
E = 30 X 10® lb per sq in., o’ 0 3, and le; 0*283 lb. per cub in 



CHAPTER XX 


THE CRITICAL SPEED OF TURBINE ROTORS 

183 . Definition. Consider a symmetrical body such as a turbine 
rotor whose mass-centre, for one reason or another, does not quite 
coincide with its geometrical axis. Then as the body is rotated, 
there will be a certain transverse force (whose direction rotates at 
the same speed as the shaft) tending to deflect the shaft. It is 
found by experience that as the speed is increased the deflection of 
the shaft from its rest position also increases. As a particular speed 
is approached, the deflection increases very rapidly and may be so 
great that the shaft becomes permanently bent. If the speed be 
increased so rapidly that there is insufficient time for the deflec¬ 
tion to grow, then it is found that after the above-mentioned speed 
is passed, the deflection begins to diminish and smoother running 
is obtained. The speed at which the shaft displacement tends to 
be very large is known as the critical speed. As the mass-centre 
rotates about the rest axis, the shaft behaves like a very taut 
skipping rope; hence the phenomenon is known as “whirling,” 
and the critical speed is often referred to as the whirling speed. 
In certain cases, if the speed is increased still further a second 
resonant speed is encountered, then a third, and so on. 

184 . Balancing- Theoretically, a turbine rotor is a balanced body, 
but actually, errors of balance are introduced by various causes, 
such as— 

(1) Lack of homogeneity of the material. 

( 2 ) Slight errors in machining. 

(3) Differences in the pitch of the blades and also in their indi¬ 
vidual masses. 

Thus it is always necessary to test the balance of a completed 
turbine rotor and make any adjustments necessary to ensure that 
the balance is as good as it is possible to make it. There are two 
chief methods of balancing turbine rotors, namely, the static and 
dynamic methods. 

( 1 ) Static Balancing. The simplest method of static balancing 
is to place the rotor with its journals on two dead level metal sur¬ 
faces, which are commonly termed "knife edges,” but which have 
a narrow flat surface. The rotor is placed in various positions and 
allowed to roll xmtil it comes to rest. If rolling friction were absent 
the rotor would finally come to rest with its mass-centre vertically 
below the geometrical axis—^assuming the rotor to be out-of¬ 
balance. Actually, rolling friction does not permit the mass- 
centre to reach this position, but if the rotor be rolled to rest in 

392 
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both directions the correct direction of the mass-centre will bisect 
the angle between the apparent directions Once the heavy side 
has been found, trial balance weights are added to the light side 
and varied by trial and error until the rotor will remain at rest m 
any position on the knife edges. The rotor may now be balanced 
either by attaching or removmg mass from the rotor in such a way 
that the moment of added mass is equal to that of the trial balance 
weight. It is generally preferable to remove the mass by chipping 
and fihng or by drilling holes, according to the circumstances. Some 
turbine builders machme special grooves in the end discs or wheels 
for the insertion of balancing masses which are finally secured by 
screws. Experiments made by the author show that the hmit of 
accuracy possible by this method depends upon the material used 
for the knife edges, and may be expressed by the final displacement 
<3 of the mass-centre from the axis of rotation. 

For mild steel journals on cast-iron kmfe edges, d = 0-00113 in. 

For mild steel journals on hardened steel knife edges, d = 
0-0004 in. 

Such a close approach of the mass-centre to the axis of rotation 
as 0-0004 m may seem at first sight to be a very satisfactory result, 
but a simple analysis will show that the ratio of centrifugal force to 
the weight of the rotor is about 10 per cent at 3,000 r p.m and no 
less than 40 per cent at 6,000 r p.m. 

The following is a simple method of static balancing which gives 
a greater refinement than the rough method described above 
Assuming that the rotor is set up on “kmfe edges” or rolling 
ways, the periphery of the wheel at one end is divided into, say, 
eight equal parts and these are numbered in order To overcome 
rolling faction and produce an appreciable amphtude of roll, a 
constant mass, the “rolling weight,” is attached to the rotor at 
each of the eight stations in turn. In each case the rolhng weight 
is brought into the horizontal plane and the rotor then carefully 
released. The distance which the journal roUs along the rolling 
ways before coming momentarily to rest is measured for each of 
the eight positions. This is repeated by rolling the rotor in the 
opposite direction and the mean amphtude of roll obtained for each 
station These values are plotted agamst station numbers and a 
curve resembhng a sine curve obtained. The heavy side is indicated 
by the greatest amplitude. Trial masses are now added on the light 
side and the process repeated until the amplitudes are -’-actually 
identical By the adoption of such a method the residual i''-:p!isce- 
ment d of the mass-centre should not exceed about 0-0002 in. if the 
balancing is done on steel knif e edges. 

(2) Dynamic Balancing. That the “ static ” method of balancing 
does not necessarily lead to good balance m the case of a complete 
rotor will be at once evident from Fig. 230. Let Wi and Wg be two 
out-of-balance masses in a plane contaimng the axis and at radii rj 
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and vroTv. '-.rh that is equal to Then, so far as 

it is iV '-ib’c: (. want of balance by "static” methods, the 

rotor is in perfect balance, since the moment of W2 about the a vis 



win balance that of in any position. If now the rotor is made to 
rotate, centrifugal forces F, which are equal, act on the mass of 
rotor, producing a couple Fa and causing "rough” running. 

Various d3m.amic balancing machines have been devised and 
employed, but one of the most successful is the Lawaczek-Heymann 


C AC 



machme constructed by Messrs. C. Schenk, of Darmstadt. The 
prmciple of this machine is illustrated diagrammaticaUy in Fig. 231. 
The rotor is carried in bearings A which are supported by a vertical 
spring or reed B, made of steel. This reed is rigidly fixed at its Ipwer 
end in a heavy bedp^te, but is free to move laterally when the 
screwed stops C are withdrawn. It will be clear that for any given 
reed ^d ^y given weight of rotor there will be a particular speed 
at which, if the rotor is out of balance, the inertia forces will produce 
resonance. The reeds are so designed that the resonant speeds vary 
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from 200 to 500 r p m The rotor is driven by an electric motor 
either through a magnetic clutch or a spur gear D, which may be 
withdrawn. In makmg a balance, both ends of the rotor are locked 
and the rotor run up to a speed above the resonant speed. After 
disconnecting the drivmg motor, the stops are withdrawn from 
one of the bearings, so that it is free to oscillate, the other bear¬ 
ing remammg fixed. As the speed falls the oscillations mcrease 
as the resonant speed is approached. The amphtude of oscil¬ 
lation, magnified ten times, is recorded on a drum. Various 
methods are employed to detect the heavy side of the rotor. 
In one method a small constant mass is attached to the rotor at 
each of eight points equally spaced round the end wheel, and the 
amphtude measured The pomt for which the amphtude is least 
shows the light side, and balance weights are added to this side 
until one end of the rotor appears to be balanced The bearings 
at that end are now locked and the others freed. The process is 
repeated for the other end and a temporary balance effected. That 
end is next locked and a re-baJance made at the end which was first 
balanced This process is repeated until a correct runnmg balance 
IS obtained with both bearings free The sensitivity of the 
Lawaczek-Heymann machine is stated to be such that the final 
jj^splacement d of the mass-centre from the axis is of the order 
0 00008 to 0 0001 in The American Westmghouse Co have de¬ 
signed and constructed balancmg machines operating on a similar 
principle. The maximum out-of-balance obtamed with these 
machhies is stated to be 1 in-oz. per 1,0001b rotor weight, i.e. 
d IS about 0-00006 in. 

However carefully a rotor may be balanced, it is essential that 
there should be a sufl5cient margm of speed between the normal 
speed of rotation and the cntical speed. The latter must be calcu¬ 
lated m the design stage, and the proportions of the shaft or rotor 
must be so chosen that the necessary margm can be guaranteed. 
When the critical speed is higher than the running speed, the shaft 
is said to be “stiff”, when it is lower than the running speed the 
shaft is said to be “flexible ” Either t3^e of shaft may be used for 
constant-speed turbines such as those drivmg alternators, etc., but 
m marine work the rotor shaft should always be stiff. 

A number of spedal cases arise for consideration. 

185. Case I. Small-dtameter Shaft Supporting a Single Wheel. 
Fig, 232 shows a very light spindle freely supported in spherical 
bearmgs and supporting a smgle wheel of mass Wlb. AH deflec¬ 
tions are much exaggerated for the sake of clearness. 

Note that A is the static deflection of the shaft at the wheel centre 
due to the weight of the wheel only. By considering a vertical 
shaft we can ehmmate gravity, the rest position being the straight 
line through the bearmgs 

It win be assumed that imperfections of workmanship cause a 




I' D- ;' 


Fig. 232 


In fact, the centre of gravity G rotates around the static shaft 
centre D in a circle whose radius is y + (3, and everywhere the 
centrifugal force is equal to— 

~ (y + <5) 


Similarly, the centre C rotates around the centre D in a circle 
whose radius is y, and if the stiffness of the shaft is F lb. per 
in. deflection at the point where the wheel is attached, i.e. if it 
requires F lb. to produce a deflection of unity at the point where 
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the wheel is attached to the spindle, then the force of restraint 
which just balances the centrifugal force will be— 

Fy lb weight. 


Hence 


and 



g 

Wo)2 


{y + d) 

6 


g 


co^.d 



For any given accidental deflection d, we may consider how y 
vanes when a> is given different values 

F^ 

(1) When tu® is less than , y and <5 have the same sign, and 

hence G is always situated from D on the other side of C. More¬ 
over, as CO IS increased, the denominator decreases and y gradually 

Fg 

increases, until when co® approaches ^ the value of y approaches 
infinity. p ^ 

(2) When co® equals ■— , the denominator is reduced to zero and 


the value of y becomes infinite. This value of co is the criHcal. 
It may be shown that the natural frequency of transverse vibration 
of the above system is— 


277 


J 


Fp 

Vibrations per sec. 
W 


Hence the critical speed in revs, per second is the same as the fre¬ 
quency of natural vibrations. 

In all cases where the radu of gyration of the rotatmg masses 
are small compared with the length of the shaft, the critical speed 
comcides with the natural frequency of vibration The correction 
required for "'rotational inertia” is usually only a matter of 1 or 
2 per cent, and as we usually require a figure with a margm of some 
15 to 25 per cent, the effect may be neglected, and the question of 
critical speeds may be approached as the problem of j^dmg the 
fundamental frequency of natural vibrations 

(3) When co^ is greater than i e when the running speed is 

greater than the critical, the value of the denominator increases 
and y is reduced. Moreover, the value of y is negative, which 
means that the centre of gravity G now lies between the static 
deflected centre D and the whed centre C, as shown in Fig. 233, 
(1) and (2). 


14—(T.5200) 
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In this position the effective radius of the centre of gravity G 
is y - 5 and, as y is further reduced, the effective radius y - <5 is 
still further reduced. This goes on, until at a very high speed 

the value ofbecomes so small compared with co® thaty approaches 
W 

the value - d and then the wheel commences to rotate around its 
centre of gravity G, with great stability. _ 

This is the principle of the ingenious flexible shaft of Dr. de Laval, 








In the above theory it has been shown that the whirling speed is 
equal to the natural frequency of transverse vibration of the same 
system. It has also been assumed that the centre of mass lies in 
the plane of bending of the shaft, i.e. y and d are in the same straight 
Une._ At the critical speed, however, it can be shown experiment^y 
that the centre of mass is at right angles to the plane of bending, 
i.e. y and 5 are at right angles, while at speeds above and below the 
critical the truth of the previous deductions regarding the position 
of the mass-centre can be demonstrated. 

In 1919 the late Dr. Jeffcott (1) formulated a new theory, dealing 
with the problem as a forced vibration. He maintained that the 
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shaft did not primarily rotate about its rest position, as we have 
assumed, but about its own centre hne, i e that G does not rotate 
primarily about D at radius y + <5. but about the wheel centre C, 

W 

the centrifugal force bemg thus —This force projected on 

S 

to two planes at right angles mtroduces two similar simple har¬ 
monic forces in these planes Two similar transverse vibrations of 
the same frequency a> as the disturbance and of amphtude y are 
thus forced, and the resultant of two such simple harmonic motions 
is a circular vibration of speed o) which, combined with the rotation 
of the shaft about its own axis, will produce rotation in a fixed 
bent shape. When the problem is treated in this way the same 
formula will be obtained as before but, in addition, all the observed 
phenomena can be explamed. 


Hence the critical angular 


velocity 


- Ili 
~ V w 


. (193) 


Let C 0 g= critical angular velocity m radians per sec. 
«e= critical angular velocity m revolutions per sec. 
Nj= critical angular velocity in revolutions per mm. 
g = acceleration of gravity (32-2 x 12 m. units). 


Since 



± /li 

277 V W 


Let I = span of bearings m inches 

I = second moment of area of shaft section (in ^) 
E = Young's Modulus of Elasticity. 


Then static deflection A at wheel centre = 


cWP 

El 


where c is a constant depending on the method of supporting the 
shaft. 


Similarly, unit deflection 1 = 

F = 

mm ^ 


El 

m 

cP 


Hence 



. ( 194 ) 



Values of V - Inches. 
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Values of c — 

(1) Both ends of shaft simply supported c = 

(2) Both ends of shaft fixed c = 

(3) End A fixed, end B simply supported— 


31 ^ 

3Z6 




{3a + 4J) 
12^6 


Example 26. The rotor of a De Laval turbine weighs 4 lb., the 
shaft is I in. diameter, and the span of the bearings is 14 in. The 


■j 



wheel is Sin. from one bearing. Calculate the critical speed, 
assuming both ends free and E = 30 x 10® lb. per sq. in. 

If d = 0-001 in., calculate and plot values of y for various values 
of £0. 

Static deflection A = ~ 


3EIi 


4 X 8® X 


3 X 30 X 10® X 0-0009705 x 14 
= 0-007539 in. 

187-7 


a/0007539 


= 2162 r.p.m. 


Critical speed N, 
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Since 4 lb. produces a deflection 0 007539 in., the force to produce 
unit deflection must be— 

-.1- = F 

0 007539 


_ 32 2 X 12 X 4 
W ~ 4 x"0 007539 


51,240 


Hence 


0 - 0010)2 

^ 51,240.- 0)2 


A few values of y are given below for corresponding values of w — 


o) 0 100 200 224 226 226 5 230 2,000 

y 0 -00024 -00356 0483 -365 oo -032 - 001013 

A graph showing these results is given m Fig. 234. 

186. Rayleigh’s Approximate Solution for the Fundamental Fre¬ 
quency of a Single-span Beam or Shaft. Durmg a free vibration the 
total energy of the system remains constant Thus, considering a 
shaft vibrating transversely, the maximum kmetic energy as the 
shaft passes through its mid-position wiU be equal to the maxi¬ 
mum strain energy at the end of a vibration To evaluate these 
terms the displacement of every pomt m the shaft during \Tibration 
must be known, i e the shape of the vibration curve must be known. 

Lord Rayleigh has shown that different assumptions regarding 
the shape, provided they are reasonably like the actual shape, 
make very little difference to the calculated frequencies, the fre¬ 
quency obtained always bemg higher than the actual, since a wrong 
shape means greater constraint and therefore stiffening of the 
shaft 

A simple assumption is to consider that the shape taken by the 
shaft durmg vibration is that of the static deflection curve when the 
shaft is supported horizontally, le if any one pomt in the shaft 
suffers a deflection from its rest position proportional to its static 
deflection then the deflection of every other point is the same 
proportion of-its static deflection. But since the amplitude does 
not afreet the frequency, we may assume that the amplitude of 
vibration of any pomt is equal to its static deflection This gives 
a very simple solution for the stram energy since the force causing 
this deflection is equal to the loading 

187. Case II. Uniform Shaft with Uniformly-distributed Load. 
Ends freely supported. (Fig. 235.) 

Let I = length of shaft between bearings (inches). 
w = load per in. length in lb. 

I = second moment of area of shaft (inch units). 
y = static deflection of shaft at a pomt * m. from one end. 
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Consider an element of the shaft 6x units long. Then mass of 
element = w . dx. 

VS . 

Strain energy for element for deflection y = —^— X y. 

r 

y . dx 

Let a>e = angular velocity of shaft (critical). 



Fig. 235 


Total strain energy for shaft 


_ w r 

~ 2j 


Then maximum velocity of element = co^y 
and maximum kinetic energy of element = ^ 


Hence total kinetic energy; 


y'^. dx 


Equating strain energy to kinetic energy, we have- 


W . COfl' 
% 


j y^.dx = y . dx 

g. hy.dx 
1 2 ^_ J 


/>• 


It may be shown that the deflection y is given by the expression 

By substituting this value for y in the above equation and 
integrating, we have— 

97 : 55^1 . . . .( 195 ) 

® wl* 


Let A = static deflection of shaft at the centre of its length 
(inches). 

._ ^ 

^ ^ El 


Then 
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H — ® 

wl* ~ 384A 


Hence = 



97-55 X 32 2 X 12 X 5 
384A 


2212 

VE 


Hence 


XT 211 5 
N. = r.p.m. 


• (196) 


i88. Other Critical Speeds. At speeds higher than the first 
critical speed the shaft settles down until the second critical speed 
IS approached, when it commences to bend in the curve shown in 
Fig. 236 (a) with a nodal pomt at the centre of its length. 

Half the length of the shaft is now under the same conditions 
as the whole shaft when passing through its first critical speed. 



Fig. 236,—^Form of Whirling Shaft at Second, Third, and Fourth 
Critical Speeds 


Since deflection is directly proportional to (length)^, the corre- 
spondmg static deflection is now = (i)^ = iV; of the static deflec¬ 
tion for the fundamental critical speed But N,, is inversely pro¬ 
portional to the square root of the deflection, hence is 4 tunes 
the value given by the above equation. Hence the second, third, 
and fourth critical speeds are to the first as 

1®: 2®: 3®: 4® or as 

1 ; 4 : 9 : 16 

Hence, in this particular case, there is a very wide range of speeds 
between the first and second critical speeds This is not always 
the case, however, as, for example, in a shaft freely supported on 
three bearings of equal span, where the second critical speed is only 
1-56 times the first. In such a case, great care must be taken to 
ensure that, if the running speed should he between the funda¬ 
mental and second critical speeds, it is sufficiently far removed 
from either, being about 30 per cent m excess of the fundameiital 
critical speed. Various factors contribute to make the practical 
running of flexible " three bearing ” shafts a difficult proposition. 
The hubs of the wheels virtually increase the diameter of the shaft 
owing to the fact that they are forced on; hence the probable 
critical speed is higher than that calculated on the bare shaft: and 
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in a “ three bearing ” design m which the actual speed of rotation 
lies between the first and second critical speeds, there is some risk 
of the running speed being dangerously near the first critical speed. 

189. Case III. Uniform Shaft with Uniformly-distribnied Load. 
Ends Fixed. Let y equal the deflection of the shaft centre at any 



Fig. 237 


distance x from the left-hand bearing. It is shown in textbooks 
on “ Strength of Materials ” that 


As shown in Art. 187, the critical angular velocity = 

g ( y.dx 
cof- = _ 

* M 

.y^.dx 

By substituting for y and integrating, we have— 

.... (197) 

Let A = static deflection of shaft at the centre of its length 
measured in inches 


Then A = 


A 

384EI 

m _ 1 

384A' 
. 507 


Hence cog^ = 


22-52 


504 X 32-2 X 12 
384 A 


91 *i.1 

Hence Nj = —=- r.p.m . . . (198) 

VA 

190. Comppison of “Free” and “Fixed'’ Ends of Shafts. 
It is interesting to note the effect of fixing the ends of the shaft. 
When the ends are fixed, the deflection y at any point due to a 
given force applied at that point is much less than when the ends 
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are free. Hence for a constant centrifugal force —^——, since y 
is reduced, u)® is increased and the critical speed is raised. 

Load uniformly C Thus if (Oi = critical speed with " free ” ends 
distributed | „ coa = „ „ “ fixed ” „ 

' 504gEI wP _ 

~ wP ^ 97-55gEI “ 
o>2 = 2-27ct>i 

Whilst -perfect constraint at the bearmgs will raise the critical 
speed to more than twice the value obtamed with free ends, the 
mere fixing of the bearing brasses in the beanng block or housing 
could not produce such an effect unless the brasses gripped the 
shaft tightly. Such a condition is, of course, quite contrary to the 
requirements of practice. A fairly large radiai clearance between 
the journal and the “brass” is required for lubrication purposes 
Referrmg to the worked example at the end of this chapter, the 
maximum slope at the bearmgs under gravity alone is 0*000127 
radian; and smce the beanng is 3 m long, the total deflection of 
the journal at one end of the besiring, assummg the other end to 
act as a fulcrum, will be— 

3 X 0*000127 = 0* 00 8 m. 

when the mcrease of deflection due to whirling is everj’where equal 
to that produced by gravity. The actual oil clearance is 0*02, or 



Fig 238 


50 times this amount. In other words, the brasses would not begin 
to exert constramt until the deflection produced at any point at 
the first whirling speed reached a value 50 times the normal deflection 
produced by gravity. 

A few results for the most simple cases are summarized in 
Table XV. 

191. Case IV. Dunkerley’s Semi-empirical Formula for the First 
Critical Speed of a Uniform Shaft Carrying a Number of Concentraied 
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TABLE XV 

Critical Speed of Shafts in Simple Cases 

c 

Critical speed in revs, per min. = 

where C is a constant given in table below ; 

„ A is the maximum static deflection in inches. 


Conditions of 
Support I 


Type of Loading 


Max. Deflec¬ 
tion A 
Inches. 


One end fixed I W concentrated at free end 


One end fixed l wl uniformly distributed 


Two ends free I W concentrated at centre of span 187*7 


WP 
48 El 


Two ends free i wl uniformly distributed 


5 wP 
384 El 


Two ends fixed W concentrated at centre of span 187*7 


WP 
192 El 


Two ends fixed . wl uniformly distributed 


wP 

384 El 


Loads {in ihe form of wheels). The following formula is of a semi- 
empirical nature, and is based upon a number of valuable experi¬ 
ments carried out by the late Professor Dunkerley (2). 

If it is assumed that the shaft is of uniform diameter or very 
nearly so, the formula gives results which are sufficiently accurate 
for most purposes. 

Let critical speed of shaft alone—^revs. per min. 

Ni= „ „ when supporting Wj only and 

when the influence of the shaft is neglected. (Case I.) 

N 2 = critical speed of shaft when supporting W 2 only. 


„ of complete system. 

N/ N,* ^ N32 


Then 


(199) 
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Example 27. The rotor of a De Laval turbine weighs 3-45 lb. 
(wheel only), and the spindle is f m. diameter. The span of the 
bearmgs is 11 m , and the centre of the wheel is 6-2 in. from the 
centre of one of the bearings. Calculate— 

( 1 ) The static deflection of the shaft at the wheel centre. 

(2) The critical speed of the rotor, assuming a weightless shaft. 

(3) The critical speed by Dunkerley’s formula. 

(1) I - ^ = - 00009705ms.‘ 

_ 3 45 X 38 44 X 23 04 

^ ~ 3EI . ^ — 3 X 30 X 10« X 0 0009705 X 11 
A = 0 00318 m. Ans. (i) 

m\ XT 187‘7 187‘7 QQOQ A / \ 

(2) N, = —■=■ = —===. = 3329 r.p.m. Ans, ( 2 ) 

^ ^ ^ Va VoOTis 

(3) Deflection (maximum) of shaft due to its own weight 

~ 384EI ” 


w = (wt. per cub. inch of steel) x (Vol. of shaft per m. length) 
= 0-283 X 7854 X (!)« = 0-0312 lb. per m 


. 5 x 0 0312 x 11* 

~ 384 X 30 X 10« X 0-0009705 


0-0002044 m. 


Hence, critical speed of shaft alone >= Ng = 


211-5 

VX 


211-5 


By Dunkerley’s equation— 

j_L j_ J_ 

Ng2 “ Ng2 Ni2 


VOOW2044' 


14,760 


+ 75 


“ (14,760)2 ^ (3329)2 

from which Ne= 3250 r.p.m. Ans. ( 3 ) 


Hence the correction in the above example for the mass of the 
shaft amounts to about 80 r.p m. in 3,250 or about 2J per cent. 

The number of practical examples of turbine rotors to which 
Dunkerley’s equation can be applied is, indeed, veiy small. 
Generally, the diameter of the shaft is very variable, being much 
smaller at the journals than at the middle; and the problem is 
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often further complicated by the fact that at the middle portion 
where the wheels are attached, the shaft is stepped so as to 
facilitate the attachment and removal of wheels. 

A more exact method which is applicable to the general case of 
non-uniform loading and a shaft of variable cross-section is given 
in the following article. 

192 . Case V. Critical Speed, of a Shaft of Variable Cross-section 
and Loaded by a Number of Concentrate Loads. Assume that the 

IK IK iK IK iK K IK K K IKo 


B^SnSBSBlillnBSSBsl 



non-uniform shaft in Fig. 239 is loaded with a number of con¬ 
centrated loads, Wj, W 2 , Ws, etc., which are arranged to include 
appropriate portions of the weight of the shaft. If " fixing ” at 
the bearings is ignored, then the shaft ma}' be treated as a beam 
of variable cross-section, freely supported at each end. The curve 
of static deflection (shown exaggerated) may then be drawn. 

Let yj, ya, yg, etc., represent the static deflection of the shaft 
at the points where the loads Wj, Wg, Wg, etc., are applied. 

Then by the method of Art. 186, the total strain energy when 
the system is at its extreme position of vibration 

- ■ Wgya Wgyg 

2 ‘ 2 2 * 

= irWy 

Similarly, if co,.— critical angular velocity, maximum kinetic 
energy of S 3 retem 

CO ^ 

= (Wjyi^ -f- + Wayg** + ) 



( 200 ) 
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The derivation of the static deflection curve is a tedious process 
and has sometimes to be repeated two or three times during design. 
One method of obtaming it is to draw two funicular potygons, one 
giving the bending moment and the second giving the deflection 
This method is descnbed in textbooks on " Graphics ” and is 
suitable for drawing ofhce work. 

A second method is to obtain the shearmg force curve, and the 
bending moment, slope, and deflection curves successively, bj' a 
process of graphic integration, which may be effected largely by 
means of an ordinary planimeter The latter method is illustrated 
by the following example— 

Example 28 To determine the critical speed of the turbine rotor 
shown in Fig. 240, assummg that it is freely supported by the 
bearings. 

It is first necessary to calculate the weights which are to produce 
the static deflection These include the weights of various portions 
of the shaft and also of the wheels The various weights are clearly 
indicated m the upper portion of Fig. 240. 

By takmg moments of the weights about the nght-hand bearing, 
the upward reaction at A is found to be 301 lb. The total load 
IS 621 lb , so that the reaction at the right-hand bearmg is 320 lb 
With this mformation, the shearing force diagram (F) can be drawn 
Scale for shearing force on onginal 1 in. = 100 lb. 

Lengtit scale „ 1 „ = 4 in. 

The bendmg moment curve may now be drawn by commencmg 
with a zero bending moment at the extreme left hand, and integ- 
ratmg the shearmg force diagram graphically. Thus, if any 
section be chosen, as at D, and A^ represents the area (positive) 
of the shearing force diagram from 0 to D, then since 1 sq in 
area of the shearmg force diagram must represent— 

4 X 100 = 400 lbs. m 
the bending moment Mj, at D must be— 

400 Aj, Ib.-m. 

This may be set down to scale, giving the M curve as shown by 
the broken line in Fig. 240. 

The scale for the M curve m the origmal was— 

1 in. = 1000 Ib.-m. 


Actual height or ordmate Mp on diagram 


_ 400Aj, 
“ 1000 


m. 


It is easy to see that such work may be done by means of a 
planimeter and profitably set out in tabular form. 

Before obtainmg the slope curve, it is necessary to correct the 




Fig. 240 

NcU. Tbe origiiial diagram was about 3'7 tones this size. 
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bending moment curve for the varying cross-section of the shaft 
by dividmg the values of the bendmg moment by the moment of 

M 

inertia at each section. The derived or corrected r=r curve is thus 
obtained. ^ 


Scale on original 1 in. = 100 7 —;—r, 

(inches)^ 

It may be shown that the change of slope 01 inclination of a 
beam between any two points on it is equal to— 


E 


M \ 

Area of y curve between those points ) 


where E = Young’s Modulus of Elasticity 


The Y curve is split up into a number of convenient sections, 

the areas are found, divided by E, and set up to scale on an assumed 

M 

base line XX. For example, let Aj, be the actual area of the y 
curve between A and D. ^ 


1 sq. m. on original = 100 x 4 = 400 
Then change of slope between A and D is— 


lb. 

(mches)® 


, -= g X 400 A,j. (radian) 


The end ordinate of this curve gives the total change of slope 
between A and B, which in this example works out to be 0 00024767 
radian. The slope curve was set out on the origmal to a scale of 

1 m. — 0-00005 radian 


To find the true base of the slope curve, planimeter the area 
above XX, and divide it by the base XX, thus obtaining the mean- 
ordmate which in this case is also the slope or inchnation of the 
shaft at A; setting up the mean-ordinate above XX, the true 
base Ime ZZ is obtained. 

The deflection curve may now be obtained by mtegratmg 
graphically the slope curve (above and below ZZ, not XX). 

1 sq. in. area of slope curve = 4 x 0 00005 

= 0-0002 in deflection 

Hence, if A^— area of slope curve between A and D, deflection of 
D below A equals— 

0-0002 X Ai in. = 

In this way, the curve of deflection may be quickly obtained 
and the deflections read off at the points of apphcation of the 
concentrated loads (imaginary and real). Maximum deflection in 
this example occurs at F (slope is zero), and equals 0-001364 in. 
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The information now 
following table— 


available enables us to construct the 
TABLE XVI 


Calculation of Critical Speed of Turbine Rotor 


Section 

W 

y 

Wy 

Wya 

1 . 

9-8 

0-000 26 

0-002 55 

0-000 000 663 

2 , 

2*0 

0-000 45 

0-000 9 

0-000 000 405 

3 . 

43*1 

0-001 046 

0-045 1 

0-000 045 000 

4 , 

7*0 

0-001 325 

0-009 27 

0-000 012 280 

5 . 

157*0 

0-001 355 

0-213 

0-000 289 000 

6 . 

154*0 

0-001 339 

0-206 

0-000 276 000 

7 . 

147-0 

1 0-001 223 

0-180 

0-000 220 200 

8 , 

14-9 

0-001 120 

0-016 7 

0-000 018 700 

9 . 

26-2 

1 0-000 845 1 

0-022 1 

0-000 018 680 

10 . 

2-0 

i 0-000 480 ! 

0-000 96 

0-000 000 461 

•; 

9-8 

; 0-000 25 i 

i 

0-002 45 

0-000 000 612 

Totals . 

0-699 03 

0-000 882 001 


gEWy 32-2 X 12 X 0-69903 
ilence ~ 0-000882001 

= 306,240 

N, = • V'3d6,240 = 5,285 r.p.m. 

JdTT 

193 . Relationship Between Critical Speed and Maximum Static 
Deflection. It will be apparent that, from the nature of the 
expression 



it will be generally possible to write out an expression of the form 

C 

where A is the maiximum value of y. The exact value of C will 
depend on the form of the deflection curve and on the distribution 
of the masses. This has already been shown in connection with 
the simpler cases, and values of C axe given in Table XV. In the 
example worked out above— 

C = N* . VA 
= 5285Vd^dor^ 

= 195 

This value is intermediate between the value 187-7 for a single 
concentrated load and 21T5 for a uniformly distributed load. 
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With a httle judgment, the designer can guess the value of C 
sufficiently nearly for practical purposes, and this does away with 
the necessity of making the calculation of HWy and HWy^, which, 
from the nature of the y values, is rather tedious. 

194. Approximate Determination of Spindle Diameter. For a 
first approximation for calculating the critical speed, a designer is 
driven to a process of systematic guesswork, which may be largely 
assisted by drawmgs of a turbme similar to that proposed. The 
following method is suggested by the author as givmg a crude 
formula which might be expected to give consistent results for any 
given type of machine. 

Let No= critical speed of rotor m r.p.m. 

N = normal „ „ 

N 

D = average mean diameter of discs (inches) 

I = span between bearmg centres (inches). 
d == mean diameter of middle portion of spindle (mches). 

Then intensity of load (for a given type of disc) will be approx¬ 
imately cD®, where c is constant, i.e. 

w = cD® 


Then for any given method of supportmg the shaft— 
Static deflection A = , where n is constant 


i.e. 


A oc 




VA cc 




But 


N, = —;= where C is a constant. 

* Va 


Hence 


N.= 


. d® 

~W 


But N = rNj 


or 


N = 


r . 


Di® 




d = l 



( 201 ) 
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Where lightness and compactness are of importance, the value 
of K is large. In merchant turbines, where allowances are pretty 
liberal, the value of K appears to be about 3,500,000; whereas 
in naval impulse and reaction turbines fitted with disc wheels, the 
value increases to about 5,000,000. In land practice, where the 
disc construction is much lighter than in marine turbines and 
where the ratio r is larger, the value of K for the examples tested 
appears to exceed 6,000,000. 

The method may be extended slightly by the elimination of the 
ratio r, i.e. by estimating the diameter d required to give a certain 
critical speed N^. _ 

Then d = I jJ .... (201a) 

For a few impulse turbines for which has been calculated by 
the graphical method, varies from 8,000,000 to 8,500,000* 
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EXAMPLES XX 


1. The weight of a De Laval turbine wheel is 6 lb., the spindle is 0-42 in. 
diameter, the span of the bearings is 13 in., and the wheel centre is 7-5 in. 
from one end. Calculate— 

(«) The critical speed of the rotor, assuming a weightless shaft. 

{b) The critical speed, using Dunkerley's formula. 

2. A shaft 2 in. diameter is freely supported in bearings 15 ft. apart 
Calculate the first and third critical speeds. 

3. A shaft of uniform diameter projects a distance I through a bearing 
which may be assumed to fix its direction. The weight per unit length of 
the shaft is w lb. ; and M x any distance measured from the centre 
of the bearing, it may be shown that the deflection of the shaft due to 
gravity is— 


Prove that the first critical speed 
N = ~ / 

« 2tcV' 


162 E , I. 
13a;/^ 


1 (revs, per min.) 


4. A shaft 30 in. between bearings is to rotate at 10,000 r.p.m. If the 
running speed must not exceed 60 per cent of the critical speed and the bear¬ 
ings exert no fixing moment on the shaft, calculate the least diameter of the 
shaft. 

5. Calculate the diameter required in Example 4 if the shaft is to run at 
a speed midway between the first and second critical speeds. 

6. A shaf t 3 in. diameter is freely supported in bearings which are 40 in. 
apart. The shaft supports three wheels, which are each 100 lb. weight.. 
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The centre wheel is midway between the bearings and the other two are 
placed 6 in away Calculate the critical speed of the system 

7 A shaft of variable cross-section supports a number of concentrated 
loads, which are arranged to take into account the weights of the various 
portions of the shaft The following table gives the weights and the corre¬ 
sponding static deflection of the shaft at the points of application of the 
loads Calculate the critical speed. 


Sect. I 

1 

2 

3 

4 : 

5 : 

1 

6 7 8 

w 

20 ^ 

44 

130 

134 i 

1 

138 

144 44 1 20 

y 

0*0003 

0 00075 

0 00115 

0*00138 

0*0014 

! 0-00117 i 0 0008,0-0003 

1 ! 


8 The wheel of a Riedler-Stumpf turbine is 2,000 lb weight, and is 
supported at the end of an overhung shaft, which is assumed to be fixed by 
its bearing The distance from the edge of the bearing to the centre of 
gravity of the wheel is 6 in and the speed of rotation is 3,000 r.p.m. If 
the critical speed is to be 30 per cent in excess of the running speed, calculate 
the least diameter of the shaft, neglecting the stiffemng eflect of flanges, etc. 



CHAPTER XXI 

CONSTRUCTION OF CYLINDERS 

195 . Form of Cylinder. The form of the cylinder should be as simple 
as possible so that distortion may be avoided. In impulse turbines 
of all sizes, the diaphragms are usually fitted into grooves in the 
cylinder, provision being made in certain cases to maintain the 
bore of the diaphragm in correct alignment with the shaft, and 
yet allow for expansion. Similarly, in reaction turbines it is usually 



the practice to fit the stationary blades direct into grooves machined 
in the cylinder. 

Where the thickness of the cylinder is determined by its ability 
to withstand internal pressure, it may be calculated by the simple 
formula— 



where t and D are in inches, and f is the gauge pressure and / the 
allowable stress in lb. per sq. in. If allowance be made for the 
diaphragm grooves (Fig. 241), then the thickness 

' “ 2/ Z , 


For very high pressures, the thickness is preferably calculated by 
the formula— 



based on Lamd’s equations for thick cylinders. Here n is the ratio 
of the external to the internal diameter of the cylinder. 
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In a single-cylinder turbine, the casting thickness can generally 
be reduced towards the L P. end. At that end, the cylinder, under 
normal operating conditions, tends to collapse, and it is practically 
impossible to calculate the thickness from considerations of strength 
alone. Rigidity is essential, and for cylinders havmg diameters of 



Fig 242 —Admission of By-pass Steam m Impulse Turbine 

30 in. or more, the thickness of the L.P. end may be calculated from 
the relation— 

^ iM 

The admission of by-pass steam calls for some modification in the 
design of the H.P. cylinder The bj^-pass steam should be admitted 
around the complete circumference, and in such a manner as to 
cause the mmimum disturbance to the steam flow. Fig 242 shows 
an excellent arrangement. A short inner cylmder A is fitted into 
a recess in the main cylinder casting, forming a steam belt B to 
which the by-pass steam is admitted From this belt the steam 
flows through a passage and is deflected so that it enters the nozzles 
with the least disturbance to the steam flow from the preceding 
row of blades. 

Interestmg comments on reaction turbme cylinder design are 
made m a paper (see Ref. 1, Chapter XIX) by Mr. C. D Gibb. 
Fig. 243, taken from the paper, shows an earlier design of reaction 
turbine cylmder. The area which is cross-hatched represents a 
part of the cylinder which will be at the full steam temperature, 
whereas the outer wall will be at a lower temperature, owing to 
heat losses. The shaded area tends to expand outwards, but is 
partially prevented by the outer wall. As a result, the parts marked 
X distort in the direction shown by the arrows. The improved 
design is shown in Fig. 244. Here the inner cyhndrical portions are 
connected by heavy cast longitudinal links and the internal part 
of the cylinder is made more rigid than the external part. To give 
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greater flexibility to the horizontal joint flange, slots are cut from 
the bolt holes to the outside of the flange. Further, to assist in 
TnaintaiTiiTig a steam-tight joint and to increase the internal rigidity, 



Fig. 243. — ^Desiga of Turbine Fig. 244. — ^Modern Cylinder Designed 

Cylinder Liable to Distortion to Obviate Distortion 

' {Reprodwed, by permission, from Proc. I. Mech.E,) 


long studs are carried from the lower half of the cylinder right 
through to the top of the upper half . 

196. Joints and Bolting. AH multi-stage turbine cylinders, 
excepting those of a few turbines designed for very h%h pressures, 
are divided into two parts, upper and lower. In almost every case, 
the diaphragcos are similarly divided. The advantages of this 
construction in connection with the assembly, erection, and inspec¬ 
tion of the turbine are too obvious to require explanation. 

The flai^e for the horizontal joint must have considerable rigidity 
in the vertical plane, and its ttiickness should be 1-5 to 1*75 times 
that of the cylinder. The diameter of the bolts must be estimated 
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from the magnitude of the bursting forces and may be about 
0-75 ttoes the flange thickness. Fig. 245 shows the section through 
a t3^ical horizontal joint. The bolt is driven from tmdemeath and 
secured by a cap nut. The cylinder tends to open out at the jomt 
when imder pressure, and to counteract such a tendency the bolts 
should be placed as near to the metal of the cyhnder as possible. 
In way of branches, etc., where it is impossible to insert a bolt from 



Fig 245 


the underside, studs are used In cylinders subjected to very high 
steam pressures it is sometimes necessary to employ two row’s of 
staggered bolts. 

The method of tightening the bolts at the horizontal joint of 
turbine cylinders, especial^ those for high steam pressures and 
temperatures, has undergone some modification in recent years. It 
was formerly the practice to hammer up the nuts with a heavy 
hammer. This undoubtedly puts a severe strain on the threads. 
In the improved method, the amount of tightening necessary to 
produce a certam safe stress m the bolt—and at the same time to 
ensure a steam-tight joint—^is calculated beforehand. In closmg 
up the cylinder, the nuts are all first tightened up by hand with the 
aid of a spanner. The bolts axe then heated in pairs, either electrically 
or by a gas flame. During the heatmg process the bolts expand 
slightly and the nuts are gradually tightened up by hand. When 
the prescribed rotation of the nut has been obtained the heating of 
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the l)olt is stopped, and as the bolt cools it contracts and tightens 
the joint. The methods of heating the bolts are shown in Fig. 
246. For gas heating, a hole is drilled right through the bolt anri 
cap nut. The electrical method has been developed by Messrs. 



C. A. Parsons & Co., Ltd. Two bolts are heated at a time. Either 
alternating or direct ament at 100 to 200 volts is suitable. 

"pie amount of rotation to be given to the nut after it first becomes 
faght be calculated as follows. Suppose Ej and Eg are Young's 
Moduh for the bolt and flange materials respectively, and that A, 
is the area of the bolt under a final safe tensile stress f-t, and A® is 
the area of the flange tmder a compressive stress /g. Since the stress 
/a IS by no means umfonn, the area Ag is somewhat difficult to 
dosdy pitched bolts, Ag may be talcen as the pro- 
duct of the flange width and bolt pitch. This will err on the high 
Side and di^etion must be used in selecting the value of A„. Sup- 
pose txi3,t I is the combined, flange thickness. 

Since the bolt increases in length by the amount and the 

El 
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f7 

flange contracts by the amount-^, and as /lAj = / 2 A 2 , the total 

"^2 

shortening of the bolt which must be produced by screwing up is— 

If p is the pitch of the threads, then the angle through which the 
nut must be turned is— 

oc 

— X 360 degrees 

P 

When turbines have been operating for long periods at high 
temperatures the bolts and nuts are apt to seize when an attempt 



is made to imscrew the nuts. To avoid this trouble, the foUowmg 
practice is adopted. The bolt threads are made slightly under size 
and afterwards sprayed with copper or alumimum by the Schoop 
process. In opening up the turbme cyhnder, the bolts are first 
heated and the nuts slacked back. If seizmg should begm, a little 
of the sprayed metal is broken off and the nut is freed. 

Plain carbon steels are used for bolts, but 3 per cent Ni steel is 
used in high-pressure turbines. This steel has a minimum 37 ield 
point of 30 and a minimum ultimate strength of 45 tons per sq. in. 

197 . Nozzle-box Construction. A form of construction conomonly 
used in impulse turbines is shown in Fig 247. The nozzle boxes 
or steam chests A are cored out, and may extend completely round 
the circumference, or only partially, as shown in Fig. 247. In the 
latter case the core holes at B are tapped and plugged. With 
nozzle-control governing (hand or automatic) the nozzle box is 
divided by walls C, as shown. 

A simplified construction suitable for by-pass governing is shown 
m Fig. 248. The core for the nozzle box can be built up as part of 
the cylinder core. The first-stage nozzles are btdlt up in a plate 
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which covers the front of the nozzle box. Fig. 249 shows a simHar 
construction (General Electric Co., XJ.S.A.), the object here being 
to provide a steam belt of sufficiently large area. The diaphragm 
A is in halves. 

It sometimes happens that although the live steam temperature 
exceeds 450° F., the limiting temperature for the emplo 3 rment of 



cast iron, the temperature of the steam after expansion through 
the first-stage nozzles falls below 450° F. This is especially the case 
when the first stage of the turbine is velocity-compounded. In 
such a case the cylinder may be made of cast iron and the nozzle 
box a steel casting inserted through an opening in the side, top, or 
bottom of the cylinder. Fig. 250 shows such a nozzle box as 
formerly used in Metropolitan-Vickers steam turbines. The part 
lying within the cylinder is in the form of a curved pipe of gradually 
diminidaing flow area. The nozzle segment is bolted to a machined 
face on the side. A further example, from a Brown-Curtis marine 
turbine, is illustrated in Fig. 251. 

198 . Construction of E^aust End. In all condensing turbines 
excepting those of small output and special design, the condenser 
is placed xmdemeath the turbine. Tha position has a number of 
advantages, chief among which are that the moisture formed dur¬ 
ing expansion in the turbine drains naturally into the condenser, 
and that the turbine may be opened up for inspection without the 
removal of exhaust branches. In gener^, the velocity of steam flow 
through the condenser inlet branch is less than the absolute velocity 
of the steam as it leaves the last wheel. The esdiaust hood should 
be designed so that, so far as possible, the change of steam velocity 
will be accompanied by a small rise in pressure, but it is doubtful 
if such a result is ever obtained, because changes in the direction 
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of flow, and the restiltmg losses, are inevitable. The shape of the 
upper part of the exhaust hood should be such that the flow area 



Fig 250 


grows tmiformly from the vertical centre-lme downwards. Many 
manufacturers now cast large deflector blades in the lower half, 
one on each side, to deflect downwards the steam from the lower 



Fig 251 


half of the wheel and so prevent it from disturbing the flow of that 
coming from the upper half. 

The exhaust~end bearing, mcludmg sometimes the generator 
bearing, is frequently supported from the exhaust hood, so both 
rigidity and strength are essential. The lower half should be 
stiffened by means of cast stay plates (vertical so as not to interfere 
with the steam flow), steel stay plates bolted to cast brackets, or 
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by means of stay bolts, for in addition to such a load the exhaust 
hood has to withstand a certain collapsing pressure and an even 
higher test pressure. 

199 . Cylinder Supports. Consideration must be given to the 
differential expansion which takes place in the turbine and its 
supports in order that— 

( 1 ) The turbine cylinder and rotor may remain co-axial, so 



maintaining the small radial clearances in the various labyrinth 
packings. 

(2; Tlie cylinder and rotor may expand freely without inducing 
heavy forces and consequent distortion. 

(3) The axial clearances between the stationary and rotating parts 
of the turbine may not, under any conditions of operation, be 
reduced below certain safe limits. 

Such considerations assume a special importance in turbines 
operating at high temperatures. 

_ Fig. 252 shows a method commonly employed for supporting a 
single-cylinder condensing turbine operating at moderate pressures 
and temperatures. The H.P. bearing block and the L.P. end of 
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the tiirbme are cast in one piece, the bearing block being supported 
on the bedplate at A The L P end is supported by two feet or 
brackets B cast on the side of the r 5 iindcr and also restmg on the 
bedplate When the turbine has boon liiinily lined-up, holes are 
drilled at C for circular keys The cylinder is not rigidly held dowTi 
at the exhaust end, but is free to slide outwards or mwards on the 
keys. Correct transverse alignment is maintamed by a key D, 
fitted between a bracket on the cyhnder and a recess in the bedplate, 
and another key at A Thus the only fixed point is at E, which 
is usually arranged at the centre of the exhaust branch. All expan¬ 
sions must be measured from E and that at the H.P. end must be 
borne in mind when arranging steam connections to that end, 
otherwise severe strains might be thrown on the cyhnder. 

The temperature fall along the cylinder will be nearly linear, and 
if ti and 4 are the temperatures at the steam and exhaust ends 
respectively, a the coefficient of expansion, and I the distance from 
the fixed point to the H.P end, then the movement of the cyhnder 
towards that end will be— 

^ (4 4- 4) 

For cast iron, a = 0-0000057 per ^ F. 

For forged steel, a = 0-0000061 per ® F. 

Thus if = 600° F and ta = 80° F , and / = 50 in , the expan¬ 
sion wdl be 0-097 m 

Whilst the method of support described above is generally suit¬ 
able for moderate pressures and temperatures, it is quite unsuitable 
for high temperatures In the first place, the steam-end bearmg 
block and the cyhnder should not be cast together, otherwise a 
large amount of heat will be conducted to the bearing pedestal and 
severe strains may be brought to bear upon it. Furthermore, if 
the cylinder is supported from the bedplate, it is doubtful whether 
the cyhnder and rotor wiU be kept truly coaxial This is most 
important as the clearances m the labyrmth packings will be 
affected 

When the pedestal is a separate castmg, the method of support 
shown m Fig. 253 may be employed A half-round projecting 
flange A is cast on the lower half of the cyhnder and is attached to 
the pedestal by studs or bolts m clearance holes. Keys B, C, and 
D are half sunk m the flange and pedestal. In spite of differential 
expansion of the cylinder and pedestal the heights of the spindle 
and gland centres are mamtained very nearly the same by mes^ 
of the keys B and D, while the transverse alignment of the cyHa- 
der and pedestal is secured by the key C. Correct alignment with 
axial movement is obtamed by means of the key E. 

A method of support which ensures good alignment is shown 
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in Fig- 254 (a) and (S). The bearing blocks carry a support A at 
each side with a machined surface which lies nearly in the hori¬ 
zontal plane of the axis. Brackets B, cast integrally with the lower 



half of the cylinder, rest on these faces and transmit to the bearing 
blo^ part of the weight of the cylinder and the reaction torque. 
It is dear that these supports will maintain the cylinder a vig at 
nearly the correct height, however the temperature of the cylinder 



may cl^ge. Keys C permit transverse sliding, yet keep the cylin¬ 
der ^d pedestal in their correct relative positions. A key D, sunk 
^ bracket E and paxtly in a facing on the cylinder, allows 
for the downward expansion of the cylinder and yet maintains the 
tm^verse alignment of the cylinder axis. A slight modification 
of the construction is shown in Fig. 254 (c), in that the cylinder 
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bracket B is held down by a wrought-steel keep F, bolted to the 
support A.' There is, of course, a small clearance between F and 
B to permit slidmg. 

Perfection is not achieved by- the method ]ust described. If, for 
example, the bracket B has a thickness of Sin., and suppose the 
steam temperature is 850° F The temperature of B, due to con¬ 
ducted heat, might be about 750° F. Then, assuming the bearing 
block to be at 100° F., the upward expansion of the cyknder rela¬ 
tive to the rotor would be about twelve-thousandths of an inch. 

An improvement is shown m Fig. 255, m which the supporting 
brackets for the cyhnder are formed by an extension, at each end, 



of the flange for the lower half of the cylinder. The supportmg faces 
are arranged exactly m the horizontal plane passing through the 
turbine axis. The longitudmal position of the cylhider may be 
fixed at either end by the keys A (which permit transverse move¬ 
ment), while a clearance is left in the bolt holes B at the other 
end. Transverse alignment is maintained by the pairs of keys 
C and D 

An alternative method of support employed by the British 
Thomson-Houston Co , Ltd, for the H.P end of single-cylinder 
turbines and the H.P. casmg and inlet end of the L.P. casing of 
two-cylinder turbines is shown diagrammaticaUy in Fig. 256. The 
cylmders are supported by brackets A resting on sloping pads B 
formmg part of the bearmg housmg. The planes of the pad surfaces 
pass through the cylinder axis and are preferably at 45° to the 
horizontal, although the angle may be varied to suit individual 
cases The longitudinal position of the cyhnder is fixed by dowel 
pins C, fitted in holes which are drilled and reamed after the assembly 
and lining-up of the cylinders There is a small clearance between 
the brackets and pads to facihtate adjustment, and actually the 
brackets rest on the dowel pins. The cylinders are definitely held 
down by bolts D, which, however, being in elongated holes, do not 
prevent sliding. 

200 . Materials. The material most commonly used for cylmders 
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is cast iron. Owing to the phenomenon known as “growth” of 
cast iron, which is an increase in volume caused by a change in the 
internal structure of the cast iron at high temperatures, the employ¬ 
ment of cast iron at temperatures above 450° F. is not advisable. 
It has been foimd. that the tendency to growth is increased by a 
relatively large amount of silicon in the iron. The composition of a 
typical cast iron for turbine work is: C 3'3; Si 1-2; Mn 0*8; P 
0-2; and S 0-1. The ultimate strength of such iron would be about 



Fig. 256.—Method of Supporting Turbine Cylinders so as to Maintain 
Co-axial Alignment of Turbine Cylinder and Rotor 


16-18 tons per sq. in., and the transverse rupture stress 24-30 tons 
per sq. in. The addition of small percentages of nickel (less than 2 
per cent) adds to the strength of cast iron, gives it good machin- 
abhity, and makes it less porous. Thus a rdckel cast iron containing 
3T C, 1-2 Si, and 1*5 Ni has a tensile strength of 17-22 tons per 
sq. in. and a modulus of rupture of 32-40 tons per sq. in. 

For moderate steam pressures and temperatures between 450° F. 
and 800° F. the cylinders are made of cast steel. In single-cylinder 
turbines in which the initial temperature exceeds 450° F., the H.P. 
end of the cylinder would be made of cast steel and the L.P. end 
of cast iron. In two- and three-cylinder tmrbines, the H.P. or H.P. 
and I.P. cylinders would be of cast steel and the I.P. and L.P., or the 
L.P. cylinder only, of cast iron, according to the conditions. 

For steam temperatures exceeding about 800° F. it is usual to 
employ an alloy steel. Such steels contain molybdenum up to 0*5- 
0-75_ per cent and small amoimts of nickel and chromium. Steel 
castings are cleaned, then annealed at temperatures varying between 
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920° and 950° F. and cooled in the furnace. After rough machining 
the casting may be further treated by heating it m a furnace to a 
temperature somewhat higher than the temperature in service. 

In one or two special cases of high pressure combined with high 
temperature, the H.P. cyhnders have been machined out of soHd 
blocks of forged steel. Such a construction, though expensive, gives 
a guarantee of a sound and reliable cylinder 


15—(T.saoo) 



CHAPTER XXII 


GLANDS AND PACKING DEVICES 


201 . Diaphragm Glands. Lab 3 nrmth glands are used almost exclu¬ 
sively for the purpose of minimizing the steam leakage through the 
diaphragm gland in impulse turbines. Various forms of diaphragm 



(d> (€) (f> 

Fig. 257 

gland ^e shown in Fig. 257. In (a), (6), (c), and (d) the packing strips 
^e of br^ or other non-ferrous alloy and are caulked or rolled into 
me dmphragm or bush. The edge of the strip near the shaft surface 
K naade very t^ so that if rubbing should accidentally take place 
me thin edge of the pacing strip will be quickly worn away without 
the generation of much lo^ heat. Hard rubbing with the conse¬ 
quent heating is a possible cause of a bent shaft. Fig 257 (a) shows 
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the simplest construction; (c) is essentially the same except that the 
packing rings are carried in a separate bush. In {a), (5), and (c) the 
wheel surface is smooth and the baffimg action of the rmgs somewhat 
imperfect. This is improved in Fig. 257 {d), grooves being turned 
m the wheel hub and alternate long and short packing rmgs used. 
Fig. 257 {e) shows a novel design of gland by Messrs. Escher Wyss 
Engineering Works, Ltd. A ring A of graphitic carbon is fitted in 
halves into the bore of the diaphragm. A steel sleeve B pressed on 



to one of the wheel hubs is provided with a number of sharp fins on 
its outer surface. The initial clearance is practically zero and nor¬ 
mally remams very small. If the shaft should be accidentally dis¬ 
placed then very narrow grooves are cut in the carbon rmg without 
damage to the fins The clearance then controllmg leakage is the 
small amount c. 

An effective type of diaphragm gland employed by the Metro- 
pohtan-Vickers Electrical Co , Ltd., for turbmes operating with 
very high steam pressures is shown in Fig. 258. A and B represent 
the discs of two adjacent wheels, A being on the high-pressure side 
of the diaphragm C. The latter has a slot bored in it which carries 
the packing ring D and keeps it in the central position. D is made 
in segments and is furnished with three thin cylindrical projecting 
strips. Each of the segments D is backed up by a plate spring E. 
Three projections are machined on the wheel hubs, and the diame¬ 
ters of these are such that the clearance between them and the over¬ 
hanging strips is practically nil. If accidental rubbmg should occur 
and heating take place then the rings will expand slightly and 
relieve the rubbing pressure. The fins on the rotor would also be 
heated, but here the expansion is extremely small because of the 




Fig. 259.-^ArrangemerL-t of JHL.J?. and L.JP. GMands for Condensing Turbine 
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restraint exerted by the more massive hub. As soon as the cause of 
the disturbance is removed, the fins D cool and contract and the 
clearance is once again restored to its original value. 

202. !&rtemal Glands of the Lab3rrinth Type. Fig. 259 shows in 
general outline the H P. and L.P. external glands for a 
condensing turbine. Each gland comprises a busl- A wisich 
halves, bolted together. These bushes are located by machined 
surfaces at each end of the cylinder and are provided with some form 
of labyrinth packing. In the type of gland illustrated the H.P gland 
is furnished with three separate groups of packing, namely, B situ¬ 
ated between the first-stage and the leak-ofi pocket H, C between 
H and the vapour hood J, and D between J and the atmosphere. 
There are three groups of packmg in the L.P. gland, namely, E be¬ 
tween the steam pocket K and the exhaust space, F between K 
and the vapour hood L, and G between L and the atmosphere. 
In general, group B contains the largest number of packing rings, 
while group E contains the next largest. Groups C and F are made 
similar, also D and G; but the number of constnctions m C and F 
will usually be greater than those in the outermost sections The 
steam connections to such glands are shown diagrammatically in 
Fig. 259, and in the operation of such connections it may be said 
at once that the steam pressure in pocket K must be continuously 
mamtained at a value slightly above atmospheric There is a free 
connection between pockets H and K, and under normal load condi¬ 
tions, most of the steam which leaks past group B enters pocket K 
of the L.P. gland Some of this steam flows into the turbine through 
group E and the rest flows outwards, so preventmg an inleakage 
of air. If the steam pressure in the pocket H is excessive, e.g. under 
fuU load or overload conditions, then the valve M may be opened 
just sufficiently to maintain a shght flow of steam through the 
vapour pipes. At light loads the steam pressure in the first stage 
will fall to such an extent that there will be insufficient steam avail¬ 
able to seal the L.P. gland. Under these conditions, live steam is 
admitted to both glands through the valve N. , 

In some cases, the H.P. gland is provided with an additional 
pocket on the cylmder side (Fig. 260). This is coimected by an exter¬ 
nal pipe to a suitable stage of the turbine where the pressure is 
normally well above atmospheric. Thus a part of the leaking steam 
is able to do work in the L.P. stages of the turbine. It will be seen 
that there are now four separate groups of packing in the H.P. gland. 
The steam connections are shown and do not call for much explana¬ 
tion. Live steam is supplied continuously to the L.P. gland so that 
its performance is not affected by load changes. The pressure in 
the pocket K is then controlled by oi^ning the valves P or Q, accord¬ 
ing as the turbine load is heavy or fight. 

In tandem turbines the H.P. glands are usually provided with 
two or even three tappings, the steam being led either to later 
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All the packings shown in Fig. 261 are of the rigid or non-yielding 
type, and therefore suffer from the disadvantage that if the shaft 
should be accidentally displaced, the packing strips will be per¬ 
manently damaged and the leakage loss increased, to say nothing 
of the risk of a bent spindle. An example of 3 uelding labyrinth 
packing is given in Fig. 262, showing the L.P. gland of a large 



Fig 262.—L P Labyrinth Gland of B T -H Turbine 


British Thomson-Houston turbine. A number of rings A, each 
formed in six segments, touch, or almost touch, the sleeve B on the 
shaft. The rings are held up to their work by flat plate sprmgs C. 
As originally assembled, the rings are tight on the shaft, but after 
the turbine has been run at a low speed for a short time the fine 
edges of the fins in. wide) are worn away, and the rings finally 
become centralized by the shoulders in the gland housing. Sealing 
steam is supplied to the pocket D, and le^ing vapour is carried 
away by the pipe E. 
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There is another form of 3 delciing packing in which, if rubbing 
between the rotating and stationary elements should take place, 
the stationary element is so shaped that the expansion winch, occurs 




due to heating causes that element to move outwards and so relieve 
the rubbing pressure. This principle appears to have been first 
employed in the lab 3 nrinth packings of the LjungstrSm turbine 
about the year 1912. An example of such a yielding packuxg has 
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already been given in Fig. 258. Further examples by the Metro¬ 
politan-Vickers Co. are shown m Fig. 263 Thin radial fins on the 
shaft sleeve mate with projectmg cylindrical fins on the segmental 
stationary rings, which are centred by the larger rings and backed 
by plate springs. In the upper part of the figure, the gland has six 
elements providing, in all, thirty throttlings. The lower illustration 
shows the single type of gland whidi is used at the outlet end of 
the H.P. cylinder of tandem turbines so as to allow for the greater 
axial expansion at that end, the axial position of both the H P. 



Fig. 264 


and L.P. turbines in such tandem sets bemg fixed by a thrust 
block fitted at the mlet end of each turbme. 

The application of such glands to the H P. cylinder of a Metro- 
pohtan-Vickers turbine is shown in Fig. 264. The labyrinth packing 
is divided into two mam sections, the pocket between bemg con¬ 
nected to a stage m the H.P. turbme. Lepage from the outer 
pocket is taken to a special feed-heater utilizing gland steam. A 
single packmg element prevents steam from leaking into the 
turbine room. 

The leakage of steam into the turbine room is often a nuisance 
because the steam condenses on roof girders, windows, and the like. 
A hydraulic seal is sometimes arranged on the atmospheric side of 
lab 3 irinth glands in order to stop steam leakage. 

204. Carbon-ring Glands. This type of gland comprises a number 






Fig. 265,—Carbon-ring Gland 
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of segmental rings of graphitic carbon. This material is self- 
lubricating. The rings are enclosed in a suitable housing. In some 
cases, the carbon rmgs are actually in contact with the spindle 
or sleeve thereon, but in others^ the lengths of the segments 
are such that there is a small radial clearance between the shaft 
and the inner surface of the rings. Such rings are said to be 
“ arch-bound.” 

In all cases, the rings are held close to the shaft by a garter 
spring which is wrapped round the outside of the gland rings. When 
the rings are actually rubbing on the shaft (or sleeve) the tension 
of the spring should be such that the rings exert only a slight 
pressure on the shaft, e.g. about IJ to 21b. per sq. in. of ring 
surface. 

In the arch-bound type of ring, the segments are supported, in 
addition, by a small coach spring (or springs) which keeps the 
rings centred with the shaft and yet pemuts freedom of movement 
if necessary. The radial clearance m this type should be suflhcient 
to allow for expansion of the shaft due to temperature increase. 
Further, it is essential that the joints at the ends of the segments 
should be qmte square and radial 

A typical carbon-ring gland is illustrated in Fig. 265. There are 
four rings between the inside of the turbme and the leak-off pocket, 
and one between the pocket and the atmosphere. The rings are 
arch-bound and are supported centrally by the coach spring A. 
This IS attached to a light casting to which the garter springs are 
attached. Rotation of the rings is prevented by a key sunk mto 
the lowest segment, and by a second key m a shallow recess at the 
bottom of the gland housing The outer end of the sleeve B is 
fin-shaped and forms a deflector which prevents steam blowing 
out and overheating the bearmg. 

The design of gland used m the weU-known Brown-Curtis turbine 
is shown in Fig. 266. The carbon rmgs are arranged in three seg¬ 
ments, each with overlappmg, or scarf, ]omts. There is a clearance 
at the jomt so that.the rings are in contact with the shaft. Rotation 
of the rings is prevented by the pins A. The rings are kept m contact 
with the shaft by the usual garter spring, but the outer surface of 
the carbon is protected by a thin strip of sheet brass. The outer 
half of the housing is prevented from possible rotation by a sunk 
key plate B. A number of radial holes dnlled m the housing com¬ 
municate with the leak-off (or steam supply) pocket. The rotatmg 
baffle F, which is a gunmetal casting in halves, serves the dual 
purpose of preventing leaking steam from blowing on to the bearing, 
and oil firom creepmg along the shaft and entering the gland. 

Labyrinth rings and carbon rings are sometimes combined in the 
same gland, the labyrmth gland being on the steam side. It is 
claimed that the leakage with this arrangement is lower than with 
an all-labyrinth gland. 
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205. Packing of Balance Pistons in Parsons Turbines. Labyrinth 
packing of some form or other is invariably used The types shown 
in Fig. 261 [a) and (c) are commonly employed in land tur¬ 
bines, since the balance pistons are fairly close to the thrust block, 
and the axial clearance may be kept reasonably small (say about 
0-015 to 0*02 m.). If the relative axial movement between the 
rotatmg and stationary elements is likely to be appreciable, as in 
marine astern turbines for example, the radial type of packing 
shown in Fig. 261 '{b) would be employed. 



CHAPTER XXIII 

BEARINGS AND LUBRICATION 

206 . Introduction. When a lubricant such as a mineral oil is 
smeared over a metal surfeice and the surplus lubricant is wiped off 
it is found that there remains an exceedingly thin filrn on the sur¬ 
face. It appears that there is a bond between the molecules of the 

lubricant and those of the metal 
surface which causes the film to 
adhere strongly to the metal. Such 
a film is said to be adsorbed and 
is only a few molecules thick. 
When metal surfaces are separated 
by adsorbed oil films the friction is 
described as boundary friction and 
the lubrication as boundary lubrica¬ 
tion. The force of friction with 
boundary lubrication is lower than the friction of dry surfaces. 
Oviirg to the imperfections of- actual metal surfaces, true boundary 
lebiioaiiou occurs only at the "high spots” which are in contact. 

If, by any means, a fiilm of oil which is stiU quite thin (say 5 to 
10 thousandths of an inch in thickness) but which is hundreds of 
thousands of molecules in thickness can be introduced and main¬ 
tained between the two moving surfaces in a bearing, then the 
resistance to motion is due to the sliding of layers of oil over one 
pother and is very much smaller than the resistance experienced 
in boundary lubrication. Moreover, the maintenance of a full and 
continuous film of oil between the bearing surfaces prevents any 
contact between the metals and thus prevents wear.' Lubrication 
of this type is termed film lubrication, and the object of bearing 
design is to ensure complete film lubrication over the bearing sur¬ 
face with the minimum friciion consistent with reliability and safety. 

The most important property of a lubricant in film lubrication is 
its viscosity. Consider a fluid moving with stream line or viscous 
flow, i.e, with a motion free from eddies. Let AB and CD, Fig. 267, 
represent two imaginary parallel layers of fluid particles situated 
a small distance apart dy, and let du be the velocity of AB relative 
to that of CD. Then the movement of AB will be opposed by a 
viscous drag F per unit area. 

F = z(|) 

where Z is defined as the coefficient of viscosity (or simply the 
viscosity) of the fluid. 
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In the c.g.s. tmits, F = du = —; and dy = cm. Hence 

dynes • sec. cm sec. 

Z = - ^ ^2 -* This unit IS known as the po%se (after Poisieulle) 

The centi-poise is poise. Since 1 dyne the units of 

CT. / M \ 

Z are also - }~ ( ). To convert to British units— 

cm, sec. yTl j 

1 Poise = 0-00209 ^ec. 


= 0-0000145 


lb. wt. sec 


= 0-0672 


lb. 

ft. sec. 



Typical temp.-viscosity curves for turbine lubricating oils are 
shown in Fig. 268, which shows clearly the influence of temperature 



80 90 mo no m m i4o jso wo 

Temperature - °F 

Fig. 268. —Range of Viscosity of Turbine Inbricatmg Oils 


on viscosity. The normal range of temperature is from 110 ° F. to 
140° F., and the tendency is to use the lighter grades of oil except 
where the bearing temperature is high or where the pressure intensity 
in the bearing is high. 

207 . Beau<^amp Tower’s Experiments. Little was known about 
the lubrication of journal bearings prior to the year 1883, when 
Beauchamp Tower published the First Report of the Research 
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Committee on Friction for the Institution, of Mechanical Engineers. 
Subsequent reports were published in 1884, 1885, 1888, and 1891. 

In most of his experiments on journal bearings. Tower used a 
bearing 4 in. diameter by 6 in. long, and subtending an angle of 
1*55°. The brass rested on top of the shaft, and an oh bath was so 
arranged that the shaft could dip into it (see Fig. 269). Thus the 
oil was carried up into the brass as the shaft rotated. It was found 
that the brass was completely supported by an oil film. At one 



point in the experiments, the brass had been dismantled and a 
J-in. hole was chiHed in the crown for a lubricator. On running 
the journal without the lubricator it was found that oil was emerg¬ 
ing from the hole. The hole was accordingly plugged with wood, but 
it was formd that, owing to the pressure of the oil, the plug was 
gradually being forced out. A series of holes was now drilled in the 
brass at different points around its arc of contact with the oil film 
and along its length. By means of these holes the pressures in the 
bearing could be measured and curves such as those in Fig. 269 
obtained. The point of maximum pressure occurs a little on the 
"oH" side of the centre of the brass, and the brass sets itself slightly 
eccentric to the journal, the oil film being thicker at the “on” side 
than at the “off” side. 

Professor Osborne Re 3 molds studied Tower’s results and came to 
the conclusion that the problem could be considered from the 
standpoint of hydrodynamics. He deduced certain equations which 
have formed the basis of lubrication theory ever smce. These are 
set out, together with analyses of Tower’s results, in a classical 
paper (2). 
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208 . Conditions Essential for Film Lubrication. Tower’s experi¬ 
ments show quite clearly that in a journal bearing the pressure in 
the oil film is atmospheric at inlet and outlet, and that in the 
central plane it increases to a certain maxunum and then falls 
away again The same remark apphes to all other transverse planes 
except those comdding with the sides of the bearing, where the 
pressure necessarily falls to atmospheric. Certam conditions are 
essential for the formation of such a pressure film. These will first be 
considered for a bearing of infinite width, i.e. without side leakage. 

Imagine that Fig. 270 represents the cross-section of two plane 
surfaces A and B, both of which are infinitely wide in a direction 
perpendicular to the plane of the paper. A is assumed to be fixed 
whfie B is moving with constant speed. Assume, in the first case, 
that the two surfaces are separated by a continuous film of oil, 
and that there is no force tending to cause one surface to move 



towards the other. Now the oil will chng to both surfaces and hence 
the particles of oil adhering to A will be stationary, while those 
adhering to B will have the same velocity as B. The oil film is 
bemg subjected to a continuous sheanng and particles Ijnng between 
A and B will have a velocity proportional to their distance from A 
Hence, if represents the velocity of B, the triangles are 
velocity triangles, and the area cross-hatched represents the volume 
of oil passing any section per unit width perpendicular to the plane 
of the paper. Hence the same volume of oil flows past each section, 
and the arrangement simply constitutes a pump operatmg without 
any pressure Sfference. 

Assume now that both surfaces A and B are at rest, but that a 
force is applied which will gradually cause the two surfaces to 
approach each other and so squeeze out the oil film. If the dotted 
lines represent the mitial conditions (Fig. 271) and the full lines the 
conditions at a later instant, it is clear that the areas a-^ and of 
the bulges will be equal respectively to x^. dt and . dt. It will 
be understood that the curved lines represent successions of oil 
particles which were originally represented by the straight dotted 
lines. The existence of the bulging lines is evidence of an internal 
pressure in the oil, which is momentarily balancing the external 
forces applied to A and B. 
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Suppose now that the conditions assumed in the foregoiug con¬ 
siderations exist simultaneously, i.e. that B is moving and that a 
force is applied to A and B tending to bring them together (Fig. 
272). It is to be further assumed that the surfaces are so constrained 
as to remain parallel. From what has been said before, it will be 



at once apparent that the cross-hatched areas in Fig. 272 repre¬ 
sent the volume of oil passing any section of unit width in unit 
time. But these areas are not equal, and it will be seen that more 
oil is passing out from between A and B than is entering, and there- 


Fig. 272 



fore that in a short time no oil will separate the surfaces and metallic 
contact will ensue. 

It may be pointed out in passing that these are the conditions 
which exist in that type of thnist block in which one or more collars 
turned on the shaft abut against fixed rings or shoes. The latter 
are usually lined with white-metal and the oil is fed into the space 
between the shoe and collar at various points. In practice, the 
performance of this tjqje of thrust bearing has never been satis¬ 
factory, and the maximum allowable pressure under a steady load 
does not exceed 30 lb. per sq. in. 

Imagine now that the block A is freed from constraint (Fig. 273) 
and allowed to tilt relative to the surface B. Then if the tilt be 
such that the effective cross-hatched areas are equal at all points, 
a constant quantity of oil will pass between the two spaces. More¬ 
over, the oil film is capable of STistaining and, therefore, of generating 
a certain pressure. This simple analysis shows that the essentM 
condition for a pressure film is that the space between the two 
surfaces should be tapered or wedge-shaped. 
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This requirement may be shown more comincingly as follows. 
Let A and B, Fig. 274, be two parts of a journal bearing or Michell 
thrust block separated by a film of oil. Suppose that A is sta¬ 
tionary and that B moves with a velocity %. The oil particles m 
contact with A will be at rest, while those in contact with B will be 



The actual inclination of A to B is about 1 in 3,000 

moving with a velocity The linear velocity of fluid particles in 
the film wiU vary in a definite manner across the depth of the 
film. 

It is assumed that the depth of the bearing perpendicular to the 
paper is infinite, and that fluid particles move only in planes parallel 



to the plane of the paper. Consider a small prismatic element of 
fluid abed of length dx, height dy, eind unit depth. It wnll be 
assumed that for any value of x, the pressure intensity at any point 
in the film is P, i.e. P is independent of y. When x increases to 

x + dx, B increases to B dx. Let the velocity of the fluid 

particles at a height y above B be «, and suppose that this yelodty 
does not vary in the z direction. If the velocity gradient in the y 
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direction is then the shearing stress in the oil film is 


-Ki> 


because ^ is negative. 


Now, if ^ is constant, i.e. if the change of velocity is uniform 

across the depth of the film, then F is constant. If ^ varies, then 
F wiU also vary, and 

dF _ _ fd^u\ 

'dy~~ ^ ) 

Considering the forces acting on the fluid element in the direction 
of motion (others balance), we have— 


.8x.dy = 


. 8y . dx 


dx =^- dy - ) 


Consider the journal bearing used in Tower’s experiments. Sup¬ 
pose that the two surfaces are developed so that one of them, e.g. 



Fig. 275 

the moving surface, is plane (Fig. 275). Then at the “on” side, 
. dP 

section 1, is positive; at section 2, where P is a max im um , 
dP dP 

^ = 0; while at the “off” side, section 3, ^ is negative. In 

order to satisfy these requirements, the variation of velocity across 

the oil film at the points considered mxist be such that is posi- 

dy^ 

tive, zero, and negative at sections 1, 2, and 3 respectively. The 
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necessary variations are shown in Fig. 276. It will be seen that 
these are the same as shown in Fig. 273 



Fig 276.—^\'anatiori of Velocity m Oil Film at Difierent Sections of 

Fig. 275 

Consider now the quantity of fluid flowing past any section per 
unit depth perpendicular to the paper. This is obviously 
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where h is the thickness of the oil film measured perpendicular to 
the moving element, and is the mean velocity of the fluid film. 
Since there is no side leakage, the volume of oil passing aU three 
sections must be the same. Then since u^x < fh.> K 

> h^. That is to say, the oil film must converge in the direction of 
motion of the moving element. 

If, as in actual bearings, there is side leakage, then the quantity 
of ofl moving forward is continually being diimnished, and an even 
greater convergence of the oil film becomes necessary. 

209 . The Journal Bearing. The essential parts of a journal 
bearing are shown in Figs. 277 and 278, the clearances being greatly 



Fig. 277 Fic. '278 

exaggerated for the sake of clearness. It was formerly the practice 
to “bed” the journal into the “brass” by scraping the white- 
metal lining until the radius of the lower part of the brass was equal 
to that of the journal. In such a case, any possible movement 
of the journal which takes place when the journal begins to rotate 
does not lead to the formation of a satisfactory wedge-shaped film 
of ofl., and it is difficult, if not impossible, for true film lubrication 
of such a bearing to take place. 

In most cases, the lower part of the bearing is now bored out to 
a radius which is slightly larger than that of the journal itself. In 
some cases the clearance in the upper part of the bearing is made 
stiH larger, except at the ends of the bearing where a smaller 
clearance is employed in order to prevent excessive side leakage of 
oil. The arc ab represents the true bearing surface. Above a and 
h, the white-metal is scraped away to provide a large clearance. J 
and B represent the centres of the journal and bearing respectively. 

Fig. 2^ represents the bearing with the journal at rest. The 
journal is Ijtng in the bottom of the brass, contact being along a 
comparatively narrow strip of bearing surface with a high intensity 
of iMressure. Assuming clockwise rotation,of the joum^, it would 
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appear that at the first instant of movement the journal would 
tend to roll shghtly to the right and upwards. But slipping would 
soon take place and there would be appreciable relative motion 
between the journal and the brass. Durmg this stage the lubrica¬ 
tion would be of the boimdary t3T3e, although if the journal were 
kept rotating slowly it is quite hkely that metafile contact and 
wear would ultimately take place. If, however, the speed be gradu¬ 
ally raised and if oil be supplied at the "on” side, then oil will 



be dragged mto the clearance space to a greater and greater extent. 
If the conditions are favourable, a continuous film of oil will form 
from a to b. It wifi be seen from Fig. 278 that for the formation 
of the necessary converging film of oil, the journal must move 
upwards and to the left. The final position of the journal is such 
that the resultant force due to the oil pressures generated m the ofi 
film just balances the load on the journal The distance JB is 
termed the "eccentricity” of the bearing, and the angle <f> between 
the line of centres and the load Ime is termed the " attitude.” 

It will be clear that the oil film has its least thickness at c. Fig. 
278, where the line of centres crosses the film. This minimum thick¬ 
ness equals r — e, where r is the radial clearance in the lower half 
and e is the eccentricity JB in the running position. From c to 6 
the film is divergent, and in this part the pressure might fall below 
atmospheric so that air is drawn in. In such a case the film might 
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break down and metallic contact ensue. For this reason, the arc 
ab should not subtend too great an angle at the bearing centre. 
An angle of 110 to 120° is commonly used in turbine work. Professor 
Goodman, experimenting in 1885, showed that by reducing the arc 
of contact from 180° to 30°, other things remaining equal, the fric¬ 
tional resistance was progressively reduced. 

210 . Construction of Journal Bearings. In very small turbines 
drip feed lubrication may be employed. Fig. 279 shows a bearing 
for a small de Laval turbine. The bearing shown supports the 



Fig. 280. —Water-cooled Bearing on Terry 

Stea * 


turbine spindle at the end remote from the gearing, and consists of 
a bronze bush a, in one piece, and lined with white-metaL The bush 
is ball seated and, having little more than its own weight to support, 
is held in position by the compression of a light spring 6. The oil 
dropping in from the sight feed enters the bearing at one end by 
the hole c. To distribute the oil satisfactorily, a shallow helical 
groove d is cut in the bush, the oil being carried to the other end 
of the bearmg by the drag of the shaft. 

A ring-oiled bearing for a Terry steam turbine is shown in Fig, 
280. ^ The 'tearing comprises a bush lined with white-metal and is 
provided with two rings dipping into an oil bath. Rotation of the 
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shaft causes the rings to rotate and oil to be lifted into the bearing. 
A simple method of cooling the oil is shown. Cooling water is sup>- 
plied at A, rises m the annular space between the core and the 
outer chamber, and flows downwards through the central core to 
the outlet pipe 

Considering the larger forced-lubricated bearings, it may be 
stated that practice differs chiefly in respect of the following— 

(a) Methods of bormg out the white-metal. 

\b) Methods of supporting the bearing. 

(c) Methods of introducing the oil into the bearing. 

Three methods of boring out the white-metal lining are indicated 
in Fig. 281. In {a) the brass is simply bored out truly circular 
with a diametral clearance of about 0-002 in. per inch of journal 





diameter. With small bearings, the clearance would be larger— 
from 0-003 to 0-005 m. In (&) the brass is bored out circular, but with 
temporary liners between the two halves. When the liners are 
removed and the bearing is assembled the horizontal clearance is 
greater than the vertical In (c) the bearmg is first bored out 
cylindrical with the clearances stated above, and then the sides 
are eased as shown, except at the ends of the bearing (see (<i)). 

Methods of supporting the brass and of introducmg the oil will 
be considered together. The rigid type of support is well exempli¬ 
fied by the marine turbine bearing shown in Fig. 282. The bearing 
consists of bronze shells a lined with white-metal and bedded into 
the bearing block and keep. Lubricating oil is supplied through a 
hole in the side of the bearing block to the annular passage h, Irom 
whence it passes through the rectangular opening c into the space 
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between the journal and the brass. The curved dotted hne d indi¬ 
cates the boundary of that part -of the white-metal on either side 
of the horizontal joint which is eased off to facilitate entry of the 

oil. The di mension E is made about 

Instead of fitting a pressure gauge (which might soon get out of 
order) to indicate the presence, or otherwise, of a plentiful supply 


Fig. 282. —Bearing for High-speed Marine Turbine 



of oil, a test cock e, which may be opened occasionally, is fitted. 
This cock is in communication with the oil supply passage &, and 
discharges into a funnel / fitted into the side of the bearing keep. 
The oil thus returned to the oil well is strained through a strip of 
wire gauze g. The oil leaking from the side of the bearing is 
prevented from creeping along the shaft into the turbine glands 
by the centrifugal throwers h, while the light baffle j serves the 
dual purpose of preventing oil and oil \^pour from leaking out of 
the bearing housing and of minimizing the heating of the bearing 
by leakage of steam from the gland. 

It will be noticed that the bronze portion of the bearing extends 
somewhat on either side of the white-metal, forming what is termed 









BEARINGS AND LUBRICATION 457 

a “safety strip.” Should the white-metal flow, owing to over¬ 
heating of the bearing, the rotor drops through a small distance on 
to the safety strip and may be so supported until steam is shut 
off. This would prevent a dangerous strippmg of the blades, anH 
would for a short time, pro\ided the supply of oil is maintained. 





Fig 283 


prevent serious damage to the shaft. The safety strip is usually 
about 0-015 m. below the white-metal all round. 

The minimum thickness of the white metal = A = ^ -f in.; 
B = ^ for journals 4 in. dia. and over;' C = -b J in. 


Fig. 283 shows a turbine bearing by Messrs. Brown Boveri & 
Co., Ltd. The bearing consists of two halves A and B spigoted 
together and supported at C over a short length, so that the bearing 
can tilt slightly and thus jrield to change in slope of the shaft. Oil 
enters at D at the "on” side. Oil leaking from the sides of the 
bearing flows into the grooves E and issues from the openings F. 
This device, widely used on turbine bearings, prevents oil from 
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creeping along the shaft in quantity and considerably lightens the 
duty of the oS throwers. 

A bearing construction of considerable interest is shown in Fig. 





Bottom Half Top Half 

Plans of Joint Faces, 

Fig. 284.—Spherically-seated Journal Bearing 


284. It is designed to support a journal 20 in. diameter on a British 
Thomson-Honston steam turbine. The bearing is supported in a 
spherical seating in the pedestal- There are two definite supplies 
of oil, one for lubrication purposes and the other for cooling. The 
oil is supplied through ports in the seating and enters the lower 
half of the bearing at A and B. The lubricating oil proper enters 
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the bearing through the hole C and, after passing round the lower 
part, escapes through holes D. The cooling oil passes in through 
the hole E and, after passing through a narrow slit, enters the top 
half. It is dragged round by the jovunal surface and escapes through 
a long slit and finally by way of the holes F. At each side of the 
bearing the white-metal is earned out at G to within O'OOS in. of 
the shaft to form a wiper or scraper. This wiper prevents either 
the lubricating oil or the cooling oil from being circulated round 



the bearmg, and has been found to effect a considerable reduction 
in power loss. 

A form of bearing which is widely used in steam turbines is shown 
in Fig 285. The bearing is again supported in a spherical seating 
which allows freedom of alignment, but the steel pads A, B, C, and 
D are detachable. Between the pads and the bearmg shell are a 
few thin liners which differ in thickness by small amoimts. By 
changing these liners, the centre of the bearing may be adjusted 
for vertical or horizontal position. Lubricating oil is supplied 
through a hole in the pedestal and passes through a cored passage 
in the lower half of the bearing. A stop-pin D prevents the bearing 
from rotating. 

211 . Materials. The material most commonly used for the 
bearing shell is cast iron. Where greater strength or rigidity is 
desired, cast steel is employed, while in naval work bronze is mostly 
used. In all cases, the bearings are fined with white-metal. Longi¬ 
tudinal and circumferential dovetail grooves secure the lining in 
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the shell. In addition a bond is obtained by tinning the inside of 
the bearing shells before the white-metal is poured in. 

Typical analyses of white-metal, given in a paper by Drs. H. L. 
Guy and D. M. Smith (3), are as follow— 



For 

Ordinary 

Condi-fcions 

For High. 

Temp. 

Conditions 

Tin 

1 78 

86 

An"timony 

13 

8-5 

Copper 

6 

5-5 

Lead . 

3 



212 . Design of Journal Bearings. The basic data for design are 
the total load W and the speed of rotation. The quantities which 
have to be determined include the radius of the journal, the axial 
width of the bearing, the angle which the effective bearing surface 
subtends at the centre of the bearing, the radial clearance, and the 
quantity of oil to be supplied per unit time. 

The design of turbine bearings has been largely based on experi¬ 
ence. Before film lubrication was understood and long after it 
had been explained by Osborne Re 5 molds, it was thought that, as 
in dry friction, the coefficient of friction would be constant and, in 
consequence, the heating effect in a bearing would be proportional 
to the product pu, where p is the pressure in lb. per sq. in. of pro¬ 
jected area and u is the velocity of the journal surface. In accordance 
with this idea, the value of this product was kept within certain 
limits. This led, in many cases, to turbine bearings in which the 
ratio of width to radius was sometimes greater than 6. It is now 
realized that the pu product has little or no significance and, as a 
result, shorter bearings are used, the ratio of width to radius being 
from 2 to 3, and occasionally"as low as 1*5. The pressure per sq. in. 
of projected area varies from 30 to 2001b., the normal values 
ranging from 80 to 120. Owing to the increase in output of high¬ 
speed turbines, the journal surface speed has steadily increased 
and now often reaches 150 to 160 ft. per sec. As already stated, 
the effective bearing angle is normally 110° to 120°. The radial 
clearance ranges from 0-001 to 0*0015 in. per inch diameter. 

There are many factors which tend to make the design and 
operation of turbine bearings a matter of trial and error. In the 
first place, the variation in the viscosity of the oil due to the rise 
in temperature which takes place during its passage through the 
bearing makes any theoretical treatment of the subject difficult. 
The radial expansion of the jomnal due to temperature rise is often 



BEARINGS AND LUBRICATION 


461 


coiimiensTirate with the radial clearance allowed and should be 
specially considered in the case of turbines operating with high 
temperature steam. In this coimection a water seal pro\’ides a 
valuable cooling agent between the gland and the beanng. Then 
finally the distortion of the bearing under hea^^y loads may produce 
appreciable changes in curvature and clearance. 

A method of design, based on hydrodynamic principles, has, 
nevertheless, been put forward by Professor H. W. Swift (4). This 
method is based partly on a theoretical paper (5) by himself, and 
partly on a paper by Dr. Albert Kingsbury (6). The following brief 
summary of the method is set out for 120° bearings only, since this 
is the type approaching nearest those used in steam turbines. 
For the more complete application of the method the reader is 
referred to the original paper. 


Let W = total load on bearing, lb. 

R = radius of joumal, in. 

B = axial width of bearing, in. 

L = circumferential length of efiective bearing arc, in. 
r = radial clearance, in. 
ft) = angular velocity of journal 

W 

P = load per unit width = -g-. 

Z = viscosity of oil, lb. wt. in. sec. units. 
u = surface speed of journal, in. per sec. 

s = eccentricity = ^ (see Fig. 278). 


Then it may be shown for an infinitely wide bearing without side 


leahage that 


{ 1 ) (rO * 


is a function of the eccentricity s for a 


given bearing angle. (^) ^ ^ dimensionless quantity which 

is termed the load criterion. Writing A for this, the calcifiated 
relationship between A and s is shown in Fig. 286. It will be 
observed from this that greater values of the load criterion A are 
associated with greater values of s and, therefore, with thinner 
oil films. 

It may also be shown mathematically that is a function of e ; 


the relationship for a bearing without side leakage is diown in 
Fig. 286, the curve being a rough interpolation between curves for 
bearing angles of 90° and 180°. 


i6—(T.s«oo) 
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The design of the beaxing should be such that— 

(1) The thickness of the oil film at the point of closest approach 
should be as great as possible. This leads to maximum reliability. 

(2) The coefficient of friction fj. should be as small as possible. 
The minimu m thickness of the oil film is f = ^(1 — e). For any 

value of 8, the corresponding value of A may be obtained from 



0 12 8 4- 

Load Criterion A = { ^ \ - 

\ZU )r^ 


Fig. 286.—120® Journal Bearings of Infinite Width 


y ! P tip 

Fig. 286. From this we may calculate ^ and hence 

termed the film thickness characteristic of the bearing. Values of 
this are plotted in Fig. 287. 

Similarly, since for any given value of e we have corresponding 


values of 


- /l. 

Zu 


it follows we have also values of 


I- 

V Zu’ 


the friction characteristic of the bearing. Fig. 287. Inspection of 
Fig. 287 shows that the thickness characteristic is a maximum 
and the friction characteristic a roinimum when e is about 0*5 
for the infinitely wide 120° bearing, and 




. ( 203 ) 
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The effect of side leakage of oil in a bearing of finite ■width is to 
reduce the load-carrying capacity and to increase the coefficient of 



0 0-J 02 0-3 0-4- OS 0 6 07 08 

Eccenfriciiy € 

Fig 287 —120® Journal Bearings of Infinite Width 


friction. Kingsbury, employing an electncal analogy, has obtained 
the relationship between p, (jlq and y, where— 

Pa — pressure intensity in bearing of infinite ■width 
p = pressure intensity in bearing of finite ■width 
= coefficient of friction in bearing of infinite ■width 
y = coefficient of friction in bearing of finite ■width. 

These ratios are plotted in Fig. 288 for various values of L/'B. 


1 /JP _J_ /R /W 
RV Z« ~ R®V B V <wZ 



Also 


( 204 ) 


Friction CharacteristicJU 
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If varying values of ^ be taken it will be fotind that the friction is 
B ^ 

least when ^ e<^uals 2. It increases rapidly for lower values but 
only riowly for higher values. 

Although such methods might give reliable results for partial 
bearings, the power losses worked out on the coefficient of friction 



0 O'S hO 1-5 20 

Ratio L « Length of Arc 

^ Width oF Bearing 


Fig. 288.—Correction Curves for Bearings of Finite Width. 

derived by their use are generally less than those measured experi¬ 
mentally on actual turbine bearings, the ratio of the actual to the 
theoretical value being from 1-5 to 2-0. This is probably due to 
the fact that the actual bearing, although sometimes provided with 
a fairly large clearance at the top, does embrace the journal for 
360 degrees. Moreover, oil is circulating around the complete 
bearing. Tests on a givai type of bearing have shown quite defi¬ 
nitely that the power absorbed is increased when a greater quantity 
of oil is supplied to the bearing. 
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Example 29. The load on a journal bearing is 12,0001b., and 
the speed 3,000 r p-m. Calculate suitable proportions for the bearing, 
assuming a pressure of 1201b. per sq in. of true projected area. 
Calculate also the least thickness of the oil film , the radi^ clearance, 
the coefficient of friction and the theoretical power loss due to 
friction Assume that the mean viscosity of the lubricating oil is 
0-2 poise 

We shall assume a bearing angle of 120° and a “square ” bearing, 
1 e B = 2R 

Then the proiected area = 2BR cos 30° 

= 4R2 cos 30° = 3-464R2 
3 464R2 = 12,000 -t- 120 = 100 sq in. 

R = 5-375 in 
Dia of journal = lOf in 
Length of bearing = lOf in. 

Assuming these dimensions are acceptable we would proceed as 
follows, basmg the calculations on the assumption that e = 0-5. 

03 = 314-2 radians per sec 
Z = 0 2 poise = 0 0000029 


Length of bearing arc L = 11 26 in 


L 11-26 
B = 10 75 


1-05 


Then by Fig 288, we have ^ = 0 43, and — = 2-27. 

ro i“i> 


Then 


l~ = 0-794^/0-43 X 2 = 0-736 
RW 03 Z 


i = 0-736R2 



^ = 0-00586 in. 
W 


This is the least thidaiess of the oil film, i.e. about 6 thousandths 
of an inch Since e = 0-5, the radial clearance must be 2 x 0-00586 
= 0-0117, say 0-012 in. This is 0-0011 in. per in. diameter, which 
is in hne with current practice. 





B 

R 


= 4-92 


fi = 4-92Ry^ = 0-00727 
Frictional force = 0-00727 x 12,000 = 87-2 lb 



, Speed 
falling 


466 STEAM TURBINE THEORY AND PRACTICE 

Since the surface speed of the journal is 141 ft. per sec.— 

87-2 X 141 

Theoretical power loss = 550 

= 22-3 h.p. or 16-7 kW 

213 . The Journal Centre Locus. The path iii which the journal 
centre J moves when the load on the beamg is constant and the 
speed of rotation or the viscosity of the oil are changed is termed 

the journal centre locus. Let 
the quadrant of the circle in 
Fig. 289 be drawn with centre 
B corresponding to the centre 
B of the lower part of the 
bearing, Figs. 277 and 278, 
and with radius BJ equal to 
the radial clearance r. Then 
J represents the lowest and 
rest position of the journal. 
Although Reynolds published 
his classical equations in 
1886, it was not until 1904 
that Professor Sommerfeld, 
in a masterly study (7) of the 
180° journal bearing, worked 
out the locus of the journal 
centre. BCDE shows the 
calculated locus for clock¬ 
wise rotation. It may be shown that the actual position taken 
up by the journal centre depends on the dimensionless quantity 

If Z and P are assumed to be constant then the position of 

the journal centre depends only on the surface speed u, i.e. on the 
speed of rotation. As the speed is increased the journal centre 
moves in the direction EDCB, and vice versa. This means that if 
the speed is falling the joionml centre moves in the direction of E 
and ultimately the journal would seize at the side. In a later 
analysis. Professor Giimbel arrived at the conclusion that the locus 
was approximately the semi-circle BFJ, which gave J as the seizing 
pomt— s. more rational result. Swift (5) has more recently analysed 
the same problem and shown that for stability the locus for the 
180° bearing should be the curve BCGJ, which coincides with part 
of Sommerfeld’s curve. For the 120° bearing the theoretical locus 
is the curve BHJ. With an eccentricity s equal to 0-5, the running 
position of the journal centre is H and the attitude <f> = 144°. 

214 . Con<Utions during Stopping and Starting. Consider a turbine 
which is being shut down. As the speed falls, the load criterion 

increases, and as the curve of Fig. 286 shows, the 



Fig. 289.—Journal Centre Loci 
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eccentricity e increases Thus the journal centre gradually moves 
from H towards J, Fig. 289, the oil film becoming thmner and 
thmner. When the speed has fallen to a certain critical value the oil 
film becomes exceedingly thin and breaJks down. The lubrication 



changes from fiJm lubrication to the boundary type and the coeffi¬ 
cient of friction increases as the speed falls. The relationship 

between and is shown by Fig 290. 

Messrs. S. A. and T R McKee (8) carried out experiments on a 
bearmg in which B/R = 2, r/R = 0-002 approx ; and ^ = 192 lb. 
per sq. in. Two mineral oils were used having widely different 
viscosities. From results obtained, the author has calculated that 

ZN 

the critical values of at which the t 3 q)e of lubrication changes 

is about 0-605 X 10“® for bronze bearings and 0-208 x 10“® for 
babbitt bearings. 

In a paper (9) on journal bearmgs, Mr. Francis Hodgkmson des¬ 
cribes experiments made on a large steam turbme with the object 
of finding the lowest speed at which the od films could be maintained 
The turbme was allowed to come to rest under its own momentum. 
Accurate speed measurements were made and from these the 
retardation was carefully calculated. It was found that with oil 
temperatures of 115" F. and 95° F. the retardation suddenly 
increased when the speed had fallen to 19 r.p.m. and 16 r.p.m. 
respectively. From the data given in the paper, the critical values 

of work out at 0-38 X 10-« and 0-53 x 10“® respectively. 
P 

These values are necessarily approximate, since all four bearings 
would hardly reach the critical state at the same speed. 

It appears, therefore, that for bearings lined with white-metal 
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and lubricated with mineral oils, the critical value of is in the 

P 

neighbourhood of 0*5 x 10 ®. 

In starting a turbine, the conditions are somewhat different. 
As already explained in Art. 209, the first tendency is for the 
journal to roll on to the "on” side; shpping then takes place and 
the lubrication is of the bounda^ type. In general, however, the 
acceleration will be relatively high and film lubrication wiU soon 
be initiated. There is no doubt, however, that the most arduous 
conditions as regards wear occur at starting and stopping. 

215 . Turning Gear. If a turbine is shut down and the rotor 
allowed to rest in one position for an appreciable time, then due to 
rmequal heating the spindle bends. If the turbine is a large one, 
considerable vibration may occur when the turbine is started again 
and it may be some hours before the machine can be safely run at 
its full speed. For this reason, most large steam turbines are 
provided with motor-driven turning gear to keep the rotor turning 
slowly while the machine is off load. If the speed of turning is too 
low for film lubrication to be effective (see preceding article), a 
special lubricating oil pump is installed. This is a reciprocating 
pump, sometimes having a separate plunger to each bearing and 
supplying oil at a pressmre of 1,000-1,500 lb. per sq. in. This 
provides a film of oil under each journal and, while preventing 
metallic contact, reduces the power required for turning. The 
Parsons 50,000 kW turbine at Dunston are turned at ISr.p.m. 
when off load. 

216 . Thrust Bearings. In impulse turbines there is a certain 
force in the axial direction due to the change of momentum of the 
steam in that direction, as explained in Art. 62. This force tends 
to push the rotor towards the exhaust end of the turbine, but the 
total force is usually quite small. In many large so-called impulse 
turbines, however, the last few stages operate with partial reaction, 
and the axial forces on the rotor are considerably increased. In 
Parsons turbines, the axial forces on the moving blades are very 
large, but tliese are largely balanced by the steam pressures on the 
balance pistons. There is, however, a certain moderate residual 
thrust. 

In aU cases, a thrust bearing is provided, not only to support 
the axial force on the rotor but also to fix accurately the axial 
position of the rotor relative to the casing. The t 37 pes of thrust 
bearing which are used in turbine work may be enumerated as 
follows— 

( 1 ) Plain collar type; ( 2 ) Bevelled collar t 3 ^e; (3) Kingsbury or 
MicheH t 3 ?]^; and (4) Plain collar with fixed inclined thrust pads. 

217 . Plc^ and Bevelled Collar Bearmgs. The plain collar type 
of bearing comprises a number of collars turned on the shaft working 
in a fixed houang which must, of course, be in halves. The housing 
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is Imed with white-metal. Oil is supplied through a number of 
radial holes to the hiner edges of the collars and taken off through 
a number of radial holes at the outer side of the recesses (Fig. 291 (a)) 
It has already been shown in Art 208 that the plain collar type of 
bearing is fundamentally unsound Improved performance may 




(a) (b>^ 

Fig 291.—Multi-collar Thrust Bearings 


be obtained by dividing up the bearing surfaces into sectors and 
providing radial grooves to distribute the oil to the leading edges of 
such sectors, as shown in the figure. The sides of such grooves should 
be well rounded. Fig. 291 (6) filustrates the principle of the bevelled 
collar thrust bearing. It is said to be capable of carrying heavier 
loads than the plam coUar bearing. A tapered film may be obtained 
with this type of bearing by displacing the axis of the housing with 
respect to that of the shaft. The allowable pressures in collar 
bearings is about 20 lb. per sq in. for the plain coUar and 60 lb. 
per sq. in, for the bevelled coUar. 

2i8, Tilting Pad Thrust Bearings. The first tilting pad thrust 
bearmg was made by the American engineer, Albert Kingsbury, 
in the year 1899. It was independently developed by the Australian 
engineer, Mr. A. G. M. Michell, who published a mathematical 
study of the subject in 1905. While the priority of Kingsbury’s 
invention is fully acknowledged, the name of Michell is usually 
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associated with the tilting pad bearing in this country. Accordingly, 
it will be described, for the sake of brevity, as the Michell bearing. 

The essential feature of the Michell thrust bearing, i.e. the tilting 
pad, is shown diagrammatically in Fig. 292. The pad rests against 
a fDced abutment, being supported on a canting ridge parallel to 



the outlet edge of the pad. It is thus enabled to tilt at a slight 
angle to the moving surface of the thrust collar and so permit the 
formation of a wedge-shaped -oil film. The principle has already 
been explained in Ait. 208 and illustrated by Figs. 273 and 276. 
The theory is fully set out in Dr. R. O. BoswaU’s book (10). 

Gjnsider first the comparatively simple case of a pad of infinite 
width (B = oo), and assuming that the viscosity Z remains constant. 
The moving surfeice is also assumed to be infinitely wide and to 
move with a uniform velocity u, h-i and \ are the thicknesses of 
the oil film in inches at the inlet and outlet edges respectively. 

Let L = length of pad in direction of motion, in. 

« = surfe.ce velocity, in. per sec. 

Wi = load per in. width, lb. 

* = distance from outlet edge to centre of pressure, in. 
e == eccentricity of load, in. 


Then it may be shown that Wi = 



Z.u.JJ 

V 


) 


/ Z . w\i 
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The following values are obtained for different values of the film 
thickness ratio ^ — 

K 


K 

c. 

■x ' 

1 ~ 

1 L ^ 

' « 

i L 

C, 

1 

0 

05 

0 


2 

0 1590 

0 432 

0 068 

1-94 

3 

0-1476 

0 392 

0 108 

1 82 


The curves in Fig. 292 show the calculated distribution of pressure 
for different film thickness ratios. It will be seen that the loading 
is definitely eccentric, the centre of pressure being on the outlet 
side of the centre-line of the pad 

For equilibrium, the supporting edge must be displaced by a 
small amoimt a from the centre of pressure Takmg moments about 
the tilting edge— 

W .a = fiW.d 

or a = fid 

Since d is normally about 0-3L and as is not usually more than 
0-01, a = 0-003L, an amount which may be neglected 

In actual thrust blocks, the pads are of fimte width and oil leaks 
from the sides. The load-cariymg capacity is low’er than that of 
infinitely wide pads, while the coefficient of faction is greater. 
If we assume that the pads are square and that the velocity u is 
again uniform, then the correction for load-carr 5 ang capaciti' may 
be obtained from Kingsbury’s curve. Fig. 288. The corrected ratios 
and constants for the square pad are as follow— 


K 

Cx 

X 

T 

1 ^ 

1 L 

Ca 

2 

3 

0-0690 

0 0678 

0 419 
0-374 

i 

0 081 

0 126 

2-76 

2-38 


Note .—In using th.e value of Cj for finding fjt. the actual value of for the 
square pad must be inserted m the formula 

For a full analysis of the problem and of the more practical case 
of the sector-shaped pads the reader is recommended to study 
Boswall's book. 

Example 30. The thrust block of a steam turbine contains 
16 pads, each equivalent to a square of 1*75 in. side. The mean 
diameter of the pads is 12-5 in. and the speed 3,000 r.p.m Assuming 



on \ Outlet 
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that the mean viscosity of the lubricating oil is 0-2 poise, that the 
minimum thickness of the oil film is 0*0015 in., and that the thick¬ 
ness ratio is 2, calculate the total load which the thrust block can 
support. What is the theoretical power lost in overcoming friction, 
and what is the required eccentricity of the pads? 

Area of each pad = 3*06 sq. in. 

u = 1,962 in. per sec. 

Z = 0*2 poise = 0*0000029 


ho = 0*0015 in. L = 1*75 in. Cj = 0*069 
Load per in. width = Ci ^ ^ ~ 

Load on each pad = 535 x 1*75 = 936 lb. 

. Mean pressure on pads = 305 lb. per sq. in 
Total load on thrust block = 16 x 936 

= 15,0001b. 


^ ^ (^) 


Zu 


Wi- 


0*0000029 X 1962 
535 


= 0*00001065 


= 0*00326. Ca = 2*76 

li = 0*00326 X 2*76 = 0*009 
Total friction force = 0*009 x 15,000 = 135 lb. 

135 X 1962 

.. Theoretical power loss = 12 x 550 = ^ 


The actual power loss would be appreciably in excess of this, 
because of the pumping action of the collar and other hydraulic 
losses. 

Eccentricity e = 0*081 X 1*75 = 0*142 in 

219 . Construction of Michell Thrust Bearings. Fig. 293 shows a 
section through a MicheU beanng for a steam turbine. A single 
collar A is turned on the shaft and abuts against a number of thrust 
pads B. These are supported by a ring C. A sim ila r set of pads E 
on the non-working side of the block abut against a ring F. The rings 
C and F are divided by a horizontal jomt. The pads E are provided 
to take any accidental thrust in the direction opposite to that of 
the normal thrust. 

The flvial position of the rotor is adjusted during erection by 
Tnarbining the Imer D to a definite thickness. A small clearance Cj, 
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knowTi as the “oil clearance,” must be provided between the collar 
and the surging pads E when the coUar is hard up against the work¬ 
ing pads in order to allow ample space for the formation of satis¬ 
factory oil film*; between the collar and pads. This clearance varies 
from about 0-010 to 0-015 in. according to the size of the thrust 
block, and is fixed by giving the liner G a suitable thickness. Lubri¬ 
cating oil is supplied to the centre of the block under a slight pres¬ 
sure, and after passing through the bearing it escapes through an 




outlet at the top. This ensures that the bearing is flooded with oil 
at all times. The rate of oil flow is controlled by a restriction orifice 
in the outlet pipe. 

In marine turbines, where the rotor must be able to turn in both 
directions, it is usual to support the thrust pads on a hardened steel 
pin D, Fig. 294, which abuts against a hardened steel plate in the 
supporting ring. According to theory, this would result in an oil 
film of uniform thickness and thus incapable of supporting 

any load. In practice such pa^ operate quite satisfactorily pro¬ 
vided the inlet edge is slightly rotmded off. A contributory factor 
to this satisfactory operation is probably the drop in viscosity 
caused by the rise in temperature as the oil flows under the pad. 
This causes a reduction in oil pressure towards the “off” side with 
a consequent shift of the centre of pressure towards the centre of 
the pad. Some of the earlier thrust pads were made kidney-shaped, 
as shown by the dotted lines. Fig. 294. Owing to the effects of side 
leakage, however, pads of such shape are apt to run dry at the 
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“off” sides. Pads approximately square give a much better 
performance 

In land turbines, construction takes a variety of forms. Thus 
the thrust bearing may be arranged {a) quite separate from the 
journal bearmg, (6) in the same housmg as the journal bearing, but 
to one side of it, and (c) in the centre of the journal bearing. In all 
cases the lubricatmg oil is supplied to the inner side of the pads. 
Fig. 295 shows part sections of a separate thrust bearing. The 



Fig 295 


pads are located m a dovetail groove in a supportmg ring, and are 
supported eccentrically on a canting ridge. They are made m a 
complete ring which is white-metaUed and machined before being 
cut up into separate pads. The pads are then scraped up individually 
to fit a gauge Oil is led to the centre of the housing by a number of 
radial holes A. The rotation of the collar produces a certain pumping 
action. Channels B, cut in the seatmg ring between the pads, enable 
the oil to flow back to the centre and so re-circulate through the 
pads. 

In some cases, a baffle plate C is placed around the periphery of 
the thrust collar so that restriction orifices D and E of different 
areas may be used with the object of allowing a greater circulation 
of oil on the loaded side. The axial position of the rotor may be 
fixed by means of liners F. 

In many turbines, and especially in reaction turbines with end- 
tightened blading, provision is made for adjusting the axial position 
of the rotor while the turbine is running. The two halves of the 
thrast block are bolted and keyed together and move as one. The 
axial movement is effected by screws operated through worm gear 
and is hmited by lin^. 
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Some manufacturers make special provision for equalizing the 
loads on the pads. Fig. 296 {a) shows the method employed, by the 
American Westinghouse Co., Ltd., and is self-esqjlanatory. Messrs. 
Brown Boveri & Co., Ltd., use the construction shown in Fig. 
296 (i). Hardened steel discs are recessed in the ends of the pads 
and rest against steel balls. The latter are borne by the fixed 
abutment and are maintained in position by a light metal cage. 


((t) (b> 

Fig. 296.—Methods of Equalizing lx>ads on Thrust Pads 

By suitably locating the discs in the pads, the necessary eccentric 
loading may be achieved. 

220 . Plain Collar Thrust Bearing with Fixed Inclined Thrust 
Surfaces. In this t 5 q)e of bearing one or more thrust collsirs are 
employed. The bearing surfaces are divided up into a number of 
sectors, as shown in Fig. 297, each sector being tapered so that the 
oil film diminishes in thickness in the direction of motion of the 
collar. It is found that a better performance is obtained if the 
bearmg surface is also tapered so that the oil film diminishes in 
thickness from the centre outwards at the inlet edge. The actual 
bearing surfaces are of white metal and oil is supplied to them by 
the radial grooves shown. When the taper is accurately and uni¬ 
formly machined, such bearings are capable of supporting mean 
pressures up to a maximum of 450 lb. per sq. in. With such high 
pressures the total thrust may generally .be taken on a single collar. 

221 . Forced Lubrication Systems. Fig. 298 shows the essential 
features of a forced lubrication system as used on land turbines. 
The pump, which is normally of the positive action gear t37pe (see 
Fig. 299) usually delivers the whole of the oil required for lubrication 
and governing at the pressure required for the governor gear oil 
relays, i.e. about 50 to 80 lb. j^r sq. in. As the oil for operating the 
relays is only required intermittently the surplus is allowed to pass 
through a relief valve set to lift at the relay pressure. The oil used 
in the governor rela 3 ^ is not usually cooled. Oil for lubrication is 
passed through a reducing valve which is so adjusted that the oil 















Section X-X 



Section Y-Y 


Fig 297 —^Thrust Bearing with Fixed Inchned Surfaces 

Of I to Bearmgs_ 



Fig. 298.—^Diagrammatic Arrangement of Forced Lubrication S 3 ^m 
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supply pr6ssur6 ut the is ubout 5 to 10 lb. per scj. in. It 

is p^sed through the o=i roo:..;- at the reduced pressure. A bus 
pi^ supplies oil to all the bearings. Similarly, a large bus pipe 


Fig. 299.—Gear Pump 

collects the oil from all the bearings and leads it to the oil drain 
tank. This pipe must be large enough to carry the oil with the 
pipe only partly filled so that air bubbles have a chance to break. 
In the arrangement shown in Fig. 298 the oil strainers are placed 



on the oil inlet side of the tank. In other cases the strainers aire 
arranged at the pump suctions. 

The auxiliary oil pump comes into operation at starting and 
stopping when the oil pressure falls below a certain value. It is 
also an emergency stand-by pump and is capable of supplying the 
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same quantity as the main oil pump. The t 3 q)e most commonly 
used is the turbine-dnven centnfugal pump. Fig. 300. In the 
particular example shown, there is a single impulse wheel with blades 
formed by semicircular channels milled in the periphery. In other 


Cold on Outlet 



Sea Inlet Sea Outlet 


(a!) Marine Oil Cooler OH Inlet 



(b) Tube Plate Details. 

Fig 301 

cases a two-row Curtis wheel is employed. The turbine is usually 
placed on the cover of the oh drain tank with the impeller immersed 
in oh. The steam supply to the turbine is controhed automaticahy 
by the oh pressure in the system. 

In the oh cooler shown in Fig. 298, the cooling water passes 
through the tubes, the oh flow around the tubes being made as 
smuous as possible by means of several bafSe plates. In marine 
practice, it is usual to arrange the oh flow through the tubes, the 
sea water flowing across them (Fig. 301). 
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The oil tanks should be large enough to allow a considerable time 
to elapse between the oil draining back into the tank and re-entering 
the pump. This assists in breaking up the froth and is said to retard 
the deterioration of the oil. In modem turbine plants the tank 
normally contains 6 to 10 minutes’ supply. 
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CHAPTER XXIV 

SPEED AND OUTPUT OF STEAM TURBINES 


222. Relationship between Cumulative Heat Drop, Mean Diameter, 
Speed of Rotation, and Number of Stages in Impulse Turbines. It 
has been shown in Art. 65, Chapter VII, that the ef&ciency of a 
multi-stage impulse turbine equipped with single-row wheels depends 
on p, the ratio of blade speed to steam jet speed. 

Consider first of all a turbme in which the cumulative heat drop 
IS He and assume for the sake of simplicity that the mean diameter 
D (and hence the mean blade velocity u) is uniform throughout 
the turbine Assume, urther, that the nozzle angle is the same for 
aU stages The increase in this angle which usually occurs m the 
last few stages will affect the result only slightly and can be ignored. 

By eq. 74, Art. 65, the required adiabatic heat drop per stage is 
AH, where 


AH = Vi2{l 


i.e. 


-j- p®(l — k^) — 2(p cos a — p®) {k^ 
-i-2gj r]n 

2^J 


kC)]} 


where Fi is a function of p, k, C, a, and ? 7 „. If k, and C be 
assumed to have constant values and if values of jj* api^opriate 
to selected values of a are taken, then F^ is simply, a function of p. 

H 

If «is the number of stages, then AH = since the heat drop 


per stage is uniform. 


and 

Now 


. Fi _ H, 

2gJ n 

- «.Fi 

ttD N DN 
■" 12 ^ 60 — 229 


where D = mean dia. of blades, in. 

N = r.p.m. 

«-_DN / n. Ftl; 
P-Vi 229 V 2gJ.H^‘ 

1 Vr 

229 X 223-8V ‘ ' 
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Since ^ ^ = 0-0525 Sm2 


If % is the mean blade velocity in metres per sec., K 

= 0-5653S%2. ^ 

Values of a/Fj are shown m Fig. 302. These are based on the 
same data as Fig. 71, namely: A = 0-86; C=l; ^ = 0-90, 
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Efficiency Factor 

Fig 303 

and the values of ri^ given in Table III, page 131. The smaU circles 
show the values at the most efficient values of p. In Fig. 303, the 
values of the gross stage efficiency given in Table III are plotted 
against values of the efficiency factor. It must be emphasized that 
these are merely calculated values based on assumed values of 
the coefficients Nevertheless, they show in a qualitative manner 
the mfluence of the efficiency factor on the expected efficiency of 
a multi-stage impulse turbine. Taking 20° as a representative 
nozzle angle it will be seen that the most economical value of the 
efficiency factor is about 1,000. In practice, no advantage would 
be gained by exceeding this number and for obvious reasons a 
smaller value would generally be employed. 

223 , Relationship between Cumulative Heat Drop, Mean Diameter, 
Speed of Rotation, and Number of Stages in Reaction Turbmes. 
Suppose there are n stages in the turbine, each stage comprising 
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Since “ ^ 0 - 0525 S *42 

If is the mean blade velocity in metres per sec., then K 
= 0*5653S«i2. 

Values of VFV are shown m Fig. 302. These are based on the 
same data as Fig. 71, namely: A = 0-86; C = l; ^ = 0-90, 



0 200 400 600 800 JOOO J200 f400 


Efficiency Factor 
Fig 303 

and the values of 7}n given in Table III, page 131. The small circles 
show the values at the most efficient values of p. In Fig. 303, the 
values of the gross stage efficiency given in Table III are plotted 
agamst values of the efficiency factor. It must be emphasized that 
these are merely calculated values based on assumed values of 
the coefficients Nevertheless, they show in a qualitative manner 
the mfluence of the efficiency factor on the expected efficiency of 
a multi-stage impulse turbine. Taking 20° as a representative 
nozzle angle it will be seen that the most economical value of the 
efficiency factor is about 1,000. In practice, no advantage would 
be gained by exceeding this number and for obvious reasons a 
smaller value would generally be employed. 

223 . Relationship between Cumulative Heat Drop, Mean Diameter, 
Speed of Rotation, and Number of Stages in Reaction Turbines. 
Suppose there are n stages in the turbine, each stage comprising 
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one fixed and one moving row of blades. Then by eq. 95, Art. 76, 
the heat drop per stage is— 


AH = 


25'J 


where Fg == 2{1 — ^(1 + p® — 2p cos a)} -i- 

V * 2gJ . 


and 

or 


Ho 



Ho 


Values of VFb are shown in Fig. 302, and values of the gross 
stage ejB&dency plotted against those of the efficiency factor in 
Fig. 303. The most economical value of the latter is 1,144 for the 
selected data, which are the same as those in Art. 76. 

It will be seen from Fig. 303 that— 

(1) the efficiency curves are very flat for both t 5 q)es of turbine; 
an appreciable reduction in the efficiency factor below the opti¬ 
mum value produces a relatively small change in efficiency ratio; 

(2) there is not a very great difference between the optimum 

values of =- for both t37pes of turbine. 

-tie 

An important conclusion of the above analysis is that, irrespective 
of the power of a steam turbine, for a given heat drop the K value 
must be the same if the same theoretical efficiency ratio is to be 
realized. Suppose, for example, two impulse turbines, one of 
2,000 kW and another of 10,000 kW, are to be constructed to 
operate with steam at 250 lb. per sq. in. and 700° F. and, say, an 
exhaust pressure of 1 in. Hg. absolute. Suppose that the speed of 
the two turbines is to be the same, say 3,000 r.p.m. Then the sum 
must be the same for both turbines and if the same number 
of stages is employed the mean diameter of the two turbines must 
be the same. It is true that the nozzle and blade areas of the 
10,000 kW turbine will be about five times as large as those of the 
2,000 kW turbine, but as regards the leading dimensions, i.e. 
diameters of wheels, diaphragms, and of the cylinder, length of 
cylinder, size of spindle, etc., the 2,000 kW turbine will be almost 
identic^ with the 10,000 kW turbine. The difference in the total 
cost win not be appreciable, and hence the cost per kW capacity 
will be much less for the greater output. This hmitation may be 
overcome in certain cases by the use of reduction gearing between 
the turbine and the driven machine, thus enabling a smaller turbine 
r unn i n g at a higher speed to be employed. 
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Since, for a given set of conditions, the value must be a 

constant, a smaller value of the quantity is obtained by adopting 

a higher speed of rotation. In other words, by increasing the speed 
N to the highest possible value, a smaller and consequently cheaper 
turbine will result. As shown in Art. 225, this procedure is limited 
by considerations of output. 

The efi&ciency factor is not the sole criterion of efficiency. The 
actual efficiency ratio of a turbine will also depend on— 

( 1 ) the excellence, or otherwise, of the design in so far as losses 
due to partial admission, windage, eddies, etc., are kept within 
small limits; 

( 2 ) the finish of the nozzle and blade surfaces; and 

( 3 ) the characteristics of the cycle in so far as losses due to 
moisture in the L.P. stages are concerned. 

224 . Comparison of Pressure-compounded and Velocity-com¬ 
pounded Turbines. Consider a turbine consisting of a number of 
pressure-compounded single-row wheels and another containing a 
certain number of velocity-compoimded wheels. 

Let Np, D^, etc., refer to pressure-compounded turbine. 
n^, N^, Do, etc., refer to velocity-compounded turbine 
H = number of rows of moving blades in each stage of the 
velocity-compoimded turbine 

It has been shown in Art 71 that for the simple case of frictionless 
flow and no carry-over, the condition for maximum efficiency is 
that— 



Hence, for the same cumulative heat drop— 

Ko = ^2 . Ko 

ie. «^(Do. = ^* 2 . . No )2 . . . (208) 

Thus for the same value of DN (i.e. for the same blade velocity) 
and for equal relative efficiency— 

n^ = iP. 

that is to say— 

One two-row velocity wheel will replace 4 single wheels. 

One three-row velocity wheel will replace 9 single wheels. 

One four-row velocity wheel will replace 16 single wheels. 

In r^lmlatiTig the value of the efficiency factor g for velocity- 
compounded or combination turbines, it is preferable, for the 
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ptirposes of direct comparison, to modify the value of n and express 
it as an equivalent number of pressure-compounded stages. 

Example 31. Compare the relative rotative speeds of a de Laval 
steam turbine Sin. mean diameter and a three-row velocity- 
compounded two-stage turbine having a wheel 40 in. mean diameter, 
both turbines having the same heat drop. 

. Nj,)® = fp . 

In this example, = 1 , «* = 2, rows. 


Hence 


N 

N, 


»_ 


A* 


^2 



-tVI- 


21-2 


225 . Relationship between Output, Speed, and Blade Velocity in 
Impulse Turbines. The power output of a steam turbine depends 
upon ( 1 ) the mass of steam which passes through the turbine per 
unit time, ( 2 ) the adiabatic heat drop, and (3) the ef&ciency ratio. 

Let HP = power output at turbine coupling, h.p. 
k\V = power output at turbine coupling, kW. 

Ha = adiabatic heat drop, B.Th.U. per lb. 

= efficiency ratio of turbine. 

w = weight of steam passing through turbine per second. 
Xe = dr 3 mess fraction of steam at exhaust. 

Vg ■=■ specific volume of dry and saturated steam at the 
exhaust pressure. 

Vj = steam velocity at exit from nozzles in last stage. 
u — mean blade velocity in last stage, 
a = nozzle angle in last stage. 

I = nozzle height in last stage. 
y. _ 2546 HP _ 3413 kW 

3600J7,.. H„ “ 3600j7^ . H„ 

.'. Volume of steam passing through last-stage nozzles 
— w . Xg .Vg cub. ft. per sec. 

The area available through the nozzles may be set down with 
reference to Fig. 304. As already explained in Chapter XVI, the 
L.P. nozzles are formed by casting-in sheet metal guide vanes in the 
diaphragm. The effective area of the channel in each nozzle is 


. sin a — A) = c .1. sin a 


where 


pgn • sin g — t 
. sin a 


The factor c may be termed the “thickness coefficient’' for the 
nozzle, since it takes into account the partial obstruction of the 
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nozzle passages due to the finite thickness of the guide vanes. 
Values of c are given in Fig. 305 for a standard mean pitch of 2 m 
and different vane thicknesses 

If, as is usual, the nozzles extend round the full circumference, 


the number of nozzles is obviously 


ttD 

Pm 




Fig 304 


Total area 


= A = 


•nDl c . sin a 
144 


sq ft 


Writing 


I 

m = p 

TimD^c . sin a 
144 


■. Volume of steam flowing per second 

TtmDH . Vi. sin a 


= AVi 


144 


Since 


229m j « 
D- -^,aiidV. = - 

_ TT X (229)® wcM® . sin a 
144 ^ Na.p 


Vol. per sec. 



488 STEAM TURBINE THEORY AND PRACTICE 

Equating this to the volume based on the steam flow and trans¬ 
posing, we have— 




. sin a = 0-829 


kWW N Y x,v,p 
lOOoAlOOOy 'mcrirTL^ 



Nozzle Artg/e cC 

Fig. 305.—Thickness Coefficients for Turbine Nozzles 


Alternatively— 

HP 


kW = 1206 



Tnc . sin a . 

(2M) 

N2- 

XeVeP 



me . sin a . rjrELa 


'n® 

XeVeP 



These expressions are correct only for a non-extraction turbine 
with a single exhaust. For two similar exhausts, the constants in 
eqs. 209 and 210 are halved, while those in eqs. 211 and 212 are 
doubled, and so on. Moreover, the expressions are only applicable 
to pure impulse turbines. 

Considering in turn the factors involved— 

{!) Xg is foimd direct from the Mollier chart. 
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( 2 ) Ve depends on the exhaust pressure, i.e. the vacuum. The 
higher the vacuum, the greater and the smaller the limiting 
output of the turbine, other things being equal. 

(3) p depends on the efficiency required but is arbitrary. If u 
is high in the last stage and p is given the same value as in preceding 
stages it is possible that the jet velocity will exceed the critical, 
in which case unless convergent-divergent nozzles are employed a 
certain amoimt of jet deflection will take place (see Art. 51). In 
such cases partial reaction might be employed and a more detailed 
method of analysis must be used. 

(4) The value of m is arbitrary, but in a turbme in which the 
output is relatively high for the speed of rotation the value of m 
must be made as great as possible, otherwise a large nozzle angle 
will have to be used. Formerly, the value of m was hmited to about 
0-2, but values of m up to 0-32 have been used m extreme cases. 
Owing to the effects of inertia on the steam during its passage 
through the blades, it is doubtful if such long blades could operate 
on the pure impulse principle, and the maximum value of m for 
which the above formulae could be safely employed is probably 
about 0 - 2 , or even less at high peripheral speeds. 

(5) The value of c depends on the nozzle angle a and the thickness 
of the guide blades. Smce a may be the unknown, the calculation 
may have to be made by trial and error. 

(6) fjr Ha are known or assumed. 

If N is known, then the productsm a is denved, and in general 
« wfll be fixed by the size of the nozzle angle. If, however, N is 
arbitrary, as, for example, in the case of small geared sets, a and u 
may be chosen arbitrarily and the requued value of N calculated 
If this proves unsmtable, then either u or a, or both, may be modi¬ 
fied. It wiU be clear that, given the output and steam conditions, 
the number of solutions is very large indeed. 

Example 32. An impulse turbine is requued to develop 3,000 kW 
at 3,000 r.p.m., with the following steam conditions— 

Initial pressure . . 300 lb. per sq. m abs. 

Initial temperature . . . 700° F. 

Vacuum . . . . 29 in. Hg. 

Calculate the required mean blade velocity m the last stage and 
the mean diameter of the blade ring in that stage for the foUowing 
nozzle angles: 20, 22 , 24, 26, 28, and 30 degrees. Make the fonoiving 
assumptions— 

Efficiency ratio = 0*75; m = 0T8; p — 0’55; mean pitch of 
nozzles = 2 in.; guide vane thickness = 0T04 in. 

From the I chart we find the adiabatic heat drop to be 
467*6, and the dryness fraction of the exhaust steam, after allowing 
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for losses, to be 0-932. On substituting in eq. 210, we ob tain the 
following expression— 

( t* y 118-7 

Voo) - 


c. sm a 


The remainder of the calculation is best arranged in tabular form 
as follows— 


a 

sin a 

c 

u 

ft, per sec. 

T> in. 

20 

0-3420 

0-850 

742 

56-6 

22 

0-3746 

0-862 

717 

54-8 

24 

0-4067 

0-872 

695 

53-0 

26 

0-4384 

0-881 

675 

51-5 

28 

0-4695 

0-890 

657 

50-1 

30 

0-5000 

0-896 

642 

49-0 


Example 33. Calculate suitable speeds of rotation anrl corre¬ 
sponding mean diameters (of last, stage) for a geared turbine of 
800 h.p. under the foEowung conditions— 


Initial steam pressure 
Initial steam temperature . 
Vacuum . . . . 

Efficiency ratio 
Mean blade velocity . 


200 lb. per sq. in. abs. 
600° F. 

28 in. Hg. 

0-72 

500 ft. per sec. 


Make calculations for the following nozzle angles in the last 
stage: 20, 22, 24, 26, 28, and 30 degrees, and assume: Admission 
= Complete; m == 0-15; p = 0-5; = 2 in.; t = 0-104 in. 

From the MoUier diagram we find that the adiabatic heat drop 
is 386-3 and the actual exhaust dryness fraction is 0-947. 
Substituting values in eq. 211, it -will be found that— 

/ N 

(loooj 

Since .--gHT._ 229 x 500 114,500 

229' N “ N 

The following results are then obtained— 


a 

sin a 

c 

N 

r.p.m. 

Din. 

20 

0-3420 

0-850 

4,370 

26-2 

22 

0-3746 

0-862 

4,605 

24-9 

24 

0-4067 

0-872 

4,830 1 

23-7 

of 

0-4384 

0-881 

5,095 

22-5 

28 

0-4695 

0-890 

5,245 

21-8 

30 

0-5000 

0-896 

5,425 

21-1 


This example shows that by the use of reduction gearing, turbines 
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of relatively small output may be constructed in the form of high¬ 
speed machmes of small dimensions. 

226 . Relationship between Output, Speed, and Blade Velocity in 
Reaction Turbines. In Art. 77 it is shown that for an impulse- 
reaction turbine— 

T\2l __ 10,510i!£>^ Vg , p 

N . sro a 

In the s 3 n:nbols of the previous article, is equal to x^v^. Wy is 
the "working steam ” in lb. per sec. In the last stage of the turbine. 



(O') (h) (C). 


Fig 306 

(а) Section through “ normal ” reaction turbme blade 

Mean outlet angle 18°-20® 

(б) “ Semi’-sMUg ** blade. O ' it 30° 

(c) Full-wing” blade ()•■ : ■ . ‘ -45° 


the tip clearance loss will generally be so small that is practically 
equal to w, the quantity of steam supplied to the turbine per second. 


Writing I = mD, D = 


229m 


, and substituting 


2546HP 

3600?7,H„ 


for — 



(213) 

(214) 


As the value of p must be greater for the reaction turbine than 
for the impulse turbine in order to realize the same relative effi¬ 
ciency, the product . sin a must be greater for the same output. 
In other words, the limiting output of the reaction turbine is smaller 
than that of an impulse turbme operating imder otherwise identical 
conditions. This limit to the output of reaction turbines is obviated 
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in a manner similar to that employed to increase the output of 
impulse turbines, namely, by gradually increasing the blade (equiva¬ 
lent nozzle) angles in the final stages. Hie last few groups of blading 
are made of the same height, but the blade outlet angle is progres¬ 
sively increased by the use of quarter-wing, semi-wing, three- 
quarter-wing, and full-wing blades (Fig. 306). It is difficidt, if not 
impossible, to state the outlet angle of a reaction blade because the 
tangents to the back and. front curved surfaces give two different 
values tti and ocj, as shown in Fig. 306 (a). The values given under 
Fig. 306 are mean values, but in any case they are varied'to suit 
requirements. Instead of stating the outlet angle of the blade, the 
ratio of the effective area through the blade outlet to the full area 
of the annulus is sometimes given. This is termed the “opening.” 
Interesting particulars are given in Mr. R. H. Parsons' book. The 
Developmevit of the Parsons Steam Turbine, of an 8,500 k'W steam 
turbine installed in Sheffteld power station. The last four pairs of 
blades were made 9 in. high on a rotor 60 in. diameter. 

Opening 0 

1st pair, fixed and moving ..... 0-35 


2nd pair, fixed and moving 
3rd pair, fixed and moving 
4th pair, fixed 
4th pair, moving . 


0-50 

0-61 

0*71 

0-83 


Sin-1 0 
20-5 deg. 
30-0 .. 

87-6 
45-3 ., 

561 „ 


As in impulse turbines, the employment of long blades (large 
values of w) involves variations in steam pressure within the blade 
due to inertia, with the result that the degree of reaction is variable 
along the len^h of the blade. The expressions given in this article 
are, therefore, only applicable to moderate values of m. 

The effect of vacuum on the limiting output is well illustrated by 
the following example. 

Example 34. Calculate the limiting outputs of reaction turbines 
operating with live steam at 400 lb. per sq. in. abs. and at 720® F. 
for the following exhaust pressures: 1-5, 1*0, 0*8, 0-6, and 0-5lb. 
per sq. in. abs. The following data are given: « for final row 
of blades = 45®; u = 600 ft. per sec.; N = 3,000; p = 0‘75; 
m = 0 - 2 ; and 17 ^ = 0-80. 

Substituting values in eq. 214, and transposing, we have— 


Limiting kW = 


4370H, 


Ihe adiabatic heat drops and actual exhaust dryness fractions 
are obtained from the MoUier diagram and inserted in the table 
on page 493. 

227 . Turbine Output and Stress in Last Row of Blades. It has been 
shown in Art. 140 that the centrifugal stress in turbine blades of 
unifo rm cross-section is given by the expression— 

/c = 0*231 for brass blades 
fe — 0*215»*i«* for steel blades 
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p. 




1 Limiting 
j Output 

I k\V 

1*5 

431 

0 924 

227 4 

9,000 

1 0 

453 

0 914 

333 1 

' 6,500 

08 

464 

0 910 

41M 

5,400 

06 

477 

0 902 

539 1 

; 4,300 

0*5 

486 

0 899 

640 5 

j 3,700 


where Wi is the ratio of the blade length to the mean diameter of 
the blade ring. Eq. 212 may be written 


kW = 


1206« c . sin a 
• 


Vr • 




mu‘‘ 


Considering steel blades only (as brass is unsuitable for high 
stresses), we have 

= 4-65/e 


Ass umin g, for .simplicity, that the length of the blade is equal to 
the height of the nozzle (m many turbines of large output there is 
little difference), then = m. 

5610m fe sin a H„ 


kW 


N2 


XeVeP 




(215; 


Thus for fixed values of the quantities within the bracket, the 
limiting output of the turbine vanes— 

( 1 ) directly as the maximum centrifugal stress m the blades, 

( 2 ) directly as the mean blade velocity, 

( 3 ) inversely as the square of the speed of rotation 


Alternatively = 


Na kW / X, v,.p \ 
5610m \^c . sm a . 


(216) 


The output may be considerably mcreased for the same value 
of the maximum stress if the cross-sectional area of the blade is 
gradually increased from tip to root (see Art. 144) 

228 . Carry-over Loss. Reference to the velocity diagram for an 
impulse wheel shows that the absolute velocity of the steam at exit 
from a wheel is approximately axial. In estimating the cany^-over 
loss (see Art. 86 ) it is sufficiently accurate to assume that the steam 
flows mto the exhaust belt in the axial direction This statement 
also applies to the reaction turbine when the ratio of blade velocity 
to steam velocity is reasonably near to the optimum value. 

(a) StngU-flow Turbine The volume of steam flowmg into the 
exhaust belt of a turbine without steam extraction m any form and 
having only one exhaust branch is 


2546 HP x^v, 
3600 rjrELa 


cub. ft. per sec. 


17—(T 5200) 
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The area available for flow (see Fig. 307) 

"U? ~I44~ 


sq. ft. 


Velocity at exit = 


32-42 HP 

miD“»7rHa 



The heat equivalent of the kinetic energy in B.Th.U. per lb. 


( 32-42 HP 
\223-8 mjPhjrllaj 


Hence we may express the residual velocity loss as a percentage 
of the adiabatic heat drop, from which 


D inches 


1 / 1-45 


45 HP 


1 /T^kWx^ 
\^IV ”h-Vr- 


(217) 


{b) Multi-exhaust Turbines. As will be seen in Art. 230, the 
limiting output of steam turbines is frequently increased by the 
use of two or more similar exhausts, the steam flow being divided 
at a certain point in the expansion and the subsequent expansion 
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of the steam taMng place in two or more L.P. blade S 3 retems working 
in parallel. Then since the area varies as D®— 

if Di = calculated diameter of smgle-flow turbine 

„ Da == calculated diameter of double-flow turbine 

„ Dg = calculated diameter of triple-flow turbine, etc., 

then Da = Da = D* = etc. 

229 . Methods of Increasing the Limiting Output of Steam Tur¬ 
bines. The increasing use of electrical energy for domestic and 
industrial purposes has led to a contmuous increase in the size of 
generating stations. In the replacement of obsolete plant, or the 
design of new extensions, the engineer is faced with the problem 
of selecting a size for the c".”crr.ti’'c •■“its Choice is influenced by 
a number of factors such j'.' 'fh;’ > -.y, space available, necessitj* 
of providing a standby machine, first cost, and thermal efficiency 
Turbines of larger size are not, m general, so reliable as smaller 
machines They require more time for warming-up, and load must 
not be applied too quickly, otherwise dangerous heat stresses and 
also vibrations may be set up. On the other hand, the first cost of 
turbine plant per unit capacity diminishes as the size is increased, 
and, further, the overall thermal efficiency of large umts is generaUi 
higher than that of smaller machines The tendency has been, and 
still is, to mstall larger and still larger machmes. Thirty-five years 
ago a turbme of 5,000 kW was regarded as a big machine; since 
then we have witnessed the evolution of noteworthy machines of 
15,000 kW, 25,000 kW, 50,000 kW. then 160,000 kW, and finally 
a “unit” developing 208,000kW 
The high-powered turbine presents an mterestmg and sometimes 
difficult problem m design, chiefly on account of the enormous 
volume of steam which must pass through the final stages of the 
turbme. The hmitmg output of a turbme is given by eq 212— 

u-otr _ 1206 m . c . sin a r}r .li„ 1 ^ 

■K VV — ■ • 

Xe-Ve P ^ 

A brief study of this relation will show at once the influence of vari¬ 
ous factors on the maximum output for which a turbme may be 
designed. Considering these in detail— 

Nozzle Angle a. For the highest capacities, a must be made as 
large as possible. There is likely to be a slight sacrifice m efficiency, 
as indicated by Figs. 71 and 303. 

Aiiahatlc Heat Drop Ha- Other thmgs bemg equal, the specific 
steam rate per kWh is inversely proportional to the adiabatic 
heat drop. Thius it is easier, from this point of view, to desi^ a 
madhine for a large power if it utilizes high-pressure steam, this is 




496 STEAM TURBINE THEORY AND PRACTICE 


further emphasized by the reduced dryness fraction of the exhaust 
steam when using higher pressures. 

Blade Velocity u. The capacity is proportional to the cube of the 
blade speed, hence the importance of this factor is paramount. 

Volume -per lb. of Exhaust Steam x^.Vg. This is influenced chiefly 
by the vacuum reached in the condenser. The higher the vacuum 
the larger the exhaust specific volume and the smaller the limiting 
output of a given turbine frame. 

Blade Speed Ratio p. Only two types of turbine demand con¬ 
sideration here, the single-row impulse tj^pe and the Parsons type. 
In the former, the most economical value of p varies from about 
0-52 to 0-6, whereas for the latter it k about 0-7 for wing blades. 
As the efiiciency curves are flat in the region of the optimum values, 
a lower value of p may be used in the final stage -with considerable 
advantage. 

Speed of Rotation N. The significance of rotational speed has 
already been pointed out in Art. 223, where it is shown that in order 
to reduce the dimensions and cost of a turbine, the rotational speed 
must be made as high as possible. Here, however, we see that a 
high rotational speed runs counter to a high output, and so we find 
turbines of high power designed for lower running speeds. An 
interesting example of this is described in Art. 232. Various methods 
of increasing the output will be considered in the following 
articles. 

230 . Multi-^haust Turbines. The speed of turbines driving 
alternating current generators is given by the expression— 


N = 


120 / 

P 


r.p.m. 


where / = frequency of alternating current per sec. 
p = number of poles on rotor. 


In this country the standard frequency is 50 cycles per second 
and th^ possible turbine speeds are 3,000, 1,500, 1,000, and 750 
r.p.m. for 2 , 4, 6 , and 8 poles respectively. Eq. 212 shows that if 
other things are equal, the limiting outputs for these speeds are in 
the ratios 1, 4, 9, and 16. The 3,000 r.p.m. turbine is an attractive 
machine owing to the small sizes and masses of its parts, and the 
limitations to the output of a single-flow machine may be readily 
overcome by carr 57 ing out part of the expansion in a normal single- 
flow turbine ^d the subsequent part in two or more similar low- 
pressure turbines operating in parallel. 

Various arrangements of two-exhaust turbines are shown dia- 
grammatically in Fig. 308. In (a) there is a H.P. turbine with a 
double-flow L.P. turbine necessitating the use of two condensers; 
( 6 ) shows a H.P. turbine having two receiver connections leading 
steam to the opposite ^ds of a double-flow L.P. turbine with a 
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single exhaust branch and a single condenser. In (c) the H P. and 
one section of the L.P. turbine are arranged in the same cyhnder, 
the other half of the steam being led to a second L.P. turbine iden¬ 
tical with the other Fig 308 (d) shows a turbine with a di\'ided 



flow, in which half the steam flows direct through the wheel A mto 
the exhaust branch, the other half passing through wheel B In 
calculating the K value of multi-exhaust turbines the sum 



is calculated for only one of the L.P. stage groups and added to that 
for the H.P. stages down to the point where the flow is divided. 

An interesting example of a British design of a divided-flow 
turbme is illustrated in Fig 309. It was constructed some j’ears ago 
(about 1919) by Messrs. Fraser & Chalmers Engineering Works 
for the Dalmamock Power Station of Glasgow Corpor.nion, for the 
following conditions— 


Maximum continuous load 
Maximum overload . 
Most economical load 
Imtial steam pressure 
Initial steam temperature 
Vacuum . 

R.p.m. 


. 18,750 kW 

. 23,500 „ 

. 15,000 „ 

. 250 lb. per sq. in. g. 

, 650® F. 

. 29-1 in. Hg. 

. 1,500 













Fig. 309,—187,50 kW 1.500 r.p.m. Steam Turbine by Messrs. Fraser & Chalmers Engineering Works 
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It wiU be seen that the ttirbine has a two-row velocity-compounded 
wheel in the first stage, followed by ten single-row wheels. The 
exhaust steam from the tenth wheel is divided into two portions by 
a deflector A. One portion passes through three stages of approxi¬ 
mately the same mean diameter as the former stages and enters the 
space B, which is a volute leading into the exhaust branch C. The 
other portion flows into the space D, which is also of volute form, and 



Fig 310 —Turbines with. Three Exhausts 


enters the nozzles E, passing through two stages. The mean dia¬ 
meter of these wheels is larger than that of the earlier stages, and is 
such that they utilize the same heat drop as the three wheels which 
absorb the available energy of the first stream. By this construction 
the output is approximately doubled. 

Various arrangements of turbines with three exhausts are diown 
m Fig. 310. Each diagram shows an arrangement which has actually 
been used in practice and is self-explanatory. An output of 50,000 
kW at 3,000 r.p.m. has been obtained with the arrangement shown 
in Fig. 310 (6). Fig. 311 shows turbines operating with four exhausts, 
the largest output obtained at 3,000 r.pm. being 60,000 kW. 

Data relating to turbines of large output are given in Tables 
XVIIa and XVIIb. These have been collected from various somrces, 
but for much of the information given the author is indebted to two 







Particolars of Turbines of Large Power 







TABLE XVIlB 

Particulars of Final Stage of Turbines of Large Power 

Note The stress m a parallel blade has been calculated for steel blades by means of the formula: /« = 0-215 mu^ lb 
per sq in The real stress in many cases is appreciably less than the value given, due to the use of tapered 
blades 
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well-knomi papers (1 and 2) by Mr. K. Baumann. The data are 
arranged in chronological order. In order to show the increase 
which has taken place in the output per exhaust, this has been 
reduced to a standard exhaust pressure of 1 in. Hg. and a standard 
speed of 3,000 r.p.m. in accordance with the following simple formula, 



based on eq. 212 and on the assumption that is approximately 
constant for small changes of exhaust pressure— 

kw, = kw(^)(^')(^)“ . . (218) 

where kWj = reduced output per exhaust 
kW == actual output per exhaust 
p = exhaust pressure, in. Hg. abs. 

Hal = adiabatic heat drop to 1 in. Hg. 

Ho = adiabatic heat drop to actual exhaust pressure 
N = actual speed, r.p.m. 

“Hie largest turbine plant in the world generates 208,000 kW, and 
is installed in the State Line Generating Station, near Chicago. A 
rough diagram showing the lay-out of the plant is given in Fig. 312. 
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The “unit’' comprises a high-pressure turbine and two double-flow 
low-pressure turbines. Steam is supphed to the H P. turbine at 600lb. 
per sq. in. gauge and 730° F. It is exhausted from the H.P. turbine 
at 71 lb. per sq. in. abs. and is then reheated by means of live steam 
to a temperature of 500° F. The exhaust pressure is 0*5 lb. per sq. 



Fig 312 —^Diagrammatic Sketch. Plan of 208,000 kW Triple Cross- 
compound Steam Turbo-alternator 

m. abs The low-pressure turbines exhaizst mto eight vertical 
surface condensers. 

231 . The Baumann Multi-exhaust Turbine. A very ingenious 
method of providing a greater area at the exhaust end of steam 
turbines was devised some years ago by Mr. K. Baumann of the 
Metropolitan-Vickers Electrical Co, Ltd. The principle of the 
system wiU be explained with reference to Fig. 313, showmg a part 
section of the last few wheels at the exhaust end of the turbme 
Steam expands in passing through the earlier stages of the turbme 
until it reaches the special diaphragm A, where a circular division 
ring B sphts up the steam into two portions. The vanes C of the 
diaphragm A are normal in shape, forming convergent nozzles which 
expand the steam down to condenser pressure. The portion of the 
steam flowing through C passes through the outer parts of the blades 
(which are shaped as ordinary impulse blades) and then flows into 
the condenser. 

The vanes E of the diaphragm A have a large outlet angle and 
allow the steam to flow through with only a small drop of pressqre 
and a relatively small increase in velocity The part F of the blade. 









Fig. 313.—Details of the Metropolitan-Vickers “Multi-exhaust" System 

One part is expanded to condenser pressure in H and does work on 
the blades K. The other part passes through J and L into the 
diaphragm M with only a small drop in pressure and, in doing so, 
does a small amount of work on the inner part L of the blades. On 
reaching the diaphragm M, this steam is expanded down to condenser 
pressure and does work on the impulse blades N. 

The leaving area may be increased by the following amounts by 
this construction— 


No. of Additional Rows 
of Exhaust Blades 


Percentage Increase 
in Nozzle Area 
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Owing to the special shape of the blade root, the power increase 
IS greater than the increase in leaving area, and it is claimed that 
with three additional rows of blades the power may be increased 
four times for the same speed and factor of safety. In recent years 
the apphcation of the Baumann multi-exhaust system appears to 
have been restricted to the use of one extra row of blades, which, 
when employed in a double-flow turbine, gives about three times the 
leaving area of a single-flow turbine of normal design. 

A Metropolitan-Vickers turbme of 12,500 kW, with an overload 
of 15,600 kW and eqmpped with two extra rows of blades, is 
illustrated in Fig. 314. The machine is designed for a pressure of 
185 lb. per sq. in. at the stop valve, a superheat of 150® F , and a 
vacuum of 27’5 in. The speed of rotation is 3,000, and since the 
mean diameter of the blades is 42 in., the mean blade velocity has 
the moderate value of 550 ft. per sec. The machine occupies a 
very small space for the power developed, its length being 17 ft and 
its width 13 ft. 

Attention is directed to the wheel construction in the last six 
wheels. The shaft diameter is made fairly large to ensure a sufiicient 
margin between the running speed and the critical speed. The 
“discs” are in halves and have from three to four internal prongs 
which fit into grooves in the shaft. They are secured by rivets in 
multiple shear The turbine is furnished with a single-stage integral 
feed heater for regenerative feed-heating. 

232 . Large-powered Turbines witii Elements Running at Different 
Speeds. It has already been pointed out in Art. 229 that the 
capacity of a given turbine frame varies inversely as the square of 
the rotational speed when other factors remain the same. The 
capacity of a multi-cyhnder plant may therefore be greatly mcreased 
by running the low-pressure element at a lower speed. 

This is the procedure adopted in the 51,000 kW Parsons turbine 
constructed for the Crawford Avenue Power Station of the Common¬ 
wealth Edison Co. of Chicago. A plan view of the set is shown in 
Fig. 315, from which it will be seen there are three turbines arranged 
in series. The leading particulars relating to the plant are given m 
the table on page 507 

The exhaust steam from the H.P. turbine leaves at a temperature 
of about 425® F. and is reheated m a special reheater boiler (havmg 
the greater part of its heating surface devoted to the purpose) to a 
temperature of 700° F. The exhaust pressure of the I.P. turbine is 
about 2 lb. per sq. in. abs, at which pressure the specific volume 
of the steam is about 170 cub. ft. per lb. The actual flow per 
second at this point is about 91 lb., so that the volume of steam 
transfeired per second from the I.P. to the L.P. turbine is about 
15,500 cub. ft. In order to effect this transference with the mini¬ 
mum drop of pressure, the two turbines are arranged co-axially and 
connected by a double-walled conical connecting piece. Fig. 316 
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Turbine 



H.P. 

I.P. 

L.P. 

Admission pressure, lb. per sq, in. (abs.) 

565 

105 

2 

Exhaust pressure, lb. per sq. in. (abs.) . 

115 

2 

0-37 

Admission steam temperature . ® F. 

750 

700 

(after 

reheating) 


Alternator output . . . kW 

16,000 

29,000 

6,000 

Speed of rotation . . r.p.m. 

i,8oo 

z,8oo 

720 

Frequency of A.C. current . 

60 

60 

60 

No. of poles on alternator rotor . 

Mean diameter of blading at outlet end 

4 

4 

10 

inches ...... 

40| 

78 

160 

Mean blade speed . - ft. per sec. 

317 

614 

503 

Blade height in 1st stage 

2* 

3i 

21 

Blade height in last stage . 

3i 

18 

42 


The area through the connecting piece gradually increases so that 
a certain amount of diffuser action is obtained. The L.P, turbine 
exhausts into two vertical surface condensers. A view of the 
turbines, alternators, and condensers taken from the overhead 
crane is given in Fig. 317. 

As an indication of the progress made in the turbine art, it may be 
mentioned that Messrs. C. A. Parsons & Co., Ltd. constructed, in 
1939, a 50,000kW turbo-alternator for Bunnerong, Australia. This 
machine develops its power at 3,000 r.p.m. The turbine is supphed 
with steam at 6001b. gauge, 825° F., and exhausts at 28-5 in. 
vacuum. There are three cylinders, in tandem, a high-pressure, 
intermediate-pressure, and a double-flow, low-pressure cylinder. 

In order to limit the stress in the rotor blades of the last stage of 
the L.P. turbine, and also the edge loading of the wheel, the blades 
in that stage are made hollow from end to end. The internal cavity 
is given the same shape as the blades and the blades are tapered 
outwards both in width and thickness. 
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EXAMPLES XXIV 

1. Calculate the required K value for a multi-ste^e impulse turbine under 
the following conditions: Cumulative heat drop = 465 B.Th.U. per lb., nozzle 
angle = 18“; p = 0-5; C = 1; = 0-92; 4 = 0-9; and k = 0-85. _ 

If the speed of rotation is 3,000 r.p.m. and the mean blade velocity m to 
be 600 ft. per sec., calculate ihe number of single-row stages required if the 
mean diameter is uniform throughout the turbine. 




Fig, 317 —51,000 kW Parsons Reaction Turbo-Alternator installed in the Crawford Avenue Power Station 
of the Commonwealth Edison Co of Chicago. View taken from the overhead crane 
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2. The leading dimensions of a 30,000 kW steam turbine are as follows— 


Stage 

No. 

Mean Dia. 
in. 

stage i 
No. j 

Mean Dia. 
in. 

1 

66-5 

! 1 

S 1 

81*5 

2 

62-0 

9 ! 

86*0 

3 

64*0 

10 1 

90*0 

4 

66-5 

11 

95*0 

5 

70-0 

12 

102*0 

6 

74-0 

13 

109*0 

7 

77-5 

14 

118*0 


The first stage is a two-row wheel, the remainder single-row wheels. 
Calculate the K value and the ef&ciency factor, given the following data— 


Initial steam pressure . 
Initial steam temperature 
Exhaust pressure 
Reheat factor 
R.p.m. 


200 lb. per sq. in. abs. 
640° F. 

0*7 lb. per sq. in. abs. 

1-05 

1,500 


Hence calculate the ratio of blade speed to steam speed in the single-row 
stages, assuming that it is uniform in those stages and has one-half of this value 
in the two-row stage. Assume that is unity. 


3. Compare the relative rotative speeds of the following steam turbines 
when using steam having the same initial and final pressures. The speed of 
the de Laval turbine may be taken as 25,000 r.p.m. 

(a) De Laval turbine, 6 in. mean diameter. 

(&) Velocity-compounded turbine having four two-row wheels, 42 in. mean 
diameter. 

(c) Pressure-compounded impulse turbine having 25 wheels, 30 in. mean 
diameter. 


Neglect the effects of carry-over energy from stage to stage. 

4. A set of turbines is to be designed for a net s.h.p. of 3,130. The final 
specific volume of the steam is 239 cub. ft. per lb., the adiabatic heat drop is 
325 B.Th.U. per lb., the efficiency ratio is 0-7, the blade velocity 400 ft. per 
sec., and the blade speed ratio 0*4. Assume that the vane angle in the last- 
stage diaphragm is 28°, a thickness coefficient of 0*89, and a nozzle height 
17 per cent of the mean diameter. Calculate— 

{a) The mean diameter of the last-stage nozzles. 

(&) The revolutions per minute. 

5. A marine steam turbine is required to develop 3,600 s.h.p. with steam 
at 200 lb. per sq. in, abs. and 600° F. and an exhaust pressure of 1 -0 lb. per 
sq. in. abs. The efficiency ratio of the turbine is 73 per cent and the carry¬ 
over loss is to be limited to 1*5 per cent of the adiabatic heat drop. The length 
of the blades in the last stage is limited to 0-2 of the mean diameter in that 
stage. Calculate the required mean diameter of the final L.P. stage and 
the speed of the L.P. turbine if the mean blade velocity is limited to 450 ft. 
per sec. 

6. A steam turbine is to operate with steam at 400 lb. per sq. in. abs. and at 
700° F., and with an exhaust pressure of 0*5 lb. per sq. in. abs. The actual 
enthalpy of the exhaust steam is estimated to be 981 B.Th.U. per lb., after 
allowing for internal losses. Steam is bled ofi at 40 lb. per sq. in. abs., and 
from the dimensions of the feed heater it is estimated that the feed tempera¬ 
ture at outlet from the heater will be 260° F. and that the temperature of the 
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condensed heating steam {which enters the steam space of the condenser) will 
be 90® F. The mam condensate temperature may be taken as 79'5® F. 

Calculate the required height of the last-stage nozzles if the output of the 
turbine is to be 3,000 kW at 3,000 r p.m Assume that u =* 600 ft per sec., 
p = 0*48, a = 28® (cs=0-877), and that the condition curve on the 
magram may be taken as a straight Ime 

7. Steam is supphed to an impulse turbine at 600 lb per sq. m abs. and at 
800® F It IS first expanded to 100 lb. per sq m., the mtemal efficiency ratio 
being 82 per cent It is then reheated at this pressure to 600® F, after which 
It IS expanded to 0*5 lb. per sq. m. abs, the mtemal efficiency ratio dunng the 
latter expansion also being 82 per cent lim = 0’18, a = 30® (c =* 0*884), 
p - 0*48, and N = 3,000 r.p m, show that the maximum output cannot 
exceed 

where «is the mean penpheral velocity m the last stage. What is the limiting 
output of a turbme operating under such conditions when tiiere are three 
exhausts and « = 700 ft. per sec. ? 

8. A number of steam turbines have to be built to operate with steam at 
400 lb. per sq. m abs. and at 700° F, the exhaust pressure bemg 1*0 lb. per 
sq m. abs The energy loss due to the residual velocity of flow mto the 
exhaust belt is not to exceed 2 per cent of the adiabatic heat drop, and the 
length of the last row of blades is not to exceed 20 per cent of the mean dia¬ 
meter of the blades If the efficiency ratio of the turbmes is 78 per cent, show 
that the mean diameter of the last nng of blades must not be less than 

D (mches) = 0*461 VHP 

where HP represents the horse-power of any turbme m question Assume 
that the internal efficiency ratio is equal to the efficiency ratio 

9. Usmg the data given in Question 8, show that the maximum power HP 
that can be developed for a given centrifugal stressat the root of the blade 
m the last stage, at a speed N r p.m., is— 

5,740,000 

N* 

Assume that the blades have a uniform section and are of steel 

Hence find the limit m power for a speed cf 3,000 r p m and a stress of 
16,000 lb. per sq m. 



CHAPTER XXV 


THE LJUNGSTROM TURBINE 

233* Th^ry of the Ljimgstrom Turbine. The elementary features 
of the Ljungstrom turbine have already been outlined in Chapter I. 
It is essentially an outward-radial-flow turbine in which there are 
two rotors turning in opposite directions. It operates on the im¬ 
pulse-reaction (so-called "reaction”) principle, with half-degree 



reaction. In turbines of large output, the required outlet area at the 
low-pressure end is obtained by the use of one or two axial-flow 
stages. Details of this and other constructional features will be 
given later in this chapter. 

We shall first derive an expression for the work done in a radial- 
flow turbine. Suppose that the peripheral velocities at the inlet and 
outlet of a single ring of blades (see Fig. 318) are % and and that 
the absolute steam velocities are V<,i and Vog. Let and V <2 be 
the tangential components of these velocities, and assume that the 
steam flow through the blade ring is w lb. per sec. Then since the 
torque is equal to the change of moment of momentum per second— 

w 

Torque T = - (Vjg. ^2 — . rj 

o 


511 



512 STEAM TURBINE THEORY AND PRACTICE 


where correct account is taken of the sigps of Vji and For 
instance, in Fig. 318, if Vjg is taken as positive, must be taken as 
negative. 

Work done per sec. = coT 

— “ (“2 • 

and the work done per lb. of steam 

W = i (MaVa - ft.-lb. 

o 

W = ^(4^aV«,-«iVa) B.Th.U. . . (219) 

The upper part of Fig. 319 shows a part longitudinal section and a 
part transverse section through four rows of blades. It will be 
assumed in the following analysis that— 

(1) All the blades, except those in the iimermost ring, have the 
same cross-section and that they are all set similarly in the rotors. 

, They have, therefore, all the same outlet angle. 

(2) In aU rings of blades, the ratio of the relative steam velocity at 
outlet to the peripheral velocity at the outlet edge of the blade ring 

is constant, i.e. that p = ^ is a constant. 


Giving all dimensions in foot units— 

Let = inner radius of first ring. 

^ 2 . ®tc., be the outer ra^ of rings 1, 2, 3, etc., respectively. 

“sj etc., be the peripheral velocities at the outer edge of the 
rings 1, 2, 3, etc., respectively. 

Consider first of all the flow of steam through the first ring of 
blades. Steam will flow into that ring with a velocity Vq (AB) which 
may be assumed to be radial and to be given by the expression 



W . Wq 
2fl7'o . /o 


where = axial length of blades at 

Vq = specific volume of steam at blade inlet. 


This is combined with the peripheral velocity (AC), giving the 
relative velocity Uo (CB) and the inlet angle BCA of the first ring 
of blades. The steam issues from the first ring of blades with a 
velocity (DE) relative to the blades, the absolute velocity being 
AE. The tangential component of the absolute velocity at outlet is 
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Va, and since the initial absolute velocity is radial, the work done in 
the innermost blade ring per lb. of steam is 

B.Th.U. 


By the steady-flow equation (37), and assuming no loss of heat 
from the stage— 


Work done = Initial kinetic energy -f- (!„ — Ij) 
— Final kinetic energy 




AE2 

2g3 


_ Vq® Vi® -{- — 2%Vi cos a , j 

2 il 


Equating these two expressions for the work done, we have 

Io-Ii = ^(Vx®-Vo^-V) 

= ^W-Uo^-K^-V)}. . • (220) 


If the flow is frictionless, then I^ — I^ is the required adiabatic 
heat drop. If not, then the adiabatic heat drop 

= • <221) 


where t]n is the efficiency of the blades considered as nozzles (see 
Art. 75) and k has the same meaning as the blade velocity coefficient 
in impulse turbines. 

Consider now the expansion of steam in the second ring of blades. 
The relative velocity at inlet is Uj (FE) at and at outlet is Vg 
(GH). The tangential components of the absolute velocities at inlet 
and outlet are, respectively, and V< 2 . Hence the work done per 
lb. of steam is numerically equal to 

^ (^aVg + %Vti) 


since and are of opposite sign. 

1 


Work done 


g3 


/g cos a — 4- «iVi cos « — %®) 
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Then, by the steady-flow equation— 

Ii -1- (Initial kinetic ener^ referred to absolute velocity) = (Work 
done) -1- I 2 -|- (Final kinetic energy referred to absolute velocity). 

Ii - I 2 = (Work done) + 




2gJ 2gJ 
a cos a — -1- MiVi cos a — 


+ 2^ (V2® + V — 2«2V2C0S a) 

- ^ (Vi® + u^ — 2 miVi cos a) 

Ii - I 2 = ^ (4% Vi cos a - « 2 " - 3«i2 + Va^ - 
But Vj® = Ui® — 4 m ^ 4«<iVi cos « 

= W-V)}. . (222) 

If the flow is frictionless, then Ii —12 represents the aiiahcAic 
heat drop in the blades of the second row. If the flow is not friction¬ 
less, then the adiabatic heat drop is 

K = ^ W - - %^)} • . (223) 

The term in the above equation represents a reduction in 

the value of I^ — I 2 due to the forced vortex action in the blade ring. 

Writing down the adiabatic heat drops in the several rings of 
blades, we have 

K = w - - W - V)} 

A3 = ^ w - ^ W - (%" - «2®)} 


K = - A^UVl- («\- «Vl)} 
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If it be assumed that the velocity coefficient k and the efficiency 
remain constant throughout, then the sum of the adiabatic heat 
drops for aU the stages considered is 

+ + - 

-k^ (Up® + - uVi)-V)} 

Considering the velocities Ui, U 2 , Up, etc., we may write— 

Ui^ = Vi* + — 4%Vi cos a 

Ug® = Vg® H- 4m^ — 4«2V2 cos a, etc. 

Furthermore, with negligible error, we may write for the numerical 
value of Up®^— 

Up® = Vp'2 + 4V — 4%Vo' cos a 
where Vp' is a fictitious velocity, such that 



Substituting the above values of Up®, Ui®, etc., in the above 
expression for HA, we have 

SA = ;^^{(Vi® + Vg® + . . . V„®) 


But 


A® (1 + 4p® — 4/j cos a) (Vp'® + V^® + . 
/>MV„®-V„'®)} 

V ' = ^ == ^ 

® P P 

V _ ^ 

p p 


V 

P 


P 


j:h = 


C0‘ 


{(V + ^'2® + . • 




2^J?7nP^ 

— A® (1 4- 4p® — 4p cos a) (V + + • • • 

-p^K^-r,^)} 


Suppose that in any ^oup of blade rings to which these relations 
may be applied, the radial depth of the blades, plus the small radial 
clearance between adjacent blade rings, is a constant dimension h. 

Then = rp + 6; = rp -f 26; . . . = yp + (»— 1)6; 

and y„ = y„ -{- nb. 
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= ro^ + 26ro + b^; ... rVi = V + 2 («- 1)& . + 

{n — 1 )® 6 ®; and _|_ 2nbrQ + n^b^. 

The sum of the series is 

nr^ + n{n + l) 6 rQ + « (m + 1 ) ( 2 » + 1 ) ^ 

b 


and of the series + r-^ + ■ . . is— 

hz 

nr ^ + » (» — + » (« — 1) (2k — 1) 

b 

k(k + 1) (2k + 1)&2-1 

+ 6 J 


— A® (1 + 4 / 3 ® — 4/j cos a) I^K^o® + K (k — l)bro 
, n (n — 1 ) ( 2 k — l)i®'] 

+ 6 J 

— p® (2 k6?'o + »®&®)| .... 


(224) 


This expression will give the sum of the adiabatic heat drops in 
a group of n rings in which the innermost radius is ft. and the 
outermost radius r„ ft. The dimensions b must also be given in 
foot units. If inch units are preferred, then the whole expression 
must be divided by 144. 

234 . Optimum l^tio of Blade Speed to Steam Speed. In order to 
determine this, consider the adiabatic heat drop in any given blade 
ring, e.g. ring 3, Fig. 319. Then— 

K = 2i^ W- 

In general, the ratio ^ is about 0'03 to 0-04; hence the difference 

between and is small compared with either of them and we may, 
allowing a small error for the sake of simplicity, neglect the term 
Kj® — « 2 ® in the above expression. 

/. ^3 =~ 2 gj^ {^8® — (V 2 ® + 4^2® — 4 K 2 V 2 cos a)} 

By the same approximation, V 3 may be written as V 2 . Then— 

K = 2 ^; - A® (1 + 4p®- 4p cos a)} 
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The work done per lb. of steam in the third ring of blades is 
W3 = ^ (^sVfs — 


= ^ (Vts — Vts) approximately 


= ^®(V2COsa—«2) 
2 V 2 » , 

= -^(pcosa—p2) 



Fig. 320.—Calculated Stage Efficiency of Ljungstrom Type 
of Steam Turbine 


The gross stage efficiency (neglecting leakage and any rotation 
losses) is equal to 

W 3 


»?<78 = 




4j]„ (pcoscc—p^) 

1 _ *2 (1 4^2 _ 4p cos «) 


(225) 


If we assume constant values for the coefiicients = 0-90 and 
k = 0-86, which, it must be stated, are merely assumptions guided 
by nozzle and blade experiments, then for a uniform blade outlet 
angle of 20°, the estimated values of the gross stage ef&ciency are 
given in Table XVIII and Fig. 320. Inspection of eq. 225 and of 
Fig. 320 shows that the gross stage efficiency is a maximum when 




THE LJUNGSTROM TURBINE 


519 


COS oc 

p = —^ = 0'47 for 20“ blades. It should be noted that if the 

blade speed ratio is taken to mean the ratio of the relative blade 
velocity to the steam velocity at exit from the blades, then since 
the relative velocity of the blades is twice the blade velocity in each 
ring, the most economical ratio of blade speed to steam speed is 
cos a, or about 0-94 for 20° blades, just as in the Parsons turbine. 


TABLE XVIII 

Estimated Gross Stage Efficiencies and Vadtjes of the Efficiency 
Factor for LjungstrSm Double-motion Turbine 

Basic Data: Blade outlet angle = 20“; rj„ = 0-90; k = 0"86. 


p 

Gross 

Stage 

E£&ciency 

Values of/ 3 (p) 

K 

H, 

when 

- = 0-04 

y 

- = 003 

r 

- = 0-04 

y 

- = 0-05 

r 

0-1 

0-595 

0-598 

0-607 

0-618 

43-2 

0-2 

0-764 

0-794 

0-798 

0-805 

131-8 

0*25 

0-808 

0-868 

0-870 

0-876 

187-8 

0*3 

0-836 

0-927 

0-927 

0-930 

255 

0-35 

0-854 

0-969 

0-967 

0-968 

332 

0-4 

0-865 

0-994 

0-993 

0-991 

422 

0-45 

0-872 

1-007 

1-002 

0-999 

529 

0-5 

0-872 

1-001 

0-997 

0-995 

657 

0*55 

0-866 

0-982 

0-973 

0-963 

815 

0-6 

0-851 

0-943 

0-938 

0-934 

1004 

0-65 

0-832 

0-895 

0-885 

0-880 

1251 

0-7 

0-807 

0-827 

0-816 

0-811 

1574 


Example 35. The foUowing particulars refer to the inner group 
of blading in a Ljungstrom turbine— 


Inner diameter of first blade ring . . . .4 m. 

Dimension b (Fig. 319) . . . . . . J in. 

Number of rings of blades on each rotor . . .10 

Blade outlet angle ...... 20° 

R.p.m. of each rotor ...... 3,000 


Assuming that p = 0*4, = 0*9, and that k = 0"87, calculate 

the total adiabatic heat drop in the group of blades. 


3000 X 2'jt 
" 60 


IOOtt. n = 20 


i'q = 2 in. = J ft. 6 = i in. = ft. 
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Substituting the given data in eq. 224— 

SA = 13-68 (3-261 — 0-312 — 0-050) 

= 39-7 B.Th.U. per lb. of steam 



Example 36. Calculate for the outermost ring in the blade group 
mentioned in Example 35 the following— 

(«) Blade inlet angle; 

(6) Velocities of whirl; 

ifi) Torque applied by blades to the disc; 

{d) Work done per lb. of steam; 

{fi) Adiabatic heat drop in ring; 

(/) Gross stage efficiency; 

(g) Power developed in blade ring. 

The steam flow per second is 20 lb. per second. 

_ A simple calculation shows that the external radius of the 19th 
ring is 6J in. and of the 20th ring 7 in. 
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Peripheral velocity of 19th ring = 176-7 ft./sec. 
» 20th „ = 183-2 .. 


Vl9 = 


176-7 

0-4' 


= 441-75; 


Vao = 


183-2 

0-4 


: 458-0 


The velocity diagrams for the 19th and 20th blade rings are showm 
in Fig. 321 and require no explanation. The blade inlet angle is 
67-8°. The velocities of whirl are respectively 238-4 and 247-2 ft. 
per sec. 


w 

Torque = - (V«o . — Yas • 

- ^ u)+ (“«■■* X 

= 172-8 Ib.-ft. 


6-75 

12 


)) 


Work done per sec. = co X Torque 

= IOOtt X 172-8 = 54,290 ft.-lb. 
Work done per lb. of steam = 2714-5 ft.-lb. 

= 3-49 B.Th.U. 

Adiabatic heat drop in blade ring 

= 2^3^ W - 

= {4582— (0-87 X 163-2)2— (183-22- 176-72)} 
- 7 - (64-4 X 777-8 X 0-9) = 4-156 B.Th.U. per lb. 

Gross stage efficiency = = 84 per cent 

Power developed = = 99-8 h.p. 

= 73-6kW 


235 . Calculation of Blade Lengths. Suppose that the blade rings 
have been set down provisionally, i.e. that the blade rings have 
been divided into groups of a certain radial depth b (Fig. 319) and 
the inner and outer radii and the number of rings in each group 
determined. Then the adiabatic heat drop in each group (or part of 
a group) may be estimated by using eq. 224. If a condition curve 
similar to Fig. 100 has been drawn in accordance with the specified 
steam conditions, then, knowing the distribution of adiabatic heat 
drop, the steam pressures and specific volumes may be obtained at 
inlet to, and outlet from, each group. 
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Suppose that at outlet from a particular blade ring v is the specific 
volume of the steam, V is the relative velocity, I is the axial length 
of the blades (measured in foot units), and x the " opening ” per blade. 
Fig. 322. Then if there are m blades in the ring— 

, w .V 
m . X . 1 = -y— 


or 


W . V 
m .X .W 



If the thickness of the blade outlet edge be t, then 

2iTr. sin a 


X = 


from which 


I = 


m 

wv 


' — t 


V(27ry . sin a — mt) 
If the thickness t be neglected— 

1 = 


wv 


2rr. r . V . sin a 


. (226) 


(226a) 


Owing to inertia forces, each blade is in the condition of a beam 
subjected to a uniformly distributed force and more or less rigidly 
fixed at the ends in the relatively stiff supporting rings. This 
produces a bending action, to which must be added the bending due 
to impulse and reaction. Consequently, if the ratio Ijb exceeds a 
certain value, which will depend mainly on the peripheral velocity 
of the ring in question, the bending stresses will become excessive 
and the effective steam-canying part of the blade must be divided 
into two or more parts, each suitably strengthened by the supporting 
rings. Examples of this are given later in this chapter. 
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236 . Relationship between Cumulative Heat Drop, Speed of Rota¬ 
tion, Number of Blade Rings, and Diameter of Blade Rings in the 
Ljungstrom Turbine. It has been shown that the adiabatic heat 
drop in the «th blade ring is 

“ 2gJ . 

But U Vi = V Vi + 4« Vi - . V„_i. cos a 

^ j --^ W - ^2(VVi + 4«Vi - 4a„_iV„_i. cos «) 

— (V-«Vi)} 

Writing = 1 — * (see Fig. 319) and assuming that p is uniform 
throughout the turbine, then— 

«n-i = • ««; «« = P • V„; = p . V„_i; V„_i = % . V„. 

AH„ = {1 — + 4p® — 4p cos a) 

i-®- ‘faip) • • • (227) 

where / 3 (p) = ^ {1 — ^®;c®(l + dp® — 4p cos a) 

Vn 

— p'(l-%®)} .... (228) 

/ 3 (p) is a function of A, x> «. aJid p. If k, x, and a are given 
constant values, then fz{p) is a function of p only. 

It follows that if D is the diameter of the «th ring in inches, and 
N is the speed of each rotor— 

_ DN. jJM /IL 
/’-V„ 229 V 2 g.jVAH„ 

Therefore, for the whole turbine— 


■= sio v'/.W 


. (229) 


where K is' the Parsons coefi&cient for the turbine and equals 

/D \®/ N \® 


2:(ro)W 


where n is now the total number of rings (both wheels). 

Values of /^{p) are given in Table XVIII for various values of hjr. 
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K 

In the samft table are given values of |j- for values of p, based on a 

value oi bjr = 0-04, which is about the mean vsQue of this ratio in 
actual Ljtmgstrom turbines. Fig. 323 shows the calculated values of 
the gross stage efficiency plotted against values of the efficiency factor. 

237 . General Description. The Ljungstiom turbine was invented 
and designed by two Swedish brother engineers, Dr. Birger and Mr. 
Fredrik Ljungstrom, about the year 1912. The new machine was a 
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He 

Fig. 323. —Calculated Stage Efficiency of Radial-flow Double-motion 
Turbine against Efficiency Factor 


radical departure from the then existing ideas of steam turbine 
construction, and embodied several ingenious devices to reduce 
steam leakage and damage due to differential expansion, and also 
to minimize heat losses by conduction and radiation. So well con¬ 
ceived was the original design that to-day, after over thirty years’ 
experience, it stands almost unaltered except to meet the needs 
imposed by its application to larger powers. It is constructed 
in Sweden by the parent company, the Svenska Turbinfabriks 
Aktiebolaget Ljungstrom, and in England by the Brush Electrical 
Engineering Co., Ltd., of Loi'chb-'-rourb. 

The reader who is ■ ■ the general features of the 

Ljimgstrom turbine is asked to read Art. 9 and study Fig. 7 before 
reading the following description. 

The construction adopted depends, to some extent, on the output 
of the turbine. Fig. 324 shows a section through the upper half of 
the blade system of a 1,875 kW turbine. The steam chests e (right 
and left) are flexibly mounted in the flanges a by the dumb-bell 
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joint rings d, syrometrical expansion of the steam chests being further 
ensured by radial locating pins. The fixed balance discs /, with 
their lab 3 ninth packing, are secured to the steam chests by expansion 
rings. 

Very short turbine spindles f are spigoted into the alternator 
rotor shafts s and and carry the turbine rotors h and h^. As will 
be seen from the figure, the alternate blade rings are carried on each 
rotor, the blade rings also being attached to the rotor discs by means 
of dumb-bell expansion rings. The rotating balance discs are 
connected to the rotor discs by the same method. 

Steam enters the turbine through the side of the exhaust branch. 
Fig. 325, and passes through branch pipes into the lower part of the 
steam chests. Under normal load conditions the steam flows into 
the inner part e of the steam chests, through ports n cut in the hub 
of the rotors and so to the centre of the blade system. The steam, 
under the difference of pressure between the steam chest and the 
surrounding exhaust space g, then flows radially outwards through 
the blade system. 

The variation in blade length may be noted. At first, the growth 
of area due to the increasing diameter is greater than that required 
due to the increasing volume of steam, bearing in mind that the 
steam velocity also increases as the diameter increases. In the later 
stages, however, the rapid increase in steam volume calls for longer 
blades. As a result the blade length diminishes up to about the 
eighteenth stage, thereafter it increases. It may be said that the 
variation in blade length is not directly related to the shape of a 
convergent-divergent nozzle because, whereas in the nozzle the 
steam velocity is a continuous function of the pressure, in the turbine 
it is not. 

At the thirty-sixth blade ring the safe limit of blade length has 
been reached, bearing in mind the stresses due to bending, and in 
the remaining four stages the blades are each subdivided into two 
parts of equal length. 

For loads above the economical load, either the right-hand over¬ 
load valve c is automatically opened by the governor or the hand- 
operated left-hand overload valve c is opened. In either case, steam 
K admitted, in amount depending on the overload, through openings 
in the balance discs and rotor discs to the space after the eighteenth 
blade ring. 

Leakage of steam from the steam chest to the atmosphere is 
reduced to a veiy small amount by the labyrinth packing w. Details 
of this will be given in Art. 241. 

The employment of two or more blades in parallel in the low- 
pressure part of the blade system has already been mentioned. 
Fig. 326 shows a soinewhat old design of a 5,000 kW turbine by the 
Svenska ^ Turb^abriks Aktiebolaget Ljimgstrom of Finspong, 
Sweden, in which the blades of the last six staares are subdivided 
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Fig. 325.—^Part Section of 1,875 kW Brush Ljungstrom Turbine 
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into six sections. The inertia forces on the blades are borne by the 
intermediate li.-' L rings to which the blades are attached. 

These are, of course, continuous rings. It will be observed that in 
the outer rings where the axial length of the supporting rings is 
reduced, owing to the greater length of the working blades, the 
necessary area of the ring is obtained by increasing its depth. 

There is obviously a limit to the extent to which the L.P. blades 
may be subdivided, and in the more recent designs the necessary 
area through the L.P. blades is obtained by the use of one or two 
stages of axial-flow blading. Fig. 327 shows a cross-section through 
a Brush Ljungstrcm turbine of 7,000 kW capacity in which a disc 
carrying one ring of axial-flow impulse-reaction blading is attached 
to each rotor by a number of taper pins. The final stage is thus a 
double-flow reaction turbine. 

The general arrangement of the turbine is shown in Fig. 328. The 
turbine proper is supported on the exhaust flange of the condenser, 
the only foundations required being those for the condenser. Each 
turbine rotor is coupled direct to an alternator rotor. The alternator 
frames are overhung, but the overhung weight is taken by four 
steel struts which transmit the load to heavy brackets on the con¬ 
denser. The two alternators operate in parallel. An exciter is 
arranged at one end of the set, the governor being located at the 
other. 

A further application of the same principle is illustrated in Fig. 
329, which shows a section through the upper half of a 15,000 kW 
3,000 r.p.m. Brush Ljungstrom turbine. A low-pressure cylinder 
A, surrounding the radial-flow blading system, is fitted with two 
sets of nozzle vanes or fixed blades B and D, whilst each rotor carries 
a ring of blades C and E mounted on the stiff discs F and G respec¬ 
tively. Sections through the blading and nozzles are shown in 
Fig. 329. 

Steam is tapped off for regenerative feed-heating at three points, 
namely, H (high-pressure steam), I (intermediate-pressure steam), 
and from L for low-pressure steam. 

Designs have been produced for Ljungstrom turbines to develop 
30,000 kW at 3,000 r.p.m. and 70,000 kW at 1,500 r.p.m. 

238. Blade Construction. Two methods of constructing the blades 
and their rings are employed. That used for turbines up 

to 4,000 kW is illustrated in Figs. 330 to 333. The blades themselves 
are milled out of rotmd nickel steel bar, ground up in the direction of 
steam flow and afterwards cut off to the required length, a tongue 
of metal being left at each end, as shown by 17, Fig. 330. The blades 
are fitted into slots punched in discs (15) which have previoiply 
been turned to the channel section shown in the same illustration. 
The blades are held at the correct angle and distance apart by means 
of thin sheet iron strips (20) and then welded into the discs. After 
the sheet iron strips have been removed, the welding discs are turned 
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ofi so as to produce the dovetail profile indicated in Fig. 331. This 
dovetail consists partly of blade metal, welding ring, and partly of 


S 20 /S 



Fig. 331 


a 




Fig. 332.— Section of Finislied Blade Ring 

weld metal, and has insufficient strength to resist the inertia forces. 
In the completed blade ring. Fig. 332, the inertia forces are taken 
by the supporting rings 9. The complete blade ring is attached to the 
rotor disc by the dumb-beU ring 4, one end of the latter being gripped 
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by the supporting ring 9, the other end by the ring 2, which is secured 
by the caulking strips 3. A section of the supporting ring before 
rolling is shown in Fig. 333. The projecting edges a and 6 are rolled 



Fig, 333.—Section of Strengthening Ring before Rolling 

over to grip the dovetail of the blades; the edges c and d being like¬ 
wise rolled over to grip the expansion ring. 

Steam leakage from one ring to the next is reduced to the mini¬ 
mum by the packing strips 7, Fig. 332, of nickel or steel, which are 
held in grooves by the caulking strips 8. 

The dumb-bell expansion ring, which is such a feature of the 
Ljungstrom turbine, enables contiguous parts of the turbine to 



Fig. 334.^—New Blade Construction 


adjust their positions relative to one another when their dimensions 
are changed due to the efiects of temperature and stress and yet 
maintain perfect alignment. Moreover, the small cross-section of the 
ring reduces the heat conduction to small limits. 

In turbines for outputs of 5,000 kW and over, the blade and its 
dovetail are milled either from solid bar or drop forgings (Fig. 334). 
The blades are afterwards assembled in the supporting rings to form 
a complete circle (Fig. 335), the dovetails being gripped by rolling. 
As there is no welding of the blades in this construction, heat-treated 
materials or stainless steel can be used for the blades, according 
to requirements. These bla.de materials make it possible to utilize 
longer blades and, consequently, a smaller number of blades in 
parallel in the L.P. region. Thus, even with the largest outputs, only 
two blades are now used in parallel. If necessary, two or even more 
axial-flow stages are used to provide the necessary steam way. 
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239 . Disc Construction. In a radial-flow turbine working under 
steady conditions, the centre portions of the disc may be subjected 
to a steam temperature of 700° F. to 800° F., while the temperature 
of the outer part of the disc would normally be in the region of 
80° F. to 100° F. In a disc constructed in one piece such temperature 
differences would produce considerable stresses, quite apart from 
the stresses due to rotation. 

Fig. 336 shows the disc construction employed on the smaller 
turbines. As will be seen, the complete wheel is comprised of a 
centre part including the hub, together with two other annnlar 



Fig. 335.—Section through Ljungstrom Turbine Blade Ring 

rings attached by dumb-bell expansion rings (1). One side of the 
disc is grooved to receive the blade rings, while the other side is 
arranged to receive the labyrinth disc. There are openings ( 2 ) in 
the hub through which steam flows into the centre of the blade 
system. 

Reference to Figs. 324, 326, 327, and 329 will show that the short 
overhung turbine shaft, which is subjected to the heating action of 
the live steam, is made hollow so that the fluctuations in tempera¬ 
ture of the spindle and hub will be practically simultaneous and 
relative movement will be avoided. 

The disc construction in the larger sets is well shown in Fig. 329. 
The first 22 stages of radial-flow blading axe carried on two discs 
which are connected together by a series of radial taper bolts. The 
taper of the bolts has been chosen so as to maintain a practically 
constant fit, independent of the differential expansion of the con¬ 
nected parts due to stress and temperature variations. The last 
three pairs of rings are attached to the sides of the discs F, which 
carry the first stage of axial-flow blading. The discs F axe also con¬ 
nected to the radial-flow discs by short radial taper bolts. Alternat¬ 
ing with these bolt holes are radial holes which enable bled steam to 
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Fig. 336.— ^Ljunptrdm Turbine Disc 


be drawn off from the space I. Tbe last disc on each rotor is 
connected to its neighbour by triple registers and a series of parallel 
onviag pms. 

^ 240 . Baiaxidng Arrangements. Reference has already been made 
m Art. ^0 the balancing discs attached to the steam chests and 
rotors. The labyrinth packing for these discs is shown in detail in 
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Fig. 337. A number of grooves are turned in the fixed and moving 
discs and a projecting ring between each pair of grooves fits into a 
groove on the opposite disc. Such pTj-c^'rg rings are furnished 
with a groove into which is fitted a thin.strip of nickel having a 
fine clearance. The total number of constrictions is obviously 
twice the number of grooves. The temperature conditions are 
practically the same for the fixed and moving dummy discs, and 



Fig. 337. —^Labyrinth Packing for Ljungstrom. Turbine Balancing Discs 

hence the clearances will hardly vary and may, therefore, be made 
very small. 

241 . Shaft Glands. The shaft glands have to be packed against 
the full steam pressure and are one of the most ingenious features 
of the turbine. Each gland comprises a number of fixed and rotating 
elements finished to the section shown in Fig. 338. The rings are 
turned out of solid steel, the rotating and fixed rings being moxmted 
on feathers 6 and 7 respectively. The edges of the rings are turned 
to a thin section and axe then rolled inwards at an angle of 45°, 
so that when the rings are in position, the rolled edges make contact 
with the neighbouring rings. The first few revolutions of the tmbine 
are sufficient to wear a very slight clearance, which has no tendency 
to increase. In the 7,000 kW Brush Ljungstrom turbine, the gland 
provides for no less than 107 throttlings of the steam, and yet its 
axial length is only 2 f in. 

The steam escaping from the last constriction is arranged to blow 
into a special pocket, such as r in Fig. 324 (see also Fig. 327). The 
escaping steam, leaving the last constriction of the packing with a 
high velocity, produces an ejector action and so draws air into the 
said pocket. The mixture of air and steam is led away to a separate 
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condenser through the tubes of which the main condensate flows. 
The object of this arrangement is to prevent the escaping steam 
from 1 pa king into the restricted space between the gland and the 
main bearing. In some cases, arrangements are made for supplying 

live steam for sealing pur- 

--— I— « g- .- - —7 


poses when starting up and 
when operating at very light 
loads. 

242 . General Notes. The 
Ljungstrom turbine has been 
.constructed in units up to 
15,000 kW with a speed of 
3,000 r.p.m. for each rotor, 
and in units up to 50,000 kW 
with a rotor speed of 1,500 
r.p.m. 

There are no heavy cast¬ 
ings subjected to high pres¬ 
sures and temperatures 
which would require careful 
warming up in order to 
avoid distortion. The blade 
rings are of comparatively 
small mass and wiU quickly 
respond to changes in steam 
temperature. Moreover, the 
difference in diameter be¬ 
tween adjacent rings is small, 
so that the relative move¬ 
ments due to temperature 
and stress are very small 
indeed. As a result, the 
turbine may be started and put on load without any preliminary 
heating. The 7,000 kW turbine has been run up in less than five 
minutes from cold, and the 12,500 kW turbine has been started from 
cold and been ready for load in about twelve minutes. Consequently, 
the Ljungstrom turbine is particularly suitable for a peak-load and 
reserve power station. There is such a station at Vasteras in Sweden, 
and by special design of the auxiliaries to facilitate quick starting, the 
50,000 kW turbine there may be started from cold and ready for 
load in four minutes. 

A few results of tests on Ljungstrom turbines will be fotmd in 
Chapter XXVII. 
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Fig. 338,—Labyrinth Shaft Packing for 
Ljungstrom Turbine 










CHAPTER XXVI 

HIGH-PRESSURE TURBINES 

243 . Limitations Imposed by Properties of Materials. The desire of 
power engineers to attain to still higher thermal efficiencies in steam 
plants has led to the use of higher steam pressures and temperatures. 
In general, the theoretical thermal efficiency of a steam turbine is 
increased as the initial temperature of the steam is increased, pro¬ 
vided the lower limit is kept constant. If we consider the somewhat 
impractical case of initially dry and saturated steam, however, the 
theoretical thermal efficiency increases sis the initial temperature is 
increased until a temperature of about 650“ F. is reached; beyond 
that temperature, the efficiency diminishes as the temperature is 
further elevated. 

The lower limits of temperature and pressure depend chiefly on 
the temperature and quantity of the available supply of cooling 
water, and for any given place this may be assumed to be roughly 
constant. 

The upper limit of temperature, on the other hand, is circum¬ 
scribed mainly by the mechanical properties, at elevated tempera¬ 
tures, of the materials used for superheater tubes, steam pipes, 
turbine throttle valves, and cylinders. The behaviour of these 
materials at high temperatures is a matter of the greatest impor¬ 
tance. Research work is being done in aU interested countnes, 
and knowledge on this subject is being slowly and laboriously 
accumulated. Much has been done, much more remains to be 
done. • 

The ultimate strength of mild steel increases with increasing 
temperature up to about 400° F,, but at higher temperatures it falls 
more or less rapidly, as shown by the curve in Fig. 339. The 3 deld 
point also falls off rapidly as the temperature increases and, accord¬ 
ing to one investigation, shrinks to zero at 1,200“ F., which means 
that very small stresses would produce a visible extension in the 
material. Certain alloys have physical properties which are superior 
to those of ordinary mild steel at high temperatures. Some of these 
have, however, presented difficulties in tube making. Test results 
for two such alloys are shown in Fig, 340,* one being Firth's 
heat-resisting chromium steel and the otha: known as Heraeus 
B.7.M. 

Brief .reference must now be made to another property of metals 

* Reproduced from a paper, “High Pressures and Temperatures for Steam 
Prime Movers, “ by O. Wiberg. Congfhs Intefnational de Micanigue Gdndrale, 
Lidge, 1930, Vol. 11, p. 118. 
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when subjected to stress at a high temperature. It is the slow 
deformation of the metal. If a specimen of steel, for example, is 
kept at a given temperature, and a certain steady load is applied, it 
will be found that the extension will increase rapidly at first and 
then less rapidly. The subsequent behaviour of the specimen win 



depend on the temperature and on the stress. If the stress is above 
a certain amount, then the extension will continue, at a greater or 
lesser rate, until the specimen finally breaks. If the stress is lower 
than this particular amount, the extension will in time be retarded 
and niay appear to cease. The phenomenon of slow continuous 
extension is usually termed “ creep,” and at the particular tempera¬ 
ture considered the particular stress below which the extension 
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finally appears to cease has been termed the "creep limit.” If such 
a creep limit actually existed, then it is clearly a very significant 
stress for the designer of high-temperature power plant; for then, 
provided the working stresses are kept below the creep limit, no 
continuous straining of the material wiU take place. Curves of 
estimated creep limit are shown in Figs. 339 and 340. 

As the methods of measurement used have been made more and 



Temperature. "T. 


Fig. 340.—^Mechanical Properties of Alloy Steels 

more refined, and when the tests' have been carried out for much 
longer times, it has become evident that creep is a continuous 
process, and therefore it seems doubtful whether a "creep limit’’ 
even exists. This is the view put forward by Dr. R. W. Bailey. 
In these circumstances, the conception of a creep limit must be 
replaced by that of a "creep rate.” In other words, if a given 
material is maintained at a given temperature indefinitely, then at 
a given stress after the period of initial strain it will deform at a 
definite, if extremely small, rate. A tj^jical set of such creep-rate-stress 
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ctirves* is shown in Fig. 341. Superheater tubes and steam 
pipes and even the high-pressure turbine cylinder will go on increas¬ 
ing in size with passing time, extremely slowly at the more moderate 
steam temperatures, but more rapidly at the higher temperatures. 



Bolts which are used for tightening up high-pressure high-tempera¬ 
ture steam pipe joints will, under the stress due to tightening, gradu¬ 
ally increase in length until that stress is appreciably reduced and, 
unless the nuts are again tightened up, the joint will commence to leak. 

For a masterly treatment of the application of creep data to the 
design of power plant parts the reader is referred to a paper (1) by 
Eh:. R. W. Bailey. 

Development in the use of high-pressure steam has proceeded 
along somewhat diSerent lines in diSerent countries. In the 

* Reproduced from paper "Some Considerations affecting the Future 
Development of the Steam Cycle," by K. Baumann, Proc. Inst. Mech. Eng., 
I930,Vol.n.p 1305. 
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United States the tendency some years ago was to adopt higher 
steam pressures and moderate temperatures (about 750° F.), 
and in order to obviate difficulties due to the resulting high wetness 
of the exhaust steam, reheating was adopted. In Great Britain the 
tendency was towards higher steam temperatures and moderate 



Entropy 


Fig. 342.—T—^ Diagram for Rankine Cycles with the same Initial 
Temperature and Initial Pressures of 200 and 1,000 lb. per sq. in. abs. 

pressures without the added complication of reheating. In all cases 
regenerative feed-heating is employed. There are to-day many 
power stations in the United States operating at 1,200 lb. per sq. 
in. and with steam temperatures ranging from ^0 to 950° F. 
Some years ago, the British Thomson-Houston Co., Ltd., constructed 
a 10,000 kW turbine to operate with steam at 365 lb. per sq. in. 
gauge and 1,000° F. This turbine was installed at Detroit. Fxirther 
particulars, together with test results, will be given in Art. 254 of 
Chapter XXVII. In Art. 246 of the present chapter will be found 
particulars of a large turbine unit operating at 1,900 lb. per sq. in. 
and 930° F. 

244 . Effect of Steam Pressure on Thermal Ef&cien<^ for a given 
Uppa: Limit of Tanperature. With the ideal working substance 




544 STEAM TURBINE THEORY AND PRACTICE 

visualized in the Camot Cyde, all the heat absorption occurs at the 
upper limit of temperature, and the heat rejection takes place 
entirely at the lower limit of temperature, the thermal efficiency 
depending merely on the upper and lower temperature limits. 
With practical working substances, such as water, temperature is 
not the sole criterion of efficiency. Considering the usual steam 
turbine cycle, and ruling out the use of initially d^ and saturated 
steam on practical groimds, it will be dear that it is possible to use 
various iuitial steam pressures with a given initial steam tempera¬ 
ture. Thus, we may use a moderate pressure and a high initial 
superheat, or a very high initial pressure and a moderate superheat. 

Thermod 3 mamic considerations lead us to the conclusion that the 
greatest theoretical thermal efi&dency will be obtained in that 
process in which the greatest possible amount of heat is supplied at 
the highest possible temperature. With a moderate pressure, owing 
to the larger latent heat of vaporization and the relatively small 
specific heat of the superheated steam, the proportion of the heat 
supplied at the high temperatures is less than in the case of the high 
initial pressure. This is borne out by calculations, of which an 
example is illustrated by Fig. 342. 

The following data refer to two steam turbines operating with an 
initial temperature of 905° F. and an exhaust temperature of 80° F. 



Case I 

Case II 

Initial pressure . . .lb. per sq. in. (abs.) 

200 

1,000 

Initial temperature . . . . . ° F. 

905 

905 

binal pressure . . . lb. per sq. in. (abs.) 

0-5 

0*5 * 

Final temperature . . , . . ® F. 

80 

80 

Initial total heat.... B.Th.U. per lb. 

1,476 

1,450 

Final total heat after adiabatic expansion 



B.Th.U. per lb. 

972 

866 

Dryness fraction after adiabatic expansion 

0*884 

0*784 

Pressure at which steam becomes dry and saturated 



• lb. per sq. in. (abs.) 

7*7 

93 

Adiabatic heat drop . . . B.Th.U. per lb. 

504 

584 

Sensible heat of water at 80° F. . 

48 

48 

Heat supplied per lb. of steam .... 

1,428 

1,402 

Theoretical thermal efficiency . -. 

0*353 

0*416 

Percentage gain due to increased pressure 

— 

17*8 

Efficiency of Camot Cycle ~ 

Ii 

0*605 

0*605 

When turbine efficiency ratio is 0*82— 



Final dr3mess fraction ..... 

0*97 

0*884 

Pressure at which steam becomes dry and saturated 



lb. per sq. in, (abs.) 

1-3 

31 
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The gain in thermal efficiency due to the adoption of the higher 
pressure is at once apparent from a study of the figures in the 
above table. What is perhaps at first astonishing is that the heat 
necessary to generate a pound of steam is actually less at the 
higher pressure than it is at the lower; moreover, the heat drop is 
appreciably greater. 

This increase in thermal efficiency is partly counterbalanced by 
two other effects of increasing the pressure. In the first place, the 
higher the pressure for a given initial temperature, the earlier does 
the steam become dry and saturated during its expansion, and the 
greater is the wetness fraction of the exhaust steam. This is evident 
from the T—^ chart. Fig. 342, and from the data set out above. In 
the lower pressure case, the steam remains dry almost to the end of 
the expansion, whereas in the other case it becomes wet in the 
actual turbine when the pressure has reached 31 lb. per sq. in. 
abs. This increased wetness at the exhaust end of the turbine 
is more serious still at more moderate initial temperatures, and is 
the cause of increased erosion of turbine blading and also of a certain 
reduction in turbine efficiency. 

In the second place, the losses due to disc friction are likely to be 
higher with higher pressures owing to the increased density of the 
steam, unless the design is suitably modified to counteract it. The 
power absorbed in rotating a turbine disc in steam has been shown 
in Art. 80 to be— 

c . D2 . m3 c,D5N3 

H.p<,. =- - -= —^ 

where the s 3 unbols have the usual meanings. 

Now, if the ratio of blade speed to steam speed remains constant, 
then the heat drop per stage is equal to and if H is the total 

heat drop in the H.P. section of the turbine, then the number of 
stages is equal to 

H 


Then assuming, for the sake of simplicity, a constant specific volume 
V, the total disc friction horse-power— 

„ H . c . D3 . m3 

27h.p<j . — • y 

Cg . . H 

V 

. D» , N , H 

V 

where c, etc,, are appropriate constants. 
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Hence, if the speed of rotation N is kept constant, and if other 
things remain sensibly constant, the power absorbed by disc friction 
will vary directly as the cube of the disc diameter. In other words, 
if the bl a d ft speed is reduced to one-half, the total disc friction will be 
reduced to one-e^hth, in spite of the fact that the number of wheels 
is increased four times. 

Since D a we may also write 

VHP -c — ^ 

rx.jr,j — Cs . ^ 

Thus the total disc friction loss, for a constant value of the blade 
velocity «, is inversely proportional to the square of the rotational 
speed, other things being sensibly constant. 

It is clear, then, that in order to reduce the loss due to disc 
friction— 

{a) in constant speed machines, the disc diameters must be 
reduced and the number of stages increased to cope with the heat 
drop; 

(S) in machines designed for very high steam pressmes, the 
rotational speed may be increased, either with or without an 
attendant reduction in blade speed. 

The above somewhat rough treatment is not strictly accurate 
because where one stage is replaced, say, by four, the smaller heat 
drops in the latter case involve somewhat higher stage pressures and 
therefore higher steam densities; but the treatment is correct as a 
guide. 

Further advantages follow the use of small diameters in super-high- 
pressure turbines. Complete admission, with consequently reduced 
vane-action losses, may be obtained. The casing is smaller and 
may sometimes be made from a steel forging so that it is more 
suited to withstand the high temperatmres and pressures, and is less 
liable to give trouble due to distortion. Also in many cases the 
rotor may be machined from a single forging, thus enabling smaller 
diaphragm glands to be used for a given shaft critical speed. For 
examples of this construction see Figs. 345, 346, and 348. 

245 . Primary Turbines. Many of the super-high-pressure tur¬ 
bines so far installed are so-called “primary turbines.” The more 
or less tentative adoption of high pressures in existing power stations 
has frequently taken the form of the installation of a high-pressure 
boiler suppling steam to the primary turbine, while the latter 
exhai^ts into the ordinary steam main of the station. In this way, 
experience could be gained in the generation and utilization of high- 
pressure steam without the necessity of scrapping the existing plant, 
and at the same time the capacity of the station could be increased. 
In such cases the high-pregsure turbine is used as a base-load imit. 
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the “normal-pressure” turbines only being loaded as required; by 
this procedure the thermal efiBiciency of the station is maintained at 
a high value. 

In newer stations, or in the case of large extensions, complete and 
independent high-pressure units are being installed. As an example 
of the latter, the 53,000 kW Metropolitan-Vickers turbine, described 
in Art. 246, may be cited. 

In 1925 Messrs. Brown Boveri & Co. installed in the Langer- 
brugge power station of the Centrales Electriques des Flandres a 



Fig. 343. —^Two-stage H.P. Primary Turbine 
Initial pressure—725 ib. per sq. m. 1,675 kW 


primary turbine to develop 1,675 kW. Steam is supplied at a 
pressure of 7251b. per sq. in. abs. and a temperature of about 
830° F., while it is exhausted at 306 lb. per sq, in. abs. to be used 
in the existing turbines. The primary unit comprises two small 
turbines in series, each similar to that shown in Fig. 343. Each 
rotor carries two single-row impulse wheels 14-65 in, mean diameter. 
These run at 8,000 r.p.m., and drive an alternator at 1,500 r.p.m. 
through reduction gearing. A view of the set before lagging is 
shown in Fig. 344. 

By using an overhung shaft, hah of the high-pressure glands are 
eliminated. In order to cool the shaft, water is supplied under 
pressure to a chamber on the outlet side of the shaft gland. A 
leak-off and ample baffling prevent this water from finding its way 
into the bearing. 

The more usual methods of construction have been followed in a 
later turbine built by the same firm for the same power station and 
utilizing the highest steam pressure so far used. The steam pressure 





























HIGH-PRESSURE TURBINES 


549 


is 2,940 lb. per sq. in. abs. and the temperature 806° F. The 
turbine. Fig. 345, expands the steam in four stages to a final pressure 
of 882 lb. per sq. in. abs., after which the exhaust steam is re¬ 
heated and admitted to the 8001b. steam system. Steam is 
generated in a Benson boiler with a capacity of about 250,000 lb. 
per hour. The four impulse wheels have a mean diameter of 
14-75 in. and develop 4,000 kW at 7,000 r.p.m. 

A further example of a primary turbine is illustrated in Fig. 346. 
This machine wp constructed by Messrs. Escher Wyss & Co., 
Zurich, for the Siemens-Schuckertwerke, Berlin, to operate in con¬ 
junction with an experimental Benson boiler. The following 
particulars relate to the operating conditions, etc.— 


Output (D.C. machine) . 
Initial steam pressme 
Initial steam temperature 
Exhaust pressure . 

Turbine speed 
Generator speed 
Mean diameter of 1st stage 
Mean diameter of 9th stage 
Nozzle height, 1st stage 

Nozzle height, 9th stage 


1,000 kW 

1,415 Ib./sq. in. (abs.) 
750’F. 

200 Ib./sq. in. (abs.) 
10,000 r.p.m. 

3,000 r.p.m. 

6-7 in. {u = 293 ft./sec.) 
10-6 in. (u = 464 ft./sec.) 
0-12 in. 

0-27 in. 


There are many interesting features about this turbine. The 
casing is made in two parts; the main part is one piece of forged 
steel without any horizontal joint; the exhaust end is also a single 
piece steel casting. Such a cylinder construction eliminates the 
difficulty of sealing the horizontal joint and also gives a symmetrical 
casing which is not likely to give trouble due to <fistortion. To insert 
the turbine rotor and diaphragms, the casing is placed vertically, as 
shown in Fig. 347, and these inner parts are inserted from the top. 
The casing is tapered to facilitate assembly in this manner. 

The small height of the nozzles called for very careful machining. 
The nozzles are made in single pieces, machined on all smrfaces and 
held together by means of rings. To avoid leakage, the joints 
between the individual pieces are welded. The diaphragms are 
pro-^ded at their periphery with resilient supports in order to permit 
of their expansion in the cold casing when the turbine is being 
warmed up. The supports may be seen in Figs. 348 and 349. 

Attention is drawn to the curved shape of the longitudinal section 
of the nozzles (see Fig. 348). This shape has been adopted to ensure 
that the steam issuing from the nozzles will fill the blade channel 
at inlet and flow in at right angles to the inlet edge of the blade. 
The theory underlying this construction is already given in Art. 139. 

The H.P. gland has to pack against the exceptionally high pressure 
of 1,220 lb, per sq. in., and the gland loss on test proved to be 925 lb. 





Throttle Vatve 
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per hour. In order to limit the gland leakage losses to a reasonably 
small value, the shaft diameter had to be kept as small as possible. 



Fig. 347.—Showing Insertion of Rotor and Diaphragms in Conical 

Steel Casing 

and to this end a flexible shaft is used having a critical speed of 
2,800 r.p.m. The operating speed is therefore 3-57 limes the first 
critical speed. To give the shaft the adequate support necessary 
for satisfactory running, each bearing is provided twith two diort 
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turbine to operate with a Benson boiler at a pressure of 2,5001b. 
per sq. in. gauge and a temperature of 790° F. 

246 . 53,000 kW Turbine Operating at 1,900 lb. per sq. in. This 
turbine was installed in 1938 at the Brimsdown A Station of the 
North Metropohtan Electric Power Supply Company. It takes 
steam from two LofEler boilers, each capable of generating 210,000 lb. 



Fig. 349.— View of Partially Assembled Escher Wyss Primary Turbine 


of steam per nour at a pressure of 2,000 lb. per sq. in. and a tempera¬ 
ture of 940° F. The Loffler boiler is of the in^ectly-heated type 
in which superheated steam is employed as the heat-conveying 
medium. For reasons of economy involved in the process of steam 
generation the operating pressure should be at least 1,4001b. per 
sq. in. and preferably higher. 

The turbine, which was constructed by the Metropolitan-Vickers 
Electrical Co., Ltd., comprises two units— 

H.P. Unit. This has two cylinders and is supplied with steam at 
1,900 lb. per sq. m. and 930° F. and exhausts at 2001b. per sq. in. 
It generates 19,000 kW at a speed of 3,000 r.p.m. The casing of No. 
1 turbine comprises two 0-5 per cent molybdenum steel forgings and 
contains one two-row wheel followed by 12 single-row wheels. 
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The wheels are turned out of a single forging. The cylinder is divided 
by a horizontal joint and the flanges are 12 in. thick. The casing of 
No. 2 turbine is made of cast molybdenum steel and is furnished with 
12 impulse stages, the wheels being machined from a single forging. 
The H.P. gland of No. 1 turbine is provided with 150 constrictions. 

L.P. Unit. This is a condensing turbine and receives reheated 
steam from the H.P. unit. The initial pressure is about 200 lb. per 
sq. in., and the steam temperature after reheating is about 810° F. 
The unit generates 34,000 kW at a speed of 3,000 r.p.m. There are 
two cylinders. No. 1 cylinder having 13 single-row wheels, and No. 
2 cylinder 5 stages arranged for double flow. The tip speed in the 
last stage is 1,060 ft. per sec. It was originally intended to reheat 
the steam in two stages, firstly by live steam, and secondly by 
flue gases. So far, however (1942), it has not been necessary to use 
the live steam reheater as the specified reheat temperature has been 
obtained without it. 
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The primary object of commercial testing is to determine whether 
or not the guaranteed performance is actually achieved. Practically 
all such tests must be carried out on site, as it is not generally possi¬ 
ble either to provide sufficient load or sufficient steam to carry out 
a test in the maker's works, except in the case of relatively small 
units. 

In the course of such acceptance tests, additional information is 
often obtained which is useful to the designer in enabling him to 
check the internal performance of the machine or examine the 
performance of some section of the turbine. Such analyses will be 
given in detail in later paragraphs. 

248 . Test Apparatus. The layout for a typical turbine test is 
shown in Fig. 350. -The valves in the steam pipe are (1) the isolating 
valve A, ( 2 ) the stop valve B, and (3) the governor, or throttle 
valve C. The pressure and temperature of the steam are measured 
before the stop valve, and when the information is desired, after 
the throttle valve, i.e. at inlet to the nozzle box of the first stage 
in an impulse turbine or the steam belt in a reaction turbine. The 
vacuum gauge is shown diagrammatically and, of course, is not to 
scale. A glass tube D, which must be at least 30 in. long, is con¬ 
nected at the top to a point on the exhaust branch or, alternatively, 
to a perforated pipe inserted through the exhaust branch and 
extending across it. The lower end of D dips into a vessel containing 
mercury, the surface of which is exposed to the atmosphere. E is a 
barometric tube which also dips into the same vessel. The height 

is the so-called ''vacuum" and may be expressed in inches or cm. 
of mercury. The height hj, is, of course, the barometric height. As 
the pressure on the surface of the mercury in the barometer is the 
negligibly small vapour pressure of mercury at the air temperature 
(0*0000142 lb. per sq. in. abs. at 60° F.), the difference of pressure 
hg is, to ail intents and purposes, the absolute pressure of the exhaust 
steam, expressed in inches or cm. of mercury. The corresponding 
pressure pg in lb. per sq. in. abs. is 

pg = 0*491 X (hgiii, Hg.) 
p^ = 0*1934 X [hg cm. Hg.) 

The steam consumption of the turbine may be measured by any 
one of several-methods. The most accurate is by weighing the 
quantity of condensate in a given time. One method is indicated in 
Fig. 350. Three tanks are arranged as shown. The valve F in the 
feed pipe is closed, or a blank flange is inserted. The condensate is 
ffist allowed to flow into a storage tank. At approximately regular 
intervals of time a certain quantity of water is weighed in the weigh¬ 
ing tank and then allowed to pass into the feed tank, from whence 
it is withdrawn by a special test pump. Other methods of measuring 
condensate by weighing tanks, calibrated tanks, and venturi meters 
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The primary object of commercial testing is to determine whether 
or not the guaranteed performance is actually achieved. Practically 
all such tests must be carried out on site, as it is not generally possi¬ 
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valve C. The pressure and temperature of the steam are measured 
before the stop valve, and when the information is desired, after 
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vacuum gauge is shown diagrammatically and, of course, is not to 
scale. A glass tube D, which must be at least 30 in. long, is con¬ 
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to a perforated pipe inserted through the exhaust branch and 
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the pressure on the surface of the mercury in the barometer is the 
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= 0-491 X {he in. Hg.) 
pe = 0-1934 X {hg cm. Hg.) 

The steam consumption of the turbine may be measured by any 
one of several .methods. The most accurate is by weighing the 
quantity of condensate in a given time. One method is indicated in 
Fig. 350. Three tanks are arranged as shown. The valve F in the 
feed pipe is closed, or a blank flange is inserted. The condensate is 
first allowed to flow into a storage tank. At approximately regular 
intervals of time a certain quantity of water is weighed in the weigh¬ 
ing tank and then allowed to pass into the feed tank, from whence 
it is withdrawn by a special test pump. Other methods of measuring 
condensate by weighing tanks, calibrated tanks, and venturi meters 
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are described in the author's book Steam Turbine Operation. Notes 
on steam meters are given in the same book. Various tests should 
be made to determine the condenser leakage, if any, and any other 
water leakage into the turbine. It is outside the scope of this book 
to deal with these methods. FuU particulars will be found in the 



British Standard Test Code for Acceptance Tests for Steam Turbines 
No. 752—1940. 

If the turbine is coupled to a D.C. or A.C. generator, the generator 
output is determined by established methods. In the case of a marine 
turbine, the power is calculated from a measurement of the torque 
in the propeller shaft by means of a torsionmeter together with a 
measurement of the rotational speed obtained by means of an 
integrating revolution counter. 

249 . Correction Factors, It is almost impossible to regulate the 
operating conditions during a test so that the steam pressure 
and temperature before the stop valve and the vacuum in the 
exhaust branch have the precise values specified in the guarantee. 
This is especially true of the initial steam temperature. 
Consequently, it becomes necessary to apply certain corrections 

19—(T.5200) 
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to the measured steam or heat consumption to allow for these 
deviations. A discussion of these correction factors will be 
found in the author's Steam Turbine Operation. 

TEST RESULTS 

The object of the present chapter is not to explain the technique 
of turbine testing but to present to the reader a few selected reports 
of tests. The object is to show to what stage of perfection the modem 
steam turbine has attained. So far as possible, the tests reported 
have been carried out by independent authorities of repute. For 
obvious reasons, the heat drop data and the resulting efficiencies 
are given exactly as in the original reports; as these have been based 
on different Steam Tables they are not strictly comparable, but the 
differences are probably small. In some cases the author has had 
regretfully to convert Continental units to British units in order to 
preserve similarity in presentation. 

Before giving test results for turbines of moderate and large 
output a few results for the single-wheel de Laval turbine will be 
given. 

250 . Tests on Single-wheel de Laval Turbines. Some test results 
for de Laval turbines of the original single-wheel design are given 
in Table XIX. Test No. 1 gives results of a test carried out on a 
small de Laval turbine by the author, while the remainder are given 
by the De Laval Steam Turbine Co., whose figures are given in 
columns 1—7 ; while column 8 , giving the efficiency ratio, has been 
calculated from the data supplied. The losses due to bearing fric¬ 
tion, disc friction, and blade windage are comparatively small, a nd 
the prindpad reason for the differences in the efficiency ratio is the 
fact that, for economic reasons, the ratio of blade velodty to steam 
velodty is further removed from the theoretical optimum value in 
the smaller turbines than in the larger ones. From approximate 
data regarding the dimensions of the turbines in question, the ratio 
of blade speed to steam speed is given in column 12. Tests show 
that the multi-stage de Laval turbines reach much higher efficiency 
ratios than those given in Table XIX. 

251 . Tests on 15,000 kW Impulse Turbine. Table XX gives 
results (1) obtained during tests made on February 12, 1924, on a 
15,000 kW impulse turbine, operating at 1,500 r.p.m., constructed 
by the B.T.-H. Company, Ltd., and installed in the Grove Road 
Power Station, London, of the Central Electric Supply Company. 
Great care was exercised in caiT 3 dng out the tests and in making 
all measurements. The steam consumption was determined by 
weighing the condensate in special water-weighing tanks placed on 
weighbridges. The conditions were kept as near guarantee condi¬ 
tions as possible so that very small corrections had to be applied 
to the observed steam consmnptions, as may be seen from Table XX. 



TABLE XIX 

Test Results for de Laval Steam Turbines 
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TABLE XX 

Tests on 15,000 kW Impuesb Turbine 


No. of Test 

1 

2 

3 

4 

5 

Duration. . . min. 

60 

60 

30 

60 

60 

Load .... 

Full 

1 

i 

FuU 

H 

lb. per sq. in. gauge 

193-1 

194*1 

193-7 

195-3 

191-0 

® F. 

634*9 

1 628*4 

635*1 

620-3 

623-3 

Superheat . . ® F. 

249-8 

1 242*9 

249*8 

234-3 

239-0 

Vacuum at exhaust flange 






in. Hg. (30 in. Bar.) 

27-93 

28*22 

28*46 

27-92 

27-62 

Net condensate lb. per hr. 

165,030 

125,555 

85,110 

167,280 

207,025 

Net output . . kW 

15,189 

11,509 

7,623 

15,279 

18,855 

Steam consumption at test 



1 


conditions lb. per kWh 

10*87 

10*91 

11*17 

10*95 

10-98 

Corrected steam consumption 

10*80 

10*82 

IT-12 

10*76 

10-76 

Overall efi&ciency ratio of 
turbine and alternator 
under test conditions 




I 


per cent 

Estimated ef&ciency of 

79*06 

77-50 

74-04 

79-14 

80-46 

alternator . per cent 

•96-50 

— 

— 

96*50 

97-0 

Ef&ciency ratio of turbine 
alone under test condi¬ 






tions . , per cent 

81-93 

— 

— 

82-02 

82-95 


The tests were carried out under the supervision of the consulting 
engineers, Messrs. Kennedy and Donkin. 

The tests were worked" out on the basis of Callendar's 
Steam Tables. Bearing in mind that the efficiency ratio is based 
on the steam conditions before the stop valve, the result is very 
satisfactory. 

_ 252 . Tests on 35,000 kW Impidse Turbine. The following par¬ 
ticulars relate to tests on one of three 35,000 kW turbo-generators 
constructed by the Metropolitan-Vickers Electrical Co., Ltd., and 
installed in the Deptford West Power Station, London. 

The economic load is 28,000 kW, i.e. 80 per cent of the 
maximmn continuous load. The turbines are designed to op¬ 
erate with steam at 350 lb. per sq. in. gauge and at 750° F. with 
the following vacua— 

At 100 per cent full load 28-75 in. Hg. 

» 80 „ „ 29-00 „ 

» 60 „ „ „ 29-12 „ 

» 40 „ „ 29-18 „ 

The turbine has two cylinders in tandem, the particulars being as 
follows— 
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Cylinder 

No. of 

1 Stages 

j Mean Dia. 

[ in. 

Mean Blade 
Velocity 

H.P. 

i 24 

1 42 

275 

L.P. 

t 15 

62f-84 

411-550 


Speed: 

1,500 r.p.m. 



Total K value: 273,250 



Steam is bled from the L.P. turbine at three points for feed- 
heating, the final feed temperature being 250° F. Evaporators are 
incorporated in the feed-heating sjrstem of each turbine. The test 
results (2) are given in Table XXI. 

TABLE XXI 

Test Resxji-ts eor 35,000 kW Impulse Turbine 


Test No. 

1 

t 

2 

3 

f 

1 

4 

Nominal load: . . per cent 

40 

60 

80 

100 

Turbine Readings — 

. , lb per sq. in. gauge 

346-8 

341*7 

342*9 

350*4 

h, .° F. 

759*6 

749*8 

761*4 

784*9 

Superheat at stop valve . . „ 

324*7 

316*3 

327*6 

349*1 

Vacuum at exhaust. . in. Hg. 

29*114 

28*950 

28*873 

28*581 

Final feed temperature , . ® F. 

211*7 

220*3 

239*6 

257*8 

Electrical Readings — 

Net load . . . . kW 

14,346 

21,011 

28,382 

35,701 

Power factor .... 

0*94 

0*94 

0-95 

0-945 

Water Measurements — 

Total water weighed . lb. per hr. 

145,545 

208,335 

271,170 

346,420 

Ejector steam 

1,500 

1,500 

1,500 

i 1,500 

Raw water evaporated ,, 

5,609 

8.318 

10,913 

14,050 

Net steam consumption ,, 

Raw water evaporated in per cent of 
net steam consumed . 

138,436 

*198,517 

258,757 

330,870 

4*05 

4*18 

4-23 

4*25 

Test consumption (including feed 
heaters and evaporators) lb. per 

kWh 

9*650 

9*448 

9*117 

9*268 

Heat Consumption and Thermal Effi¬ 
ciency — 

Enthalpy at stop valve 

B.Th.U. per lb. 

1400*0 

1395*1 

1 

1401*1 

1413*0 

Enthalpy of feed leaving last feed 
heater . . B.Th.U. per lb. 

179*7 

188*3 

207*9 

226*3 

Net heat supplied ,, ,, 

1220*3 

1206*8 

1193-2 

1186-7 

Test heat consumption at generator 
terminals (feed-heating and evap¬ 
oration) B.Th.U. per kVhi 

11,776 

11,402 

10,878 

10,998 

Test thermal efficiency at generator 
terminals . . per cent 

28*97 

29*92 

31*36 

31-02 

Generator efficiency . „ 

94*57 

96-00 

96-75 

97*08 

Test thermal efficiency at turbine 
coupling (feed-heating and evap¬ 
oration) . . . per cent 


31*17 

32*41 

31*95 
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253 . Tests on 11,000 kW Imptalse Turbine. The calculation of 
thermal efficiency, efficiency ratio, etc., from test data will now be 
illustrated by data obtained by Professor Stodola during a test (3) 
on an 1 1,000 kW turbine constructed by the Escher Wyss Engineer¬ 
ing Works, of Zurich. The leading particulars of the turbine are 
given in Table XXII. The following are additional particulars— 


K = 270,500 


Bearings ; 

Steam End. Diameter: 180 mm. = 7-09 in. 

Length: 360 mm. = 14-17 in. 

Projected area = 100-2 sq. in. 

Exhaust End. Diameter: 200 mm. = 7-87 in. 

Len^h: 400 mm. = 15-75 in. 

Projected area = 124 sq. in. 

Glands. Packed with carbon rings. Shaft diameter at glands 
= 220 mm. = 8-66 in. Radial clearance = 0-4 mm. = 0-016 in. 
Leakage through both glands estimated to be 265 lb. per hour. 

TABLE XXII 

PARTicmARS OF 11,000 kW Steam Turbine 
Speed : 3,000 r.p.m. 


Stage 

No. 

Mean 

Diameter 

in. 

Mean 
Blade 
Velocity 
ft./sec. 

Nozzle Angle 

Blade Angle 

Inlet 

Outlet 

Inlet 

Outlet 

1 

47-2 

618 

90 


30 

20 

2 


629 

120 


30 

20 

3 

49-0 

641 

115 


30 

20 

4 

51-2 

670 

120 


30 

20 

5 

53-1 

696 

120 


30 

20 

6 

55-5 

727 

120 

11 

28 

20 

7 

57-5 

753 

125 


28 

20 

8 

59-8 

783 

125 


28 

20 

9 

61-4 

804 ! 

130 


28 

20 

10 


825 i 

120 


33 

35 


The test results are given in Table XXIII. Tests 1 and 2 were 
preliminary tests, while 3 and 4 were the principal tests. 

Detailed Ancdy^s of Full Load Test. Fig. 351 shows the perform¬ 
ance of the turbine at full load. Test No. 4, set down on the <j) — I 
chart, while the full working out of the test data is given in Table 
XXIV. 

The adiabatic heat drops are the values given by Professor 
Stodola, converted into British units. Point A, Fig. 351, represents 
the steam condition on the boiler side of the stop valve, while D 
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TABLE XXIII 

Test Results for 11,000 kW Impulse Turbine 

Notes .—and are the before the governor valve and 

before the first-stage nozzles i. \. ' 2 *“- 

tgy and are the steam temperatures before the governor valve and first- 
stage nozzles respectively 

Pc ~ pressure in condenser. 

pc — pressure behind thfe last wheel. 

All pressures in lb. per sq. in. abs. 

All temperatures in deg. F. 


Test No. 


1 

2 

3 

4 

Duration 

. min. 

51 

109 

45 

120 

Bar. height 

in, Hg. 

29*20 

29*07 

29*80 

29*80 

Pc^ 


212*1 

210-4 

192*0 

197*6 

tsv ... 


616*6 

636*9 

663*4 

662*9 

P gv 


206*3 

209*0 

191*4 

195*1 

tg>o 


614*0 

634*0 

661*2 

659*7 

^0 • • - 


14*28 

93*28 

131*6 

178*6 

h ... 


586-4 

617*3 

653*5 

657*2 

• 


0*646 

0*343 

0*427 

0*606 

P. • ^ • 


0*653 

0*395 

0*484 

i 0*664 

Steam rate 

. lb. per hr. 

10,380 

^ 61,550 

83,870 

113,000 

Gland loss (estimated) 

265 

265 

265 

265 

Total steam rate 

. 

10,645 

61,815 

84,135 

113,265 

R.p.m. . 

. 

3,045 

3,040 

3,041 

3,041 

Power at switchboard 

. kW 

0 

5,477 

7,966 

10,975 

Total loss of alternator 

• • 9 9 

300 

479 

543 

596 

Power at turbine coupling 

300 

5,956 

8,509 

11,571 

Efficiency of alternator . per cent 

Steam consumption, referred to power 


92*0 

93*6 

94*9 

at turbine coupling 

lb, per kWh 

35*46 

10*38 

9*888 

9-788 


shows the condition, in the nozzle box at inlet to the first-stage 
nozzles. At full load, the pressure at the outlet side of the last wheel 
had a mean value 0-664, while the pressure in the condenser was 
0-606 lb. per sq. in. abs. The various adiabatic heat drops may 
be readily obtained from a good <f) — I chart, or by calculation. 
These are set down in Table XXIV, the reference letters on Fig. 351 
being given a more general interpretation. 

Since the power at the turbine coupling is 11,571 kW, and the 
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total steam rate is 113,2651b. per hour, the work done at the 
coupling is 

B.Th.U. per lb. of steam 

As the heat drop AC at fuU load is 427-1, the efficiency ratio of the 
turbine based on the coupling power, the steam conditions before 
the stop valve, and the pressure in the condenser is 

348-5 

Vr ~ j27 ~ l ^ ~ 81-59 per cent 



Similarly, efficiency ratio based on the coupling power, the 
steam conditions in the nozzle box, and the steam pressure at outlet 
from the last stage wheel is 

X 100 == 84-03 per cent 

From the experience of the builders and from special tests, the 
mechanical losses were estimated to be made up as follows— 

High-pressiire bearing .... 34.9 kW 

Low-pressure bearing .... 49-5 

Adjusting block, oil pumps, and governor 
^rive . . . . . ^ . 30-6 „ 

Total external loss . . . 115.9 „ 
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This was assumed to be the same in all tests, and, added to the 
coupling power, gives the internal (shaft) output of the turbine. The 
heat drop corresponding to the intern^ power is found as above, 
together with the corresponding efficiency ratios. Deducting the 

TABLE XXIV 

Deductions from Data Obtained During Test of 11,000 kW 

Steam Turbine 

Note ,—^AU heat drops are in B.Th.U. per lb. of steam. All efi&ciencies are 
expressed as percentages. 


1 

Test No. 1 

» 1 

1 

1 1 

2 : 

i 

3 1 

4 

Adiabatic beat drop AC (Fig. 351) 

„ „ DE 

.. DF 

252*5 

253*3 

449*7 

395*7 

402*5 

442-1 ! 
413-3 1 
417-8 

427*1 

414*7 

419*3 

Heat drop corresponding to power at 
coupling ..... 

— 

328-7 

345*0 

348*5 

Ef&ciency ratio based on coupling 
power, steam condition before stop 
’ valve, and pressure in condenser 

_ 

73*11 

78*05 

81*59 

Efficiency ratio based on coupling 
power, steam condition in nozzle 
box, and pressure at outlet from last 
wheel ..... 


83*08 

83*49 

84*03 

Internal power . . . kW 

415 

6,071 

8,624 

11,686 

Heat drop corresponding to internal 
power ..... 

— 

335*1 

349*7 

351*9 

Internal thermal ef&ciency ratio based 
oh the steam condition in the nozzle 
box and the steam pressure at outlet 
from the last wheel 


84*68 

84*61 

84*85 

Internal thermal efSciency ratio based 
on the steam condition in the nozzle 
box and the pressure in the con¬ 
denser ..... 


83*25 

83*68 

83*93 

Reheat referred to adiabatic heat drop 
based on steam condition in nozzle 
box and the pressure at outlet from 
the last wheel . . percent 


3*85 

3*79 

3*69 

Final velocity of steam at outlet from 
the last wheel . ft. per sec. 

— 

565 

627 

j 670 

Corresponding loss . B.Th.U. per lb. 

— 

6*37 

7*85 

8*97 

Terminal velocity loss referred to adia¬ 
batic heat drop DE . per cent 

— 

1*61 

1*90 

2*16 
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heat drop corresponding to the internal power from the enthalpy at 
D, we obtain the enthalpy at G, the point G representing the 
condition of the steam at outlet from the last wheel. 

From the velocity diagrams for the last stage of the turbine. 
Professor Stodola was able to calculate the final velocity of the 
steam from that stage. These values are given in Table XXIV, 
together with the outlet velocity loss. 

Suppose that H, Fig. 351, represents the condition of the steam 
entering the condaiser, and— 

Jjgt Wi = internal work, B.Th.U. per lb. of steam 
Vg = velocity of steam entering condenser 
Vq = outlet velocity from last wheel. 


Then, by the steady-flow equation and assuming that the steam 
velocity in the nozzle box is small— 

Id = I® + Wf + 


and 


V V ^ 

T T _ ^ 0 * C 

1h la - 2gJ 


This enables the point H to be obtained. 

The steam consumption curve is given in Fig. 352. With simple 
throttle governing, this curve is a straight line and corresponds to 
the well-known Willans line for steam engines. The steam consump¬ 
tion at zero coupling power is 8,000 lb. per hour, which is about 
7 per cent of the full-load consumption. Another important relation, 
which has already been discussed in Art. 110, is shown by Fig. 353. 
To all intents and purposes, the test points lie on a straight line 
which passes through the origin, or more accurately, slightly above 
it, owing to the effect of gland leakage. 

From an anal 3 rsis of the test data. Professor Stodola estimated 
that the efficiency of the stage working under the best conditions 
(stage 6 , with b^des about 2*4 in. long), excluding wheel friction and 
leakage, and without deducting the loss due to ejector action, would 
be about 90 per cent. 

254 . Tests on 10,000 kW Impulse Turbine Operating with Steam 
at 1 , 000 ° F. The following brief account is of tests made on a 
steam turbine supplied to the Detroit Edison Company in the year 
1931 by the British Thomson-Houston Co., Ltd., of Rugby. The 
plant comprises a two-cylinder tandem turbine, a 12,500 kVA 
generator, and three regenerative feed heaters. The turbine was 
deagned for a pressure of 380 lb. per sq. in. abs., a steam temperature 
of 1,000° F. at the throttle, and an exhaust pressure of 1 in. Hg. 
abs. It operates at 3,600 r.p.m. and is of the impulse type with 



steam Consumption - lbJkWh and 10000 Ib/hour 
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9 stages in the H.P. cylinder and 11 in the L.P. cylinder. The mean 
diameter of stages 1, 2, 9,10, and 20 are 32*5, 23, 23‘5, 32, and 50 in. 
respectively. 

The three feed heaters are of the horizontal 4-pass type with the 
following heating surfaces— 


- 

Connected to 

Heating 

Heater 

Turbine Stage 

Surface 


No. 

sq. ft. 

H.P. 

9 

284 

I.P. 

14 

303 

L.P. 

17 

463 


The arrangement of the heater drains is shown in Fig. 354. It will 
be seen that the drain water from the H.P. heater is cascaded into the 



I.P. heater; the combined drains from the latter are then cascaded 
into the L.P. heater, while the combined drains from the three 
heaters are extracted by a drain pump from the L.P. heater and 
delivered to the feed pipe after that heater. 

Sj^cial attention was paid to the steam-end glands of the H.P. 
turbine, because leahage of the high-temperature steam through 
the gland might cause serious heating of the shaft and bearing. The 
axial length of the H.P. gland is greater than that taken up by the 
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wheels in the H.P. cylinder. The steam leaving the first-stage wheel 
has a temperature of about 930° F., and is prevented from passing 
through the gland by using saturated steam of slightly higher 
pressure as sealing steam. When the sealing steam regulator is set 
to give a pressure at inlet to the packing 0’5 lb. per sq. in. above that 
in the first-stage wheel chamber, the leScage of saturated steam past 
the iimer packing into this chamber amounts to about 10 per cent 
of the total sealing steam, or about 0-6 per cent of the total flow to 



the turbine for a load of 10,000 kW. As shown in Fig. 354, part of 
the sealing steam from the intermediate H.P. packing passes into 
the H.P. feed heater, while the remainder passes on to the outer 
packing. Part of the leakage through the outer packing seals the 
gland at the exhaust end of the L.P. turbine while the remainder 
passes through a pressure regulator into the L.P. feed heater. 

Live steam for the turbine was taken from the boilers at 700° F. 
and further superheated in an oil-fired superheater. Thus steam at 
any temperature between 700° F. and 1,000 ° F. could be supplied 
to the throttle by controlling the fuel supply to the secondaty 
superheater. A summary of the tests (4) at 1,000° F. is given in 
Table XXV. 
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In ral mlafing the thermal efficiency of the ideal “unit” (the 
term "imit ” being used to represent the combination of turbine and 
feed heaters) whidfi corresponds to the actual unit, it is assumed that 
the steam expands isentropically and that the number of feed¬ 
heating stages is the same as in the actual unit, the temperature 
reached by the feed water in each stage being assumed equal to the 
saturation temperature of the steam extracted from the turbine at 
the stage in question. Then following the method of Art. 101 (but 
neglecting the slight effect of the drain pumps on the water enthal¬ 
pies) and referring to Fig. 355, the following relations may be 
obtained— 

_ Iifll— 
ze'i — T j 

■Isl — i-wZ 

(1 — Wj) (I„2 — I^a) 


(1 — — ze>a) (I«,3—I«,4) 


The available energy due to the expansion of the steam through 
the turbine, expressed in B.Th.U. per lb. 

— Iso ^s4 ^*4) ^2(^32 1*4) ^3(^88 ^34) ~ 

Since the heat supplied in the cycle = I^o — Iwi, the thermal 
efficiency of the ideal rmit is 

SA 



Normally, a steam turbine has only one supply of steam, i.e. the 
amount coming through the throttle valve, but in this case the 
turbine has two sources of supply. The chief supply is, of course, 
that through the throttle valve; the secondary supply is the steam 
supplied to the regulator for the purpose of sealing the high-pressure 
glands. As already stated, the sealing steam is saturated. In deter¬ 
mining the equivalent steam conditions for the corresponding ideal 
cycle, the following method was adopted. 

Let Wq = actual flow of throttle steam, lb. per hour 
Wj = actual flow of sealing steam, lb. per hour 
Wj = Wq 4 - Wj = actual total flow 
la = enthalpy of steam at entrance to throttle 
Ij = enthalpy of sealing steam at entrance to regulator 

Ijo = enthalpy of steam entering the corresponding ideal 
unit at state 0. 

Wa.IaH- W,.I, 

W, 


Then 
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TABLE XXV 

Summary of Tests on 10,000 kW Turbine with Steam at 1,000® F. 


1 . Net load at generator terminals, kW 

10,068 

8,034 

5,986 

4,042 

2 . Temperature, ® F.— 

{a) Steam entering throttle 

1,003 

1,006 


1,005 

(6) Sealing steam entering regula¬ 
tor ..... 

445 

448 

450 

452 

(c) Feed water leaving 9tli-stage 
heater ..... 

337 

322 


282 

3. Abs. pressure, lb. per sq. in.— 

(a) Steam entering throttle 

392 

390 

393 

387 

{b) Sealing steam entering regula¬ 
tor ..... 

391 

405 

415 

420 

(c) Steam at 9th-stage bleeder 
nozzle ..... 

128 

103 

78 

55 

(d) Steam at 14th-stage bleeder 
nozzle ..... 

40-5 

32-5 

24-3 

17-4 

{e) Steam at 17th-stage bleeder 
nozzle ..... 

10*5 

8-4 

6-3 

4-5 

(/) Steam entering condenser 

0*50 

0-49 

0-46 

0-52 

4. Steam rate, lb. per kWh— 

{a) To throttle 

8-388 

8-403 

8-519 

8-965 

(fc) To seaUng-steam regulator . 

0-541 

0-530 

0-523 

0-559 

5. Generator efficiency {including 
bearings, ventilation, and excita¬ 
tion), percent .... 

95-58 

95-07 

94-11 

91-90 

6 . Energy consumption rate, B.Th.U. 
per kWh— 

(a) Complete unit (turbo-genera¬ 
tor and heaters) 

10,731 

10,890 

11,186 

11,995 

(i>) Turbine and heaters 

10,257 

10,353 

10,527 

11,023 

7. Thermal efficiency, per cent— 

(a) Complete unit 

31-81 


30-51 

28-45 

{b) Turbine and heaters 

33-28 


32-42 

30-96 

(c) Corresponding ideal unit 

41*86 


42-28 

41-59 

8 . Engine efficiency, per cent— 

(a) Complete unit 

75*99 

74-62 

72-16 

68-41 

( 6 ) Turbine and heaters 

79-50 

78-49 

76-68 

74-44 


1 * 1 . Is 2 . Is 3 . Ib 4 are the enthalpies ajfter isentropic expansion, and 

I„i, I^, I„ 3 , and are the enthalpies of saturated vs^ter at the 
bleed pressures p^, p^. Pa, and p^ respectively. 

The heat consumption of the plant is 

H = ~ B.Th.U. per kWh 

iv 

where If is the enthalpy of wat^ at the actual feed temperatiure on 
test. 
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Then the thermal efficiency of the actual unit is 

3413 

jj 

The ratio rjtnlrjc is described as the engine efficiency of the complete 
unit (turbine-generator and heaters). 

If rjg = efficiency of generator, then— 

—^— = engine efficiency of the turbine and heaters only. 

Ve X Va 

The test data were worked out on the basis of Keenan’s Steam 
Tables. 

Tests were also made at steam temperatures of 700°, 800°, and 
900° F. The heat consumption rmder these conditions and at varying 



Fig. 356.'—^Energy Consumption. Rate of 10,000 kW B.T.-H. 
Turbo-generator and Three Heaters 

—Triangles sliow test points when exhaust pressure was regulated to approximately 
1 in. Hg. abs. Circles show results of tests with unregulated exhaust pressure. 


loads is shown in Fig. 356. The curves show that the heat consump¬ 
tion rate for the unit was decreased by 7 per cent by raising the 
initial temperature from 700° F. to 1,000° F. 

The heat losses by radiation and convection from the turbine, 
heaters, bled-steam pipes, and feed pipes were all estimated from 
the test data. Radiation accounts for some 65 per cent of the total 
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loss, which amounted to 224,900 B.Th.U. per hour. Table XXVI 
gives the energy balance for the unit for a generator load of10,068kW 
and a steam temperature of 1,000° F. The loss due to radiation and 
convection is seen to amount to 0*2 per cent of the heat energy 
supplied, or 0*6 per cent of the turbine output. 


TABLE XXVI 

Energy Balance for 10,000 kW Turbine 


Energy Distribution 

B.Th.U. per lb. 
of Total Flow 
to Turbine 

Per cent 

Energy delivered by turbine shaft - 

400-0 

33-3 

Energy lost by radiation and convection . 

2-5 

0-2 

Energy rejected to condenser (by balance) 

798-5 

66-5 

Total energy supplied . 

1201-0 

100-0 


255 . Tests on 1,000 kW Back-pressure Combination Turbine. 
The following tests (5) were made in May, 1925, by Professor 
Stodola on a Brown-Boveri back-pressure turbine, and are of special 
interest because of the care taken to determine the performance of 
the reaction blading. The turbine had a single-row impulse wheel 
in the first stage (mean diameter not stated) and 28 reaction stages 
on a drum 460 nun. diameter. The reaction blade height varied from 
30 mm. in the first stage to 60 mm. in the last. Thus the mean 
diameter increased from 490 mm. (19-3 in.) to 520 mm. (20*5 in.) 
and at a speed of 3,000 r.p.m. the mean blade velocity firom 253 to 
268 ft. per second. The mean tip clearance was 0-73 mm. (0'029 in.) 
or 1*62 per cent of the mean blade height. 

The test results for the complete turbine at generator outputs of 
788 kW and 950 kW are given in Table XXVIIa. 

The steam leaking through the balance piston lab 57 rmth packing 
was condensed and weighed. By deducting this from the main 
condensate the weight of steam passing through the turbine blades 
could be determined. 

The losses due to bearing friction, oil pump, and governor drive 
were determined in the following manner. The uncoupled turbine 
was driven at speed in a rarefied atmosphere by artificial means. At 
first the vacuum was the highest possible; then more and more air 
was allowed to leak into the casing. During these experiments the 
steam pipe was still coupled to the turbine but the valve was shut 
and a drain pipe on the main steam pipe was kept open so as to 
ensure that no steam leaked into the turbine. By partM closure 
of valves iMding to the condenser-the vacuum was dfrninished, and 
so the amount of work absorbed for different densities could be 
determined. The turbine could be quite filled with air whose density 
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TABLE XXVIlA 


Test Results for Complete 1.000 kW Back-pressure 
Combination Turbine 



Test No. 

6 

7 

Item 

Duration.min. 

60 

60 

No. 

Baxometric height ... in. Hg. 

28-78 

28-78 

1 

Steam pressures, lb. per sq. in. abs.— 

Before nozzles ..... 

139-9 

154*2 

2 

After impulse wheel .... 

108-6 

119-1 

3 

Exhaust belt ..... 

39-75 

39-46 

4 

Steam temperatures, ° F.— 

Before nozzles ..... 

534-1 

545-9 

5 

After impulse wheel .... 

491-0 

500-0 

6 

Exhaust belt ..... 

308-2 

302-5 

7 

Steam flow, lb. per hour— 

Through reaction blading 

29,990 

32,990 

8 

Through dummy piston 

1,000 

1,150 

9 

Total. 

30,990 

34,140 

10 

R.p.m. ...... 

3,000 

3,000 

11 

Output, kW— 

At alternator switchboard 

788-0 

950-0 

12 

Total loss in alternator .... 

53-5 

60-8 

13 

Turbine coupling power 

841-5 

1010-8 

14 

Ef&ciency of alternator . . percent 

93-6 

94-0 

15 

Total steam consumption in lb. per kWh at 
coupling ...... 

36-84 

33-78 

16 

Bearing friction, oil pump, and governor 
power ..... kW 

22-8 

22-8 

17 

Disc friction and blade windage of impulse 
wheel...... kW 

12-65 

13-75 

18 

Intemalpower of turbine (13) -f (16) ,, 

864-30 

1033-60 

19 

Bladepowerof turbine (17) 4- (IB) 

876-95 

1047-35 


could be determined by the pressure and temperature. The plotting 
of the test points against density with constant speed yielded a 
straight line. The intercept on the power axis is the power required 
to overcome bearing friction and the governor and oil-pump drive. 
The bearings were brought to the same temperature and the oil 
pump delivery at the same pressure and quantity as during the 
power tests. 

The heat balance and internal efficiency ratios are worked out in 
Table XXVIIb, which does not call for any further explanation. 

In order to test the reaction blading separately and so avoid 
roundabout calculations of its efficiency, the impulse wheel was 
stripped of blades and the nozzles were built out so that the steam 
could pass over the impulse wheel to the reaction blading with only 
a slight drop in pressure. The results of these tests are set out in 







Table XXVHb 

Heat Balance for Complete 1,000 kW Back-pressure 
Combination Turbine 

Note .—Item Nos. are continued from Table XXVIIa 
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Table XXVIIIa, while the heat balance, given in Table XXVIIIb, 
leads to an analysis of the internal efficiency of the reaction blading' 
This was determined in two -ways: firstly, by the ratio of the actual 
heat drop (determined from the initial and final condition of the 
steam) to the adiabatic heat drop, and secondly, by the ratio of the 
actual work done to that whidh would be a'v'ailable in a perfect 
turbine. In estimating the internal work done by the reaction blad¬ 
ing, an allowance was made for the disc friction of the impulse wheel. 



The results of these tests are shown in Fig. 357, efficiency being 

plotted against values of Points marked P are based oh the 

estimated internal power; those marked T are based on the condition 
(temperature) of the steam. The author’s theoretical curve, taken 
from Fig. 303, is shown for comparison. It must be remembered that 
the theoretical curve is drawn on the assumption of constant co- 

efficioits, which implies that for each value of ^ a different blade 

angle would be used. If, as in the actual turbine* a deviation from 

the optimum value of involved ^ock losses due to incorrect 

blade angle, then the two cu^es would be in better agreement. 

It should be noted that the internal efficiency reaches the relatively 




TABLE XXVIIlA 

Test of Reaction Blading of 1,000 kW Back-pressure Combination Turbine 
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TABLE XXVIIlB 

Heat Balance for Tests on Reaction Blading of 1,000 kW Back-pressure Combination Turbine 
Note .—Items Nos. are continued from Table XXVIIlA 
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high value of 88 per cent. Professor Stodola estimated that by extra¬ 
polating the blade clearance to zero, the blade efficiency (corres¬ 
ponding to our gross stage efficiency) would reach the very high 
value of 93 per cent. The estimated gross stage efficiency is shown 
by the curve a. Taking rjgs as 0-93 when p = 0*9, and assuming 
a = 20 degrees and = 0*944 (based on the Institution of Mechani¬ 
cal Engineers Steam Nozzle Research Committee’s work), the author 
estimates that the value of the carry-over coefficient <f> in eq. 94 is 
0 * 888 . The corresponding gross stage efficiency is then given by the 
curve b. 

256 . Tests on 36,000 kW Steam Turbine Operating witii Steam 
at 1 , 70 ° ^^* P®*" sq. in. abs. and with Live Steam Reheating. The 
following report k an abridgment of an article published ( 6 ) in 
the Brown Boveri Review describing tests made by Professor E. 
Josse. The tests are of interest because of the high initial steam 
pressure and because of the comparative data with and without 
reheating by live steam. 

The turbine, constructed by Messrs. Brown Boveri & Co., Ltd., 
is of the three-cylinder type, the L.P. cylinder being of the double¬ 
flow t 3 rpe. It is designed for steam at 1,7001b. per sq. in. abs. and 
at 896° F. at the inlet nozzles, for intermediate superheating up to 
680° F. at inlet to the I.P, cylinder, and with two extraction branches 
for feed-heating, of which, usually, only the low-pressure extraction 
branch is used in service. The speed of the turbine is 3,000 r.p.m. 
Particulars of the wheels and blading are given in Table XXIX. 

TABLE XXIX 

Particulars of Wheels and Blading of 36,000 kW Turbine 
D mean dia. of blades in inches; u = mean blade velocity, ft. per sec.; 
= blade heights, inches. 


Turbine No. of Stages 


1 Curtis 
(2-row wheel) 
32 Reaction 




658*0 


Hence 

and 


Total 

K = 658 591,000 


591,000 

640*6 


= 922 


2ca)’ 


39-37 

515 

1st row—1-10 

31*0 



2nd row—1-38 


21-26 

279 

1*61—3-38 

144-8 

40-16 

525-5 

2.16-8-47 

290-4 

56-5 

739 

3.46—14-36 

191*8 
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If, in Art. 222, the effect of carry-over from one stage to the next 
be neglected, and if the nozzle efficiency be taken as unity, then the 
quantity Fj becomes rniity. Consequently, by equation 206— 


= 7 : 


K, 


2620H„ 


iu which we write Kj, to represent the Parsons number of a pressure- 
compounded impulse turbine with single-row wheels. Even when 
carry-over and nozzle losses are taken into account the value of Fj 
is nearly unity at the optimum p and for the usual nozzle angles. 

Considering next the corresponding expression for the reaction 
turbine deduced in Art. 223, the value of the quantity Fg is practi¬ 
cally equal to 2 at the most economical value of p, and we may write 




K,. 


1310. H« 


where K, represents the Parsons number for a reaction turbine. 
Thus, for comparative values, Kj, = 2K,. It is shown in Art. 224 
that Kj, = /i® . K„. Hence for a two-row Curtis wheel, Kj, = 4 . 
and K, = 2K«. This sim ple relation has been used in calculating the 
K value of the whole turbine. It will be seen from Fig. 303 that the 
K 

value of is relatively high for this trubine. 

Owing to circumstances, it was impossible to test the turbine at 
its most economical load of 30,000 kW. Tests were made at 25,000 
kW and 19,000 kW. The tests at 25,000 kW are alone reported here. 
Three tests were carried out, the turbine being operated— 

(a) With reheating and single-stage feed-heating. 

(&) With reheating but without feed-heating. 

(c) Without reheating and without feed-heating. 

The arrangement of the plant, showing the test points, is shown 
in Fig. 358. The principal test results are given in Table XXX. It 
will be seen that the gain due to reheating edone is 0-52 per cent on 
32*65 per cent, i.e. 1-6 per cent. The gain due to feed-heating alone 
is 1*55 per cent on 33*17 per cent, i.e. 4*7 per cent. 

Calculation of Efficiency Ratio. The results of the tests without 
feed-heating, and with and without reheating, are given in Table 
XXXI. The H.P. ttubine uses about 37 per cent of the total heat 
drop, and of this about half is used in the Curtis stage. From 
temperature measurements, the efficiency of the Curtis stage was 
estimated to be from 60 to 62 per cent. The efficiency ratio of the 
H.P. turbine as a whole is about 73 per cent; thus the efficiency ratio 
of the reaction stages is about 80 per cent. The internal efficiency 
ratio of the I.P. qrlinder is 88 per cent. 

The internal efficiency ratio of the L.P. turbine could not be 
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determined from the condition of the steam at exhaust because the 
steam was wet. The output of the H.P. and I.P. turbines was cal¬ 
culated and deducted from the estimated total internal power of the 
■ turbine; this ^en gave the internal power of the L.P. turbine. In 
Test No. 3 without reheating, no separate estimate of power for 
the I.P. and L.P. cylinders is made because the steam at outlet from 
the I.P. turbine is saturated and, therefore, its enthalpy cannot be 



Fig. 358.—Diagrammatic Arrangement of 3^,000 kW Steam Turbine 
with Live Steam Reheating 


evaluated. The separate calculation has been omitted from Table 
XXXI for both tests. It should be observed that the live steam 
reheating reduces the wetness of the exhaust steam from 12'8 to 
5-9 per cent and raises the combined efficiency ratio of the I.P. and 
L.P. turbines from 77-9 to 80-7 per cent. 

It should be stated that in estimating the efficiency ratio of the 
whole turbine, the adiabatic heat drop is the sum of the three 
partial drops in the three turbines, and this is appreciably greater 
than the straight adiabatic heat irop from the initial conchtion. 
Usually, the overall efficiency ratio of a condensing turbine is 
referred to the straight adiabatic heat drop, but this is not possible 
in the present case because of the intermediate reheating. If the 
heat regained in the H.P. turbine owing to the non-isentropic expan¬ 
sion is taken into account, and if the I.P. and L.P. turbines be taken 
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TABLE XXX 

Test Measurements obtained during Tests on 36,000 kW 
Turbine with Reheating by Live Steam 


Test No. .... 

1 

2 

3 

Conditions .... 

i 

Reheating 
and Feed- 
heating 

Reheating 
No Feed¬ 
heating 

No 

Reheating 
No Feed¬ 
heating 

Output at generator terminals . kW 

Output at turbine coupling . - „ 

24,940 

26,050 

25,411 

26,522 

22,656 

23,822 

Total steam consumption lb. per hr. 

Specific steam consumption, lb. per kWh 

[а) referred to generator ouiput 

( б ) referred to turbine output . 

184,900 

7*416 

7*101 

184,800 ' 

7-271 

6*968 

183,100 

8-083 

7-688 

Steam Pressures lb. per sq. in. abs. 

Before stop valve . . . psv 

After governor valve 1 and in nozzle 
box 1 , . , ^ pQ 

H.P. Ist-stage wheel chamber . pi 

H. P. cylinder exhaust . . p^ 

I. P. cylinder inlet . . ^ Pz 

I.P, cylinder exhaust . , p^ 

Exhaust branch (mean) . . p^ 

1,716 

1,696 

573 

162 

135 

11*2 

0*768 

1,722 

1,701 

572 

157*3 

135 

12*5 

0-768 

1,730 

1,701 

559 

122*2 

117 

11*5 

0*740 

Steam Temperatures ® F. 

Before stop valve , . • iav 

In nozzle box 1 after throttling at con¬ 
stant enthalpy , . . 

H. P, cylinder eschaust . . 

I. P. cylinder inlet , , . 

I.P. cylinder outlet . . . ^4 

891*0 

888*8 
441-5 
662 0 
218*3 

889*7 

888*1 

441*9 

662*7 

235*9 

886*5 

884*7 

399*2 

399*2 

199*4 

Condensate Temperatures ® F. 

Inlet to feed heater . . • i/s 

Outlet from feed heater . . tf^ 

92-7 

187-2 

92-7 

90*5 

Enthalpy of Steam B.Th.U. per lb. 

(Knoblauch, 2nd Edition) 

Before stop valve .... 

H. P, cylinder exhaust 

I. P. cylinder inlet .... 
I.P. cylinder exhaust 

1422-2 
- 1240*6 
1357-5 
1154-3 

1421-1 

1241*3 

1357*9 

1162-3 

1418*4 

1223*6 

1223*6 

Specific heat consumption of turbine 
referred to coupling power 

B.Th.U.perkWh 
Thermal efficiency of turbine referred to 
coupling power . . percent 

1 9,828 

34-72 

10,290 

33*17 

10,460 

32*65 
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turbine is a double-flow machine. Each line generates 20,000 kW at 
3,000 r.p.m. The steam is reheated after the H.P. turbine to the 
initial temperature of 700® F. Three-stage regenerative feed-heating 
is employed. The results given in Table XXXII were published in 
The Engineer (7). 

Without feed-heating and assummg frictionless and adiabatic 
expansion, the heat consumptions without and with reheating are 



9,445 and 9,223 B.Th.U. per kWh respectively. Thus the theoretical 
saving due to reheating is only 2-35 per cent. The difference between 
this and the actual saving of 7-53 per cent is imdoubtedly due to the 
reduction of the effects of moisture in the intermediate and low- 
pressure cylinders which is brought about by reheating. The 
smaller saving under feed-heating conditions is due, of course, to 
the smaller steam flow in the I.P. and L.P. cylinders, especially in 
the low-pressure stages of the latter. 

258 . Test Results for Ljungstrom Turbines. A few test results 
for Ljungstrom turbines are given in Table XXXIII. These results 
were published in a paper ( 8 ) by Mr. O. Wiberg of Finspong, Sweden. 
It should be pointed out that the turbine efficiency ratio given in 
the table is referred to the condition of the steam after the steam 
inlet valve and the net steam consumption of the turbine, i.e. 
excluding the steam consumption of the ejectors. 
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TABLE XXXII 

Summary of Results of Tests on Parsons 40,000 kW Turbine 
WITH Flue-gas Reheating 


Note. The following tests were made at the economical load. 



Specified 

Condi- 


As Run 



tions 
with 
Reheat¬ 
ing and 
Feed¬ 
heating 

No Feed-heating ! 

! 

Feed-heating 


No 

Reheat 

Reheat 

No 

Reheat 

Reheat 

Load . . . kW 

35,000 



30,172 

35,930 

Steam Pressures 

lb. per sq. in. g. 






Before stop valve . 

350 

353-6 

356-6 

354-5 

357-7 

H.P. exhaust 

— 

37-1 

49-3 

34-4 

47*1 

I.P. inlet 

40 

36 

45-2 

33-7 

42-2 

Vacuum . in. Hg. 

1 

1-39 

1-40 

1-15 

1-19 

Steam Temperatures ® F. 




! 


Before stop valve . 


697 

708 

700 

693 

H.P. exhaust 


334 

373 

327 

353-5 

I.P. Inlet 


352 

700 

318 

698 

Feed Temperature ° F, 

Entering drain cooler 

85 



92-16 

93-4 

Leaving H.P. heater 

250 

— 

— 

251-5 

258 

Steam Consumption lb. per k 
As run .... 

Wh 

9-81 

8-01 

10*25 

1 

8*54 

Corrected 

— 

9-70 

7-97 

10*22 

8*44 

Heat Consumption B.Th.U. p 
As run .... 

er kWTi 

12,857 

11,857 

11,878 

11,239 

Corrected 

— 

12,826 

11,859 

11,828 

11,179 

Saving due to reheating 



7-53 


5-48 

per cent 
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TABLE XXXIII 
Tests on Ljungstr5m Turbines 


Power 

Station 

Year 

Max. 

Output 

kW 

Test 

Output 

kW 

i 

Press, 
after 
Stop 
Valve ! 
Ib./sq. in. ! 
abs. 

Temp. 

after 

Stop 

Valve 

°F. 

Vacuum 
in. Hg. 
(Soin.Bar.) 

Steam 

Consump¬ 

tion 

Ib./kWh 

Turbine 
Efficiency 
Ratio 
per cent 

Lisbon . 


9.000 

3,367 

92-5 

639 

28-84 

11-25 

83-2 


1 


7,099 

192-0 

653 

28-20 

10-30 

86-0 


I 


9,336 

197-6 

640 

27-51 

11-58 

79-0 

Leghorn 

1928 

15,000 

5,822 

190-5 

617 

28*93 

10-35 

82-8 




11,598 

357-0 

680 

28-47 

9-33 

84-0 



i 

1 

15,490 

375-5 

651 

28-06 

10-19 

79-2 

Homburg 

1928 

14,000 

8,450 

156-4 

635 

29-10 

9-81 

85-6 




11,931 

210-0 

675 

28-78 

9-44 

85-8 


i 


14,436 

213-2 

653 

28-47 

9-95 

85-1 

Stuttgart 

1929 

15,600 

6,072 

204-7 

738 

29-02 

9-42 

82-9 




9,307 

301-5 

738 

28-84 

9-02 

83-5 




12,362 

374-0 

739 

28-58 

8-91 

84-0 




15,015 

443-5 

748 

28-61 

8-73 

82-8 




15,575 

460-5 

748 

28-23 

9-00 

82-1 
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The majority of speed governors are of the fly-ball type, but 
fluid-pressure governors, usually in the form of a centrifugal pump 
impeller on the turbine spindle, may also be used for speed control. 
The fly-baU type of governor will now be considered. 

260 . The Governor. Fig. 360 shows the ^ential parts of the 
type of governor mostly used in steam turbines. It comprises a 
yoke A mounted on a shaft B and supporting two weights C. The 



Fig. 360.—Turbine Governor with. Weights Connected Directly by 

Side Springs 


centrifugal force on the weights is balanced by the tension in the 
side springs D. The movement of the governor weights is trans¬ 
mitted through bell-crank levers to a sleeve E and thus through the 
lever F to the governor valve or relay gear, as the case may be. 
This t 37 pe of governor is nearly frictionless and is therefore rela¬ 
tively sensitive. Owing to the fact that the centrifugal force on the 
weights is more or less directly opposed by the tension in the 
springs, the only force to be transmitted through the fulcrum pins 
is that necessary to move the sleeve. In many cases the fulcrum 
pins are supported by ball bearings. 

Consider the mechanics of such a governor. 

Let W = mass of each weight (centroid G). 
ft> = angular velocity in radians per sec. 

2f — total force due to friction in the governor mechanism 
transferred to the sleeve and acting in the direction 
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opposite to that of sleeve motion. Note: It is a 
single force, but the two is taken for convenience. 
Let P = force due to springs. 

Then, considering a vertical governor in the position shown in 
Fig. 360, and taking moments about either of the fulcrum pins, 

W 

— eoV I . cos ± /Lj cos a = PLj cos k + W/ . sin ^ 


W - /Li cos PC _ PLa cos a 
g ' ^ ^ I ' cos /S ~ * cos ^ 

If friction be neglected. 


+ W tan jS. 


W 


W 

g 


Oi-r 


PLa cos g 
I ■ cos P 


4 - W tan ;8. 


The force — co% is termed the “disturbing force” and the force 

+ W tanis termed the "controlling force.” In a 

horizontal governor the effect of gravity on one weight just counter¬ 
balances that on the other, and the term W tan /5 vanishes. In any 
case it is small compared with the other term and may generally 
be neglected. As the cosines of the small angles a and ^ are sensibly 

PL 

equal to unity, the controlling force is given very nearly by — 


It is clear that for a constant speed co, the disturbing force is 
simply proportional to the radius r, and that th<‘ . force 

at various speeds will be represented by straight hnes through the 
origin (Fig. 361). If is the normal speed of the turbine, and 
r-i and are the extreme radii of the governor weights, then the 
disturbing forces at these radii are F^ and F2. rcsnootiv'-iy. 

If the governor is to be isochronous, i.e. if ti.e -.rbing force 
at the constant speed is to be equal to the controlling force for 
eiU positions of the governor weights, then it is clear that the line 
AB represents the force to be exerted by the spring. 

Such a governor would be useless in practice, because any slight 
changes in speed due to change of load would cause the weights to 
move to either extreme position, and so cause hunting. 

Since the radius of the governor weights naturally tends to 
increase when the speed increases, the controlling force exerted by 
the springs must increase at a greater rate than the disturbing force 
for constant speed if the governor is to be stable. In other words, 
the rotational speed at which there is equilibrium must increase 
with increase of radius, and vice versa. Under these conditions, 
the controlling force would be represented by a straight line such 
as CD. Ni would be the lowest speed corresponding to the radius 


20-(T.52OO) 
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/j of the governor weights and Ng would likewise be the highest 
speed corresponding to the radius r^. 

If the effects of friction and gravity be ignored then 

W(wV ^ , La 

—- = mP, where m= -j very nearly. 

S ^ 

The force P exerted by the two springs may be written P = a + br, 
where a and h are constants. Hence ma is the negative intercept 



Fig. 361.—^Force Diagram for Governor, Neglecting Friction 


on the force axis (Fig. 361) and nib is the positive slope of the 
straight line CD. 


Thus 

and 


WcoV 

g 


= w (a + br) (very nearly) 



This expression enables the relationship between speed and radius, 
and hence between speed and sleeve travel,‘to be found in any 
pven case. Such a relationship is shown in Fig. 362. The curve 
is very flat and is nearly a straight line. 

If the weights of a stable frictionless governor are displaced 
from thdr equilibrium position and then suddenly released they 
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will oscillate about the position of equilibrium. The period of 
oscillation will depend on the restoring force and on the mass of 
the governor weights. In general, a high-speed governor with small 
masses will have a shorter period than a low-speed governor with 
large masses. Moreover, other things being equal, the greater the 
regulation of the governor, i.e. the greater the percentage change 
in speed corresponding to the full movement of the governor weights, 



5900 6000 6100 
Turbine Speed-r. p.m 
Fig. 362. 

the greater the restoring force and hence the shorter the period of 
oscillation. Considerable damping forces are always present due 
to friction. 

A short period governor is generally desirable so that the response 
of the turbine to these oscillations will be small. A further advantage 
of the small-mass high-speed governor is that in view of its low 
inertia it responds more quickly to change of speed. 

261 . Simple Governor without Relay. In turbines of small power 
in which the valves are light and the forces on them due to steam 
flow are inappreciable, the governor may be arranged to actuate 
the throttle valve directly. Fig. 363 shows a Terry turbine having 
a simple and robust governor of this type. The governor is mounted 
directly on the end of the turbine spindle and is of the Hartnell 
type in which the centrifugal force on the weights is b^anced by 
the compression of the spring. In order to reduce friction, the 
governor weights are fulcrumed on hardened steel knife edges and 
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the governor push rod malces contact "with a self-aligning ball bearing 
in the end of the lever. The governor actuates a double-seated 
throttle valve. 

This turbine contains a single forged steel wheel in the periphery 
of which are milled semicircular buckets or pockets. The nozzles 



Fig. 363. —Terry Trirbiiie -with. Direct-acting Governor 


are arranged tangentially to the wheel and to one side of it. In 
addition faed reversing chambers are arranged close to the nozzles 
and surrounding the wheel. The steam jet from each nozzle enters 
the moving buckets at a high velocity, and on leaving at a lower 
velocity, enters one of the stationary reversing chambers, which 
re-directs the steam into the pockets of the moving wheel. Thus 
the steam re-enters the wheel a number of times, ^ways with re¬ 
duced velocity, until its kinetic energy is expended. It is a form of 
velocity compounding. 

26 af. Simple Throttle Governor wilh Oil Relay. Whilst the simple 
gear described in the previous article is satisfactory for small 
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turbines, it is not sufftciently sensitive for large machines, or where 
very close speed control is desired. The frictional forces would 
require a large and powerful governor to be employed. The diffi¬ 
culty is readily overcome by the use of a relay, a device in which 
the relatively small force produced by the governor for a very small 



change of speed is caused to produce a large force (if such is neces¬ 
sary) to actuate the throttle valve. 

A simple differential relay is shown diagrammatically in Fig. 364. 
The throttle valve A is actuated by the relay piston B sliding in 
the cylinder C. A “floating” or differential lever D is attached at 
one end to the governor sleeve, at the other end to the throttle 
valve spindle, or an extension thereof, and at some intermediate 
point to a “pilot” valve E which comprises two small piston valves 
covering ports without any lap, i.e. the length of the valves is just 
equal to the length of the ports. The operating medium is usually 
lubricating oil supplied by a pump at a pressure of 40-60 lb. per 
sq. in. This is supplied to F, the pipes G being open to the oil drain 
tank. 

The operation of the oil relay may be described as follows. We 
will assume first that the turbine is running at a load less than fuU 
load but still an appreciable fraction of that load. The throttle 
valve A will be open to such an extent that the steam flow is just 
sufficient to maintain a constant speed under the given load con¬ 
ditions. Suppose now that the load on the turbine is reduced rather 
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quickly. There is now an excess of energy being supplied to the 
turbine and the surplus will accelerate the rotor. The turbine and 
governor speeds will now rise and thus cause a lift of the governor 
sleeve. For the time being, the throttle valve spindle is stationary 
and the pilot valve is therefore raised. The upper port is opened 
to the pressure oil and the lower port to drain. The relay piston B 
is thus forced downwards and the throttle valve partially closed. 
The downward movement of the throttle valve lowers the pilot 
valve and so closes the ports. As soon as the oil ports are covered 
the relay piston is locked in position. This will occur only when the 
opening of the throttle valve A is correct for the load on the turbine. 
It will be clear that the “follow up” movement of the pilot valve, 
which is provided by the floating lever, effectively prevents the 
hunting which would occur if the same lever were fixed at the end 
remote from the governor instead of being attached to the throttle 
valve spindle. 

Since, for equilibrirun of the governor mechanism, the pilot 
valve E must always be in its central position and covering both 
oil ports, the position of the governor sleeve will vary according 
to the opening of the throttle valve. The position of the floating 
lever is indicated by chain-dotted lines in Fig. 364 for no-load and 
fuU load. It will be seen that at no-load the governor sleeve is high, 
the radius of the governor weights is the maximum and the speed 
Ng (Fig. 361) is the maximum. Similarly, at full load, the governor 
sleeve is low, the radius of the weights is the minimum, and the 
speed Nj is the minimum. These speeds are steady values for the 
given load conditions. If the load were suddenly removed entirely, 
the speed of a single turbine would rise above Ng but would quickly 
fall to that value. 

If Ng = no-load speed 
Nj = full load speed 
Ng = mean speed 

Then the ratio is defined as the governor regulation. This 

figure may be as much as 5 or 6 per cent in small turbines, but in 
turbines of moderate and large output, the regulation is normally 
about 3 per cent. 

The regulation depends upon the design of the governor and also 
on the throttle valve. A governor gear is said to have straight-line 
regulation when the speed-load curve is a straight line, in other 
words when equal increments of turbine load produce equal decre¬ 
ments of speed. This aspect of governing will be considered in 
greater detail later. 

263 . Speeder Gear.' It is often necessary to adjust the speed of 
a turbine while it is running. This may be done by the device usually 
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known as the speeder gear, one form of which is shown diagram- 
matically in Fig. 364. The end of the floating lever remote from the 
governor is attached to a bush which is screwed on to the spindle 
of the throttle valve or of the relay piston. Thus by rotating this 
bush by the handwheel H, the end of D may be moved relatively 
to the throttle valve spindle. 

If it is borne in mind that for equilibrium the pilot valve must 
always be in its central position, then it will be immediately clear 
that to raise the speed of the turbine (high governor sleeve posi¬ 
tion) it is only necessary to lower the screwed bush on the valve 
spindle. The first result of this is to lower the pilot valve, admit 
more oil to the underside of the relay piston and so increase the 
opening of the throttle. Conversely, to lower the speed of the turbine, 
the handwheel H is turned so as to raise the bush relative to the 
valve spindle. This process must always be carried out when 
paralleling alternators. 

The special case of turbo-alternators which are electrically con¬ 
nected to the same network may now be very briefly considered. 
The turbines will, of course, run at the same fraction of their normal 
speed since they are generating at the same frequency. If the normal 
speeds of the turbines are identical, e.g. 3,000 r.p.m. then their 
speeds will also be identical for any frequency. The proportion of the 
load taken by the individual machines wiU, however, depend entirely 
on the adjustment of the respective speeder gears. For example, 
a machine which has just been paralleled will not be suppling any 
energy and the turbine throttle valve will be open very little. In 
order to increase the load on such a machine, it is only necessary 
to lower the bush H relative to the valve spindle. Since the turbine 
speed is practically constant, the position of the governor sleeve 
is also fixed, and any movement of the speeder gear handwheel 
will displace the pilot valve from its central position and so open 
or close the throttle valve. It will be seen, therefore, that once a 
turbo-alternator is connected to a network, the speeder gear may 
be used to vary the load on any individual turbine within its full 
range and to vary the distribution of load amongst the various 
turbines in the system. The speeder gears may also be used to alter 
the frequency of the alternating current generated by all the sets. 

264 . Alternative Form of Oil Relay. An alternative form of 
relay gear is shown in Fig. 365. In this case oil is admitted by the 
pilot valve E to the underside of the relay piston B, the upper side 
of the piston being loaded by a stiff spring. The lower piston only 
of the valve E is effective and controls the admission and release 
of oil to and from the relay cylinder. The upper piston of the pilot 
valve serves to balance the forces on the valve due to oil pressure. 

A small hole is usually drilled in the relay piston to allow a slight 
constant leakage of oil. This prevents the formation of air pockets 
under the piston and merely means that the pilot valve will 
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normally be a little below its central position when the conditions 
of operation are steady. 

The connection of the floating lever to the extension of the relay 
piston rod is made rigid and the control of speed is effected by 
varying the tension in the auxiliary spring H. This may be done 
by turning the handwheel K. The spring H provides part of the 
controlling force of the governor. By increasing the tension in this 


H 


Fig. 365. —^Diagrammatic Arrangement of Alternative Form of Relay Gear 

Spring the speed of the turbine may be raised, and by reducing the 
tension it may be lowered. 

The operation of this type of relay gear is somewhat similar to 
that described in Art. 364 and needs no further explanation. 

Example 37. A power station contains two steam turbines Nos. 1 
and 2. No. 1 is of 20,000 kW and has a governor regulation of 
3 per cent, while No. 2 is of 50,000 kW and has a governor regulation 
of 4 per cent. At a given instant the total load on the station is 
35,000 kW, borne as follows; Turbine No. 1, 12,000 kW and Turbine 
No, 2, 23,000 kW. If the total load is increased to 55,000 kW, 
what will be the loads on turbines 1 and 2, assuming that no altera¬ 
tion has been made to the governor gears of the turbines and that 
there is ''straight-line"^ regulation? If the frequency at 35,000 kW 
is 50 per sec., what will it be when the load is 55,000 kW and the 
conditions are steady? The alternators are connected electrically. 

Let ^ = additional load taken by turbine No. 1. 
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Then h + 20,000 kW. 

Percentage decrease of speed— 

No. 1. 34 20,000 

No. 2. 44 ^ 50,000. 


Since these are equal, 


7 

4 - ^ 


?^- 20 000or 
8 4 = 13,040 kW. 

Load on Turbine No. 1 == 12,000 + 6,960 = 18,960 kW. 

„ „ 2 = 23,000 + 13,040 = 36,040 kW. 

6 960 X 3 

Percentage reduction of speed = ’ = 1-042 per cent. 

.'. New frequency = 50 X 0-98958 

— 49-479 cycles per second. 


An alternative graphical solution is illustrated by Fig. 366. The 
frequency of the alternating current is plotted against power in 
megawatts. 

Points A and B show the outputs of turbines No. 1 and No. 2, 
respectively, at the frequency 50 cycles per second. Since for turbine 
No. 1 the regulation is 3 per cent, the change of frequency for an 



Output tn Megawatts 

Fio. 366.—Load Distribution with Turbo-alternators Operating in 

Parallel 
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increase of output of 10,000 kW is 1’5 per cent and the frequency 
would be 49-25. This condition, load being 22,000 kW, is represented 
by the point C. Since there is assumed to be straight-line regulation, 
the relationship between frequency and load will be given by the 
straight line AC. 

Similarly, an increase of 10,000 kW on turbine No. 2 reduces the 
frequency from 50 to 49*6, point D. The total power hne is found 



by adding the powers of turbines 1 and 2 . Taking point E on this 
line for 55 megawatts and drawing a horizontal straight line, the 
outputs of turbines 1 and 2 are given (points F and G) as 19 and 36 
megawatts, respectively, and the frequency as 49-48. 

265 . The Throttle Valve. Various forms of throttle valve are used 
to control the admission of steam to a steam turbine. The commonest 
form is the double-seated equilibrium valve in which the forces due 
to steam pressure are either completely or partially balanced. 
There are, however, certain d 37 namic forces on the valve caused by 
the flow of steam through it. 

Fig. 367 diows a simple double-beat throttle valve in which the 
steam flows through the valve seat in a direction perpendicular to 
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the axis of the valve. The outer portion of the valve is attached to 
the central boss by ribs or wings, the number of such ribs being 
about three or four. The steam which passes through the lower 
seat flows through the inner part of the valve. 

In another form of valve, shown in Fig. 368, the part of the 
valve which controls the actual throttling of the steam is given a 
special shape. The direction of steam flow in passing through the 



valve is more or less parallel to the valve axis. With a valve body 
of the t 3 ^e shown in Fig. 368 the valve may be made solid, but 
in certain cases the valve body is modified in form and part of the 
steam passes through the hollow valve to the upper or lower seat, 
as the case may be. 

In the simple t37pe of throttle valve the seat diameter is some¬ 
times made equal to the diameter of the pipe. The larger the 
diameter of the valve, the smaller the required lift at full load and 
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the less sensitive the governor gear as a whole. Consequently, a 
somewhat smaller valve and a larger lift would appear to provide 
more stable governing. On the other hand, too small a valve leads 
to higher steam velocities through the centre of the valve and 
through the passages close to the valve seat. In shaped valves 



of the second t 5 q)e, the seat diameter is normally about 0’7 times 
the pipe diameter. 

Fig. 369 shows the section through a 3-pot steam chest for a 
Parsons turbine. This is bolted to the foundation alongside the 
turbine and connected to the easing by flexible pipes. Tlie chest 
is normally made of cast steel having a chemical composition similar 
to that of the high-pressure part of the cylinder. The valve on the 
'left is the emergency stop valve which shuts off automatically if 
the speed of the turbine should exceed a predetermined limit, or 
if the oil pressure should fail. The valve is usually of the double¬ 
beat type as shown, the seats being formed in a separate cage of 
forged sted bolted into the steam chest casting. 

There are two governor valves, also double-seated. The valve 
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nearer the stop valve supplies steam to the ’':rh-p-c 5 =ii"r, inlet 
branch while the second valve supplies steam tc. i’:.- belt 

when the load exceeds the economic load. For high steam pressures 
the governor valve seats are often formed in forged steel cages 
similar to that used for the emergency stop valve. The muff coupling 



Fig. 370.—Combined Section of Double-beat Governor Valve. Left 
Hand Closed, Right Hand Open 

between the relay piston rods and the valve stems allows for free¬ 
dom of self-alignment. A steam strainer is provided between the 
stop valve and the governor valves to trap any foreign matter. 

For high steam conditions, the t 3 ^e of governor valve illustrated 
in Fig. 370 is employed by the Metropolitan-Vickers Electrical 
Co., Ltd. The left-hand half of the section shows the valve closed 
and the right-hand half shows it in the normal open position. It 
will be seen that when the valve is in the open position, curved 
passages with gradual changes of area are provided, thus enabling 
the use of high steam velocities, reduced valve diameter, and less 
likelihood of valve seat leakage when the valve is closed. The 
sjTmmetrical formation of the valve and its seatings ensure that the 
seal at the valve seats will not be affected by thermal expansion. 

266 . Flow of Superheated Steam Through Throttle Valves. In 
practically all cases, the steam passing through a throttle valve 
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is in the superheated condition. Assume that the steam pressure 
before the valve is Pj and after the valve Pg lb. per sq. ft., and that 
the efficiency of the valve, considered as a nozzle, is rj. Then assum¬ 
ing that the velocity of the steam before expansion through the 
valve is negligibly small, the velocity Vg through the valve is given 
by the expression - 

P2 

Let n be the adiabatic index (1'30) for superheated steam and let 
m be the actual index for the Mctionally resisted expansion. Then, 
as shown in Art. 93, 


m = 


n 


Yl 

2g 


n — r}{n — 1) 

= Pa {1 - 


Then 

where 
from which 


Let w = steam flow through valve in lb. per second. 
Ai = total effective area required, sq. ft. 

A == „ „ „ „ sq. in. 

w V„ 


Pi’ 


V2g.ri^.m / 

1 — r > 

L m — 1 \ 

iJ 


Then 


where 


=. . 


If = initial pressure in lb. per sq. in. abs. 

Then ^ = C fe 

A N 

C — 

12 - 


. (230) 


. (231) 
. (232) 

. ( 233 ) 


where 
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Values of C are given in the adjoining Table and in Fig. 371. 



Ratio r = Rgyp, 

Fig. 371.—CoefiSicient for Discharge of Superheated Steam through 

Throttle Valve 


TABLE XXXIV 
Values of Factor C 
Assumed efficiency rjn = 0*9. 

,, adiabatic index n = 1*3. 

Actu^ index m = 1*262. 


r 

C 

i 

1 

r 

C 

0*55 

0*2963 

0*93 

0*1613 

0*60 

0*2947 

0*94 

0*1502 

0*65 

0-2901 

0*95 

0*1382 

0*70 

0*2806 

0*96 

0*1241 

0*75 

0*2674 

0*97 

0*1082 

0*80 

0*2479 

0*98 

0*0891 

0*85 

0*2236 

0*99 

0*0650 

0*90 

0*1894 

0*995 

0*0451 

0*91 

0*1799 

1*000 

0*0 

0*92 

0*1712 


*■- 


267 . Design of Simple Throttle Valve. We shall now consider the 
characteristics of the t 57 pe of throttle valve shown in Fig. 367. This 
is best done by taking a specific example. 

Example 38. Calculate the throttle valve areas necessary for 
the 3,000 kW turbine of example 18, page 244, at different loads. 
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Hence, having selected a suitable diameter for the valve, calculate 
the variation of lift with turbine output and hence the variation 
of turbine speed with varying outputs. 

The pressure in the nozzle box is 2001b. per sq. in. abs. The 
area through the valve at full load will depend entirely on the 
steam pressure before the valve, i.e. the steam pressure after the 
stop valve. The greater the pressure difference across the throttle 
valve the greater the steam velocity through the valve and the 
smaller the required lift. In this case we shall assume that the 
steam pressure just before the throttle valve is 204 lb. per sq. in. abs., 
i.e. that the pressure drop across the valve is 4 lb. per sq. in., or 
2 per cent of the initial pressure. 

As the enthalpy after throttling, corresponding to ^ = 200 lb. 
per sq. in. and 150° F. superheat, is 1288‘8 and as the pressure 
before throttling is 204 lb. per sq. in. abs. then using the original 
Callendar equation, we obtain the specific volume 

1-2464 (1288-8 — 835-2) . 

V ~ - ^' = 2-765 cu. ft./lb. 


Assume a mean steam velocity through the main steam inlet pipe = 
100 ft. per second; then since the steam flow per second at full 
load = 10‘12 lb. per second, the pipe area 


A = 


10-12 X 2-765 
100 


X 144 = 40-4 sq. in. 


Thus the required pipe diameter = 7-17 in., say 7 in. 

Consider the area through the valve at full load. 

Let w — total steam flow through the valve, lb. per sec. 

A = effective area through valve, sq. in. 

D = valve diameter, in inches. 

I = valve lift, inches. 

Then, since the valve is double-beat, the effective area is 2 w 
D. Cfl. 1, where C,. is the coefficient of contraction. The latter 
quantity can be determined only by experiment and its value is 
very uncertain. It would depend on the shape of the valve and its 
seat. For the purpose of this example, we shall assume that Co = 
0 - 8 . 

Then A = 5-03 Dl. 

Then, by eq. 233 of Art. 266, 


Let;^o 


A = 


- w 


/ 204 
V 2-765 


w 

8-59 C 


-765 

= nozzle box pressure 
= stop valve pressure. 
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Then at full load ~ = 0-980, for which C == 0-089. 

Psv 204 

^ = 8-59 X 0-089 = "'I* “• 

i.e. 5-03 = 13-25 

or Dl = 2-64. 

Thus the valve diameter depends on the selected ratio of lift to 
diameter. The permissible value of this ratio depends upon the 


<u 



o lOOO 2000 3000 


Power — Kilowatts 

Fig. 372 

ratio of the diameters to D, Fig. 367. In order to limit the 
velocity of the steam through the centre of the valve, this ratio is 
usually made about 0-76 to 0-80. Hence if the control of steam flow 
is to take place at the valve seat, the lift of the valve should not 
exceed about 0-1 of the diameter. Hence, making Z = 0-1D, the valve 
diameter D = 5-14, say Sin. 

Hence area through valve = 217 x 5 x 0-8 1 

= 25-1 1 sq. in. 

The calculation of areas is given in Table XXXV for different 
loads. The values of the nozzle box pressure a-^e taken from 
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Fig. 372 and thus values of the ratio ^ calculated. The correspond- 

Psv 

ing values of the coefficient C are then taken from Fig. 371. In the 
next colmnn, values of the steam flow w are set down from Fig, 
372. The required effective area is then calculated by eq. (233) 
and from this the valve lift is calculated. In the next column of the 
table, the valve lift from the no-load position is set down by deduct¬ 
ing the lift at no-load from aU values of the lift. In a simple linkage 
between the governor sleeve and the throttle valve spindle, such as 
that shown in Fig. 364, the travel of the governor sleeve is directly 
proportional to the valve lift, and if the relationship between sleeve 
travel and governor speed is taken to be linear, then the percentage 
drop in speed from the no-load speed in the given case is— 

X Governor Regulation, 

^ being the valve lift from the no-load position. Assuming the 
governor regulation to be 3 per cent in this case, we obtain the 
speed changes given in the last column of the table. 


TABLE XXXV 

Calculation of Throttle Valve Lifts and Turbine Speed Changes 
WITH Variation of Load in a 3,000 kW Steam Turbine 


Load 

kW 

Po 

Po 

Psv 

C 

w 

Effective 

Area 

A 

sq. in. 

Valve 

Lift 

1 

inches 

Lift of 
Valve 
from 
No-load 
Position 

% 

Drop 

in 

Speed 

0 

20 

0-098 

0-2963 

1-012 

0-398 

0-016 

0 

0 

500 

50 

0-245 

tf 

2-532 

0-995 

0-040 

0-024 

0-140 

1.000 

80 

0-392 

*» 

4-052 

1-592 

0-063 

0-047 

0*275 

1,500 

110 

0-540 

ir 

5-562 

2-182 

0-087 

0-071 

0*415 

1,600 

116 

0-569 

0-296 

5-872 

2-306 

0-092 

0-076 

0-445 

1,800 

128 

0-628 

0-292 

6-479 

2-58 

0-103 

0-087 

0-509 

2,000 

140 

0-686 

0-283 

7-086 

2-92 

0-116 

0-100 

0-585 

2,200 

152 

0-745 

0-269 

7-693 

3-33’ 

0-133 

0-117 

0-684 

2,400 

164 

0-805 

0-246 

8-305 

3-93 

0-157 

0-141 

0-825 

2,600 

176 

0-863 

0-215 

8-907 

4-82 

0-192 

0-176 

1-030 

2,800 

188 

0*922 

0-170 

9-513 

6-51 

0-260 

0-244 

1-430 

2,900 

194 

0-951 

0-137 

9-816 

8-35 

0-333 

0-317 

1-850 

3,000 

200 

0-980 

0-089 

10-12 

13-25 

0-528 

0-512 

3-000 


On examining Table XXXV and Fig. 372 it will be seen that up 
to about half load, the drop in pressure across the throttle valve 
exceeds the critical, and the required area through the valve is 
directly proportional to the steam flow. Moreover, the percentage 
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drop in speed is nnifonn. At loads greater than half load, how¬ 
ever, the pressure ^op across the valve is less than the critical 
and, as full load is approached, the velocity of flow through 
the valve falls to such an extent that the required valve area, 
and hence the valve lift, increases rapidly. In association with 
this, the speed changes quite rapidly as.full load is approached, 
unless some adjustments are made by means of the speeder gear. 

268 Modified Linkages to give a Closer Approach to Straight-line 
Regulation. In order to obtain a more uniform change of speed 


Oil Supply 




Fig. 373.—Diagrammatic Arrangement of Relay Gear Modified to give 
Approximately Straight-line Regulation 


with change of load, the linkage between the governor and the 
throttle vsdve spindle is sometimes modified. Such a modification 
is shown in Fig. 373. Here a plate cam A is fixed to the throttle 
valve spindle; this actuates a bell crank lever B to which the 
floating lever C is attached. The curvature of the cam is greatest 
at the fop and least at the bottom. Bearing in mind that, for a 
steady condition, the point D must be fixed, it will be clear that as 
the lift of the throttle valve is increased towards the full-load lift, the 

Governor sleeve travel 
Throttle valve lift 

ratio diminish es, thus reducing the change of speed which would 
otherwise take place above half load. 

Another form of gear, described in a paper by Mr. C. D. (now 
Sir Claude) Gibb, is shown in Fig. 374. Here a toggle joint A causes 
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the upper end of the link B to move in a slot machined in the floating 
lever C. The increased lift of the throttle valve above half load 
again causes the ratio of governor sleeve travel to throttle valve 
lift to fall off as the full-load lift is approached. 

The satisfactory operation of such gears would appear to be 
dependent on the maintenance of a steady steam pressure at the 



stop valve, for if, at full load, the stop valve pressure is higher 
the normal value, the greater pressure drop across the throttle 
wm ^able the necessary steam flow to be maintained with, a smaller 
Mt than normal and hence with a smaller variation of speed from 
the no-load value. 

269 * Design of Shaped Throttle Valve. The area through the 
^ve shown in Fig. 368, corresponding to any value of the lift 
depen<k on the shape of the tapered part of the valve. By selecting 
a suitable shape, an arbitrary relationship between load and turbine 
speed may, to a certain extent, be obtained. But there are limits 
imposed by the conditions of operation as will be shown by means 
01 an example. 
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The diameter of the valve is generally made from 0-7 to 0*75 
times the diameter of the steam pipe, but the ratio is, of course, 
quite arbitrary. The lift is also arbitrary but may be made from 
0T2 to 0-2 times the diameter of the valve. The coefficient of 
contraction is probably not the same for the two seats owing to the 
different conditions of approach. 

Example 39. Derive the shape of a throttle valve suitable for 
the 3,000 kW turbine of example 18, page 244. 

The pipe diameter will be made the same as in the previous ex¬ 
ample, viz. 7 in. Taking the valve diameter as 0*7 times the pipe 
diameter, we have a diameter of 4*9 in., 
say, 5 in. We shall assume that the lift 
of the valve from the no-load position 
is equal to 0-2D, i.e. 1 in. 

We shall first attempt to design the 
valve so as to obtain straight-line reg¬ 
ulation, i.e. the change in speed, plotted 
against load, is represented by a straight 
line. Since the relationship between 
governor travel and speed is very nearly 
linear, we may assume with very small 
error, that the relationship between 
valve lift and load is also linear. On this 
basis the data in Table XXXVI were 
obtained for two values of the stop- 
valve pressure, viz. 205 and 210 lb. 
per sq. in. absolute. The method of calculating the effective area 
is the same as that used in the preceding example and need not 
be given in detail. In calculating the "opening'' x of the valve, 
Fig, 375, it is assumed that the coefficient of contraction is 0*8 for 
the upper seat and 0-9 for the lower seat. Hence the total effective 
area— 

A — ttD^j . X (0*8 0*9) 

= 5*34 

X is calculated by successive approximations. 

In obtaining the shape of the valve, the lift is set down to an 
enlarged scale, as shown in Fig. 376, as though the valve remained 
stationaiy and the valve seat moved downwards as the valve opened. 
The various "openings" are then set out as arcs of circles and a 
curve drawn tangential to them. It will be seen that this method 
is successful up to a lift of 0*825 when = 205, and 0*875 when 
pg^ = 210. Above these lifts, the openings increase so rapidly that 
there is interference. It will be seen that the interference is smaller 
at the higher pressure,-and it is quite possible to obtain^ a valve 
shape which will result in straight-line regulation provided the 
pressure drop across the throttle valve is made sufficiently high. 
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The resulting change in the upper part of the valve is relatively 
small. 

We shall now set out a practical shape of valve for the second 
case, i.e. when the pressure before the throttle is 210 lb. per sq. in. 
absolute. First set down the full lift of one inch from the no-load posi¬ 
tion, Fig. 377. To the same scale draw an arc of radius 0*344 in. 


TABLE XXXVI 

CAi.cuiJi.TioN OF “Opening” of Throttle Valve Required to give 
Straight-line Regulation 


Lift of 
Valve 
above 
No-load 
Position 
(Inches) 

Load 

kW 

Psv = 

= 205 

P8V = 

210 

Effective 
Area 
sq. in. 

Opening'' 

X 

Inch 

Effective 
Area 
sq. in. 

"Opening" 

X 

Inch 

0 

0 

0-396 

0-0149 

0-386 

0*0145 

0-1 

300 

0-751 

0*0^83 

0-733 

0 0276 

0-2 

600 

M07 

0-0418 

1-080 

0 0408 

0-3 

900 

1-460 

0-0554 

1-426 

0 0541 

0-4 

1,200 

1-820 

0-0692 

1-774 

0 0675 

0-5 

1,500 

2-175 

0-0829 * 

2-122 

0 0810 

0-6 

1,800 

2-560 

0-0980 

2-480 

0 0950 

0-7 

2,100 

3-075 

0*118 

2-962 

0*113 

0-8 

2,400 

3-87 

0-149 

3-66 

0*141 

0-825 

2,475 

4-16 

0-161 

3-91 

0*151 

0-85 

2,550 

4-48 

0-174 

4-18 

0*162 

0-875 

2,625 

4-88 

0-190 

4-49 

0*174 

0-9 

2,700 

5-40 

0-211 

4-90 

0*191 

0-925 

! 2,775 

6-06 

0-238 

5-40 

0*212 

0-95 

2,850 

6-99 

0-277 

6-04 

0*237 

0-975 

2,925 

8-68 

0-350 

6-97 

0*276 

1-0 

3,000 

11-98 

0-500 

8-55 

0*344 


as shown. Reference to Table XXXVI will show that the “ opening” 
for straight-line regulation varies uniformly from no-load up to a 
load of about 1,800 kW when the lift is 0*6 in. and the opening 
0*095 in. 

Draw arcs of circles from centres A and B with radii of 0*0145 in. 
and 0*095 in., respectively for lifts of 0 and 0*6 in. from the no-load 
position. Draw a straight line CD tangential to these arcs, and draw 
BD perpendicular to CD. The required profile of the valve below 
point D may be any curve to which CD is a tangent and which 
touches the circle of 0*344 in. radius. Assume that the curve is a 
circular arc. The centre of this lies on BD produced and the radius, 
found by trial, is 0*15 in. By tapering the valve uniformly up to the 
seat, a lift of 0*075 in. is obtairied po-load for a radial clearance 
of 0*005 in. 
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By setting oH the various opcruig? required for different loads 
we obtain the corresponding viihc For example, setting off 

the distance 0-237 in. for 2,850 kW we obtain the lift 0*871 in. 
Assuming the change in speed to be approximately proportional 
to the movement of the governor sleeve the speed at any load may 
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Fig. 376.—Derivation of Valve Profile 


be calculated. These figures are given in Table XXXVII and 
Fig. 378. It wiU be seen that this valve profile gives a close approx¬ 
imation to straight-line regulation. 

270 . Nozzle Control Governor Gear. Automatic control of a 
number of separate nozzle valves may be effected in several wa 5 's. 
Each valve may have its own relay cylinder and pilot valve, the 
linkage being arranged so that with i^r^ppF’Tie load the valves are 
opened in a certain order, and with a i; g load they close 

one after another in the reverse order. Alternatively, the valves 
may be opened mechanically by a single relay cylinder and a system 
of levers and links in which there is a certain amount of lost motion. 
In another method, the nozzle valves are arranged in a row, e.g. on 
top of the turbine, and opened, in order, by levers actuated by cams. 

Fig. 379 shows a B.T-H. turbine employing this form of governor 
gear. Fig. 380 shows a diagrammatic arrangement, while Fig. 381 
gives a section through a nozzle valve. 
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Each f'.am is positive in its action and consists of a pair of discs 
carrying a roller in the space between them. This engages with a 
horse-shoe shaped lever which, as the cam rotates, either opens or 
closes a nozzle valve. The cam shaft is rotated by a servo motor 
of the moving blade t 3 rpe, the operating fluid being lubricating oil 



Fig. 377 


under a pressure of about 50 lb. per sq. in. A small pinion on the 
end of the cam shaft engages with a rack which is connected to one 
end of the floating lever and moves the pilot valve back to its 
mid-position when any rotation of the cam shaft has taken place. 
Oil exhausted by the servo motor and also oil passing through the 
high-pressure by-pass valve is supplied to the bearings at a pressure 
of 5 to 10 lb. per sq. in. 

The action of the governor may now be briefly described. If, 
omng to an increase of load on the turbine, the speed should fall 
sightly, the governor sleeve will move downwards, so raising the 
pilot vhlve above its central position, in which position it covers 
both ports. A certain amount of high-pressure oil is thus admitted 
to one side of the moving blade of the servo' motor and an equal 
amount is expelled from the other side. The rotation of the cam 
shaft will either open another valve or increase the lift of the one 
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last opened. As the cam shaft rotates, the pinion and rack tend to 
move the pilot valve back to its central position. Equilibrium of the 



Fig. 378.—Characteristics of Throttle Valve Shown in Fig. 377 


TABLE XXXVII 


Throttle Valve Lift and Speed Changes for a 3,000 kW Steam 

Turbine 

Note. Governor Regulation assumed to be 3 per cent. 


Load 

kW 

Valve Lift 
from 
No-load 
Position 
Inches 

% Drop 
in speed 
from 
No-load 

Load 

kW 

Valve Lift 
from 
No-load 
Position 
Inches 

% Drop 
in speed 
from 
No-load 

0 

0 

0 

2,100 

0*671 

! 2*013 

300 

0*100 

0*3 

2,400 ! 

0*730 

1 2*190 

600 

0*200 

0*6 

2,550 : 

0*767 

: 2*301 

900 

0*300 

0*9 

2,700 

0*807 

2*421 

1,200 

0*400 

1*2 ! 

2,850 

0*871 

1 2*613 

1,500 

0*500 

' 1*5 

3,000 

1*000 

3*000 

1,800 

0*600 

i 1 

1 

! 1 




gear is only possible when the pilot valve is in its central position 
and thus in order to meet the steam demand due to an increase in 
load there will be a definite reduction in turbine speed, and vice 
versa. 
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271 * Oil Pressure Governing without Linkage. A relatively simple 
and easily adaptable form of governor gear is shown diagramma- 
tically in Fig. ^2. The governor actuates a small piston valve A, 
balanced by a similar piston B. Oil under pressure is supplied to 
the pipe C, and through the port D to the space between A and B. 
A further port E, when uncovered by the valve A, permits oil to 


ORDER IN WHICH VALVES CPEN 
Noe No 5 No 4 No 5 NoS 


lyi UpU ly UpU M 

nrnTrrnrmn^ 




SECTION ON XY 


OIL RESERVOIR I 


Fig. 380.—^Diagrammatic Arrangement of Nozzle Control Governor 
Gesir for B.T.-H, Turbine 


escape. The pipe C is also coupled to the xmd^ide of the relay 
cylinder, the relay piston being spring-loaded on its upper side. 

The volume of oil delivered by the oil pump will be nearly con¬ 
stant at all loads, and the pressure of the oil in the pipe C will depend 
on the port opening I ; the larger the z t^r lower the pressure, 

anH vice versa. But the oil pressure '. ''O li-.p-. ;'cl- on the lift of the 
throttle valve, for if this be increased the compression of the spring 
above the relay piston is greater and the oil pressure under the 
piston must also be greater. Consequently, there is a correspondence 
between the lift of the throttle valve and the position of the piston 
valve A. which, in turn, depends on the speed of the turbine. 

It win be seen from a study of Fig. 382 that, just as in the ordinary 
t 3 q)e of relay with links, an increase of load is accompanied by a 






616 STEAM TURBINE THEORY AND PRACTICE 


reduction in speed, and vice versa. A form of speeder gear is shown 
in Fig. 382. The sleeve in which the ports are cut may be moved 
inwards or outwards by means of the handwheel F, rotation of the 
sleeve being prevented by the feather G. To raise the speed, the 
sleeve is moved inwards. This reduces the opening I, raises the oil 
pressure, and increases the lift of the throttle valve. Conversely, 
the speed is lowered by moving the sleeve outwards. 

The same type of gear may be used with nozzle-control valves. 



Fig. 381.—Sectional View of Nozzle Control Valve 
with. Cam-operated Gear 


Here each valve has its relay piston, but the spring loads are 
progressively greater so that as the oil pressure is increased, due 
to a drop in speed, the valves open in turn. 

272 . Compoimd Oil Relay. In turbines with large throttle valves, 
or those operating with high-pressure steam, the dynamic forces 
on the throttle valve may be appreciable, and are sometimes suffi¬ 
ciently large to interfere with the satisfactory operation of the relay 
gear described in the previous article. A compound relay is some¬ 
times employed in sudi cases. One t 3 rpe is shown in Fig. 383. 
There are two oil systems operating at different pressures. The 
first, operating at a variable pressure, is controlled by the governor 
and is coupled to A, Fig. 383. The second, which is kept at a con¬ 
stant and relatively high pressure, is connected to B. Thus the 
governor regulates the oil pressure under the spring-loaded piston 
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C, and hence controls the position of the pilot valve D. The duty 
of the governor is, therefore, light and the sensitivity of the gear is 
not affected by d 3 niamic forces on the throttle valve. The valve 
D works in the hoUow piston rod of the main relay piston E, and 



SECTION THROUGH X-X 

Fig. 382.—^Diagrammatic Arrangement of Oil Relay Gear 
witliout Links 


oil admitted at B has free access to the space under D. If, due to 
an increase of load, the speed falls, the increase of oil pressure 
under C raises D and admits high-pressure oil to the underside of E. 
This is forced upwards until the pilot valve D again covers its port. 
Similarly, a drop in load causes an increase in speed, the oil pressure 
under C is reduced, C and D move downwards, and some of the oil 
under E is allowed to escape into the space above E The throttle 
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is thus partially closed until there is equUibrium. Provision is made 
for continuously draining the spaces above the pistons C and E. 
An alternative form of relay operating on a similar principle and 



Fig. 383.—CompouiLd Relay Gear 


employed on turbines constructed by Messrs. C. A. Parsons & Co., 
Ltd., is shown diagrammatically in Fig. 384. 

At the high-pressure end of the turbine there is a cross shaft 
driven by worm gearing from the turbine spindle and carrying at 
one end the speed governor and at the other end two oil pumps. 
One of these is a low-pressure pump suppl 3 nng lubricating oil and 
the other a high-pressure pump A supplying oil for governing. The 



TODRMN 



Fig. 384.—Governing System for Parsons Turbine 
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pressure of the oil supplied for governing is kept sensibly constant by 
a relief valve D which discharges to the lubricating oil supply system. 

The governing oil passes through the trip gear B to the piston C 
of the combined emergency stop valve, A branch from the pressure 
oil pipe passes through the control valve F to a space surrounding 
the ported governor bush G. A piston valve sliding in G and oper¬ 
ated by the speed governor regulates the opening of the port, the 
rate of oil leakage, and hence the oil pressure in the pipe after the 
control valve F. The oil pressure, thus controlled by the speed 
governor, does not act direct on the main relay piston, but on an 
auxiliary piston H which actuates the pilot valve K. It will be seen 
that for equilibrium, since the pilot valve must occupy its central 
position covering the oil port, the throttle valve will follow the 
movement of the piston H, the ratio of their displacements depend¬ 
ing only on the dimensions of the linkage. 

It will be deaf that a small displacement of H, producing a dis¬ 
placement of the pilot valve K admit the high-pressure relay 
oil to the relay piston and so provide a large restoring force. The 
control valve F acts as a choke and prevents the flow of oil, through 
the ports in the sleeve G and to the cylinder H, from affecting the 
oil pressure in the relay pipe. 

If the turbine speed should rise due to a reduction of load, the 
governor wiU move the piston in G to the right, thus increasing the 
area of the open port, reducing the pressure of the oil under the 
piston H and partially dosing the throttle valve. A fall in turbine 
speed will cause the reverse effects. The speed of the turbine may 
be changed by rotating the wheel L which moves the sleeve G 
inwards or outwards according to whether the speed is to be reduced 
or increased. 

If the emergency governor E should come into operation, it 
trips the vertical plunger and lifts the piston valve in B. This 
releases the oil pressure from under C and H, and causes the emer¬ 
gency valve and main throttle to dose. 

The combined emergency stop valve is shown in greater detail 
in Fig. 385. The upper part of the valve spindle carries a piston J, 
to the tmderside of which oil from the power supply is admitted. 
The piston is hdd down against the pressure of this oil by a hand- 
controlled sleeve, the end of which abuts against a shoulder H on 
the piston. In order to open the valve, the sleeve is slowly raised 
by turning the handwheel, when the piston will rise under the action 
of the oil pressure, the shoulder H being kept all the time in contact 
with the end of the sleeve. 

Should the oil pressure fail at any time, due to the operation of 
the trip gear or for any other reason, the valve will at once shut 
automatically. The piston wnll be forced downwards by the strong 
spring above it, returning theValve rapidly to its seating. As soon 
as the piston begins to move, the shoulder H lose contact with 
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the end of the sleeve, so that any oil remaining under tiie piston 
will be free to escape through ports in the piston which are normally 
kept closed by the end of the sleeve. To limit the flow of oil when 



Fig. 385. —Combined Emergency Stop Valve for Parsons Turbine 

the ports are uncovered, a diaphragm, pierced only by a small 
hole, is fitted at A in the supply pipe. 

273 . Governor Gear for Mixed-presspre Turbine. The function 
and operation of mixed-pressure turbines has already been explained 
in Chapter XIV. A typical governor gear for such a turbine is 
diown diagrammatically in Fig. 386. The gear is desired to main¬ 
tain a sensibly constant speed of rotation and to utilize only low- 
pressure steam so long as a supply of such steam is available. It will 

21-(T.52OO) 
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be dear that if the supply of low-pressure steam should fail then its 
pressure would rapidly fall. Thus the governor gear comprises two 
main elements, a speed-responsive element, i.e. the ordinary centri¬ 
fugal governor A, and a pressure-responsive element, or “pressure 
governor” B. 

The speed governor controls the relay piston C in the usual 
manner and this, in turn, controls the position of the point D on the 



Fig. 386.—^Diagrammatic Arrangement of Governor Gear for Mixed- 

pressure Turbine 


link E, which is connected at one end to the high-pressure throttle 
valve F and at the other end to the low-pressure throttle valve G. 
A spring H is compressed to such an extent that, taking into account 
the weight of the valves F and G and of their spindles, etc., the 
moment of the forces on the left of D is greater than that of the 
forces on the right of D. Consequently, provided the valve G is 
free to lift, any upward movement of the point D will cause the 
l.p. tiirottle valve to open to a greater extent, whereas any downward 
movement of D would parti^y close the valve. Meanwhile the 
h.p. throttle valve is held shut. Under these conditions, the governor 
gear operates in the same manner as any normal relay gear, a fall 
in turbine speed due to increase of load causing the lift of the l.p. 
throttle valve to increase, and vice versa. Moreover, only l.p. 
steam is bemg used. 
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The pressure governor B comprises a spring-loaded piston J 
subjected on its underside to the pressure of the available Lp, 
steam. The piston rod is connected through the floating lever K 
to the pilot valve L which controls the supply of oil to the relay 
piston M. The piston rod N is not fastened in any way to the spindle 
of the throttle valve G, but downward movement of M and N may 
cause the valve G to be entirely or partially closed. It will be clear 



OUTLET FOR 
HEATING STEAM 


EXHAUST TO 
CONDENSER 


Fig. 387. —Sectional Elevation of B.T.-H. Pass-out Turbine with 
Cam-operated H.P. and L.P. Valve Gear 


without further explanation that as the pressure of the l.p. steam 
falls, the relay piston M moves downwards, partially closing the 
valve G. Any such closure of the valve G causes the h.p. throttle 
valve F to open, thus supplying live steam to the h.p. stages of the 
turbine. These are mixed-pressure conditions of operation. If 
the supply of l.p. steam fails completely, then the valve G is forcibly 
closed and the turbine runs as a high-pressure unit. 

274 . Governor Gear for Pass-out Turbine. The general prin¬ 
ciples of the pass-out turbine and its governor gear have been out¬ 
lined in Chapter XV. A sectional elevation of a British Thomson- 
Houston pass-out turbine is given in Fig. 387. There are four 
impulse stages in the high-pressure section and two in the low- 
pressure section. A two-row velocity wheel forms the first stage in 
each section. Nozzle control governing similar to that described 
in Art. 270 is employed for both lire h.p. and l.p. controlling valves, 
the valves being cam-operated in each case. 
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The advantages of interconnecting the speed governor and pres¬ 
sure regulator have already been explained in Art. 127. The gover¬ 
nors for the B.T.-H. turbine, shown diagrammatically in Fig. 388, 
are interconnected in the same way. A point on the h.p. rack forms 
a" fulcrum for the floating lever which is connected to each of the 
pilot valves. 

If the action of the mechanism is traced out, it will be seen that 
if the power load should be reduced while the heating load remains 



Valve Gear for B.T.-H. Pass-out Turbine 

constant, the increase of speed causes the h.p. pilot valve to be 
lowered, thus partially closing the h.p. control valves. The conse¬ 
quent upward movement of the h.p. rack tends to restore the h.p. 
pilot valve to its mid-position and simultaneously raises the l.p. 
pilot valve, thus admitting oil to the l.p. servo-motor and partially 
closing the l.p. control valves. The clockwise movement of the 
l.p. servo-motor lowers the l.p. rack and tends to restore the l.p. pilot 
valve to its central position. It will be seen, therefore, that this 
corresponds to the action of the governor gear shown in Fig. 151. 

Suppose now that the heating load is reduced while the power 
load remains constant. Then the heating steam pressure will rise 
and cause the l.p. pilot valve to be lowered. This first increases the 
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opening of the l.p. control valves, but as soon as the servo-motor 
begins to move, the upward movement of the l.p. rack causes the 
h.p. pilot valve to move downwards as well as moving the l.p. 
pilot valve towards its central position. Thus the h.p. control 
valves are partially closed. 

It will be seen, therefore, that a change in turbine speed due to 
a change in load causes both h.p. and l.p. control valves to move 
the same way, i.e. both to close or both to open, whereas a change 
in heating load causes these valves to move in opposite directions. 
This, also, is in agreement with Fig. 151. 

The heating steam pressure may be regulated, within limits, by 
var 3 dng the tension in the spring m the pressure regulator. 

In certain cases, the low-pressure control valves are replaced by 
a circular grid-iron valve covering the inlet to the first stage of the 
l.p. section of the turbine. The partial rotation of the grid-iron valve 
causes a change in the area through the nozzles and is effected by 
an external hydrauhc cylinder. 

275 . Flxiid-pressure Governors. As already mentioned in Art. 259, 
fluid-pressure governors are sometimes used to control the speed of 
steam turbines in place of the more conventional fly-ball type. An 
impeller of some form is attached to the turbine shaft or is driven 
from it through gearing. The operating medium may be either air 
or oil. The fluid pressure produced by the rotation of the impeller 
is caused to act either directly on a piston operating the throttle 
valve or, more usually, on a relay actuating such a piston. The 
fluid pressure generated varies as the square of the speed and the 
change of pressure produced by a change of speed is utilized to 
operate the throttle valve. 

276 . Early Parsons Air Governor. The fluid-pressure governor 
was first used on Parsons’ turbine and is shown in Fig. 389. A 
collar A is provided on the shaft and has a series of communicating 
radial and axial holes which make it, in effect, a small centrifugal 
impeller. On the side having the axial holes, the impeller runs in 
close proximity to the bearing housing B, the upper part of which 
has a cast pipe C which makes the air pressure behind the bellows D 
and in the chamber E above the oil reservoir equal to that in the 
space F. The diaphragm D is connected by a rod to a lever actuating 
the steam throttle valve. 

When the impeller is rotating at speed, since the air pressure at 
the periphery is atmospheric, a sub-atmospheric pressure is produced 
in the space behind the diaphragm D. This tends to pull the dia¬ 
phragm inwards against the tension of a spring and so partially 
close the throttle valve. This part of the governor gear by itself 
would keep the turbine speed sensibly constant. 

These turbines were, however, used to drive direct-current 
generators in which there was a considerable voltage drop with 
increase of load. This was corrected by an auxiliary electrical 
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governor which, as the current in the field winding decreased, caused 
air to enter the governor at G and so open the throttle and raise 
the speed sufficiently to bring back the voltage to the normal 
value. 

The partial vacuum produced by the impeller was also used for 
priming the lubricating system. When the turbme was brought up 



Fig. 389. —^Air Governor on Early Parsons Turbine 


to speed, the partial vacuum maintained in the chamber above the 
oil reservoir caused the oil to be forced into this chamber by atmos¬ 
pheric pressure. The end of the turbme spindle was provided with 
a worm H running in a closely fitting housing opening into the 
p^age between the air chamber and the oil reservoir, so that as the 
oil rose in the passage it flowed into the worm pump which delivered 
it to the turbine bearings via the outlet J. 
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There have been many other applications of the fluid-pressure 
governor. Particular mention may be made of that developed by 
Sulzer Brothers about 1911. 

277, Westinghouse Fluid-pressure Governor. The Westinghouse 
Electric and Manufacturing Company, Philadelphia, now use fluid- 
pressme governors on steam turbines of all sizes. 

Fig. 390 shows a cross-section through a 2,500 kW Westinghouse 
impulse-reaction turbine, designed for an operating speed of 3,600 
r.p.m.-, in which the construction of the type of oil governor employed 
on the smaller turbines can be seen. The governor oil impeher A on 
the end of the spindle supplies oil to the sensitive control piston B, 
an enlarged detail of which is shown in Fig. 391. The control piston 
B works within the operating or relay piston C, which has ports D 
and E communicating with the spaces above and below the piston, 
respectively. The pressure oil is admitted to the inside of the control 
piston, and so has access to the recess F. The unrecessed portion G 
of the control piston covers the ports D with a very small amount of 
lap when the gear is m the neutral position, and controls the admis¬ 
sion and release of the pressure oil to and from the upper side of the 
relay piston. The space beneath the operating piston is connected 
by a drain pipe to the oil tank. As may be seen from Fig. 390, the 
spring H is connected at its lower end to the sliding block J. The 
normal operating oil pressure is 60 lb. per sq. in. 

An increase in turbine speed brings about an increase of oil 
pressure which, acting on the control piston against the tension 
of the spring, causes it to move upwards, and so uncover the ports G. 
Oil under pressure is thus allowed to escape from the upper side of 
the relay piston, and the latter thus moves upward slightly and 
partially closes the throttle valve. These movements are brought 
about by the compression in the spring which tends to dose the 
throttle valve. 

Stability is obtained in the following manner. The levers K and L 
are so arranged that as the relay or operating piston is moving 
upwards, the sliding block J moves upwards at a slower rate, and 
the tension of the spring gradually incre^es. Thus, for eyery 
turbine speed and, consequently, every oil pressure, there is a 
definite position of the operating piston with respect to its cylinder 
and, hence, a definite throttle opming and corresponding power. 
This differential follow-up motion is not absolutely essential, but 
without its use, the design of a satisfactory spring is a matter of 
■ some difficulty. 

Governors of this type are ordinarily given a speed variation 
of from 4 to 6 per cent. For large central station turbines, the speed 
variation is usually set at 4 per cent. The speed changer k the 
hand- or motor-operated screw M, which actuates the fulcrum link N, 
and so varies the tension in the spring H. 

The oil from the main tank is forced up to the impdler suction 
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by a hydraulic ejector. The ejector is, in turn, supplied with high- 
pressure oil from the discharge of the governing impeller. The cycle 
is started by the usual steam-driven auxiliary pump. 



Fig. 391. —Details of Control Piston 


A diagrammatic arrangement of the oil governor mechanism for 
a 40,000 kW turbine is shown in Fig. 392, which is largely self- 
explanatory. The oil pump impeller is formed on an extension of 
the turbine shaft, ^d delivers oil at a pressure of 80 lb. per sq. in. 
to the relay. It will be seen that the relay is in equilibrium under 


LEAKOFF TO DRAIN TANK 
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the action of forces produced by the full oil pressure, a spring, and 
a variable oil pressure. The force exerted by the spring balances the 
difierence between the forces produced by the operating oil pressure 
and the leak-off oil pressure. Stability is secured by a cam-operated 
beU crank which restores the relay to its neutral position after a 
change in speed has taken place, by altering the spring tension to 
balance the changed oil pressure. 

Speed change, for paralleling, etc., is effected by varying the 
back pressure on the upper side of the sensitive piston, there being 
a sT-nall flow through the relief valve at all times, by way of the 
orifice shown. 

While the oil ejectors are extremely reliable for the purpose of 
suppl 3 nng ofl. to the impeller suction, a low-pressure closing device 
has been provided, so that in the event of the supply of suction oil 
to the main impeller being lost, the low-pressure closing device will 
operate and shut the main valve. 

Details of the actual governor mechanism are shown in Fig. 393, 
opposite. 

The impdlers for a 60,000 kW, 1,800 r.p.m. turbine are shown in 
Fig. 394. In order to give a flat characteristic curve, radial vanes 
are used. The impeller does not resemble a centrifugal pump of the 
ordinary type, as the overhanging rim that forms the pumping part 
of the impeller is simply a part of the forged steel shaft end, with 
radial holes drilled for the flow of oil. Actually, the collar on the 
shaft functions, in addition, as the Michell thrust bearing. The 
adjusting gear for the latter is clearly shown in the illustration. The 
Westinghouse Company have attempted in this design to obtain an 
impeller which would hold a large volume of oil, passing through 
the impeller at a low velocity, thus permitting the air to be separated 
and forced to the centre of the impeller, from which it passes out 
through an air vent drilled in the shaft. The smaller impeller, which 
is of higher capacity, furnishes the oil for the bearings. 

A number of points arise for consideration in connection with oil 
pressure governors. It might be thought that the constant churning 
of the oil would cause oxidation and sludging. Actual experience 
has shown that such is not the case, probably owing to the continual 
de-aeration of the oil. The reduction in density of the oil as its 
temperature rises causes a reduction in the pressure generated at 
any ^ven speed, and thus tends to bring about a change of speed. 
This is compensated in two ways. Firstly, by immersing the govern¬ 
ing springs in the hot oil, which, it will be noted, is done in every 
case. There is thus a partial compensation for the reduction in 
density, as the lowering of the elastic modulus gives a corresponding 
reduction in load due to the spring. The remainder of the com¬ 
pensation comes about by reason of the fact that with hotter 
and less viscous oil, the air separation in the impeller is more 
complete. 




Section 

K.K. 


Section’ ^ View looking in ^ — 

E.E. direction of arrow"X'l 
^ Section D*D» 

Fig. 393, Details of Throttle Valves and Governor Gear for 
40,000 kW Westinghouse Turbine 


Section BB. Throug^h speed changer leak-oi. \a;\c. .■;-o --vie cksing device. Note the 

leak<-<^ passage to the right, shown (liajt'.viin.uK'ully iv I ii*. 392 by a central hole m the 
relay vafve. 

Section AA, Through main throttle a-—VvvaV«« reVy r^ar. . 

KK. Through drip collector, c - K - -aj- ou .re . 1 the valve spmdle guide. 
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Fig. 395.—Diagrammatic Arrangement of Fluid Pressure Governor Gear on Westinghouse Steam Turbine 
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278 . Westinghouse Fluid-piessure Governor with Governor 
Transformer. A more recent form of the Westinghouse governor 
is illustrated in diagrammatic foim in Fig. 395. This type of governor 
is used on central station machines and the modifications which have 
been made in the earlier types have for their obiect to ma k e the 
governor gear more sensitive to small changes of speed. 

The impellers A and B are mounted on the turbine .shaft. A is 
the main oil pump and supplies all the oil required while the turbine 
is operating at normal speed. It is a centrifugal pump and discharges 
at a pressure of about 120 to 150 lb. per sq. in. gauge at the normal 
operating speed with 10 to 30 lb. per sq. in. g. suction pressure. 
During the starting period oil is supplied to the impeller suction by 
the auxiliary oil pump, as the impeller is not self-priming. Under 
normal operating conditions the suction is supplied by an ejector 
which utilizes a part of the high-prc.s.snrc oil from the impeller 
discharge as the operating medium. 

The ejector is designed to handle all the oil required for lubrication 
and for normal leakage. The relay piston discharges directly into 
the impeller suction line and therefore does not add load to the ejector. 

The governor impeller B is made into.zrally with the overspeed 
trip body and consists of a hollow cylindrical body with a series of 
radial tubes C. It is also connected to the drain chamber of the 
bearing pedestal by a number of holes D. An air vent is provided 
at the centre and communicates with two radial holes in the over¬ 
speed trip body. 

Oil from the main pump A is admitted through a variable orifice 
E into the annular chamber F and maintains a small flow through 
the impeller holes into the drain chamber. With the impeller B 
rotating the centrifugal force of the oil in the radial tubes opposes 
the flow of oil through the holes and maintains in the chamber F a 
pressure which varies as the square of the turbine speed, being about 
30 lb. per sq. in. g. at 3,600 r.p.m. The variable orifice E must be so 
adjusted that the oil supply to the impeller is slightly in excess of 
the normal leakage around the governor impeller B. This ensures 
that the imi>cllcr tubes will be fuU of oil and will thus function 
correctly. 

The space F is connected to a chamber G which forms part of the 
governor transformer and contains a flexible metal bellows H and 
a load spring J. Connected to the bellows is a small "cup” valve K 
which controls the flow of oil from a space L which is supplied with 
high-pressure oil through a choke M. The pressure of the oil in' the 
chamber L will depend on the opening of the cup value. Furthep 
more, tlie force on the cup valve depends on the pressure of this oil, 
and under all conditions the cup valve is in equilibrium under the 
action of the forces due to (1) the oil pressure on the bellows H, 
(2) the tension of the spring J, and (3) the pressme of the oil in L. It 
will be apparent, therefore, that an increase in oil pressure in G 
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caused by an increase of turbine speed will be followed by an increase 
in the secondary control oil pressure in the chamber L. Such pressure 
increase is transmitted to the upper side of the relay piston N which 
is, in effect, coupled to the relay piston valve P. A tension spring Q 
connects the upper end of N to the follow-up lever R which is attached 
to the relay piston rod S. As shown in the diagram, the relay piston 
controls the opening of the steam valve T. 

The piston N is held in equilibrium by the oil pressure above it 
and the tension of the spring Q and this latter depends on the 
position of the main relay piston U. We have seen that the pressures 
in G and in L depend on the turbine speed and, therefore, for every 
turbine speed there is a corresponding equilibrium position of the 
throttle valve T. 

The combination of the chamber G with its bellows H, the cup 
valve K and the piston N operating the pilot valve P is termed the 
governor transformer and its purpose is to magnify the relatively 
small pressure changes delivered by the governing impeller into 
larger pressure changes which are utilized to actuate the pilot valve 
of the servomotor. Assuming that the mechanism is in operation, 
the following describes a complete cycle of control. 

. If the load increases, the turbine speed decreases and the govern¬ 
ing oil pressure below the transformer bellows H decreases, thus 
allowing the tension spring J to move the transformer cup valve K 
downwards. Downward movement of this valve passes more oil to 
the drain chamber, thus decreasing the pressure of the governing 
secondary control oil in L. With the reduction of pressure in L, the 
existing force of the oil pressure below the bellows H again balances 
the pressure above the cup valve. 

The decreased governing secondary control pressure thus estab¬ 
lished by the transformer cup valve has at the same time decreased 
the downward force on the piston N. This causes an upward 
movement of the pilot valve P with the result that high-pressure oil 
is admitted above the main operating piston U and the space be¬ 
neath U is connected to the impeller suction. The main relay piston 
U is therefore moved downward thus increasing the opening of the 
steam throttle valve. The downward movement of the main relay 
piston decreases the tension in the spring Q until the diminished 
spring tension balances the decreased secondary control pressure 
and thus returns the relay to its neutral position. 

If the load decreases, the turbine speed increases and generally 
t h i n gs happen in the reverse order to that described above. 

279 . Speeder Gear. If the turbine is running alone and is con¬ 
trolling frequency then the speed of rotation may be changed by 
daanging the tension of the spring J. This may be effected by turning 
the handwhed V, usually by remote control. If the spring tension 
is increasedi then since the turbine speed is, for the time being, 
constant, the oil pressure under the bellows H remains unchanged 
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and the opening of the cup valve K will increase, with a consequent 
reduction of oil pressure in L. This causes the piston N and the pilot 
valve P to be displaced upwards with the result that the main relay 
piston U is lowered and the opening of the throttle valve T increased. 
As already explained above, downward movement of U reduces the 
tension in the spring Q which balances the reduced pressure in L. 
The increased opening of the throttle T will raise the turbine speed 
and the oil pressure in G. This increase in oil pressure will partially 
balance the increased tension in the spring J. The oil pressure in L 
will still be lower than its former value and will correspond to the 
reduced tension in the spring Q. Thus, for every setting of the 
speeder gear there will be a corresponding equilibrium speed at a 
given load. 

A reduction of the tension in J would likewise cause the oil pressure 
in L to rise, with the result that the pilot valve P would be lowered, 
the piston U raised, and the throttle valve T partially closed. 

If the turbine is driving an alternator which is electrically con¬ 
nected to other sets and is, therefore, running at a more or less 
fixed speed, then the speeder gear may be used for increasing or 
reducing load on the turbine in question. For example, if the tension 
in the spring J is reduced, the pressure in L will be increased, and 
the resultant downwards movement of N and P will cause the throttle 
valve T to close partially. Equilibrium will be restored by the in¬ 
creased tension in Q, and the amount of movement of T will depend 
entirely on the amount by which the tension in J is reduced. 
Similarly, load may be added to the turbo-alternator, within the 
limits of the set, by increasing the tension in the speed changer spring. 



ANSWERS TO EXAMPLES 


II (page 35) 

1. (a) 368; (6) 374-096; (c) 372-511 B.Th.U. per lb. 

2. 298-469 B.Th.U. per lb. 

3. (a) 81-68; (6) 810-52 B.Th.U. per lb. 

4. 0-8626. 

6. 1,126-2; 448-3 B.Th.U. per lb. 

6. 900-1 B.Th.U., 30 lb. 

7. 0-8397. 


Ill (page 48) 

2. 0-1353. 

8. (a) 0-4714; (b) 1-1346; (c) 0-1274. 

4. 0-73713; 0-7144. 

fi. (a) 190 lb.: (i) 2,029,600 B.Th.U.; (c) 2,289 units of entropy. 


rV (page 64) 


1. (a) 1,124-6 B.Th.U. per lb.; (b) 1-4377; (c) 807-1 B.Th.U. per lb. ; 
(d) 28-2 per cent. 

2. (a) 951-0 B.Th.U. per lb.; (6) 1-2255; (c) 687-9 B.Th.U. per lb. ; 
(d) 27-67 per cent. 

3. (a) 1252-4; (b) 854-9; (c) 397-5; (d) 398-2 B.Th.U. per lb.; 

(«) 31-8 per cent; (/) 8-o72 lb. per kW-hr.; 76-4 per cent. 

4. 20-48 per cent. 


Turbine A Turbine B 

5. (a) 9-72 8-40 

(b) 13-60 

(c) 0-290 0-326 

(ef) 12-4 


6 . 

7. 

8 . 
9. 

10 . 


11 . 

12 . 

18. 


7-41 B.Th.U. per lb. 

22-52 per cent; 71-45 per cent. 
Turbine A: 34-46 per cent; 0-866. 
0-115 penny. 

Turbine A 

(a) 9-298 

(b) 31-97 per cent 


Turbine B: 40-80 per cent; 0-764. 

Turbine Ji 
8-204 

32-92 per cent 
11-8 per cent 
2-97 per cent 


Initial superheat = 286-3® F. 

38-2 lb. per sq. in. abs.; 0-8428 ; 385-8 B.Th.U. per lb. 

(a) 337-3; (5) 349-8; (c) 365-6; (d) 387-4; (e) 421-8 B.Th.U. 
(a) 0; (b) 3-7; (c) 8-4; (d) 14-9; (e) 25 per cent. 


per lb. 


1. 1,416 ft. per sec, 

2. 1,343 ft. per sec, 
9, 0-964. 


V (page 101) 


636 



ANSWERS TO EXAMPLES 


637 


4. (a) 1,467 ft. per sec.; 0-494 sq. in. 

5. SSM*^ F.; 1,431 B.Th.U. per lb.; 74-6 B.Th.U. per lb.; 1,932 ft. per sec. 

7. 0-374 sq. in, 

8. {a) 0-366; 0-488 sq. in. {h) 0-394; 0-522 sq. in. 

9. 0-0154. 

10. 2-956; 70-6'^ F.; 0-0024; 1-85 B.Th.U. per lb.; 2-51 per cent. 


Vll (page 152) 

1* (a) 29° 48'; (6) 2,405 ft. per sec. ; (c) 58-4 lb. ; (d) 127-2 ; {e) 73-8 per cent 

2. (a) 642; (Z?) 640; (c) 47-5 lb.; (e^) 640; [e) 82-8 per cent. 

8. 375 h.p. 

4. 646-8; 2,660 ft.-lb. per lb. 

5. 0-4851; 26-5®; 89-4 per cent. 

6. 56-3 lb. 

7. 80-8 per cent; (1) 0-3208, = 29^ (2) 0-6188, = 47°. 

8. 7-4 lb.; 252 h.p. 

9* 690 ft. per sec.; 34® ; 84-8 per cent. 

10. 408 and 353 ft. per sec,; 82-9 per cent. 


First Moving Uow Second Moving Row 


11 . 


(a) 

ib) 

( 0 ) 

(d) 

70-3 per cent. 


2,678 
441 
20-3 
305 h.p 


663 
109 
11-5 
75-5 h. 


P- 


First Kow 


L‘'ixed Row 


Second Row 


12. (a) 19-9® 25® 

(&) 605 h.p. — 

{c) 74 per cent. 


38® 

171 h.p. 


VIII (page 167) 

1. (a) 49® 32'; {b) 311 lb.; {c) 192. 

2. (a) 331-5 ft. per .sec.; (b) 0-84; (c) 4,330 ft.-lb. 

3. 500 ft. per sec.; 10-23 B.Th.U. per lb.; 80-5 per cent. 

4. 53® 4'; 683. 

5. 1-06 in.; 5M .B.Th.U. per lb. 

6. 27-8 per cent; 14-14 B.Th.U. per lb.; 86-1 per cent. 


IX (page 185) 

1. (a) 0-039 h.p.; (2?) 0-174 h.p. 

2. (a) 65-4 h.p.; (b) 49-0 h.p. 

3. 1-77 h.p. 

4. 0-316 lb. per sec.; 195-2; 190-3; 185-2 lb. per sq. in. abs. 
5- 218 lb. 


X (page 200) 

1. 310-7 B.Th.U. per lb.; 0-8373 dry; 12-03 per cent; 0-2214. 

2* 25,100 ft.-lb. 

3. 1,925; 1,465; 76-2 per cent. 

4. (1) 482 ft. per sec.; (2) 4*64 B.Th.U. per lb; (3) 0-98 per cent; 
(4) 987-60 B.Th.U. per lb. 

6, 1-056. 

8. w «= 1-091; 1-086. 

9. 1-055. 

10. m ^ 1*209; 1-0805; 1-0725, 
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1. W 


Rankine Cycle 
32*3 
8*40 
8*40 


XI (page 211) 

Regenerative Cycle 
33*95 per cent. 

9*10 lb. per kWh 
7*80 lb. per kWh 


2. 0*165 lb.; 38*6 per cent. 

3. 5,290 h.p. 

4. 0*115 lb. at 70 lb.; 0*0796 lb. at 12 lb. pressure; 37*5 per cent. 

5. (a) zwi = 0*0834, = 0*0766, = 0*0525 lb.; (&) 37*9 per cent; 

(c) 34*9 per cent; {d) 8*6 per cent; (e) 8*53 and 7*62 lb. 

(/) 335,000 and 381,000 lb. per hour; (g) 5,600 and 6,350 B.Th.U. 

6. 227*94 B.Th.U. per lb.; 8,136 lb. 


XII (page 235) 

!• {a) 6,040 h.p.; 77*87 per cent. (&) 5,196 h.p.; 74*57 per cent. 

2m 0*826; 35*18 per cent; 0*939; 36*07 per cent. 

2m 32*5 per cent; 0*13; 33*3 per cent; 0*098. 

4. 40*88 per cent. 

6. 1732*1; 1186*0; 546*1 B.Th.U. per lb.; 31*5 per cent. 

6. 8*18 lb.; 10,940. 

7. 40*8; 40*6 per cent. 

8- 35*9 per cent; 60 and 6*63 lb. per sq. in. abs.; 234® F.; 35*18 per cent. 
9. Superheat before reheating = 56® F., and after reheating ~ 307*7® F, 
34*12 per cent. 

XIII (page 260) 

1. 68 per cent; 390 h.p. 

2. 219 kW. 

3. 67*1; 75*4; 77*6 per cent. 

4. 8*26 lb. per sec. 

5. 1,261 B.Th.U. per lb. 

XIV (page 270) 

1. 1,935 h.p. 

2. 23*15; 18*37; 11*41 lb. per h.p. hr. 

3. 26*6; 13*99 lb. per kWh; 9*48 lb. per sq. in. abs. 

4- 634 kW. 

6. 755 h.p.; 12,1001b. 

6. 114*6 lb.; 6,950 1b. 

7. 818*2 lb.; 1,170 h.p. 

8. 33,700 lb. 

XV (page 285) 

1. 1,930 h.p.; 43,700,000 B.Th.U. pef'hour. 61,600,000 B.Th.U. per hour. 

2. 2,175 kW. 

3. 23,380,000 B.Th.U. per hour. 351 kW.. 12,170,000 B.Th.U. per hour. 

4. 21,860; 11,180 lb. per hour. 

5. 1,610 kW. 

6. 26*6 tons per day of 24 hours. 

7. 3,540; 2,690 lb. per hour. 


XVII (page 335) 

!• 2*126; 2*392; 2*660; 2-920 lb. per sec. 

2. 1,346; 1,276; 1,202; 1,133 ft. per sec. 

0*366; 0*379; 0*398; 0*411 lb. 

0*361; 1*121; 1*962; 2*840 lb. in. 

6*28 lb. in, inclined at 4 degrees to wheel plane. 
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3. (a) 0-121 sq. in.; (b) 0-26 in.; (c) 0-000842 m.‘; f<Z) 0-0059 in.* 

4. M* = 6-276 lb. in. M, = 0-219 lb. in. 

Due to M, 1,940 lb. per sq. in. 

Due to 20 lb. per sq. in. 

11,610 lb. per sq. in. 

13,570 lb. per sq. in. 

6 . (a) 55-8; (b) 79-3; (c) 34-6; (i) 88-4 lb. in.; (e) 12,400; (f) 8,950; 
(g) 9,840; {h) 21,350; (t) 22,240 lb. per sq. in. 


XIX (page 390) 

1 . 790 ft. per sec.; 0-088 in. 

2 . 4,520 lb. per sq. in. 

3. 8,200 lb. per sq. in; 0-00232 in. 

4. 11,200 lb. per sq. in; 0-00372 in. 

5. (a) 22,790; (b) 7,386 lb. per sq. in; (c) 0-00304; (d) 0-00432 in. 

6 . (a) 1-174; (b) 0-7188 in. 

7. M16in. 

8 . 18,275 lb. per sq. in; 0-00647 in.; 7,720; 8,750 lb. per sq. in. 


XX (page 414) 

1. (a) 2,480 r.p.m,; (6) 2,428 r.p.m. 

2. 294*4: 2,649 r.p.m. 

4. 3-145 in. 

5. 0-755 in. 

6 . 3,215 r.p.m. 

7. 5,360 r.p.m. 

8 . 2*55 in. 

XXIV (page 507) 

1. K = 302,000; 16. 

2. K = 256,000; 589; 0-474. 

3. (o) 22,500; (b) 893; (c) 1,000. 

4. (a). 38-8 in.; (6) 2,360 r.p.m. 

5. 34-8 in.; 2,960 r.p.m. 

6 . 7-65 in. 

7. 18,200 kW. 

9 . 10,200 h.p. 
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579 

- 1,675-kW turbine, 547 

Brown-Curtis gland, 441 

-turbine nozzle-box, 422 

Brush-Ljungstrom 1,875-kW turbine, 
524 

- 7,000-kW turbine, 529, 537 

- 15,000-kW turbine, 529 

B.T.-H. Iab 3 n:inth packing, 437 

-method of mounting wheels on 

shaft, 341 

-of supporting cylinders, 

427 

-nozzle control governor gear, 

611,623 

-pass-out turbine governor gear, 

623 

-turbine bearing, 458 

- 10,000-kW turbine, 343 

-tests, 566 

- 15,000-kW turbine tests, 558 

By-pass governing, 256 ei seq. 

-in Ljungstrom turbines, 

526 

-in reaction turbines, 259, 

601 

- inlet ports, 257, 417 

- valve, 257 

Calorie, gram, 16 
-, I.T., 16 

Carbon-ring glands, 439, 562 
Carn-^t ^’-cV 544 

Carr ^ -■ 5, 6, 7. 183, 191, 493, 

565 

Cast-in nozzles, 288, 291, 295, 486 
Centrifugal stress in blades, 302 
Centroid of blade section, 306 
Conggrrgation volume, 34 
Combi nation turbines, 14 
Compressed water, Mollier diagram 
for, 45 

-- temperature-entropy dia¬ 
gram for, 45 

Condition curve, 189, 242, 244, 562, 
583 

-- correction for wetness, 219 


Condition curve with nozzle-control 
governing, 254 

lines on Mollier 
I'? 

Control of power by nozzles, 10, 250 
Couplings, 354 at seq, 

-, Bibby, 356 

--, claw, 355 

-^ Metropolitan-Vickers, 358 

Creep limit, 541 
-of metals, 540 

— — rate, 541 
Critical pressure, 18 

- -- in nozzle flow, 74, 80, 81, 

86 

~, physical explanation of, 
81 

- speed and static deflection 
412 

- rr-i-- of freely-snp- 

;> Le.. , ul fixed slmfts, 
404 

- - - - of rotors, 347, 392 et seq., 

551 

- - of shaft of variable cross- 
section, 408, 409 

' - - of shaft supporting heavy 

wheel, 395, 399, 400, 
407 

--- , of uniform shaft with 

concentrated loads, 405 

— - - -of uniform shaft with 

uniformly distributed 
load, 401, 404 

“ Rr.>h*iLi'rN approximate 

-■.vriio!!, 401 

-, second, 403 

Curtis turbine, 7 
Cycle, definition of, 50 

- efficiency, 55, 58, 63, 204, 205, 

208, 224, 570 

-•, Ilankine, for steam initially 

saturated, 52 

-^-^ steam initially super¬ 
heated, 55 

—:r', regenerative wattT-exiraction, 
231 et seq. 

— , steam, with siiper- 

60 

Cylinder construction, 416 el seq, 

-, admission of by-pass steam, 417 

-- bolts, 418 

-exhaust end, 422 

-flanges, 417, 418 

——forged steel, 549, 553 

-materials, 427, 546 

-nozzle-box construction* 481 

- supports, 424 et seq,, 

-, thickness of, 416 
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Dsgrbe of reaction, 157 
De Laval blade attachment, 313 

-flexible shaft, 398 

-nozzle, 294 

-rotor, 337 

-__ turbine, 4 

-bearing, 454 

--test results, 558 

Diagram, Mollier, 42 

-, temperature-entropy, 38 

Diameter, mean, of turbines, 481, 
483, 493, 501 
Diaphragm, 6 

- glands, 430 

-- Escher Wyss, 431 

-^ Metropolitan-Vickers, 431 

-nozzles, built-up type, 291 

-^ cast-in type, 291 

Disc, continuous, 3, 347 

-, effect of holes in, 385 

- friction loss, 169, 545 

-, hyperbolic, 337, 374, 379 

-of constant strength, 337, 383 

- of constant thickness, stresses 

in, 365 et seq. 

- of variable thickness, stresses 

in, 362 

-, pre-stressing of, 386 

- rotors, 337 

Disch** -ro c r- tr. ’ valu es of, 90 

-, ‘ .irated steam, 

83 

-,-, of superheated steam, 85 

Double-motion turbine, 13, 511 
Drum rotor, 343 

-, stresses in, 360 

Dryness fraction, 23 

Dummy pistons, construction of, 343 

-, packing for, 443 

-, -p —of, 349 

Dynamic ■ rotors, ^393 

Economic load, 256, 257 
Effect of friction in nozzle flow, 87 
Efficiency, blade, 124, 127, 128, 143, 
144, 145 

with wet steam, 218 

- - - factor for a turbine, 482, 484, 

485, 497, 519, 524, 561, 562, 
579 

- - - , gross stage, 128, 131, 143, 145, 

159, 161, 162, 518, 579 
■ , internal, 200, 565, 575 

-, nozzle, definition of, 87 

-ratio, 63,486, 552,558, 560, 564, 

565, 571, 575, 580, 583, 586 

-, stage, 186, 566, 575 

-,-, of impulse-reaction tur¬ 
bine, 166 


Efficiency, stage, with wet steam, 
219, 581 

-. thermal, of actual turbines, 

561, 571, 572, 582 

-, -, Rankine cycle, 55, 539 

Emergency governor, 620 

-stop valve, 600, 620 

End-tightened blading, 327, 475 
Energy balance for 10,000-kW tur¬ 
bine, 573 

English Electric type of flexible 
coupling, 356 

Enthalpy-entropy diagram, 42 
Enthalpy function, 27 

- of steam, 31 

- of water, 28 

Entropy, definition, 37 

- of superheated steam, 40 

■- of vaporization, 39 

- of water, 38 

Equation, adiabatic, for steam, 74 

-, Napier’s, 84 

- of continuity, 68, 242, 248 

--, steady flow, 68 

Erosion of blades, 221, 231 
Erste-Briinner built-up diaphragm 
nozzles, 291 

- turbine rotor, 342 

Escher-Wyss diaphragm gland, 431 

- labyrinth packing, 435 

-- primary turbine, 549 

- 11,000-kW turbine tests, 562 

Exhaust loss, 5, 6, 7, 183, 191, 493, 
565 

Expansion, isentropic, 53 
Experiments on impulse blades, 138 

- on reaction blades, 113, 574 

- on steam discharge through 

nozzles, 90 

Factor of safety in turbine rotors, 
388 

Feed heating, regenerative, 202 ei seq., 
230, 570, 579, 585 

--^-^ multi-stage, 206, 

561, 568, 570, 585 

-^^ single-stage, 203, 

506, 579 

Flexible coupling, Bibby, 356 

-^ English Electric, 356 

-, lubrication of ,356 

-^ Parsons t 3 rpe, 355 

- shaft, 395, 398, 551 

Flow of steam through nozzles, 68 et 
seq. 

-of superheated steam through 

throttle valves, 601 
Flow of wet steam in nozzles and 
blades, 214 et seq. 
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Fluid-pressure governors, 625, 627, 
633 

Forced lubrication systems, 476 
Fraser & Chalmers divided-flow tur¬ 
bine, 497 

-labyrinth, packing, 435 

Friction in nozzle flow, 87 

Gland, Brown-Curtis, 441 

-, B.T.-H., 437 

-, carbon-ring, 439 

-, diaphragm, 430 

-, Escher-Wyss, 431, 435 

-, external, 433, 568 

-, Fraser & Chalmers, 435 

-, hydraulic, 181, 435, 439 

-. labyrinth, 174, 433, 435 

- leakage losses, 173, 549, 562,569 

-, Ljungstrom, 526, 537 

-, Metropolitan-Vickers, 431, 439 

Governing, 238, 587 at seq. 

-, by-pass, 256 at seq,, 601 

-,-, in reaction turbines, 259 

-, comparison of throttle and 

nozzle-control, 255 

-, nozzle-control, 10, 250, 611 

- of back-pressure turbines, 275 

- of pass-out turbines, 276 

-, throttle, 238 

-, in reaction turbines, 247 

Governor, 588 

-, fluid-pressure, 625, 627, 633 

- gear for mixed-pressure tur¬ 
bine, 621 

-for Parsons turbine, 618 

-for pass-out turbine, 623 

- isochronous, 589 

-, oil pressure, without links, 615 

- regulation, 594, 607 

- speeder gear, 595, 596, 616, 620 

-, throttle, with oil relay, 592, 595 

- valve, 598, 601, 611 

-, design of, 603, 608 

-- Metrovick, 601 

-, nozzle control, 611 

-, Parsons, 600 

-with compound oil relay, 616, 

620 

- without relay, 591 

Gram calorie, 16 

Graphics of blade sections, 306 

Heat accumulator, 264, 267 

- consumption of actual turbine 

plants, 555, 561, 571, 572, 
582, 584, 585 

- drop, adiabatic. See Adiabatic 

heat drop 

-cumulative, 189, 242,481, 

483 


Heat drop with supersaturated flow 
96 

-, latent, 19 

- loss by radiation, 572 

- of generation, 22 

-, sensible, of water, 19, 29 

-, specific, of superheated steam 

24 

-^^ of water, 19 

-, unit of, 16 

Hecla A.T.V. blade material, 333 

-nozzle vanes, 290 

High-pressure turbines, 539 at seq. 
Hydraulic gland, 181, 435, 439 

Impact losses at partial loads, 245 
Impulse method of measuring steam 
velocity, 104, 112 

- nozzles, tests on, 113 

-reaction turbine stage effici¬ 
ency, 166 

-theory, IBS at seq. 

- turbine blade efficiency, 124, 

127, 128 

--sections, 133 

-blades, experiments on, 

138 

-gross stage efficiency, 128, 

131 

-, multi-stage, 129 

-- pressure-compounded, 6 

-, simple, 4 

-velocity diagrams, 120 et 

saq. 

Institution of Mechanical Engineers 
Steam Nozzles Research, 110 
Internal efficiency, 200, 565 
International Steam Tables calorie, 16 
Isentropic expansion, 53 
Isothermals on Mollier diagram, 45 

Jet deflection in turbine nozzles, 99, 
113, 255 

Journal bearing, 452 
- centre locus, 466 

Kingsbury thrust bearing, 469 
K value for a turbine, 482, 484, 485, 
497, 523, 561, 562, 579 

Labyrinth glands, 433 

-packing, 174, 435, 536 

-Escher-Wyss, 435 

-- Fraser & Chalmers, 435 

-- Ljungstrdm, 438 

-, Metropolitan-Vickers,431, 

439 

Larderello natural steam power 
plant. 262 
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Latent heat, 19 

Lawaczek-Heymann balancing ma¬ 
chine, 394 

Leaving loss, 5, 6, 7, 183, 191, 493, 565 
Ljungstrom turbine, 13, 511 ei seq, 

-axial-flow blading, 529 

-stages, 511 

-balance discs, 526, 536 

-blade construction, 529, 

534 

--lengths, 521, 526, 

534 

-supporting rings, 

522, 529, 533, 534 

-by-pass valves, 526 

-efficiency factor, 519, 524 

-- general description, 524 

et seq. 

-gross stage efficiency, 518, 

521, 524 

-- heat drop in, 514, 519, 523 

-labyrinth packing, 438 

-, optimum ratio of blade 

speed to steam speed, 
517, 519 

-Parsons coefficient, 523 

-, regenerative feed heating 

in, 529, 535 

-rotors, 526, 529, 535 

-shaft packing, 526, 537 

-starting times, 538 

-steam chests, 524 

-test results, 584 

-- work done in, 511, 521 

Load, economic, 256, 257 
Loading and unloading turbines, 595 
Loss, bearing, 464, 564, 573 

-, blade windage, 172 

-, disc friction, 169, 545 

-, gland leakage, 173, 549, 562 

-leaving, 5, 6, 7, 183, 191, 493, 

565 

-, partial admission, 171, 546 

-, radiation, 572 

Low-prc'^.'»nrc turbines, 261 
Lubricn Lion, 444 et seq. 

-, Beauchamp Tower's experi¬ 
ments, 445 

-, boundary, 444, 453, 467, 468 

-, film, 444, 447, 452, 467, 468 

-, flexible coupling, 356 

-, journal bearing, 452 

- oil cooler, 479 

-tanks, 480 

- systems, 476 

-- auxiliary oil pump, 478 

Marxnb turbine bearing, 455 
-thrust bearing, 474 


Materials for bearings, 459 

-blades, 330, 534 

-cylinders, 427 

-nozzle vanes, 289 

-rotors, 388 

Maximum continuous rating, 256 

- discharge of saturated steam, 

83 

-^ of superheated steam, 85 

Metropolitan-Vickers built-up nozzle, 
290 

- diaphragm gland, 431 

- governor valve, 601 

- Iab 5 n:inth packing, 431, 439 

- nozzle-box construction, 422 

- semi-flexible coupling, 358 

-turbine, 506, 553 

- 35,000-kW turbine tests, 560 

Michell thrust block, 449, 469, 473, 
552 

Mixed-pressure turbine governor gear, 
621 

- turbines, 263 et seq. 

Mollier diagram, 42 

-for compressed water, 45 

Moment of inertia of blade sections, 
306 

Multi-collar thrust block, 448, 468 

-exhaust turbines, 494, 496,499, 

503 

-, Baumann, 503 

- -stage impulse turbine, 129 

Napier's equation, 84 
Natural steam power plant, 262 
Nozzle areas, 486 

-, Brown-Boveri built-up, 295 

-, bnilt-up, 290 

-, calculation of area with adia¬ 
batic and frictionless expan¬ 
sion, 71 

-, cast-in type, 288, 291, 295, 486 

- construction, 287 et seq. 

- control, 10, 250 

-governing, 250 et seq., 611 

-^ condition curve, 254 

-governor gear, 611, 623« 

--valve, 611 

-, critical pressure in, 74, 80, 81. 

86 

-, critical velocity in, 82 

-, de Laval, 294 

- efficiency defined, 87 

-flow, effect of friction, 87 

-^ experimental values, 90 

-, general equation for, 70 

- guide blades, Hecla A.T.V., 290 

-, materials for, 289 

-, machined, 295, 549 
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Nozzle, mouth area of convergent- 
divergent, 84 

-, special form to prevent oblique 

entry of steam into blades, 
295, 549 

-, steam velocity in, 70, 79 

Nozzle-box construction, 421 

- pressures, 252 

Nozzles, built-up, tests on, 116 

-, chamfered, tests on, 114 

-, diaphragm, 291 

-, efiect of nozzle angle on effici¬ 
ency of, 118 

-, effects of roughness in, 116 

-, impulse, tests on, 113 

-, jet deflection in, 99, 113, 255 

-^ a-93 

——, ' -v-.i'- - for, 486 

Number of stages in impulse turbine, 
481 

-in reaction turbine, 483 

Oil cooler, 479 
- tanks, 480 

Output of turbines, 486, 491, 492, 
493, 495, 500, 501, 506 
Overspeed test chamber, 388 
Overspeeding of turbine rotors, 386 

Packing, axial, 435, 443 

-, B.T.-H., 437 

-, Fraser & Chalmers, 435 

-, labyrinth, 435, 443 

-, Metropolitan-Vickers, 431, 439 

- of balance pistons, 443 

-, radial, 435, 443 

-, radial and axial, 435 

-, yielding, 437 

Parsons fluid-pressure governor, 625 

-number for a turbine, 482, 484, 

485, 497, 523, 561, 562, 579 

- turbine, 10, 159, 344, 506 

-blade attachments, 324 

-combined emergency stop 

valve, 620 

—-end-tightened blading,327 

-- governor gear, 618 

-valves, 600 

-integral blading, 329 

-rotor construction, 343 

-wing blades, 492 

- 40,000-kW reheat turbine tests, 

583 

- type of claw coupling, 355 

Partial admission loss, 171 
Pass-out turbine, 276 

-governor gear, 623 

-steam consumption, 280 

et seq. 


Physical explanation of critical pres¬ 
sure in nozzle flow, 81 
Plain collar thrust bearings, 468 
Pressure-compounded impulse tur¬ 
bine, 6, 485 

Pressure distribution with throttle 
governing, 242 

Pressure-velocity-compounded tur¬ 
bine, 8, 485 

P-e-ftiTCs.-iug of rotors by overspccd- 
ing, 386 

Primary turbines, 546 ct seq. 
Properties of steam, 15 
Pure reaction turbine, 10 

Quality factor for a turbine, 482, 
484, 485, 497, 523, 561, 562, 579 

Radiation loss, 572 

Rankine cycle for saturated steam, 52 

-for superheated steam, 55 

Rateau turbine, 6 

Reaction blade, bending stresses in, 
308 

-section, 164 

-tests, 113, 574 

-, degree of, 3 57 

-, half-degree, 159 

- method of measuring steam 

velocity, 103, 110 

-- turbine balance pistt)ns, 349 

-blade heights, 164 

-, by-pass governing in, 259 

-^ pure, 10 

-steam thrusts in, 348 

—— • , throttle governing in, 247 

_— - wing blades, 492 

Regenerative feed-heating, 202 et scq., 
230, 570, 579, 585 
- — ---in ’Ljungstrdm turbine, 
529, 535 

., multi-stage, 206, 561, 568, 

570, 579, 585 

- , sino'lc-.-lng**, 203, 506, 579 

--u;uc*r-ixir.'u-i hi'i cycle, 231 et 

seq. 

Regulation, governor, 594 

-, straight-line, 594, 607 

Reheat factor, 191 et seq. 

Reheating. 222, 503, 506, 543, 554 

-by diphenyl, etc., 230 

-by live steam, 230, 503, 579 

-, multi-stage, 224 

-, single-stage, 225, 503, 506, 554, 

579 583 

Relay gear, 592, 595, 627, 628, 634 

.compound oil, 616, 620 

.to give straight-lino regu¬ 
lation, 607 
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Rotative speed of turbines, 481, 483, 
484, 486, 489, 490, 491, 493, 496, 
500, 506 

Rotors, Brown-Boveri drum, 346 

--^- welded, 347 

--, couplings for, 354 

-, critical speed of, 392 et seq. 

-, de Laval, 337 

-, disc, 337 

--, drum, 343 

-j stresses in, 360 

-, examination of, 346 

-, factor of safety in, 388 

- for reaction turbines, 343 

-- machined from solid forging, 

342, 546, 554 

-, materials for, 388 

-, mounting of discs on shaft, 340 

-^ pre-stressing by overspeeding, 

386 

-, working stresses in, 388 

Safety groove in de Laval rotor, 
337 

--strip in marine turbine bearing, 

457 

Search-tube experiments, 105, 107 
Serrated blade root, 317 
Shrouding strip attachment, 323 
Side entry blades, 322 

- grip blade attachment, 317 

Speeder gear for governor, 595, 596, 
616, 620 

Spindle diameter, approximate deter¬ 
mination of, 413 
Stage efficiency, 186, 566, 575 
-- - gross, 128, 131, 143, 145, 

159, 161, 162, 518, 579 
- of impulse-reaction tur¬ 
bine, 166 

-with wet steam, 219, 581 

S.T.A.L» 5000-kW turbine, 526 
State point locus, 186, 188 
Static balancing of rotors, 392 
Steam consumption measurement, 
556, 558 

.of pass-out turbine, 280 

et seq. 

Steam, supersaturated, 93 
• " ”, \m<lc*rcoolcd, 94 
, viscosity of, 170 
Stiff shaft, 395 

Straddle blade attachment, 320, 321 
Stress, bending, in impulse blades, 
303 

--^ iix reaction blades, 308 

- centrifugal, in blades, 302, 492, 
501 

— - in wheel rims, 314 


Stresses at holes in rotating discs, 385 

- in disc of constant strength, 383 

-of constant thickness, 365 

et seq. 

-of hyperbolic section, 374, 

379 

-of variable thickness, 362 

- in drum rotors, 360 

- in thin rotating ring, 359 

- in turbine wheel of constant 

thickness, 373 

-, working, in rotors, 388 

Supersaturated steam, 93 

Tapered and twisted blades, 311 
Temperature-entropy diagram, 38 

-^ constant volume lines, 41 

-for compressed water, 45 

Terry turbine, 591 
Test results, 558 et seq. 

Tests on 1,000-kW. Brown-Boveri 
back-pressure turbine, 
573 

- 36,000-kW Brown-Boveri 

reheat turbine, 579 
-- 10,000-kW B.T.-H. tur¬ 
bine, 566 

--- 15,000-kW B.T.-H. tur¬ 
bine, 558 

-- 1,000-kW Escher-Wyss 

primary turbine, 552 

- 11,000-kW Escher-Wyss 

turbine, 562 

-Ljungstrom turbines, 584 

- 35,000-kW Metropolitan- 

Vickers turbine, 560 

- 40,000-kW Parsons reheat 

turbine, 583 

-single-wheel de Laval 

turbines, 558 

Thermal efficiency of actual turbines, 
561, 571, 572, 582 

-of Rankine cycle, 55, 539 

-ratio, 63, 486, 552, 558, 

560, 564, 565 
Throttle governing, 238 
--in reaction turbines, 247 

— - governor with oil relay, 592, 

595 

- - valve, 598 et seq. 

-^ design of shaped, 608 

— -^ design of simple, 603 

Thrust bearings, 468 et seq. 

— -^ American Westinghouse, 

476, 630 

-^ Brown-Boveri, 476 

.., Kingsbury, 469 

, Michell, 449, 469, 473, 

552 
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Thrust bearings, Michell marine, 474 

-- multi-collar, 448 

—;-^ plain and bevelled collar, 

468 

-, plain collar with fixed 

inclined surfaces, 476 
Turbine, axial-flow impulse-reaction, 
n, 156 

-, back-pressure, 274 

-, Brown-Boveri l,67S-kW, 547 

-, Brush-Ljungstr6m, 524, 529, 

537 

-, B.T.-H. 10,000-kW, 543 

-, combination, 14 

-, Curtis, 7 

— de Laval 4 

-Escher-Wyss 1,000-kW, 549 

-, Fraser & Chalmers 18,750-kW, 

497 

—r-, high-pressure, 539 et seq. 

-, LjungstrSm, 14, 511 et seq. 

-, loading and unloading, 595 

-, low-pressure, 261 

-, Metropolitan-Vickers 12,500- 

kW, 506 

-.- 53,000-kW, 553 

-, mixed-pressure, 263 et seq. 

-, multi-exhaust, 494, 496, 499, 

503 

-, Parsons, 10, 159, 344, 506 

-,- 15,000-kW, 344 

-,- 51.000-kW, 506 

-, pass-out, 276 

-, pressure-compounded impulse, 

6 

-, pressure-velocity-compounded, 

8 

-, primary, 546 

-, pure reaction, 10 

-, radial-flow impulse reaction, 

13,511 

-, Rateau, 6 

-, reaction, 10 

-, reheat, 503, 506 

-, simple impulse, 3 

-, S.TAX, 5,000-kW, 526 

-, Ter^, 591 

-testing, 555 et seq, 

-Westmghouse 2,500-kW, 627 

-, Zoelly, 6 

Turning gear, 648 


Undercooled steam, 94 
Unit of heat, 16 
- of work, 16 

Valve, emergency stop, 600, 620 

-, throttle, 598 et seq. 

Valves, nozzle control, 10, 251, 611 
623 

Velocity coefficients for impulse 
nozzles, 113 

-compounded impulse turbine 

7, 8, 140, 485 

- componndirg, advantages and 

149 

-, critical, in nozzle flow, 82 

-measurement by impulse 

method, 104, 112 

-by reaction method, 103. 

no 

-, terminal, 191 

Vibrac steel, 390 
Viscosity, 444 

-of steain, 170 

-of turbine lubricating oils, 445 

Volume, coaggregation, 34 

-, specific, of steam, 32 

-,-, of water, 29 

Water, compressed, T-^ and dia¬ 
grams for, 45 

-drop erosion, 221, 231 

-, enthalpy of, 28 

-extraction cycle, 231 

-, sensible heat of, 19, 29 

-, specific heat of, 19 

-,-volume of, 29 

Welded blades, 320 
-rotor, 347 

Wcstinghousc flu id-pressnre go vernc > r, 
627, 633 

Wet steam, flow in nozzles and 
blades, 214 et s<!eq, 

Wliirling of turbine rotors, 392 
Willans line, 239, 242, 244, 566 
Wilson line, 98 
Wing blades, 492 

Yielding packing, 437, 438 

Zeuner's equation, 76 
Zoelly turbine, 6 



